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Properties of Misaligned Journal Bearings 


By G. B. DuBOIS,' F. W. OCVIRK,? ano R. L. WEHE,? ITHACA, N. Y. 


Properties of misaligned journal bearings under hydro- 
dynamic conditions of lubrication are presented as ob- 
served from experimental data. Curves in dimensionless 
form give journal-bearing attitude as a function of the 
usual bearing variables and the couples which produce 
misalignment. Examples are given showing the applica- 
tion of the dimensionless curves to typical problems of 
misaligned bearings. 


NOMENCLATURE 
The following nomenclature is used in the paper: 


a = lever arm or offset of misaligned load, in. 
cq = diametral bearing clearance, in. 
= clearance ratio 
= radial bearing clearance, c,/2, in. 


couple variable, C,, = PI (+) (+) for q 2 1.0 
bearing diameter, in. 
diameter, in. 
eccentricity for central loading, in. 
eccentricity at center of bearing for misalignment, in. 
eccentricity at end of bearing for misalignment, in. 
coefficient of static friction 
axial component of gear-tooth force, lb 
tangential component of gear-tooth force, lb 
film thickness at end of bearing, in. 
minimum film thickness (usually at the bearing center), 
in. 
bearing length, in. 
length-diameter ratio 
length of shaft, in. 
load ratio, P,/F = S/S, 
misaligned attitude, = 
axial misaligning couple, in-lb 
a 


P. 
= thes per cent misalignment 
/100 


twisting misaligning couple, in-lb 


axial-couple ratio, 


twisting-couple ratio 


eccentricity ratio or attitude for central loading, e/c, 

eccentricity ratio at bearing center for misalignment, 

eccentricity ratio at bearing end for misalignment, e,/c, 

journal speed, rpm 


n = 

N= 
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journal speed, rps 

applied central unit bearing load on projected area, psi 
applied central bearing load, lb 

equivalent central load due to misalignment, lb 
radius, in. 


= 


N' 


2 
Sommerfeld number, for = 1.0. 
Ca d 


“equivalent”? Sommerfeld number at point c in Fig. 6(a) 
oil viscosity, centipoises 


NY 


vi it centipoises 
oil viscosity, reyns = 6.9 X 10° 
elastic deflection, in. 

attitude angle, deg 

helix angle, deg 

slope of elastic curve, radians 


F 


INTRODUCTION 

In a misaligned journal bearing, the journal axis and the bear- 
ing axis, in general, are nonparallel and nonintersecting in three 
dimensions, as shown in Fig. 1. Considering the true size of the 
oil-film thickness in relation to the bearing length it is apparent 
that the film thickness at the ends of journal bearings is con- 
siderably reduced by tiny amounts of angular misalignment. 
Misalignment may result from elastic deflection under load, ther- 
mal distortion of the shaft and the bearing supports, unavoidable 
error in manufacture, or from the application of misaligning 
couples. In general, misalignment occurs in combination with a 
radial central load, as shown in Fig. 1. 


ECCENTRICITY aT 
GEARING CENTER. 


ECCENTRICITY AT 


END OF BEARING, MISALIGNING COUPLE, M 


ATTITUDE ANGLES CENTRAL LOAD, P 


Fig. 1 NoNnPARALLEL, NONINTERSECTING AXES OF A MISALIGNED 
JouRNAL BEARING 


Arial Misalignment. Any misaligning couple is associated 
with an angular misalignment, and either may be considered the 
cause or the result of the other. The problem may be simplified 
by considering the misaligning couples in co-ordinate planes. The 
plane containing the line of action of the radial central-bearing 
load and the bearing axis is called the axial plane. Thus an axial 
misaligning couple is a pure moment M, in the axial plane as 
shown in Fig. 2. 

Twisting Misalignment. A twisting misaligning couple is a 
pure moment M, in a plane normal to the radial central load line 
which tends to rotate the bearing about the load line as shown 
in Fig. 2. The three principal planes through the bearing center 
contain either the axial couple, the twisting couple, or the bearing- 
friction torque. Of these, the bearing-friction torque is not 
significant in so far as misaligning load-carrying capacity is con- 
cerned. 
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C. = 
d= 
D = 
¢ = 
= 
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f- 
F, = 
F, = | 
= 
= 
BEARING AXIS 
l/d = 
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Pl 
M, 
Pl 
nr = 
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AXIAL MISALIGNING COUPLE IN THE 
PLANE OF THE CENTRAL LOAD, 


TWISTING MISALIGNING COUPLE 
NORMAL TO THE CENTRAL 
LOAD LINE, M, 


|, CENTRAL LOAD 


Fic. 2. Journat Bearrne Wits Centra Raprat Loap anp WITH 
AXIAL AND MISALIGNING CouPLES 


EXPERIMENTAL RESULTS 


Few, if any, data are available for the design of bearings under 
conditions of misalignment. Walther and Sassenfeld,‘ who pre- 
sent a mathematical solution giving the pressure distribution in 
the film of a misaligned bearing, point out the analytical difficul- 
ties of determining design parameters of such a bearing. In view 
of these difficulties, an experimental investigation was undertaken 
by the authors in the Machine Design Laboratory at *he School 
of Mechanical Engineering, Cornell University, under the sponsor- 
ship of the National Advisory Committee for Aeronautics in order 
to evaluate experimentally the performance of a misaligned bear- 
ing and to present the data in a form useful in design. In order to 
simplify the experimental program, the investigation was limited 
to the most common case in which the bearing carries a steady 
central load greater than zero, and axial and twisting couples 
were applied separately to a freely mounted bearing, limiting their 
maximum values to conditions which approached metallic contact 
near the end of the bearing. 

The principal measurements made in the experimentation were 
the eccentricities of the journal at the two ends of a test bearing 
when acted upon by combinations of known central loads and mis- 
aligning couples. Length-to-diameter ratios of */,, 1, 1'/2, and 2 
for a shaft of 13/; in. diam were used with many clearances, speeds, 
and loads, Details and data of the experimentation are given in a 
technical note® published by the National Advisory Committee 
for Aeronautics. The numerical examples presented here are in- 
tended to illustrate the use of the curves to predict the effect of 
misalignment on bearings of |/d from 1 to 2. 

Pivoting Point at Bearing Center. Perhaps the most important 
bit of experimental information is one which can be stated more 
easily in words than by graphs. When a pure couple is applied to 
a bearing carrying a centrally applied steady load, the bearing 
axis tends to pivot about a point in the mid-plane of the bear- 
ing so that the eccentricity ratio at this point remains substan- 
tially the same as it would be without the misaligning couple. 
At an eccentricity ratio of 0.5 or higher, the change in both ec- 
centricity ratio and attitude angle of a point in the mid-plane of 
the bearing is almost negligible. At light loads and small eccen- 
tricity ratios the motion of the mid-point becomes appreciable. 

Fig. 3 is an enlarged end view of the bearing clearance with a 
radius of nm = 1.0. The misaligned journal axes are shown as 
straight lines, one end of which is approaching metallic contact 
with the bearing at a maximum misaligning moment. At heavy 
central loads the motion of the journal center is only a large dot, 


‘Pressure Distribution and Load in a 360° Bearing With an In- 
clined Shaft. Outline of Procedure With an Explanatory Example,” 
by A. Walther and H. Sassenfeld, Report No. 13, Sponsored Research 
(Germany), British Department of Scientific and Industrial Research. 

5 “Experi tal Investigation of Misaligning Couples and Eccen- 
tricity at Ends of Misaligned Plain Bearings,” by G. B. DuBois, F. 
W. Oecvirk, and R. L. Wehe, NACA TN 3352, February, 1955. 
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MOTION OF JOURNAL CENTER - LIGHT LOAD 
INCREASING AXIAL COUPLE 
INCREASING TWISTING COUPLE 


MOTION OF JOURNAL CENTER - HEAVY LOAD 

INCREASING AXIAL COUPLE 

INCREASING TWISTING COUPLE 
SHOWING MOTIONLESS PIVOT POINT 


LOAD, P 


Fig. CLiearance Crrcte Diacram SHow1nG MISALIGNED ATTI- 
TUDES OF JOURNAL Axis RELATIVE TO BEARING 


but at lighter loads the path of motion of the journal center is 
visible. In cases of heavily loaded bearings, the elastic deflection 
of the shaft causes misalignment. The concept of the motionless 
pivot point enables the eccentricity ratio at the end of the bearing 
to be estimated geometrically from the calculated slope and 
curvature of the elastic curve. 

Effect of Misalignment on Oil Flow. The experiments also 
showed that misaligning couples have very little influence on oil 
flow. Holding a given central load, the magnitude of the mis- 
aligning couple was increased to a maximum value corresponding 
to approaching metallic contact at one end of the bearing, and 
measurement showed almost no change in oil flow. Changes in 
central load, on the other hand, produced large changes in oil 
flow, showing increased flow at increased load. 


PARAMETERS FOR MISALIGNMENT 


The numerical relationship between an applied misaligning 
couple and the resulting angular misalignment of a single bearing 
was evaluated from experimental data on eccentricity at the two 
ends of the bearing. This relationship is complex because of the 
third variable, the applied central load. The chief problem was 
to find a means of reducing the voluminous data for the many 
combinations of loading to relatively simple graphs. 

Several dimensionless parameters were found which appear to 
have basic merit in simplifying the presentation of the experi- 
mental data. The simplest and most basic of these parameters 
are: (a) Couple ratio, M,/Pl, which includes the applied couple 
and central load; (6) misaligned attitude m,, which includes the 
misaligned eccentricities; and (c) uN’/p which is similar to the 
well known ZN/p variable. Hersey® has suggested a dimen- 
sionless parameter similar to the couple ratio and indicated that 
a relationship with ZN /p should exist. 

These parameters would apply to a given single bearing; how- 
ever, for a family of single bearings having different clearances 
and i/d ratios greater than 1.0, these parameters are better 
represented by their modified counterparts: (a) couple variable 
(M,/P1)(d/cq)'/%1/d)'/, (b) misaligned attitude m,, and (c) Som- 
merfeld number (uN’/p)(d/cz)*. It is the modified parameters 
which appear in the curves of this paper with numerical values 
determined from the experimental data. These curves are useful 
in design where the couple, load, speed, viscosity, and bearing 
dimensions are known, and the eccentric attitude or minimum film 
thickness are to be determined, or vice versa. To obtain a linear 
relationship of the available experimental data, another parame- 
* “Theory of Lubrication,” by M. D. Hersey, John Wiley & Sons, 
Inc., New York, N. Y., 1936. 
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ter, the load ratio, was found to be useful as an auxiliary device 
which later could be eliminated. 

Couple Ratio. A pure misaligning moment M, in the axial plane 
is analytically and experimentally equivalent to displacing the 
central load P axially a distance a as shown in Fig. 2. Thus an 
axial misaligning moment M, is equivalent to the product of the 
bearing load P times a corresponding distance a. This can be ex- 
pressed in dimensionless form as follows 

M, a 
Axial-couple ratio = 

_ per cent misalignment of load 


100 {1} 


A twisting misaligning moment M, may be expressed in similar 
form, but the ratio a/l for a twisting couple does not have a 
physical meaning as it does for an axial couple 


M, 
Twisting-couple ratio = —— = 


Physical Meaning of an Axial-Couple Ratio. As shown in Fig. 2 
and in Equation [1] an axial-couple ratio expresses in terms of 
bearing length how far an equivalent eccentric load is displaced 
from the bearing center. Thus an axial-couple ratio of '/, or 16 


Fie. 4 On-Fitm Pressure Distripution Wits Raprat Loap 
DispLacep AxIALLy From Center 16 Per Cent or Brarine 
LENGTH 
(850 psi; 5000 rpm; 1.62 diam X 1.62 long; 0.002 in/in. clearance.) 
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per cent means that the equivalent eccentric load is '/¢ of / from 
the center of '/; of | from the bearing ends. It is important to 
note that a couple ratio of 0.5 locates the eccentric load at one 
end of the bearing. 

The effect of axial and twisting-couple ratios having a value of 
0.16 on the pressure distribution in the oil film are illustrated in 
Figs. 4 and 5.7 

Misaligned Attitude. Referring to Fig. 6(a), the curved line 
represents diagrammatically the experimental data from Fig. 7 
showing the eccentricity. ratio of a journal bearing when acted 
upon by a central load without misalignment. Point a represents 
a typical operating condition with a centrally applied load with- 
out misalignment. The eccentricity ratio is n and the Sommer- 
feld number is S. 

When a misaligning couple is applied and misalignment occurs, 
the eccentricity ratio at one end of the bearing n, would become 
larger than n, as represented by point b direetly over a. The 
Sommerfeld number § is unchanged since it is computed from unit 
central loading. 

A variable related to the small angular misalignments is needed 
which will be more convenient to use than the angles themselves. 
A dimensionless measure is desirable which will be zero when no 
angular misalignment exists, and which will approach 1.0 when 


7 “Experimental Investigation of Oil-Film Pressure Distribution for 
Misaligned Plain Bearings,’’ by G. B. DuBois, H. H. Mabie, and F. 
W. Ocvirk, NACA TN 2507, October, 1951. 


Fic. 5 Om-Fitm Pressure Distrisution Centra RapiaL 
Loap AND 17 Per Cent TwistinG MISALIGNMENT 
(Twisting Couple About the Load Line Equal to 17 Per Cent of Load 
Times Bearing Length.) 


(850 psi on projected area; 5000 rpm; 1.62 diam X 1.62 diam X 1.62 long; 
0.0026 in/in. clearance.) 
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metallic contact occurs at one end of the bearing. Such a meas- 
ure would bear the same relation to misalignment that ec- 
centricity ratio does to the central-load case. Misaligned attitude 
gives this effect as shown on Fig. 6(a) by expressing as a ratio how 
far point b has risen above a toward the top line where n = 1.0. 
This ratio can be expressed as follows 


Misaligned attitude m, = 


As the misaligned attitude is varied, the attitude angles at the 
ends of the bearing also vary as shown in Fig. 6(b). However, of 
greater interest is the end-eccentricity ratio n, alone since it is 
directly related to the minimum film thickness. The use of the 
misaligned attitude m, alone as a parameter cuts through the 
intricacies of the small angular misalignments in space, and was 
chiefly responsible for reducing the experimental data to usable 
form. 


ECCENTRICITY CURVE 
FOR CENTRAL LOADING 
men, AT END OF MiS- 


BEARING 


BEARING AXIS 
JOURNAL AXIS 
(CENTRAL LOAD) 


JOURNAL AXIS 
(MISALIGNMENT) 


Fie. 6 Diacram VaRtaBLes RELATED TO~MIs- 
ALIGNMENT 


Load Ratio. The load-ratio parameter is related to the mis- 
aligned attitude and is defined by referring to Fig. 6(a). Point c 
represents an equivalent centrally loaded condition in which the 
eccentricity ratio n, is the same as that reached at one end of the 
misaligned bearing at 6. The ratio of the equivalent central load 
P, at c to the applied central load P at 6 is called the load ratio. 
In terms of equivalent Sommerfeld number S,, and Sommerfeld 
number §, the load ratio Lz is 


It will be seen that the load ratio Lz is always greater than 1. 

Since the load ratio Lz and the misaligned attitude m, are de- 
fined on the diagram of Fig. 6(a), their relationship is determined 
by the curve of eccentricity ratio for central loading, Fig. 7, aad 
this relationship may be plotted from Fig. 7, as shown in Fig. 8. 

Using the misaligned experimental data, it was found by trial 
methods that the experimental values of the couple ratio or its 
modified counterpart, the couple variable 


(3) 
plotted fundamentally as a function of load ratio as shown in Fig. 


9(a) for axial misalignment and Fig. 9(b) for twisting misalign- 
ment. It is noteworthy that this relationship seems to be ap- 
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Fic. 8 Curves or MISALIGNED ATTITUDE AS A FUNCTION OF 
SoMMERFELD NuMBER AND Loap Ratio 
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COUPLE VARIABLE, Cm= Mo 


LOAD RATIO, Lp 


(a) 


COUPLE VARIABLE, Cm* 
o- N WAY Hw @ © 
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LOAD RATIO, Lp 
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Fie. 9 ExpermentaL Data SHow1ne RELATIONSHIP OF COUPLE 
VARIABLE AND Loap Ratio FoR (a) AXIAL MISALIGNMENT AND 
(b) TwistinGc M1IsaALIGNMENT 


proximately independent of the Sommerfeld number. From ex- 
perimental measurements of m, and the corresponding experi- 
mental values of $, the load ratio Lz was determined from Fig. 8 
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and plotted against the corresponding experimental value of C,, 
in Figs. 9(a) and 9(b). The exponents of the clearance-ratio and 
length-diameter-ratio terms in the couple variable C,, of Equation 
[5] were determined by trial in order to group the experimental 
data on nearly a common curve as shown. 

Curves for Design. From the experimentally determined rela- 
tionship between the couple variable C,, and the load ratio Lz in 
Fig. 9, it is possible in Fig. 8 to substitute values of C,, for Lg, thus 
eliminating Ly. Thus Fig. 8 may be cross-plotted eliminating Lz 
to obtain a relationship between the basic variables as shown in 
Figs. 10(a) and (b), which may be used as design curves. 
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Fie. 10 Curves RELATING MISALIGNED ATTITUDE TO MISALIGN- 
ina Coupte VARIABLE Cm, AND SOMMERFELD NumBeEr FoR (a) 
AxtaAL MISALIGNMENT AND (b) TwistiING MISALIGNMENT 


For known values of load, misaligning couple, speed, viscosity, 
clearance, and bearing dimensions, the misaligned attitude m, 
may be determined. The maximum eccentricity ration, may then 
be determined from m, and the eccentricity ratio n (Fig. 7) from 
Equation [3]. Further, the minimum film thickness at the end of 
the bearing is calculable from h,, = c,(1 — n,). 

A comparison of Fig. 10(a) for axial misalignment and Fig. 10 
(6) for twisting misalignment shows that a bearing has a slightly 
greater misaligning load capacity in twisting than in axial mis- 
alignment. As shown in Figs. 4 and 5, a twisting couple is ac- 
companied by two regions of high film pressure whereas only one 
region of high pressure exists for a centrally loaded bearing with 
an axial couple. 


Discussion 


In most cases of misalignment, two or more fixed bearings are 
used, and the misalignment may be due to elastic deflection, 
thermal distortion, and manufacturing errors. For these cases 
the concept of the relatively motionless pivot point at the bear- 
ing center may be used to evaluate geometrically the reduction in 
thickness of the oil film at the end of the bearing due to the effect 
of the slope of the deflection or misalignment curve, as illustrated 
in Fig. 11. 
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MISALIGNMENT Propucep By Evastic DEFLECTION OF A 
SHAFT 


The geometric evaluation of the film thickness at the end of a 
bearing involves estimating the elastic deflection curve, and de- 
termining a vertical displacement in one half the bearing length to 
be added vectorially to the eccentricity e, Fig. 11(a). At heavy 
loads the vectorial addition can be approximated by the use of 
0.94 times a vertical displacement since the attitude angle ap- 
proaches 20 deg experimentally. 

For bearings at the ends of shafts where the slope is large and 
the bending moment is small, the shaft may be assumed straight 
and the height of the slope in half the bearing length is to be 
used as the vertical displacement, Fig. 11(d). 

For central bearings of Fig. 11(c) where the slope is small and 
the bending moment is large, the deflection curve may be taken 
as a fourth-order parabola and ‘/; of the arc height is suggested 
as an approximation of the vertical displacement from an average 
line. 

The effects of misalignment can be minimized by the ability of 
soft bearing materials to conform to a steady deflection curve 
during run-in, but elastic deflection and thermal distortion change 
with load and operating temperatures, so that the change of align- 
ment from a normal operating condition becomes important, sug- 
gesting the use of the change in load rather than the total load. 

Methods of causing the deflection of the bearing mountings to 
counteract the deflection of the shaft, called elastic matching, or 
the use of self-aligning bearing mountings become very desirable 
for maximum load-carrying capacity. The ability of the hydro- 
dynamic couple to restore the alignment in the case of self-align- 
ing bearings may be evaluated by the curves of Fig. 10 as shown 
in illustrative Example 1. 

Single bearings, such as those in pulleys and idler gears have 
relatively little resistance to misaligning couples, and the bearing 
should be centered accurately on the load line since an axial dis- 
placement of over 10 per cent of the bearing length may cause a 
misaligned attitude of 1.0 and metallic contact at the end of the 
bearing, as shown in Fig. 10(a) and in illustrative Example 2. 

Idler gears having helical teeth generate a twisting misaligning 
couple which usually should be supported by two bearings with a 
space between them. Methods for evaluating this twisting couple 
on a single bearing also are shown in illustrative Example 3. 
The curves in this paper apply to bearings having length- 
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diameter ratios of 1 or more. With bearings shorter than //d = 
1.0 the ability to resist misaligning couples decreases rapidly, and 
some additional curves for //d less than 1.0 are given in an NACA 
Technical note.* 


ILLUSTRATIVE EXAMPLE 1 


A Self-Aligning Bearing. In Fig. 12 a self-aligning bearing is 
shown to which has been applied a central radial load P and an 
axial misaligning couple M,. If f is the coefficient of static fric- 
tion at the self-aligning surface of radius R, the maximum axial 
misaligning couple M, which may be applied is that equal to the 
torque fPR for impending motion of the bearing in its seat. 
Corresponding with this maximum couple, there is some maxi- 
mum misaligned attitude m, which the journal axis will assume 
relative to the bearing axis. It is this misaligned attitude which 
is to be determined. Note that the amount of angular slip at the 
spherical surface is not the quantity to be determined. 


Fie. 12 JOURNAL BEARING aT Pornt OF SLIPPING OF 
SpuericaL Seat Dur TO AXIAL MISALIGNMENT AND CENTRAL LoaD 


For the calculations of maximum misaligned attitude, the 
following dimensions and data are assumed: 
l=d=R = 1in., cg = 0.002 in. 
f = 0.1 for a well-lubricated spherical seat 
(a) Couple ratio 
Pl Pl l 1 
10 per cent axial misalignment 


i) 


(b) Couple variable, C,, 


(c) Sommerfeld number, $ 

m, depends on central load, or §, as well as C,, determined in the 
foregoing. Assuming various loads or the following values of S, 
respectively 

S = 0.8, 0.4, 0.2, 0.1, 0.05 (light to heavy load) 
(d) Misaligned attitudes, m, 
From Fig. 10(a), for C,, = 2.24 and the assumed values of $ 
m, = 0.12, 0.23, 0.36, 0.55, >1.0 

It may be seen that, for the heaviest load where $ = 0.05, 

metallic contact would occur, since m, > 1.0. 


(e) Minimum film thickness, h,, 
For the nezt heaviest loaded bearing where § = 0.1 and m, = 
0.55, the corresponding value of n from Fig. 7 is 
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n= 0.5 forS = 0.1 


Caleulating n, 
n, =m(l—n) +n 
= 0.55 (1 — 0.5) + 0.5 
= 0.775 
Minimum film thickness 
h,, = c, (1 — n,) = c4/2(1 — n,) 


0.002 
2 (1 — 0.775) 


0.00023 in. 


It may be seen that the ability of self-aligning bearings to align 
depends upon the applied load as well as the coefficient of friction 
and R/l ratio. For a heavily loaded bearing, a small coefficient 
and small R/l are required. 


ILLUSTRATIVE EXAMPLE 2 
Axial Misalignment. The idler pulley of Fig. 13 represents a 
case of axial misalignment in which the belt pull produces an 
axial misaligning couple MVM, = Pa. The misaligned attitude m, 
is to be determined for the following design conditions 
l = d = 2in., cg = 0.003 in., N = 2400 rpm 
N’ = 40rps, uw = 1.5 X 10~* reyn (SAE 20 oil at 180 F) 
P = 900 lb, p = P/ld = 900/4 = 225, psi 


(a) Sommerfeld number, $ 


P Ca 


_ 15 X 10-* x 40 


S= 
0.0008 
= 0.119 
(b) Eccentricity ratio, n 
n = 0.45 (from Fig. 7) 
(c) Couple ratio 
M, Pa 
Pl Pl 


= 12.5 per cent 
(d) Couple variable, C,, 


M, ( d 
Pl Ca 
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(e) Misaligned attitude, m, 
m, = 0.72 [from Fig. 10(a) for C,, = 3.22 and§ = 0.119] 
(f) Maximum eccentricity ratio, n, 
n, = m(1—n)+n 
0.72(1 — 0.45) + 0.45 
= 0.846 


By placing the pulley centrally on the hub, the misaligning 
couple would be reduced to zero, and the maximum eccentricity 
ratio would be n = 0.45 with a correspondingly larger minimum 
film thickness. It may be observed that as small a misalignment 
as 12.5 per cent almost doubles the eccentricity ratio at the end of 
the bearing, demonstrating the relatively low capacity of a bearing 
to support misalignment. 


ILLUSTRATIVE EXAMPLE 3 


Twisting Misalignment. The idler gear with helical teeth in 
Fig. 14 is an example in which the tooth forces impose the 
condition of twisting misaligning. The tangential tooth-force 
component of F’, and the axial component is F, = F, tan w where 
y is the helix angle. P = 2F, is the radial load in the bearing, 
and the twisting couple is WM, = F,D. The following data are 
assumed in the calculations of misaligned attitude 


F, = 300 lb, P = 600 lb, » = 15°, F, = F, tan y 
= 300 tan 15° = 80.4 lb 
4in., M, = F,D = 80.4 X 4 = 321.6 in-lb 


d = 2.0 in., cg = 0.004 in., N’ = 40 rps, 
mw = 1.5 X 10-* reyn (SAE 20 oil at 180 F) 
600 /4 = 150 psi 


D= 
l 


Fie. 14 Inter Gear Wits Teets Havine Toors- 
Force Components Propvucinc TwistTiInG MISALIGNMENT 


(a) Sommerfeld number, § 


Nn’ 5X 10-* x 40\/2.000\2 
got - (2 = 0.10 
p 150 0.004 


(b) Couple variable, C,, 


c= Me 
Pi Ca d 


321.6 
= ——— 
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(c) Misaligned attitude, m, 
m, = 1.0—from Fig. 10(b) 


For m, = 1.0, metallic contact. would oceur at the end of the 
bearing. 


Discussion 


L. F. Krers.e.* The authors are to be commended highly for 
their excellent experimental investigations and correlation of 
data presented in this paper concerning the properties of mis- 
aligned oil-lubricated journal bearings with length-to-diameter 
ratios of 1.0 and more. With the increasing use of short journal 
bearings (with length-to-diameter ratios less than 1.0), properties 
of misaligned short journal bearings are very important. For- 
tunately, the authors list a source of this information® based upon 
their research investigations. 

Their conception of a pivoting point at the bearing center is 
very useful in the computation of eccentricity ratios and cor- 
responding minimum oil-film thicknesses at the ends of journal 
bearings. From the smallnesses of the applied central unit bear- 
ing load indicated in the examples, it is assumed that the ex- 
perimental misalignment data presented were taken when hydro- 
dynamic-film lubrication procedures were in evidence. Experi- 
mental findings of this investigator’ for short journal bearings 
(length-to-diameter ratios of 1/53 to 1/2) without any misalign- 
ment indicate that marginal lubrication procedures initially begin 
to be substituted for hydrodynamic-film lubrication when the 
minimum oil-film thickness equals the sum of the predominant- 
peak surface roughnesses of the mating journal and bearing sur- 
faces measured in the circumferential direction after run-in of the 
bearing-journal pair at a point axially centered between the ends 
of the bearing and for the bearing at a point corresponding to the 
location of the minimum oil-film thickness under operating con- 
ditions. This investigator would like to ask the authors if they 
have observed any similar criterion for the initial appearance of 
marginal lubrication procedures of misaligned journal bearings. 
If so, where should the minimum oil-film thickness be measured, 
at the center of the bearing, at the end where the minimum oil- 
film thickness is smaller, or at some other location? 

The authors’ photographs of oil-film pressure-distribution 
models of journal bearings are most enlightening. It is wondered 
if such a pressure distribution was employed to determine an 
average effective viscosity of the oil in plotting the Sommerfeld 
number for the curves or whether in most cases of oil-lubricated 
journal bearings the variation of viscosity with oil-film pressure 
is negligible in comparison with other causes, such as temperature 
variation. 

The design curves of misaligning couple variable C,, versus 
Sommerfeld number $ for various misaligned attitudes constitute 
a useful manner in which to present the results of what must have 
been many years of careful experimental investigations and pains- 
taking correlation of data. 


E. A. Ryper." In this and other papers, the Cornell group 
has given us practical means of calculating bearing oil-film thick- 
ness, which is a more useful and more easily visualized parameter 
than the eccentricity. Misalignment is generally ignored, but the 


8 Associate Professor of Mechanical Engineering, The University 
of Texas, Austin, Texas. Mem. ASME. 

* Footnote 5 of the paper. 

0 ‘*Predominat-Peak Surface Roughness, a Criterion for Minimum 
Hydrodynemic Oil-Film Thickness of Short Journal Bearings,”’ by 
L. F. Kreisle, published in this issue, pp. 1235-1241. 

11 Consulting Engineer, Pratt & Whitney Aircraft, Inc., Hartford, 
Conn. 
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examples show how easily it may be a troublesome factor in bear- 
ing performance. 

One of the most useful things.in the paper is the observation 
that misalignment does not change the eccentricity at the bearing 
center. In the case of applied misaligning couples such as gear 
loads (mentioned in the paper but not discussed) this enables one 
to calculate the position of the shaft axis and the minimum oil-film 
thickness at the ends of the bearings. 

A good reason for the value of lead coatings on heavy-duty 
bearings is that if metallic contact occurs at the ends of the bear- 
ing, the lead can move out of the way without doing any harm. 

Although not always stated thus, the easiest way to get at the 
minimum film thickness is: 


n is the fraction of the radial clearance used up by eccentricity 


m, is the fraction of the remaining clearance used up by tilt 


In the loose-pulley example, hmin at the center is 0.00082 in. and 
at the end, 0.00018 in. If the bearing is cut off to be symmetrical 
and 1'/2 in. long, Amin will be 0.00039 in. or twice as much. It will 
certainly pay us to take a sharp look at any lopsided bearings. 


Avutuors’ CLOSURE 


The authors would like to express their appreciation to E. 
A. Ryder and L. F. Kreisle for their very kind remarks about 
the practical value of the methods shown for estimating the 
effects of misalignment. Mr. Ryder’s summary of the cor- 
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responding meanings of misaligned attitude m, and eccentricity 
ratio n in two brief sentences is an outstanding bit of clear 
writing that will be remembered. His comment that the film 
thickness in the eccentrically loaded example 2 would be doubled 
by cutting off the long end of the bearing is also pertinent, as this 
change is easily incorporated in existing machinery. 

In regard to Mr. Kreisle’s questions, while the main interest 
in the investigation is in the hydrodynamic range of misaligned 
attitude m, from 0 to 1.0, some of the data gave values of m, 
equal or slightly exceeding 1.0, indicating metallic contact and 
wear in a small area at one end of the bearing. At the start of the 
tests, it was found that the small component of the misaligning 
couple which could not be eliminated in the plane of rotation was 
of the order of magnitude of the friction couple. It was there- 
fore decided not to attempt to report friction effects. However, 
there were indications that the increase of friction due to point 
contact at the end of a bearing is much less than the friction in- 
crease due to line contact in an aligned bearing. The viscosity 
used in preparing the data was the usual engineering average value 
obtained from a viscosity-temperature calibration line at at- 
mospheric pressure using a temperature representing the average 
of several thermocouples imbedded near the bearing surface in the 
loaded area. The extent to which the pressure effect on vis- 
cosity offsets the temperature effect within the bearing is an 
area of current analytical interest, but the experimental data 
include these effects, and the simple parameters used on the 
charts facilitate use of the experimental data. 
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Analysis of Journal Bearings With 
Arbitrary Load Vector 


By O. PINKUS,' HAIFA, ISRAEL 


Starting with the Reynolds equation for finite bearings, 
a complete set of solutions for various combinations of 
the parameters a, 4, and L/D was obtained. These data 
were then used to obtain solutions for bearing operation 
in which the load vector is located at any arbitrary posi- 
tion with respect to the two oil grooves of a journal bear- 
ing. Plotted as functions of the load angle y are values 
for eccentricity, power loss, and oil flow. The plots also 
provide means of selecting an optimum load angle ¥ to 
obtain highest load capacity, maximum lubricant flow, 
and least power loss. 


NOMENCLATURE 
The following nomenclature is used in the paper: 


e = eccentricity, in. 


h = film thickness, in. 
j = power-loss coefficient, dimensionless 
n = eccentricity ratio, dimensionless 
q = oil-flow coefficient, dimensionless 
hmin = minimum film thickness, in. 
‘ = pressure, psi 
z’,2’ = rectangular co-ordinates, in. 
c, = specific heat Btu/in*-deg 
a = attitude angle, deg 
6 = polar co-ordinate, radians 
pw = viscosity, lb-min/sq in. 
B = width of oil film, in. 
C = diametral clearance, in. 
D = bearing diameter, in. 
P ( y 
F = —| —) resultant force, dimensionless 
uN \D 
H = power loss, in-lb/min 
L = length of bearing, in. 
N = speed, rpm 
P = unit loading, psi 
uN ( D\? 
S = P (2 Sommerfeld number, dimensionless 
U = linear velocity, ipm 
W = load angle, deg 
Fy, = horizontal force component, dimensionless 
Fy = vertical force component, dimensionless 
3 
« Petroff’s power loss, in-Ib/min 
Q, = hydrodynamic oil flow, in*?/min. 
2 
We. = 5 (<) load on bearing, dimensionless 
W, = vertical load component, dimensionless 
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= horizontal load component, dimensionless 


INTRODUCTION 


Most of the research conducted in the field of statically loaded 
bearings has concerned itself with loads acting at a fixed position 
with respect to the bearing boundaries. In practice, however, 
one very often encounters loads that are positioned at any ar- 
bitrary angle with respect to the oil grooves. Typical examples 
are bearings in ship-propulsion units where the load vector 
changes direction upon switching from forward to astern running. 
Also, as shown later, there exists an optimum spacing of the load 
vector with regard to the load capacity of the bearing or oil 
flow. Thus the need for obtaining solutions for any arbitrary 
position of the load vector is more than of theoretical interest. 


Y=0 
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This paper deals with the standard type journal bearing having 
two axial grooves at the horizontal split, as shown in Fig. 1, 
which leaves two active bearing arcs of 150 deg span each. The 
solutions obtained heretofore dealt with the case of a vertical 
load. This paper provides solutions for any arbitrary position 
of the load vector over the entire span of the bearing. The 
relative position of the load vector obviously results in different 
values of eccentricity ratio, power loss, and oil flow, and these 
are given as a function of the load angle y. The method of 
obtaining results is based on the actual solution of Reynolds 
equation for finite bearings, performed on a digital computer, 
as given in a previous paper by the author.* 


ANALYsIS AND RESULTS 
The departure point is Reynolds equation 
2 2 
de’ \ da’ doz \ yw az’ 
which transforms through the substitutions 


? “Analysis of Elliptical Bearings,” by O. Pinkus, Trans, ASME, 
vol. 78, 1956, pp. 965-972. 


z= 2'/D z=2'/L 
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B= = 1 p’/pN(C/D)* = 1/8 


into its dimensionless counterpart 


This equation treated in finite increments results in a set of n 
algebraic equations for a grid of n discrete points in the bearing 
surface. The n equations of n unknowns were solved simul- 
taneously on a digital computer to yield values of p = 1/S = 
f(z, z). The pressures integrated over the bearing surface gave 
the horizontal and vertical load components for each combina- 
tion of parameters L/D, n, and a. No negative pressures were 
permitted in the bearing by imposing the requirement that from 
the point where the pressure wave reaches atmospheric pressure 
all subsequent pressures remain at this atmospheric value. All 
this is described in detail in the reference.* 

With Reynolds equation solved and integrated one can write 
the resulting relationships as 


Fy = fi(n, a, L/D) 
Fy Qa, L/D) 


and the resultant force is given by 


P (c\? 
= = 2 = — 
F pds Ae = + Fut) = 1) 
Defining now the angle between the load vector and a vertical 
line, angle y of Fig. 1, as the load angle, the values for the verti- 
cal and horizontal components of the load are 


Wy = Wocos 
Ww Wo sin y 
and so the ratio of the two components for a given load angle is 


We Wosing 


Wy Wo cos 


Thus for a given load fixed at some angle y, the requirements of 
equilibrium are 


(a) ViF ut + Fy) = W, 
(6) Fy/Fy = tany 


For the case of a vertical load YW = Oandso Fy = 0. For any 
W =~ 0 there will have to be a set of F, and Fy equal and opposite 
to Wy and Wy. 

There is no mathematical way of determining directly the cor- 
rect attitude angle a for a given n and L/D ratio where conditions 
of Equations [4] are met. Instead the value of a, at which 
Equations [4] are satisfied for a given set of n, L/D, and y, has 
to be arrived at by trial and error. To obtain the solutions de- 
sired in this work, the results of solving Reynolds equation were 
plotted in generalized form as a function of the attitude angle a, 
as shown in Fig. 2. Several values of a were then tried until an 
attitude angle was found at which 


F,/Fy = tan y 
For a given n and L/D the value of 
F = V/(Fx* + Fy*) = We 
provided the absolute value of the dimensionless load capacity 
=. (y. The explicit value of the load capacity is then 


uN \D 
simply 
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Pas 


as 


60 -40 ° 
ATTITUDE ANGLE « 


Fic. GENERALIZED or HyprRopyNamic Forces 


D 2 
P= N{— 
(2) 


With the pressure wave tending to extend over more than 7 
radians any appreciable shift in the load vector away from the 
mid-point location will result in a modification and reduction in 
the extent of the pressure wave. In addition to the actual re- 
duction there also will occur a shift of the high-pressure region of 
the wave with a resultant change of the value of the vertical com- 
ponents. All this will result in a variation of load capacity with 


The basic quantities involved in bearing operation are eccen- 
tricity, oil flow, and power loss. As derived in the previous refer- 
ence? these expressions can be written as 


hmin — R).. 


mNDLC 


4 


The values of g and n result from the solution of Reynolds 
equation and j is obtained from the integration 


= H/H, = f dé 
2r Jo 
an expression for the power-loss factor that includes the effect of 
a variable and discontinuous oil film around the bearing surface. 
The full film was assumed to end at the point of minimum film 
thickness although it actually ends somewhat later. The error 
involved in this simplification can be shown to be very small. 
The results of the analysis are presented in Figs. 3 through 12 
as a continuous function of the load angle ¥, with L/D and n as 
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bearing assuming all the power to be dissipated 


parameters. The L/D values range from '/, 
ing the entire practical range of bearing design. To calculate 


the bearing performance it suffices to calculate the Sommerfeld 
number for a given bearing and with the help of the presented 


charts obtain the corresponding values of n, g, and j. 


used in Equations [5], [6], and [7] provide the necessary infor- 
mation on bearing performan 
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ties at various values of y. All these curves have a minimum, 
and this minimum, of course, represents the maximum load 
capacity of the bearing. Stated differently, the angle at which 
this minimum occurs is the optimum angle of operation. The 
location of this optimum load angle does not vary substantially 
with either eccentricity or L/D ratio and is in the neighborhood 
of 5 deg. Thus the usual case of keeping the load-vector mid- 
point between the two grooves, at y = 0, is very close to the 
optimum condition of operation, as far as load capacity is con- 
cerned. 
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The other important consideration is the amount of lubricant 
pumped through the bearing by the hydrodynamic pressures. 
Here the point of maximum value of the coefficient g, a direct 
index of the amount of flow, shifts with the eccentricity ratio. 
For n < 0.2 the load angle at which g is a maximum is around 
yw = 0; then these maxima shift towards higher values until 
at n = 0.8 the optimum load angle is around 60 deg. 

Although usually high load capacity is the main object in 
bearing design, this is not always the sole or even the dominant 
consideration. Just as important are problems of adequate oil 
supply and cooling. Oftentimes the critical factors are excessive 
temperatures and then the important object is to pass as much 
coolant through the bearing as possible. In that case a proper 
choice of the load angle will have to be made, depending on the 
value of the eccentricity. In shifting to higher values of load 
angle, the oil flow will go up for two reasons; a higher y will give 
first a higher value of eccentricity ratio and then locate the value 
of q at the maximum portion of the curve. When both cooling 
and load capacity are important a compromise will have to be 
effected in selecting the value of Y. From the author’s experi- 
ence many bearings have been made to work by simply rotating 
them in the housing so as to obtain the proper value of the load 
angle. 

Fig. 12 gives the power-loss coefficient 7 which accounts for the 
effects of eccentricity and the incompleteness of the oil film over 
the diverging portions of the bearing. The set of values of j 
completes a full cycle as yy — +7/2, with j being a minimum at 
= —25 deg. This value of corresponds to a locus of shaft 
center close to 0 deg. Under these conditions only about 1/4 of 
the bearing has a complete oil film. 

Fig. 10 and 11 show the locus of the shaft center for four L/D 
ratios and a set of load angles ranging from y = —75 deg to 
= 75 deg. The spread, or the angle, between the load vector 
and the attitude locus increases with higher valuesof y. It is evi- 
dent from the plots that for some values of W the point of minimum 
film thickness will occur at the top half of the bearing. This is 
true for all Y > 40 deg; even at p = 25 deg half of the locus is still 
above the horizontal center line. Thus if reliable measurements 
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of maximum temperature are to be taken the thermocouple loca- 
tion should be appropriately selected. Failure due to overload- 
ing will, however, almost always occur in the loaded half as at 
high eccentricities the locus swings towards the loaded half re- 
gardless of the value of y. 

The variation of power loss, minimum film thickness, oil flow, 
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and temperature rise with the position of the load vector is rep- 
resented in Fig. 13 for the following specific case; D = 8 in., L = 
8 in., N = 3600 rpm, C = 0.012 in., uw = 15 centipoises, P = 
200 psi. It is seen from the curves that depending upon the inten- 
tions of the designer there is a definite optimum load angle which 
will give the best results. 
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The Fluid Dynamic Theory of 
Gas-Lubricated Bearings 


By J. S. AUSMAN,' DOWNEY, CALIF. 


A differential equation for the pressure distribution in 
gas-lubricated slider bearings is derived from the basic 
equations of fluid mechanics. The equation is an exten- 
sion of Harrison’s gas-bearing equation in that the in- 
finite width and isothermal restrictions have been re- 
moved. A perturbation solution is proposed and is carried 
out for the special case of an infinitely wide, self-lubricat - 
ing journal bearing. Comparisons with numerical solu- 
tions to Harrison’s equation indicate that the first three 
terms in the series solution are sufficient to determine the 
pressure distribution and bearing load with reasonable 
accuracy. 


NOMENCLATURE 
The following nomenclature is used in the paper: 


arbitrary constants 

constants of integration 

specific heats at constant pressure and at con- 
stant volume, respectively 

thickness of gas-lubrication film 

difference between radius of bearing and radius 
of journal 

load (per unit bearing width) and its compo- 
nents parallel to and perpendicular to the 
direction of deflection 

thermal conductivity of gas lubricant 

C,/C,, ratio of specific heats 

integers 

pressure in gas lubricant 

ambient pressure or pressure in gas film when 
bearing is unloaded 

successive perturbation pressures 

radius of journal bearing 

temperature of gas lubricant 

relative velocity between surfaces of slider 
bearing 

components of fluid velocity in z, y, z-direc- 
tions, respectively 

Cartesian co-ordinate system whose origin is 
located in plane of moving surface of a slider 
bearing. The origin, however, remains fixed 
and does not move along with the surface 

angle between direction of load and direction of 
deflection 

ratio of eccentric displacement to radial 
clearance, ho 
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z/r; journal bearing co-ordinate angle meas- 
ured from point of maximum film thickness 
positive in direction of journal rotation 

kpoho?’ 
journal-bearing solution 

. dynamic viscosity coefficient of gas lubricant 
density of gas lubricant 

density of gas lubricant when pressure is am- 
bient 

angular velocity of journal 


a dimensionless parameter in the 


INTRODUCTION 


Although it has long been recognized that gases as well as 
liquids ean be used as lubricants in fluid-dynamic bearings, there 
have been few attempts to exploit the advantages of gas-dynamic 
bearings. A. Kingsbury in 1896 constructed a self-lubricating 
gas journal bearing for exhibition purposes and made a considera- 
ble number of experimental measurements to determine its 
characteristics (1).2 A few journal bearings of similar design are 
currently being used on experimenta! rotating electrical equip- 
ment such as generators, converters, 1d induction motors (2). 
One possible reason that gas bearing,' are not more widely used is 
that in its present state the theory is cumbersome and its ap- 
plicability limited. 

In 1913, W. J. Harrison developed an air-bearing iiieory (3') 
which at least partially explained the experimental results of 
Kingsbury. Three main difficulties are encountered in attempt- 
ing to apply Harrison’s theory: (a) The theory is applicable only 
to infinite-width bearings; (b) it assumes isothermal expansion 
and compression of the gas lubricant; and (c) the differential 
equation is nonlinear. The third difficulty is a technical one, but it 
probably has discouraged application of the theory more than 
either of the other two. Harrison succeeded in obtaining solu- 
tions to his nonlinear differential equation by numerical methods. 
These are tedious even with the help of a digital computer (4). 
An approximate, analytical solution should prove much more 
useful than even a large number of exact, numerical solutions. 

The aims of the present paper are (a) to extend the applicability 
of Harrison’s equation by relaxing its isothermal and infinite- 
width restrictions, and (b) to obtain an approximate, analytical 
solution to the equation. In order to eliminate the restrictions 
mentioned and to point out the underlying assumptions in the 
theory, the differential equation is derived from the basic equa- 
tions of fluid mechanics; i.e., the Navier-Stokes equations of mo- 
tion, the continuity equation, and the energy equation. The re- 
sulting differential equation is then solved by perturbation 
methods for the special case of an infinitely wide self-lubricating 
journal bearing. This particular case is selected because a few 
exact, numerical solutions are available for comparison but the 
same general method of solution is applicable to finite-width 
bearings. The finite-width solution is sufficiently interesting in 
itself to be the subject of a separate paper. 


? Numbers in parentheses refer to the Bibliography at the end of 
the paper. 
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Tue DirrerReENTIAL Equation 
Consider the gas-lubricated slider bearing shown schematically 
in Fig. 1. The upper surface is stationary and the lower surface 
moves with a velocity U in the z-direction. The Navier-Stokes 
equations for fluid motion (5) describe the behavior of the gas 
lubricant between these two surfaces. The following approxima- 
tions are made to these equations of motion: 


1 Inertia terms are neglected with respect to pressure- 
gradient terms. 

2 Vertical fluid velocities w are neglected with respect to 
horizontal fluid velocities. 

3 The predominant viscous-shear stresses are (02u)/(0z*) and 
(0*v)/(dz?), all other viseous-shear stresses being negligible by 
comparison. 


bic. 1 SKETCH OF SLIDER BEARING 

The validity of these approximations is discussed later in the 
paper. Further discussions are available in references (2) and 
(6). 

With the foregoing approximations, the Navier-Stokes equa- 
tions for compressible fluids (as well as for incompressible ‘fluids) 
reduce to 


(2) 


[3] 
where p is the absolute pressure at a point (xz, y, z), u and v are the 
fluid velocities in the z and y-directions, respectively, and yu is the 
coefficient of viscosity of the fluid. The viscosity coefficient yu is 
approximated as a constant in the following analysis, 

Equation [3] shows that, to the approximations employed, p is 
independent of z. This permits us to integrate Equations [1] and 
[2] with respect toz. In this way we obtain 


. [4] 


[5] 


where the following boundary conditions have been imposed 
u=Uatz=0.... {I} 
u = Oatz =h. {II} 

v = Oatz = Oandatz =h.. {ITT} 


We now introduce the continuity equation for compressible 
fluid flow’ 


Oz 


3 Reference (5), p. 46. 
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where p is the fluid density. 
spect to z, we obtain 


h h 
O( pu) O( pv) 
lz enh — = 
f +f z + (pw)mr, — (pw) no = 0.. [7] 


Integrating Equaton [6] with re- 


Because the vertical fluid velocity w must vanish both at z = 0 


and at z = h, Equation [7] can be written as 


pu dz + pudz| = 0. {8} 
0 oy 0 


where Boundary Conditions [II] and [III] have been employed in 
taking the partial derivative operations outside the integrals. 
The density p is an as yet undetermined function of the pressure 
p and, since p is not a function of z, p is also assumed to be inde- 
pendent of z (see Discussion section for clarification of this 
point). This allows the density p to be removed from the inte- 


grals 
a h 
d. dz|=0 


The integrations are now readily performed with the aid of Equa- 
tions [4] and [5] to yield 


Op ra) Op re) 
ph? ) = Gut — (ph)... [10 
2 ( =) 


For constant p, Equation [10] reduces to Reynolds’ equation 

for incompressible lubrication (7). For lubricants which are 
compressible, the density p cannot be considered constant, In- 
stead, the density must be related to the pressure by the energy 
equation and the equation of state. 
- If, in addition to the approximations made to the equations of 
motion, we assume (a) that steady-state conditions persist and (b) 
that horizontal conduction of heat within the gas is negligible, 
we can write for the energy equation of a perfect gas* 


Bas (oc, 
ox oy oy 


re) , oF ou \? 


where 7’ is the temperature of the gas, C, its specific heat (as- 
sumed constant) at constant pressure, and K its thermal conduc- 
tivity. For gas bearings, the dissipation term, 4(0u/0z)*, usually 
is an order of magnitude larger than the u-term (except for A< 6) 
while the v-term is an order of magnitude smaller than the u-term. 
This means that in order for Equation [11] to be satisfied, the 


K ~), must be of the same order of 


magnitude as the dissipation term and of opposite sign, Physi- 
cally this means that the heat generated by fluid friction must be 
removed by conduction in order to maintain temperature equi- 
librium. 

This latter point of view is especially valid for bearings in which 
the same gas is continually being recirculated. For these bearings 
thermal equilibrium requires all of the heat generated by viscous 
action to be removed by conduction to the walls of the bearing. 

If the heat-conduction and dissipation terms cancel one another 
exactly, the right-hand side of the energy equation, Equation 
[11], vanishes and the left-hand side is satisfied by the differential 
equation 


(11) 


re) 
conduction term, —— ( 
oz 


4 Reference (5), p. 228. 


op 
oT 
- 
| 
2 1 Op 
U(1—-—) — == 
1 Op 
v = — — — (h—zz 
dp : 
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Eliminating the temperature 7’ by means of the equation of state 
for a perfect gas® 


we obtain, upon integrating Equation [12] 


pp-* = const 


where k is the ratio of specific heats, C,/C,. 

If the exponent k is allowed to take on values other than 
C,/C,, Equation [14] may be used more generally to include cases 
where the heat-conduction and dissipation terms do not ex- 
actly cancel one another. For example, Harrison’s assumption of 
isothermal compression and expansion is included in Equation 
[14] by setting k = 1. Probably some value of k between these 
limits, 1 < k < C,/C,, will best describe the actual physical be- 
havior. 

Substituting Equation [14] into Equation [10], we obtain 


op re) op 
dz (» =) Ty (> 


= 6uU — 
(p"*h) 


This, then, is the differential equation for gas-lubricated slider 
bearings. It is a nonlinear, partial differential equation in the 
pressure p. It will be seen shortly that it is possible to build up a 
series solution to this equation by perturbation methods. 


For (dp)/(dy) = 0 and k = 1, Equation [15] reduces to Harri- - 


son’s equation for an infinite-width bearing. As several exact but 
numerical solutions to Harrison’s equation are known, it will 
prove instructive to set (0p)/(d0y) = 0 in Equation [15] and to 
obtain the perturbation solution to the resulting ordinary dif- 
ferential equation. A comparison with the numerical solutions 
will then give some indication of the number of terms required 
in the series solution. 


FOR INFINITE-WiptH 
JOURNAL BEARINGS 


Series SoLvutTion 


Consider an infinite-width, gas-lubricated journal bearing, a 
cross section of which is shown in Fig. 2, The journal of radius r 
is rotating with angular velocity w within a cylindrical bearing of 
radius r + ho. The axis of the journal is separated from the bear- 
ing axis by an amount €hp. The fluid-dynamic action of the gas 
being forced through the sinusoidal gap between bearing and 


_ § Reference (8), p. 120. 


h=ho (it€cosé@ 


Sxetcu or Cross SEcTION 
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journal sets up a differential pressure force per unit width on 
thejournal. For equilibrium, the pressure force must be balanced 


’ by a per unit width load LZ on the journal. In general, this load 


will act at some angle y to the direction of the deflection and will 
have components Z, and L, parallel to and perpendicular to the 
direction of deflection. 

Since the gap width A is extremely small compared to the jour- 
nal radius r, the equations of the preceding section are applicable, 
even though they were derived in Cartesian co-ordinates. For an 
infinite-width autolubricated gas-journal bearing, Equation [15] 
reduces to 


d dp d 


6yuwr? 8 
kpoho?’ 


Equation [16] is an exact ordinary differential equation and inte- 
grates immediately into 


where C is the constant of integration. In principle, Equation 
[17] can be solved, once the gas-film thickness h is expressed as a 
function of 8. To a very close approximation h is given (3) by 


h = ho + eho cos 0 


Since variations in gas-film pressure are caused by variations in 
the gas-film thickness, it is reasonable to expect the relative pres- 
sure variations (compared to the ambient pressure po) to be of the 
same order of magnitude as the relative thickness variations (com- 
pared to the average film thickness ho). This argument suggests 
that the pressure p can be expressed in the form 


P = po + Epi + €*p2 + €*p; + 


where € is the eccentricity ratio as used in Equation [18]. In an 
operating bearing, € must always be less than unity. In general, 
the integration constant C may also be made up of a series of terms 
of increasing order in € 


C = Cot + + + 


A series solution to Equation [17] can be constructed in the 
following manner: First, substitute Equations [18], [19], and 
[20] into Equation [17] and collect terms on each side of the 
equation according to powers of «. Then equate terms on the 
left and right-hand sides of the equation which are of the same 
orderine. The result is the series of equations 


A= 


=—, and w = — 
r r 


dpo 


26 + Cop: = kpo[Ci — Co cos @ — 2(Cy + A) cos 8] 


d 
+ Com = | (2 + 3.00) 


+ 2) cost + + 


p = 

4 or 

where 

= 

— 
7 

1+k pi? 
|......[21 
dp, 
—— + @...... 
hie. 2 a6 
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These first-order, linear differential equations can be solved in 
turn for po, pi, P2, etc., until a sufficiently close approximation to p 
is attained. The solutions are required to be periodic in @ and are 
of the form 


(a,, cos mO + b,, sin m@) for n even 


Since po is a known constant, Equation [21a] determines Co = 
—. The remaining constants of integration (Ci, C2, Cs, etc.) 
are determined from the condition that the mass of gas (per unit 
bearing width) within the bearing must remain constant. This 
condition is expressed mathematically by 


r ph dO = 2mrpoho 


or, from Equation [14] 

( 
The constants of integration (C,, C2, Cs, etc.) are determined if 
we require that Equation [23] be satisfied at each step in the per- 
turbation solution. 


Carrying out the method outlined, we find the first three terms 
in the pressure-distribution series to be 


Po + Epi + €%p2 = po + Ekpo +h (sin 6 — d cos 8) 


(1 + 

2). 
km 


29 
2(1 + A*)(4 + A?) 
2(1 + A*)(4 + A?) 
1)(1 + 
1+? 


— 


(1 + 


Reference (3) gives three pressure distributions obtained by 
numerically integrating the complete nonlinear differential equa- 
tion. These are shown in Figs. 3, 4, and 5. The corresponding 
pressure distributions given by Equation [24] are shown in these 
same figures for comparison. The agreement is seen to be quite 
good. 

Thus encouraged, we proceed to compute bearing loads by inte- 
grating the pressure distribution as approximated by Equation 
[24]. Since the load applied to the journal must be equal and 
opposite to the resultant pressure force acting on the journal, load 
components per unit width Z, and Z, parallel to and perpendicular 
to the deflection, are given by 


2r 
fi p cos 6 dé 
Qn 
p sin 6 d0 


From the form of Equations [25], it is clear that only those 
pressure terms which contain first harmonics (sin @ and cos @) 
contribute to the load. Of the first three terms in the pressure 
series Equation [24], only p; contains first harmonic terms. To 
second-order terms in €, then 


2 


P/% DIMENSIONLESS 


Fie. 3 Pressure DistTRiBuTION IN INFINITE-WIDTH, 
Gas-LuBrRICcATED JOURNAL BEARINGS FOR \ = 0.394 


HARRISON'S 
SOLUTION 


120 


A21.38 
kel 


DIMENSIONLESS 


Fic. 4 Tueoreticat Pressure DistrisuTion In INFINITE WIDTH, 
Gas-LuBRICATED JOURNAL BEARINGS FOR \ = 1.38 


2 
Po + EP, +€°R, 


HARRISONS 
SOLUTION 


- DIMENSIONLESS 


P/F 


0.9 


Fic. 5 Tseoreticat Pressure DistrisuTion 1n INFintTe WipTs, 
Gas-LuBRICATED JOURNAL BEARINGS FOR \ = 2.96 


—re pi cos dé = 


arkpoerX 


The load per unit width also may be expressed in terms of the 
magnitude, L = (L,? + L,*)'/, and the angle of its application, 
y = tan~\(L2/Ih). From Equation [26] 

L 
akpoer + 


ya 
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] 


| 
= RATIO OF SPECIFIC 
HEATS 


LEGEND: | i 

PERTURBATION SOLUTION 
(FIRST THREE TERMS) | | L = LOAD PER UNIT WIDTH 
(REF. 3 AND 4 ) OF 
GAS LUBRICANT 


OIMENSIONLESS 


L 
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ne 


Fie. 6 Raprav Stirrness or InFinire Wipts, Gas-LuBRIcaTEeD JOURNAL BEARINGS 


LEGEND: 
PERTURBATION SOLUTION 


(FIRST THREE TERMS) 
RATIO OF SPECIFIC HEATS 
NUMERICAL SOLUTIONS TO a 
HARRBONS EQUATION PRESSURE | 
(REF 3 AND 4) DYNAMIC VISCOSITY 
COEFFICIENT OF GAS 
LUBRICANT | 
| 


| 


x 


w a® 
A= OIMENSIONLESS 
a Po ho 


Fic. 7 ANGLE BeTwEEN LOAD AND DeFLecTION FoR INFINITE WipTH, Gas-LUBRICATED JOURNAL BEARINGS 


Equations [27] and [28] are plotted in Figs. 6 and 7, respectively. Ou 
The several known numerical solutions to Harrison’s equation Inertia terms = or 
also are plotted in these same figures for comparison. 


Pressure-gradient terms Op 

Discussion oa 
Let us examine the numerous assumptions and approximations 

employed in deriving the differential equation (Equation [15]) 

to see if they are compatible with the journal-bearing solution. It 

will be remembered that the inertia terms were neglected in the 

Navier-Stokes equations. From Equations [4] and [24] 
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Typical values for the Reynolds number, Uhop/u, are of the 
order of unity in gas bearings. Since ho/r is typically of the order 
of 10-4, the inertia terms are quite negligible with respect to the 
pressure-gradient terms. The radial velocity w is negligible with 
respect to circumferential velocities for the same reason. By 
performing the integration in Equation [7] from z = 0 toz = h/2, 
it can be shown that 


2 
(0%v/(Oz?)are of the order of (2) and — 
r \ Oz? r 


are also negligible because ho/r <1. Harrison points out (3) 
that the first and third assumptions necessarily break down at 
points of zero pressure gradient. This should not disturb us, 
however, because at these points the whole equation—Equation 
{1], [2], or [3]—becomes of the order of ho/r which we approxi- 
mate as zero with very little error. 

The pressure-density relationship, Equation [14], and the equa- 
tion of state, Equation [13], imply that the gas temperature varies 
around the circumference of the bearing. The principal effect of 
this cyclic temperature variation is to vary the viscosity co- 
efficient of the gas. For air bearings operating near 100 F gas 
temperature, the expected variation in viscosity coefficient is 
about 1.5 per cent per 100 F variation in temperature. For pres- 
sure changes of +20 per cent, temperature variations of +20 or 30 
F are predicted from Equations [13] and [14]. This means that 
the assumption of a constant viscosity coefficient may be in error by 
as much as 5 per cent. As the temperature and viscosity will rise 
in regions of high pressure and drop in regions of low pressure, the 
effect of viscosity variations will be to increase the magnitude of 
the high-pressure peak, and to decrease the magnitude of the 
low-pressure peak. These effects tend to cancel one another as 
far as the load capacity is affected. 

It was assumed in integrating with respect to z that the density 
is independent of z. At first glance this seems to be inconsistent, 
with the assumption that heat conduction takes place predomi- 
nantly in the radial direction, Let us examine this question more 
closely, The temperature distribution across the gap can be 
estimated by equating the conduction and dissipation terms in the 
energy equation. In this way 


ou \? 
oz? K \ 2 


from which the temperature difference across the gap is found to 
be AT = S U*. Substituting values for a typical air bearing, 


we estimate that A7’ ~ 0.2 deg F. With such a small difference 
in temperature across the gap, the assumption that the gas density 
is independent of z is seen to be quite valid. 

On the other hand, this small temperature differential across 
the fluid film might seem to invalidate the assumption that heat 
conduction takes place predominantly in th z-direction. Com- 
paring the temperature gradients in the z and z-directions 


oT AT 0.2 deg F 
h/r (10-8 
while 
oT 20 deg F 
It is seen that (07')/(dz) is 100 times as large as (07')/(dxr). In 


other words, circumferential heat conduction is negligible with re- 
spect to radial heat conduction, as was assumed. 
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There is still one other assumption which requires checking. 
In the energy equation the term w(d7'/dz) was neglected with 
respect to u(07’/dxr) because the vertical velocity w was small. 
This reason is not necessarily sufficient by itself since in the pre- 
ceding paragraph we have shown (07')/(dz) to be 100 times as 
large as (07')/(dxr). Previously we determined w/u ~ (€ho)/(4r), 
which is typically of the order of 10-°. Hence, w = I, fi ~ 

dz/ 
10-5 X 10? = 10~* and it is still permissible to neglect w(07'/dz) 
with respect to u(d7'/dr), despite the fact that (07'/dr) 
dz). 

It was pointed out in the solution to the infinite-width journal 
bearing that the load solution given by Equations [26], [27], and 
[28] is good to second-order terms ine. That is, terms in €* are 
neglected with respect to terms in €. If better accuracy is de- 
sired, or if the bearing is to run at € ratios greater than '/2, more 
terms in the series will be needed. The question of convergence 
of the series solution for the pressure distribution has been ig- 
nored, Let it suffice to say that the first three terms of the series 
solution give a good approximation to the known numerical solu- 
tions of the differential equation. 

For purposes of comparison with exact numerical solutions, the 
differential equation has been solved analytically for an infinite- 
width bearing. It is readily appreciated that the same general 
method may be applied to the analysis of finite-width bearings. 
The details of such a solution have been carried out by the author 
and are presented in a separate paper. 
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Discussion 


J.F.Osterte.£ The conclusion of this paper that the pressure 
in the gas film is related to the density according to the adiabatic 
law (Equation [14]) is incorrect since it is based on a misapplica- 
tion of the energy principle (Equation [11]). In applying this 
energy equation to gas-lubricated bearings the author states that 
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the dissipation term is an order of magnitude larger than the 
left-hand side of the equation, hence the right-hand side of the 
equation must effectively equal zero. He then concludes that the 
left-hand side of the equation also must equal zero. This conclu- 
sion is false since the left-hand side of the equation can equal some 
quantity of the same order of magnitude as either term on the 
left-hand side and still satisfy the condition that the right-hand 
side equal zero. Furthermore, it is doubtful that the dissipation 
term really is an order of magnitude greater than the left-hand 
side of the energy equation which would make the magnitude of 
the left-hand side even greater. 

Dr. W. F. Hughes and the writer are at present working on this 
same problem and hope soon to have results which can be pub- 
lished. 


M. Witpmann.’ Having worked with gas-lubricated bearings 
for some time, the author’s paper has been of great help to the 
writer. The perturbation solution he obtains gives, at last, an 
analytical solution to the gas-bearing equations, instead of the 
numerical solutions with which one had to be contented previ- 
ously. It is true that this analytical solution is only approxi- 
mate and limited to the region where the pressure rise in the bear- 
ing is small compared to ambient pressure. But even in this re- 
gion, the solution clearly shows differences between the behavior 
of compressible and noncompressible lubricants. It is felt that 
these differences are important and the writer would like to draw 
the reader’s attention to them. 

If we examine Fig. 6 (or Equation [27]) we can see that, for 
\ > 6, the curve is essentially flat and the load expression is 
therefore 


L = rPokre 


Thus, the load supported by this bearing is directly proportional 


to ambient pressure, and independent of speed, viscosity, and 
clearance. The load expression for a similar bearing using a non- 
compressible lubricant, that is, the load expression for a full jour- 
nal bearing of infinite length, where no break in the oil film occurs 
and where we limit ourselves to small eccentricities, is 


L= 
ho? 
This load capacity is directly proportional to speed and viscosity, 
inversely proportional to the square of the clearance and inde- 
pendent of ambient pressure. 

Differences in attitude angle are equally large. For \ > 6, the 
attitude angle is less than 10 deg and tends to approach zero as \ 
increases. For a similar bearing using noncompressible fluids, the 
attitude angle is always 90 deg. 

These differences in loads and attitude angle clearly show that 
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even for small eccentricities, where the pressure in the bearing is 
small compared to ambient pressure, noncompressible hydrody- 
namic theory is not always adequate to describe the behavior of 
gas-lubricated journal bearings. 


Avutuor’s CLOSURE 


Two important papers have come to the attention of the 
author since the reading of the present paper. These are: 


(a) “Theory of Lubrication by Compressible Fluid With 
Special Reference to Air Bearing,’ by Y. Katto and N. Soda, 
Proceedings of the Second Japan National Congress for Applied 
Mechanics, 1952. 

(b) “Principles and Applications of Hydrodynamic-Type Gas 
Bearings,’’ by G. W. K. Ford, D. M. Harris, and D. Pantall, 
paper presented at the IME meeting in London, England, October 
26, 1956. 


Katto and Soda (a) developed an ingenious series solution to 
Harrison’s equation and proved convergence. In general, their 
solution holds for larger eccentricity ratios than does the author’s 
solution. The utility of the latter is that it is simpler to use and 
it can be extended to finite journal bearings and to pressure- 
density relationships other than isothermal. The need for a 
solution to the finite bearing problem is obvious; the need for 
a solution other than the isothermal one is not so obvious. 

There is considerable experimental evidence that the iso- 
thermal solution does not completely describe the physical be- 
havior of hydrodynamic-type gas bearings. The author has 
noticed this discrepancy in comparing his theoretical solutions 
with experimental data of Kingsbury (1) and of M. Wildmann 
(ASME Paper No. 56—LUB-8). Messrs. Ford, et al. (b) also 
noted a very real difference between their experimental data and 
the isothermal solution of Katto and Soda. These observed 
discrepancies are largely resolved if one assumes an isentropic 
pressure-density relationship instead of the isothermal one. 

The author’s treatment of the energy equation is intended as a 
plausibility argument to indicate how it might be possible to 
obtain a pressure-density relationship approaching the isen- 
tropic law despite the obviously large dissipation and heat con- 
duction effects in gas bearings. It is not a proof of the isen- 
tropic behavior as Dr. Osterle points out. Nevertheless, de- 
velopment of the equation in this form renders the series solution 
amenable to either the isothermal or the isentropic assumption by 
appropriate choice of the exponent k. It is the author’s experi- 
ence that the isentropic assumption yields better agreement with 
available experimental data than does the isothermal assump- 
tion. 

Mr. Wildmann’s point is well made and deserves emphasizing 
inasmuch as there is a widespread misconception that incom- 
pressible theory will describe the behavior of gas bearings ade- 
quately if the pressure rise in the bearing is small compared to 
the ambient pressure. 
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Heat-Transfer Effects in Hydrostatic 
Thrust-Bearing Lubrication 


By W. F. HUGHES! anv J. F. OSTERLE,? PITTSBURGH, PA. 


The limiting isothermal and adiabatic operating condi- 
tions of the hydrostatic thrust bearing have been investi- 
gated recently. However, the actual performance of such 
bearings is characterized by an intermediate situation in 
which heat transfer occurs in the lubricant and bearings. 
In this paper a simplified model is constructed for such 
intermediate situations, and it is found that the bearing 
performance is essentially isothermal! at an elevated tem- 
perature. Expressions are derived for the temperature 
distribution and the results of numerical examples are 
compared with isothermal and adiabatic calculations. 


NOMENCLATURE 


The following nomenclature is used in the paper: 


temperature, deg F 
M mass rate of flow 
q rate of heat generation per unit square column of lubri- 
cant 
@ angular velocity, radians 
viscosity 
te specific heat at constant pressure or specific heat 
k 
h 
? 


conductivity 

film thickness 

radial scalar distance to position where heat is generated 
in film 

radial vector to position where heat is generated in film 

radial scalar distance to position where temperature is 
measured in film 

radial vector to position where temperature is measured 
in film 

lubrication-region inlet conditions 

lubrication-region exit conditions 

ambient conditions 
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INTRODUCTION 

Until a few years ago the hydrodynamical theory of lubrication 
was treated from the point of view of isothermal flow. That is, 
the heat generated by the internal viscous shear stresses was as- 
sumed to be all conducted away from the fluid film which re- 
mained essentially isothermal and hence isoviscous. The as- 
sumption, that all the heat generated by viscous shear stresses re- 
mains in the fluid increasing its temperature, gives rise to the 
adiabatic solution in which viscosity and other property varia- 
tions are taken into account. This type of analysis was first ap- 
plied to the inclined slider bearing by Osterle, Charnes, and 
Saibel (1),? and more recently other investigators have made 
similar analyses of other problems. 

The problem considered here of the radial hydrostatic thrust 
bearing, shown in Fig. 1, was solved for isothermal flow by Licht 
and Fuller (2) in 1954, and the adiabatic-flow problem was solved 
by the present authors in 1955 (3). In actuality, of course, the 
behavior of such a bearing, or any bearing, is somewhere between 
that of isothermal and adiabatic which form two bounding solu- 
tions for pressure distribution, mass-flow rate, frictional torque, 
and so on. 

This paper is an analysis which attempts to give a more ac- 
curate picture of the fluid flow by taking into account the heat 
transferred from the fluid film to the bearings. 

The question as to whether a lubricating film behaves more 
nearly isothermally or adiabatically has been the subject of much 
discussion and controversy. Cope (4) maintained that since 
atmospheric convection on external bearing surfaces is small, in 
steady-state operation, the fluid film behaves nearly adiabatically 
because the bearing cannot absorb appreciable heat. 

However, in most practical situations the bearings themselves 
are attached to large machine members on foundations which 
may allow a considerable amount of heat conduction from the 
fluid film. Also, since the conductivity of a metallic bearing is 
much greater than that of a lubricating fluid it would seem that 
the bearings would tend to smooth out variations in the lubricant 
temperature as it flows through the bearing. 


3 Numbers in parentheses refer to the Bibliography at the end of 
the paper. 
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Consequently, it does not appear that any definite con- 
clusions can be drawn without at least an approximate 
quantitative consideration of the actual physical situa- 
tion. Since the geometry of a real bearing and housing is 
usually quite complicated from the point of view of exact 
heat-transfer analysis, and this in turn varies from bear- 
ing to bearing, it is essential that some sort of analysis 
be made which will allow definite conclusions to be drawn 
without specific knowledge of the bearing geometry and 
type of mounting or housing. To this end one assump- 
tion is made here which establishes the complete heat- 
transfer characteristics of the model to be used in this 
paper. Referring to Fig. 2 the radial hydrostatic thrust 
bearing is shown in cross section. The circular rotating 
slider and the recessed bearing are assumed to be much 
smaller than the mountings, housing, and foundation. If 
this is true, the over-all behavior is not affected apprecia- 
bly by the bearing geometry and only relies on the as- 
sumption that the total mass for effective heat conduc- 
tion is large compared to the bearings themselves. 

With this assumption of semi-infinite solid bearings and 
the usual assumptions of lubrication-type flow, the tem- 
perature and pressure distribution and frictional torque 
will be found, and compared with the isothermal and 
adiabatic values for both an incompressible lubricant 
such as oil and a compressible lubricant such as air, 


Fie. 3 


MATHEMATICAL ANALYSIS 


If the temperature is assumed constant across the lubri- 
cant film and varies only in the radial direction, the appropri- 
ate energy equation for the fluid may be written (3) 


q h 


Me, aT 


dr 


This equation holds for both a compressible and incompressible 
lubricant, ¢, representing the specific heat at constant pressure 
and merely specific heat, respectively. The term on the left side 
represents the rate of heat per unit square column of lubricant 
transferred to the bearings. The terms on the right-hand side 
represent heat-generation rate by tangential flow and heat-storage 
rate, respectively. Fora compressible fluid the heat generated by 
radial flow just cancels the pressure-work term and hence does 
not appear in the equation, and for an incompressible fluid both 
these terms are negligible. Term q represents then the rate at 
which heat is conducted into the bearings as a function of the 
radial distance. 

The problem now becomes one in heat transfer where q is the 
generation rate in an annular ring in an infinite solid, or equiva- 
lently, a semi-infinite solid with one half of g generated in an an- 
nular ring on the surface. Referring to Fig. 3, if we wish to de- 
termine the steady-state temperature in an infinite solid at any 
point R due to an amount of heat q liberated at a point source 
located at r, we have (referring to reference 5) 


This equation may be derived by considering a spherical sur- 
face centered at point r and of radius |R — 7 | and writing a con- 
tinuity equation for heat flux through the surface. Hence we 
may find the temperature at any point R in the bearing (treating 
it as an infinite solid and Equation [2] as a Green’s function) by 
integrating Equation [2] over the area of heat generation 


ar) 
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DracraM SHowine Temperature 7(2) Due ro Heat Source 
AT T IN AN INFINITE SOLID 


Fic. 4 Diagram SHOWING THE TEMPERATURE T(R) Due TO A 
Heat Source at 7 in THE LUBRICATING FILM 


Now, by combining Equations [1] and {3] we have for the tem- 
perature in the plane of the annular heat source (the lubricant- 
film temperature) referring to Fig. 4 


T(R) = +. 
4k h 2rr dr 


rdrdg 
[R? + r? — 2Rr cos 


R and r are the magnitudes of R and 7, respectively, and ¢ is the 
angle between them in the plane of the lubricating film. 

For practical situations, the second term of the integrand in- 
volving the temperature gradient will be negligible in comparison 
to the first term. For an angular velocity of 1000 rpm, an h of 
10~* in., and a temperature gradient of about 30, the second term 
is about 1 per cent of the first for oil. For air, as will be seen, the 
temperature gradient is small since the total temperature rise will 
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T 
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| | 
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be on the order of less than 1 deg, and here also the second term is 
negligible for realistic values of w, the angular velocity. Hence, 
letting z = r/R for convenience Equation [4] becomes 


(1 + 2? — 2z cos 


This expression cannot be integrated in closed form, but by ex- 
panding the integrand in a series of Legendre polynomials of argu- 
ment ¢, then integrating, a series solution can be effected. Re- 
ferring to reference (6), Equation [5] may be written for r, < R < 


n=0 


d 


If the integration is carried out termwise with respect to z, then 
with respect to ¢ we obtain 


T(R) 


T(R) = 


T(R) = 


1 ((2n)!]* 


~ On + 4(n!)* x 2” 


1 ((2n)!P 
A,, and B, are tabulated for n = 0 ton = 10 in Table 1. 

Since we have assumed that the temperature in the lubricating 
film is a function of R only and does not vary across the film, 
Equation [7] completely describes the temperature variation in 
the lubricant, assuming constant viscosity. However, the series 
expression converges rather slowly and a means must be found 
which will allow a more rapid evaluation or at least a close ap- 
proximation of the value to which the series converges. 

The values of factorials may be expressed in the following 
series form 


\* 
a! = (2) + + 
139 ‘4 
51,840z* 


Now, for z = 10, the first term of the series gives the value of z! 
accurate to better than 1 per cent, and for higher values of x the 
expression becomes progressively more accurate. Hence the first 
ten terms of the series expression for temperature may be evalu- 
ated explicitly and the higher terms may be simplified by using the 
first term of Equation [8] as an approximation for factorials. By 
doing this, the evaluation of the series for temperature beyond the 
first ten terms may be reduced to the evaluation of a definite in- 
tegral to a close approximation. It is convenient to attempt this 
integration with only the A, and B, terms and evaluate the terms 
involving R explicitly from the original expression. The tem- 
perature distribution then becomes, letting y be a dummy vari- 
able of integration corresponding to n 


VALUES A, AND B, 


As B, 
0.250 000 —0.333 333 
0.041 667 —0.250 000 
0.017 578 0.140 625 
0.009 766 0.032 552 
0.006 231 0.014 954 
0.004 326 0.008 652 
0.003 181 0.005 654 
0.002 438 0.003 989 
0.001 928 0.002 967 
0.001 564 0.002 293 
0.001 294 0.001 826 


n=0 


1 d y 
oF 10 


+ > dy 9] 
0 y(2y 3) 


Now the terms involving A, and B, only may be evaluated 
numerically by adding the values of the integrals to the summa- 
tion from n = Oton = 10. The integrals represent about 5 and 


TABLE | 


© 


yly + 2) 


4 per cent of the total values : A,, and >. B,,, respectively, so 
n=0 n=0 

that the slight error in the transformation to integral form for n > 

10 is unimportant. The calculations give 


A,, = 0.3445 


n=0 


B,, = —0.3525 


n=0 


Hence we obtain the expression for temperature in the region 
n<R<r2 


T(R) = 0.008 — 
2kh | 


For values of the radial distance R equal to or less than r, re- 
ferring to Equation [6], we see that the terms involving A, drop 
out leaving for the temperature distribution 
... [11] 


T(R) = | - 0.3525 — B, 
R <n 2Qkh 
and for temperatures at values of R equal to or greater than ro, the 
terms involving B,, drop out leaving 
r, 
A 


n=0 


T(R) = 
R2n 


3445 — 


The ratio of the radii which multiply B, and A, causes the series 
to converge at a reasonable rate so that numerical calculations are 
easily possible. Taking the limit as R — 0 and remembering 
that the temperature must be a continuous function we have 


. [13] 


1297 
1 
= | | 
10.. 
10 
n=0 
Mee R 
where 
j 
and 
and 
n=0 R 
n=0 
ao? ra 


1228 


The temperature distribution is then specified over the entire 
mating surfaces of the two semi-infinite solids and throughout 
the lubricating film if the oil-inlet properties and bearing size are 
known. As will be shown the temperature variation throughout 
the lubricant is small compared to 7(0) so that Equation [13] 
allows a quick estimation of the lubricant operating temperature. 


DIscussIoN 


It may be seen by inspection of the parameters in the equation 
for temperature distribution that the temperature variation 
throughout the lubricant is small enough so that the assumption of 
constant viscosity is adequate. In fact it seems reasonable to as- 
sume isotherma! flow at an elevated temperature (over the inlet 
value) for the calculation of pressure distribution, frictional 
torque, and mass-flow rate. For isothermal flow it has been 
shown (2) that the pressure distribution is independent of the 
operating temperature and consequently only the rate of flow and 
frictional torque are affected. This elevated temperature and 
corresponding viscosity may be established readily from Equa- 
tion [13] and the appropriate viscosity-temperature curve. 

It may not be clear why this temperature 7'(0) is not the inlet 
or ambient value. The lubricant inlet pipe or nozzle is usually in 
physical contact with the bearing itself, and it is assumed that 
heat is conducted along this pipe and actually raises the tem- 
perature of the lubricant before it enters the bearing recess. In 
any case, owing to the slow rate of flow of the lubricant it is 
probably heated to full value before it enters the lubrication re- 
gionrn, < R < re. 

A numerical example using the following data was worked and 
compared to previous data for isothermal and adiabatic-flow cal- 
culations (3), for an oil such as SAE 20: 


1 in. 

3 in. 

0.001 in. 

3.85 X 10~* lb-sec per sq in. 
4300 in-lb per Ib 

900 rpm 

100 F 

0.45 in-lb per in-sec-deg F 


To 
k 


The results are shown in Table 2 and the temperature dis- 
tribution is shown in Fig. 5. The total temperature variation is 
about 6 F, varying from approximately 28 to 34 F over the 
ambient value. The viscosity is taken as the average value be- 
tween these two temperatures and is assumed constant in this 
analysis. The mass rate of flow and frictional torque are found 
from the equations for isothermal flow with the temperature and 
viscosity taken as average values, in this example 131 F. 

Using the same bearing geometry calculations were made for 
an air lubricant, and here, for moderate velocities the total tem- 
perature rise was practically negligible. For a velocity of 1000 
rpm and 7°, of 100 F, the maximum temperature rise was about 
0.027 F. It appears then that an air lubricant behaves essentially 


TRANSACTIONS OF THE ASME 


TasLe 2 CoMPARISON OF ADIABATIC, ISOTHERMAL, AND HEat- 
TRANSFER CALCULATIONS 
With heat 
transfer 
900 rpm 


Adiabatic 
rpm Isothermal 

Mass flow rate, 

1.19 K 10-¢ 

45.7 


343 


3.55 X 4.95 107-5 


Frictional 
torque, in-lb.. 12.4 


154 
Maximum tem- 
perature 
above ambi- 
ent, deg F.... 


200 


ADIABATIC 


WITH HEAT TRANSFER 


‘i 


2 3 


TEMPERATURE (T-T.) °F 


RADIAL DISTANCE (INCHES) 


‘16. 5 Temperature DISTRIBUTIONS IN THE ADIABATIC BEARING 
AND BearinG Heat TRANSFER 


isothermally at the inlet temperature, while an oil lubricant be- 
haves essentially isothermally at an elevated temperature above 
the inlet or ambient value, and is given by the theory developed 
in the paper. 
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On the Theory of Grease-Lubricated 
Thrust Bearings 


By A. SLIBAR! anp P. R. PASLAY,? SCHENECTADY, N. Y. 


Experimental results have shown that grease can be con- 
sidered to be a Bingham material. By introducing the 
yield criteria due to Hencky-von Mises-Huber, the stress- 
deformation rate relations for the lubricating material are 
derived. Making use of the characteristic parameters of a 
rotating thrust bearing, a perturbation procedure is used 
to obtain a solution governing the steady state. When the 
critical shear stress of the grease equals zero, this solution 
becomes the viscous one. Curves are given for design pur- 
poses which can be used by the lubrication engineer 
directly to obtain the prediction of the properties of a 
thrust bearing. 


NOMENCLATURE 


The following nomenclature is used in the paper: 


; = component of deformation rate (sec~') 
unknown functions of z 
half film thickness of thrust bearing (in.) 


+ Se + Su!) + Ont + + 


second invariant of reduced-stress tensor (psi)? 

index for infinite series , 

negative normal stress (psi) 

grease pressure at the entrance to the film (psi) 

atmospheric pressure (psi) 

power required to pump grease through bear- 
ing (in-lb-sec 

grease volume supplied per unit time (in*- 
sec 

cylindrical co-ordinates (in., rad, in.). The ori- 
gin of the co-ordinate system is in the mid- 
dle plane of the lubricant layer 

radius of entrance to film (in.) 

radius at film outlet (in.) 

o;; + reduced stress (psi) 

thickness between parallel plates in Fig. 1 (in.) 

external torque required to rotate bearing to 
maintain constant angular velocity (in-lb) 

velocities of lubricant in cylindrical co-ordi- 
nates (in-sec~?) 

velocities of lubricant in rectangular co- 
ordinates (in-sec~') 

maximum value of u, (in-sec~*) 


U,, UO, Uy 
Ug, Uy, Uy 
= 
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= perturbations on the corresponding velocities 
(in-sec~') 

relative plate velocity in Fig. 1 (in-see~!) 

load supported by thrust bearing (lb) 


Un, UM, Ug 


V= 
W = 


= rectangular co-ordinates (in.) 
} = Kronecker delta (1) 


i=j 
0 
slope of stress-strain diagram in pure shear for 
d;; > 0 (psi-sec~") 
0;; = stress (psi) 
Orn, Ton, 
orn, Fi, Tai 
Tro = 
= 


perturbation on corresponding stresses (psi) 


critical value of (psi) 
relative angular velocity between upper and 
lower plates of thrust bearing (sec~') 


INTRODUCTION 


The experimental work of G. Cohn and J. W. Oren (1)* has 
shown that grease-lubricated bearings in some respects behave 
differently from those lubricated by a Newtonian viscous ma- 
terial. C. R. Singleterry and E. E. Stone (2), and H. E. Mahncke 
and W. Tabor (3) have shown that as a first approximation grease 
can be treated as a Bingham material. Both a Newtonian viscous 
material and a Bingham material obey a linear relationsip be- 
tween stress and rate of deformation, but for the Bingham ma- 
terial a certain critical stress has to be exceeded before flow begins. 
Fig. 1(a) gives the relationship graphically for pure shear. 
F. Osterle and E. Saibel (4) made use of the foregoing facts in a 
theoretical treatment of the thrust bearing. In their treatment 
they neglect the stresses caused by the relative rotation of a thrust 
bearing when they solve for the radial flow. Accordingly, they 
assume that the yielding of the grease is caused by the shear 
stresses due to the radial feeding flow only. The results ob- 
tained by this approach hold as long as the stresses due to relative 
rotation are small as compared to those created by the radial 
flow. 

M. Reiner (5) has attempted to give a general law for the flow 
of matter by accounting for the behavior of a Newtonian ma- 
terial as well as that of a Bingham plastic. M. Reiner considers 
the one-dimensional case only. 

This paper gives a solution in three dimensions for the steady 
state of a rotating thrust bearing. First, we introduce a three- 
dimensional stress-deformation rate relation for the grease, and 
obtain an approximate solution making use of parameters which 
are small for most practical cases of thrust bearings lubricated 
with grease. 


Yre.p CrirerIA AND Srress-DEFORMATION RaTE RELATIONS 
FOR LUBRICANT 


The primary difference that we will consider between grease 
and a Newtonian viscous material is that the grease possesses a 
yield point while the viscous material flows under any arbitrary 
stress. For grease a critical value of a physical parameter has to 


3 Numbers in parentheses refer to the Bibliography at the end of 
the paper. 
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be exceeded in order to have flow. There must exist a certain 
combination of stresses which, when it exceeds a limiting value, 
allows three-dimensional flow (6). To the best of the authors’ 
knowledge there has not been extensive experimental research 
work to determine the nature of this characteristic combination 
for grease. In the case of an isotropic material it seems likely that 
the magnitude of the second invariant of the reduced stress tensor 
would be a criterion whether or not flow in the lubricant occurs. 
The second invariant can be interpreted as the root mean square 
of the maximum shear stresses acting on three mutually perpen- 
dicular planes at a point and can be written in cylindrical co- 
ordinates as follows 


1 
J; = 2 (S,,2 + See* + S,,*) + + + og*....[1] 


In many respects we can consider a Bingham material to be 
“almost”? viscous so we assume that the ratios of deformation 
rates are equal to the ratios of the acting reduced stresses at 
any point in the film. Furthermore, we make the usual bearing 
assumption that the density of the lubricant remains constant 
throughout the film. 

According to the foregoing statements we now have to formulate 
a stress-deformation rate relation which embraces the following 
properties: (7) 

1 Ratios of deformation rates at a point equal ratios of re- 
duced stresses 

2 Flow occurs in the lubricant only if J; exceeds a critical 
value 

3 Incompressibility 

4 Gives solution of Fig. 1. 


A relation which has these four properties can be written as 
follows 


VJ ) 


This relation connects the deformation rate d;; with the re- 


Fie. l(a) SHear Stress Versus 
Rate or DEFORMATION 


Fie. 1(6) Gromerry or 
PARALLEL Supine PLATEes 
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duced stress S;; through the slope yu of Fig. 1(a) for r > 7) and the - 
critical value 79? of the second invariant J». 
Referring to the simple plate shown in Fig. 1(b), we have as a 
solution for the stresses 
Bes Syy = S., 0, Ory Ty, 0 


= On, 


and from the stress-deformation rate relations 
2\e 2 Oz Qu 
d,, = 0 O12 ST 
so that 


== 


i To 


V =0 i < 


This simple calculation of solving Equation [2] for a flat slider 
bearing gives the characteristic behavior of a grease film which is 
shown in Fig. 1(a). 

DERIVATION OF EquaTIONs 


For the purpose of solving the thrust-bearing problem (Fig. 2) 


Fic. Geometry or THrust BearinG 


we now write the stress-strain equations in cylindrical co- 
ordinates 


Equations [3] express the relation between the velocities u,, ug, u, 
and the stresses 000, Tro, through J2, 7, and yu. 
The sum of the first three of Equations [3] gives the continuity 
equation 


A solution of this problem has to satisfy the five independent 


= 
t 
2 
ij Qu VJs ) ij 3= 70 
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stress-deformation rate relations of Equations [3], the continuity 
Equation [4], and the three equilibrium relations. Neglecting, as 
usual in grease-lubrication theory the inertial terms, we can write 
the equilibrium equations in cylindrical co-ordinates as follows 


or r 06 oz r 


Oo 1009 | _ 


APPROXIMATE SOLUTION 


For most practical cases we can picture the flow of the lubricant 
as being created mainly by the relative rotation and in addition 
to this we have a small amount of radial flow resulting from feed- 
ing of the lubricant at the center. Thus, comparing the velocity 
rates due to rotation with those created by feeding, we anticipate 
that for most thrust bearings the latter is small as compared to the 
former. According to this we can conclude that the criterion for 
flow, the second invariant of the reduced-stress tensor, is mainly 
influenced by the shear stresses induced by rotation alone. 

This physical situation leads us to the following mathematical 
procedure: We first solve the bearing problem for rotation alone. 
To the solution of the velocities and stresses we add the contribu- 
tion resulting from the radial feeding flow. By making use of a 
perturbation procedure we find the latter part of the solution. 

Considering the tangential flow only we can write the solution for 
the governing sets of Equations [3], [4], and [5] (see Fig. 2) as 


= See = Sup = = = O 


Adding the amounts due to radial flow, we can write the Solutions 
[6] in the following form 


uo uo 

& Me, 


rw 


TWZ uo 
w= -— +— Un 
2h rw 


Sry, See Son, Sasi 
To 
Uo 


— Orn, 
row 


rw Uo 
Tn, = Ora 
rw ) 


In the relations [7] uw denotes the maximum amount of the radial 
velocity and according to the physical reasoning at the beginning 
of this section we can state 


We will have to investigate later to determine what physical 
restrictions the Inequality [8] leads to. Now, substituting Equa- 
tion [7] into the Expression [1] for the second invariant of the re- 
duced stress tensor and keeping zero and first-order terms only, 
we get for the flow criterion 
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and for the fraction 


To 1 


Vd: 


Assuming that the tangential velocity ug: of the lubricant created 
by radial feeding flow is zero, taking into account the rotational 
symmetry, and introducing Equation [10], we get from Equations 
[3], [4], and [5] the following relations governing the flow of the 
lubricant 


Oun E 
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1 
3 (oe: on) | 
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) 
Eliminating in the set, Equations [11], the unknowns ua, Or, 
pe, Teri, ANd Geri, We finally get an equation for u,; which is 
as follows 


Or*Oz? 
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Making use of the homogeneous solution of Equation [12] which 
satisfies the boundary conditions u, = 0 atz = -h, we expand 
Un by a power series for the particular solution 


C 2 
Un = —(z?—h*) + Unt 
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where C is a constant and (2r79h)/(urw) is restricted to small 
values compared to 1. 

Introducing Equation [13] into [12] and retaining only first- 
order terms in (Toh)/(urw) we get 


2 
r Or 


3 


2 urn 
r Ordz? 


+ 2 


r? Or? r2 Oz? 


We now substitute a power series for u,1: of the form 


un = fi 
k 


=-—2 


and restrict ourselves to cases where z/r is always small com- 
pared to 1. Following this procedure we get 


and therefore 


(< 
r? 360 


Using the no-slip hypothesis, we have to satisfy ux = 0 at z = 
+h and we get 


= — a) + (5) [2 
r 


12 


r 


(z4 — h*) + D(z* — h*) 


16 16D 16F 
.. [18] 
To evaluate D and F we determine us by the continuity equa- 
tion and apply the boundary conditions 


when z = 0 (from symmetry) 
when z = +h 


Ug = 0 
Un =0 


and this leads to 


9 
F= ht 
x 35 


Now, taking advantage of the fact that h/r is much smaller than 
one we get, to first-order terms 


Un = — ht) 
Tr 
( Ch* 1 1 


To evaluate the only remaining integration constant C we 
make use of the integrated form of the continuity equation by de- 
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noting the volume flow per unit of time fed into the bearing as ¢ 
and we have 


and finally 


By referring to the set [11] we can solve for the radial stress ¢,, for 
which we get, after satisfying the boundary condition that ¢,, = 


—p, atr =f, 
[ 7 (© 


Calculating the mean value 


1 h 


we get the pressure under which the lubricant has to be brought 
to the beginning of the grease film. For p,; we get 


4h? \r; 


To evaluate the load capacity W of the bearing we have to find the 
axial stress ,,|ea. By use of the set [11] we find 


3qu r 2Toh (" 
= — In — — | -— 
4h? E r pra \r :) | 
From Equation [26] we get the load capacity W to be to first- 
order terms 


4toh | 
ome 
The torque 7’ required to keep the bearing in steady motion be- 
comes 


ro 


The reader should note that each of the foregoing relations is valid 
for the viscous case i* 7, is set to zero and y is denoted as the 
viscosity of the Newtonian lubricant. 


APPLICATION FOR DesIGN PuRPOSES 


From the usual design procedure we know the approximate 
values of r,, r;, and h characterizing the geometry, the physical 
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properties 7) and u of the lubricant, and the pressure drop Ap = 
DP; — P, available for feeding flow. Therefore it is desirable to re- 
arrange the results of the preceding section as follows: 

From Equations [25] and [27] 


2 2 
In 4. (© 1) 
\r; 


From Equations [25] and [28] 
3 
(1-24) 
3 To 


Th E ( 
4 


The power P to feed the lubricant becomes in dimensionless 
form 


[29] 


Pu 1 
ix 


\r; 
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Fic. 5 Dimensioniess Friction TorRQvE aS A FUNCTION OF THE 

DIMENSIONLESS PARAMETER (roh)/(urow) FOR Various VALUES OF 
THE Ratio oF To OuTsipe Rapivus 


In order to better evaluate the Formulas [29], [30], and [31] 
giving the influence of the dimensionless quantity (Toh) /(ur,w) the 
authors have plotted the dependence of the solutions on this 
parameter. The dimensionless load, feeding power, and friction- 
torque demand are drawn in Figs. 3, 4, and 5. 

Fig. 3 shows that for given geometry and pressure drop Ap the 
load W that the bearing can carry is decreased as (toh) /(ur,w) in- 
creases. This means that for constant angular velocity w and 
constant yu the effect of the critical shear stress 7) is to decrease 
the load-carrying capacity. On the other hand, keeping 7) and 
» constant an increase of w increases the load-carrying capacity. 

Fig. 4 shows the dimensionless feeding power demand to pump 
the grease through the bearing drawn again as a function of the 
parameter (Th)/(urw) for different values of the parameter r;/r,. 
The power demand of Fig. 4 shows the same tendency as load 
capacity in Fig. 3. 

Fig. 5 shows the dimensionless friction torque which must be 
overcome as a function of (7oh)/(ur,w) for various values of 
parameter r,/r,. The dimensionless torque increases linearly 
with increasing abscissa (Toh)/(ur,w) for a given ratio r;,/r,. 

Referring to the remark with respect to the Inequality [8] we 
have to investigate which physical restrictions must be observed so 
the solution given here may be accurate. For the perturbation 
scheme of Equations [7] to be accurate we see that the stress o.9¢ 
has to be much larger than the remaining stresses or reduced 
stresses o,,, S,,, S,,, and Se. By inspecting the solutions given 
for these stresses and carrying out a comparison of order of magni- 
tude we are led to the following inequality 


Mw To\* 
(Ap) << (4 in“) 


As mentioned before, in addition to the Inequality [32], the two 
inequalities 


have to be satisfied by the parameters of the problem. 
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So.ution or Typical PROBLEM 
Given the following information 
; = inner radius = 2 in. 
= outer radius = 4 in. 
film thickness 
outside radius 
feeding pressure = 115 psi 
atmospheric pressure = 15 psi 
angular velocity = 20 rpm = 2.09 rad sec~! 
critical shear stress = 0.1 psi 
slope of Fig. 1 = 0.0003 psi sec 


= 0.0003 


Find the volume flow per unit time g, the feeding power demand 
P, the maximum load W, the friction torque 7, and the friction 
power. 

Solution 

th 0.1 X 0.0003 


ur 0.0003(2.09) 
then from Figs. 3, 4, and 5 for r;/r, = 0.5 we get 


= 0.048 


qu 


7 


= 0.00323 cu in/sec 
= 0.323 in-lb/sec 
2400 Ib 
109 in-lb 
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Friction power = Tw = 228 in-lb/sec 


For comparison with a viscous material as lubricant having the 
same geometry and 4 = 0.0003 psi sec but 7. = 0, we get 


q = 0.00367 cu in/see 

P = 0.367 in-lb/sec 

W = 2720 lb 

T = 97.5 in-lb 

Friction power = 203 in-lb/sec 


The check of the Inequalities [32], [33], [34] for this problem 
leads to the following numerical values 


0.048 << 1 


h 
— = 0.0003 << 1 


2 
(Ap)? = 10" <<( n = 146 104 
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Predominant-Peak Surface Roughness, a 
Criterion for Minimum Hydrodynamic 


Oil-Film Thickness of Short 


Journal Bearings 


By L. F. KREISLE,' AUSTIN, TEX. 


The minimum hydrodynamic oil-film thickness of a 
short journal bearing is defined as that value of the mini- 
mum oil-film thickness at which marginal lubrication 
procedures initially begin to be substituted for full hy- 
drodynamic-film lubrication. This appears to occur when 
the minimum oil-film thickness equals the sum of the pre- 
dominant-peak surface roughnesses of the bearing and 
journal measured in the circumferential direction after 
run-in of the bearing and journal pair. 


NOMENCLATURE 
The following nomenclature is used in the paper: 


B = bore of bearing at operating conditions, in. 
predominant-peak surface roughness of bearing in cir- 
cumferential direction after run-in, microin. 
root-mean-square surface roughness of bearing in circum- 
ferential direction after run-in, microin. 
C, diametral clearance of journal and bearing at operating 
conditions, in. 
diameter of journal at operating conditions, in. 
coefficient of bearing friction, dimensionless 
minimum hydrodynamic oil-film thickness for bearing 
and journal pair number 3, in. 
minimum oil-film thickness at operating conditions, in. 
predominant-peak surface roughness of journal in cir- 
cumferential direction after run-in, microin. 
root-mean-square surface roughness of journal in circum- 
ferential direction after run-in, microin. 
surface-roughness ratio, ratio of predominant-peak sur- 
face roughness in circumferential direction to root- 
mean-square surface roughness in circumferential 
direction, measured after run-in of bearing and journal 
pair, dimensionless 
bearing friction-torque ratio, dimensionless; 
T,/T, 
length of journal in contact with bearing at operating 
conditions, in. 
clearance-load number at operating conditions, dimen- 


p C, \? 
less; 
sionless; equals n ( L ) 


bse = 


Drs 


equals 
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rotational speed of journal relative to stationary bearing, 


rpe 
radial load on both journal and bearing, lb 
unit loading on projected area of journal, psi; equals 
P/(LD) 
= friction-torque on the bearing, in-lb 
Petroff friction-torque on both bearing and journal, in-lb; 


viscosity of bearing lubricating oil at average operating 
conditions, lb sec per sq in. = reyns 


PuRpPOSE OF INVESTIGATIONS 


Fig. 1 is a diagram of a uniformly clockwise rotating journal 
carrying a constant radial load P and supported by a stationary, 
Newtonian oil-lubricated cylindrical bearing. As the radial load 
on an oil-lubricated short journal bearing is increased, the bearing 
friction-torque increases. Owing to the couple caused by the 


BEARING CENTER —. 


JOURNAL CENTER 


. 1 Dracram or Rotating JourNaL AND OrL-LUBRICATED 
STATIONARY JOURNAL BEARING 


radial loading on the journal and bearing and the eccentricity of 
the centers of the journal and bearing, the journal friction-torque 
always exceeds the bearing friction-torque by the amount of this 
couple. As the operating temperature of the bearing increases, 
the diametral clearance generally decreases as a result of the dif- 
ferential expansion of the journal and bearing. This process re- 
peats itself with further increases of load until marginal lubrica- 


tion procedures become evident. At this point the friction- 
torques increase at an accelerated rate, causing further reduction 
of diametral clearance often sufficiently to cause the journal and/ 
or bearing to score and perhaps stop rotation of the journal. 
The investigations reported in this paper were conducted in order 
to determine a criterion at which marginal lubrication procedures 
initially are substituted for full hydrodynamic-film lubrication of 
short journal bearings with length-to-diameter ratios less than 1.0. 
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Test SPECIMENS AND OIL 


Throughout all investigations solid tool-steel test journals of 
11/, in. diam were employed. The journal surfaces were ground 
and ring-lapped. Bronze test bearings were employed with high- 
speed fine lathe-machined finishes with length-to-diameter ratios 
between 0.0187 and 0.5020 and with diametral clearance to 
diameter ratios 0.000516 and 0.00157. As measured in the cir- 
cumferential direction after run-in, the journals had an average 
surface roughness of 9 rms microin., while that of the bearings 
averaged 14 rms microin. Texaco SAE 20-20W insulated motor 
oil was employed as the bearing lubricant through all investiga- 
tions. 


EXPERIMENTAL PROCEDURE 


The new 1'/,-in-diam test bearings and mating journals were 
run in under constant journal rotational speeds of approximately 
1000 rpm with continually increasing radial loading until clear- 
ance-load numbers of approximately 1000 were obtained. This 
careful increase of loading was accompanied by a continuous 
monitoring of the bearing friction-torques and bearing operating 
temperatures to prevent high heat generation in the oil-film effect- 
ing a large reduction in diametral clearance and subsequent scor- 
ing of bearing and/or journal surfaces. The journals then were 
permitted to run at clearance-load numbers of approximately 
1000 for 1 hr, after which time additional run-in appeared to have 
little or no effect in burnishing of bearing and journal surfaces 
with accompanying reduction of bearing friction-torques and 
operating temperatures. Surface-roughness measurements of 
both the bearing and journal then were made, the loads and 
journal speeds were adjusted to test conditions, and experimental 
bearing friction-torque data and minimum oil-film thickness data 
were taken. Surface-roughness determinations were repeated to 
assure that the testing had effected no further burnishing of the 
mating surfaces. The author believes that this run-in procedure 
results in surface roughnesses corresponding to those of commer- 
cial oil-lubricated short journal bearings which have been 
broken in through conventional usage, provided this break-in 
period was not accompanied by sufficiently high bearing operat- 
ing temperatures to cause scoring of bearing and/or journal. 
Fortunately a bearing designer has available from experience 
typical roughnesses of various types of mating bearing and jour- 
nal materials and surface treatments after conventional break-in 
conditions; it is these roughnesses that should be used in the de- 
sign of short journal bearings. Additional details of the experi- 
mental procedure appear in Appendix 1. 


EXPERIMENTAL RESULTS 


Surface Roughnesses. Surface-roughness measurements in the 
circumferential direction were made on each journal and bearing 
axially midway between the ends of the bearing surface and for the 
bearing at the point estimated at the location corresponding to the 
position of the minimum oil-film thickness for the heaviest load- 
ing of the bearing. Root-mean-square microinch surface rough- 
ness readings were obtained by use of a Brush surface analyzer 
and by use of a Profilometer each having smallest scale readings of 
0.1 rms microin. The estimated maximum combined instru- 
ment and experimental error in determining surface roughnesses 
is 0.75 rms microin. Through repetitive readings, it is believed 
that most of the experimentally determined surface roughnesses 
are within 0.5 rms microin. of their true value. The surface 
roughness of the journals averaged 9 rms microin. and that of the 
bearings averaged 14rms microin. Typical ranges of rms surface 
roughnesses of several metal finishes are given in Table 1 as re- 
vised mainly from Broadston (1). It is seen that the experi- 


? Numbers in parentheses refer to Bibliography at end of paper. 
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mentally determined roughnesses agree with the low end of the 
roughness ranges given in Table 1. 


TABLE 1 TYPICAL RANGE OF ROUGHNESSES OF SEVERAL 
FINISHES 


brms and jrms, 
rms microin. 
Bore 
Buff 
Die 
Drill 


Lap 
Lathe turning 
Mi 


Polish: 


Electropolish 
Mechanical 
Ream 
Rolled surface 
Shaper.......... 
Superfinish 


Following the suggestion of Ocvirk (2, 7), the author approxi- 
mated the predominant-peak surface roughnesses of the journals 
jpp and the bearing bpp by use of the Tarasov (8) surface-roughness 
ratios K, given in Table 2 as revised mainly from Tarasov. K, 
is the ratio of the predominant-peak surface roughness of a 
metal finish to the root-mean-square surface-roughness of the 
same finish in the same direction. 


TABLE 2 TYPICAL K, RATIOS OF VARIOUS FINISHES 


Type of finish Average ratio Range of ratios 


Hydrolapped 
Loose-abrasive lapped 
Sandpapered 
Superfinished 


Assuming K, values of 4.0 and 4.5, respectively, for the journal 
and bearing, average predominant-peak surface-roughness values 
of 36 and 63 microin. are obtained. In order to determine more 
nearly correct values of the predominant-peak surface roughnesses 
of the journals and bearings after testing, microtome sections of 
N-butyl-methacrylate-backed vapor-coated-lead replicas of the 
surfaces were observed by use of an electron microscope and a 
high-magnification optical toolmaker’s microscope, and direct 
measurements of the predominant-peak surface roughnesses were 
made. This experimental method resulted in average pre- 
dominant-peak surface roughnesses of 35 and 53 microin., re- 
spectively, for all the journals and bearings. Arithmetic mean 
values of several experimentally determined predominant-peak 
surface roughnesses per each bearing and journal were used in 
making the correlations given in this paper. It is estimated by 
the author that these roughnesses may have a maximum combined 
instrument and experimental standard deviation error of 6 mi- 
croin. for the surface of any specific specimen. 

Bearing Friction-Torque. Fig. 2 presents typical data of bearing 
friction-torque ratio versus clearance-load number. Superposed 
on this plot is the theoretical hydrodynamic film-lubrication curve 
as determined by the Ocvirk short-bearing approximation (4, 6). 
At some point D the experimental curve begins to deviate from 
the theoretical hydrodynamic-lubrication curve. The location of 
point D could be used as a criterion for determining when mar- 
ginal lubrication procedures first become evident. Unfortunately, 
it is difficult to determine accurately the location of the tangency 
point D between the experimental and the theoretical curves. 
Experimentally determined minimum oil-film thicknesses corre- 
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of the h,; arrow, corresponding to point D of Fig. 2. This is an 
indication of the breakdown at least partially of the hydrody- 
namic-film lubrication and the substitution of marginal lubrica- 
tion. This transition from full hydrodynamic-film lubrication to 
marginal lubrication is rapid and continuous rather than a sharp, 
abrupt change, indicating that some hydrodynamic-film lubrica- 
tion procedures appear to continue even though the minimum oil- 
film thickness is less than the minimum hydrodynamic oil-film 
thickness. 

Coefficient of Bearing Friction. Fig. 4 presents typical data of 
bearing coefficient of friction f versus bearing modulus (un’)/p. 
At some point 7’ the transition from full hydrodynamic-film 
lubrication to marginal lubrication appears to begin. This seems 
to occur when the minimum oil-film thickness equals the sum of 
the predominant-peak surface roughnesses of the mating journal 
and bearing surfaces measured in the circumferential direction 
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sponding to the location of point D averaged slightly less than five 
times the sum of the root-mean-square surface roughnesses of the 
mating journal and bearing surfaces measured in the circum- 
ferential direction after run-in of the bearing and journal pair. 
Since five is an average value for K,, the author suspected that the 
transition from full hydrodynamic-film lubrication to marginal 
lubrication begins when the minimum oil-film thickness equals the 
sum of the predominant-peak surface roughnesses of the bearing 
and journal pair measured in the circumferential direction after 
run-in. This investigator defined the minimum hydrodynamic 
oil-film thickness of a short journal bearing as that value of the 
minimum hydrodynamic oil-film thickness at which marginal 
lubrication procedures initially begin to be substituted for full 
hydrodynamic-film lubrication; this is designated by h,. 

Fig. 3 presents experimentally determined bearing friction- 
torque ratio versus clearance load-number data for five different 
bearings with the theoretical Ocvirk short-bearing curve super- 
posed onto the plot. The point on each curve of bearing i where 
the minimum oil-film thickness equals the sum of the predomi- 
nant-peak surface roughnesses of the journal and bearing surfaces 
measured in the circumferential direction after run-in is indicated 
by the h,; arrow. The deviation of each experimentally deter- 
mined bearing friction-torque ratio curve from the theoretical 
Ocvirk short-bearing curve appears to begin at or near the point 
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after run-in; that is, when 
hy = 0.000,001(jpp + bop) = Ay 


The minimum oil-film thickness corresponding to point 7’ is de- 
fined as the minimum hydrodynamic oil-film thickness h,. It 
appears that the minimum oil-film thicknesses corresponding to 
point D of Fig. 2 agree with those corresponding to point 7’ of Fig. 
4. 


le 
= 
| Boat | | | | | 
10 100 1,000 10,000 | : 
H 
: 


TRANSACTIONS OF THE ASME 


TABLE 3 EXPERIMENTALLY DETERMINED / VERSUS (un’)/p DATA* 


un’/p, 


dimensionless dimensionless 


* Plotted in Fig. 5. 


Fig. 5 presents actual experimentally determined bearing co- 
efficient-of-friction versus bearing-modulus data; these data are 
given in Table 3. Adding together jp» and bpp and converting 
from microinches to inches gives an h, value of 0.000.083 in. as 
indicated by the tip of the h, arrow in Fig. 5. 
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CONCLUSIONS 


The minimum hydrodynamic oil-film thickness of a short jour- 
nal bearing is defined as that value of the minimum oil-film thick- 
ness at which marginal lubrication procedures initially begin to be 
substituted for full hydrodynamic-film lubrication. This ap- 
pears to occur when the minimum oil-film thickness equals the 
sum of the predominant-peak surface roughnesses of the mating 
journal and bearing surfaces, measured in the circumferential 
direction after run-in, at a point axially centered in the bearing 
corresponding to the location of the minimum oil-film thickness. 

The transition from full hydrodynamic-film lubrication to mar- 
ginal lubrication is rapid and continuous rather than a sharp, 
abrupt change, indicating that some hydrodynamic-film lubrica- 
tion procedures appear to continue even though the minimum oil- 
film thickness is less than the minimum hydrodynamic oil-film 
thickness. 

The minimum coefficient of bearing friction occurs at a mini- 
mum oil-film thickness slightly less than the minimum hydro- 
dynamic oil-film thickness. This is indicated by point M in Fig. 4. 

Minimum oil-film thicknesses substantially less than the mini- 
mum hydrodynamic oil-film thickness are indicative of co- 
efficients of bearing friction higher than the minimum possible 
value and in most cases even higher than that corresponding to 
the minimum hydrodynamic oil-film thickness. This is indicated 
by point H in Fig. 4. 

Short journal bearings can operate successfully under condi- 
tions of marginal lubrication with minimum oil-film thicknesses 
less than the minimum hydrodynamic oil-film thickness; how- 
ever, generally with bearing and journal friction-torques and 
operating temperatures higher than those corresponding to simi- 
lar cases with full hydrodynamic-film lubrication. Experimental 
data (2, 3, 4, 5) for these cases are available. 
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microin. 
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Appendix 1 


Test Apparatus. The test apparatus consisted mainly of the 
equipment shown in Fig. 6 and partially sketched in Fig. 7. 
Heart of the equipment was the steel test journal (cantilevered 
from a shaft supported by two preloaded tapered roller bearings) 
and the bronze test bearings (housed in the bearing cartridge) as 
indicated in Fig. 7. Radial loads were applied onto the bearing 
through the bearing cartridge by means of a flotation saddle. 
Lubrication of the test bearing was supplied by use of a variable- 
speed gear pump with the oil supply to the bearing visually in- 
spected by the use of a flexible, clear plastic tubing at the oil inlet 
to the bearing. For test bearings with length-to-diameter ratios 
of 0.2 and less, identical twin bearings as shown in Fig. 7 were em- 
ployed to reduce the possibility of eccentric loading on the 
bearings. 

Dimensions of Test Journals and Bearings. Dimensions of the 
test journals and bearings at various temperatures, the resulting 
coefficients of radial expansion, and the resulting diametral clear- 
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Point in. 
1 0.002,0 0.000 000,017 0.000 ,036 , 67 36 47 
2 0.015,1 0.000 ,000 027.7 0.000 23 36 47 
a 3 0.022,8 0.000 , 000 , 087 ,9 0.000 ,080,11 36 47 
4 0.034,3 0.000 ,000 , 163 0.000 , 136 ,37 36 47 
5 0.062 ,7 0.000 000 | 323 0.000, 151,82 36 47 
6 0.138 0.000 000 932 0.000 36 47 
7 0.241 0.000 001/85 0.000 36 47 
~ 0.489 0.000 005, 25 0.000 36 47 
| 
- 
0.01 
0.000,000,01 0.00001 
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ances were determined by careful evaluations of the temperatures 
of the journals and bearings under operating conditions of each 
test and by use of a stirred oil bath, thermometers, a telescoping 
gage, a depth gage, and a micrometer to an estimated maximum 
error of 0.0001 in. in diameter at any given temperature. Radial 
concentricity of the test journals with respect to the center line 
of the tapered roller-bearing supported shaft was determined to be 
within 0.000,001 in. by use of an electrolimit gage having 0.000,- 
001 in. as its smallest calibration division. The dimensions of the 
test journals and bearings under test conditions were calculated 
from carefully estimated temperatures of the journals and bear- 
ings based upon thermocouple readings taken under steady-state 
test conditions. 

Hardnesses of Test Journals and Bearings. Surface hardnesses 
of the journals and bearings were determined after testing by the 
use of a Brinell hardness tester directly on the test specimen sur- 
faces and a calibrated microscope. This resulted in an average 
Brinell surface hardness number of 601 for the journals and 86 for 
the bronze bearings. Rockwell hardness readings verified these 
hardnesses, 


Radial Loading of Bearing and Journals. A gear pump pro- 
vided flotation oil to separate the bearing cartridge and flotation 
cylindrical saddle to permit the saddle to apply a radial load onto 
the bearing cartridge without applying any tangential force com- 


ponents that would affect the bearing friction-torque measure- 


ments. Loading of the bearing was effected by use of dead 
weights, the 40-to-1 multiplying linkage, and the flotation-saddle 
system pictured in Figs. 7 and 8. The weights of the dead weights 
were determined by use of a precision balance reading to 0.01 gram 
for weights of 0.5 lb and less or by use of a precision balance read- 
ing 0.01 lb for weights of 0.5 lb and above. 

Bearing Friction-Torque. Bearing friction-torques were meas- 
ured directly from the bearing cartridge by use of a Statham 
Laboratories wire-resistance load gage and an adjustable known 
torque arm as shown in Fig. 8. A 4-oz-capacity load gage and a 
Minneapolis-Honeywell continuous nul-balance recording po- 
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tentiometer gave a calibration of 0.00073 lb per each division of 
recorder chart in each of the three 11-in-wide chart ranges. The 
author believes the loads indicated by the load gage have a 
maximum error of 0.5 chart division, or 0.00037 lb, for the 7.5 
and 10.0-in. torque arms. 

Rotational Speed of the Journal. A multirange tachometer 
directly driven by the journal shaft provided a voltage correspond- 
ing to the rotational speed of the test journal. For rotational 
speeds below 150 rpm, the Strobotac was employed to “freeze” the 
journal rotation and the number of flashes per minute were 
counted. A Strobotac was employed at all speeds for checking 
purposes. 

Viscosity Determination of Bearing Lubricating Oil. The vis- 
cosity of the lubricating oil for the test journals and bearings was 
determined experimentally by use of a Saybolt universal viscome- 
ter and checked by a Brookfield viscometer. These viscosity de- 
terminations were made with the test oil at various constant-tem- 
perature conditions and at atmospheric pressure.* It is a difficult 
task to determine a single effective temperature of the oil in the 
oil film of the bearing in order to arrive at a useful value of vis- 
cosity. The temperature and pressure in the oil film of a short 
journal bearing vary both circumferentially and axially and the 
viscosity varies accordingly. If a complete temperature and pres- 
sure traverse of the oil film experimentally were possible without 
altering the other experimental findings, then it would be a simple 
matter to determine an average viscosity of the oil in the oil film. 
Unfortunately, with the smallness of the oil-film thicknesses in- 
volved in these experimental investigations, this procedure was 
not possible. The following method was employed for the de- 
termination of the oil viscosity in the bearing. Correlation of ex- 
perimental data (2, 3, 4, 5) with theoretical predictions (6) indi- 
cates the usefulness of this procedure. No attempt was made 
to take into account the effect of pressure upon viscosity. A small 
copper-constantan thermocouple hot junction was placed within 
the bearing material at point X indicated in Fig. 1, '/e in. from 
the actual mating surface of the bearing. The temperature indi- 
cated by the output of this junction under steady-state conditions 
and the previously mentioned viscosity data were employed to 
determine the viscosity of the test oil under experimental condi- 
tions. 

Minimum Oil-Film Thickness Determination. As shown in Fig. 
9, two Microformers, separated by a 90-deg angle bisected by the 
line of radial loading on the bearing, were employed to detect 
the two perpendicular radial components of the displacement of 
the bearing cartridge and hence components of the displacement 
of the test bearing (concentric with the bearing cartridge) under 
load. These displacement components were measured relative to 
a rigid, stationary body, the housing enclosing the preloaded 
tapered roller bearings supporting the journal shaft. Suitable 
demodulators, bias units, and recording potentiometers per- 
mitted the recording of these co-ordinates. In the most sensitive 
range setting, 0.000,5 in. of radial motion of the bearing cor- 
responded to 11 in. of recorder chart, or 200 chart divisions, giving 
a sensitivity of 0.000,002,5 in. per division. Bearing-displacement 
data were not recorded permanently unless the recorder line re- 
peated itself within one division of the recorder chart under 
identical loading and speed conditions of the test journal and 
bearing. During the recording of these data, a vacuum-tube volt- 
meter was employed to monitor the resistance across the oil-film 
thickness between the rotating journal and the stationary bearing 
to assure that no metallic contact occurred between the journal 
and bearing surfaces, thereby effecting a zero minimum oil-film 
thickness. With small length-to-diameter ratios and high unit 
loadings, this precaution was important particularly when the 


3 Reference (5), experimental daia plotted in Fig. 11, p. 963. 
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heavily loaded journal was started in rotation from rest and hy- 
drodynamic-film procedures appeared unable to build themselves 
up. When this occurred, often by reducing or removing the load 
while the journal continued to rotate and then gradually applying 
the same total load, hydrodynamic-film procedures appeared in 
evidence. The author believes that the co-ordinates of displace- 
ment of the bearing were determined with a maximum error of 
0.000,003 in. 

Displacement of the statically loaded journal (relative to the 
same stationary housing of the tapered roller bearings and under 
the same radial loads as those during actual rotating journal test 
conditions) and tue Hertzian contact-stress deformations (9) of 
both the contacting journal and bearing surfaces were recorded by 
Data were not recorded per- 
manently unless the outputs of the two Microformers resulted 
in identical co-ordinates of displacement, indicating that the de- 
flections of the journal and bearing, the point of tangency between 
the journal and the bearing, and the line of radial loading on the 
bearing and journal were colinear. Taking into account these 
computed Hertzian deformations of the journal and bearing, a 
value was calculated for the deflection of the journal under rotat- 
ing-journal test conditions. Experimental checks of the deflec- 
tion of the rotating journal, relative to the same stationary datum, 
under the same radial loads as described were obtained by the use 
of a Strobotac to “freeze” the journal motion and a traveling 
microscope direct reading to 0.000,05 in. with a 10-part vernier on 
the micrometer slide. This check was considered desirable since 
under the highest clearance load-number conditions, the com- 
bined Hertzian deformations of the journal and bearing exceeded 
the thickness of the minimum oil film being measured. The 
amount of the preloading of the journal shaft by the tapered roller 
bearings affected the deflections of the journal under load, there- 
fore static deflection measurements of the journal were made be- 
fore and after each test run to be sure that no change of preloading 
of the journal shaft had occurred. 

The co-ordinates of displacement of the bearing, relative to the 
journal, due only to changes in the oil-film thickness were ob- 
tained by subtracting the computed displacement of the rotating 
journal from the displacement of the bearing under actual test 
conditions. Although there appears no reasonable manner in 
which to check the accuracy of this method of determining the 
minimum oil-film thicknesses, the author believes that in the 
majority of cases the maximum resulting error in minimum oil- 
film thickness was of the order of 0.000,01 in. The validity of this 
method of determining minimum oil-film thicknesses (4, 5) is 
upheld by the similarity of results obtained by other investigators 
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(2; 3) employing other means of measurement. The author be- 
lieves that most of the minimum oil-film thickness determinations 
deviate from their true value by no more than 0.000,007 in. 

Surface-Roughness Determination of Mating Journal and Bearing 
Surfaces. Surface-roughness determinations in the circumferen- 
tial and axial directions were made on each journal and bearing 
axially midway between the ends of the bearing surface, and for 
the bearings at the point estimated at the location corresponding 
to the position of the minimum oil-film thickness for the heaviest 
loading of the bearing. Root-mean-square microinch surface- 
roughness readings were obtained by use of a Brush surface an- 
alyzer and by use of a Profilometer as a check, each having 
smallest scale readings of 0.1 rms microin. The author believes 
that these rms roughnesses have a probable error of 0.75 rms 
microin. based on a standard deviation determined by several 
roughness determinations for each surface. Although the cir- 
cumferential rms roughnesses appeared significant, only slight 
correlation was found between the axial rms surface roughnesses 
and the experimental findings. 

Predominant-peak surface-roughness determinations in the 
circumferential and axial directions were made on each test 
journal and bearing according to the procedure outlined in the 
following. All surfaces of the specimen except that for which a 
roughness determination was to be made were covered with 
masking tape. The specimen was placed in a bell jar which was 
evacuated and a heavy vapor-coated layer of lead was deposited 
on the surface. The masking tape was removed and disposed of. 
A backing film of collodion was placed over the lead and the re- 
sulting lead-collodion film was stripped carefully from the speci- 
men. The collodion was dissolved from the lead film. The lead 
replica of the surface was imbedded in a plastic containing 9 
parts of N-buty] methacrylate and one part of methyl methacry- 
late. A 0.1-micron-thick cross section of the lead replica was 
made in the desired direction by employing a microtome with a 
glass knife. This section was mounted on a screen and photo- 
graphed by the electron microscope. Sections also were mounted 
on glass slides for observation through a high-power optical tool- 
maker’s microscope. By careful determination of the magnifica- 
tion scale, direct measurements of the predominant-peak and rms 
surface roughnesses of the specimens were made from the en- 
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largements made from the electron-micrograph negatives. The 
author estimates that this method of determining predominant- 
peak surface roughnesses yielded a probable error of 6 microin. 
for any given surface based upon several determinations per sur- 
face. Although circumferential predominant-peak surface rough- 
nesses appeared significant, only slight correlation was found be- 
tween the axial predominant-peak surface roughnesses and the 
experimental findings. 


Appendix 2 


The experimental findings presented in the body of this paper 
were based upon bronze-test bearings mating with steel journals. 
Subsequent to these tests, experimental investigations were con- 
ducted on hydrodynamically lubricated tin-based babbitt, 
copper-lead, and tri-metal plated overlay test bearings mating 
with steel journals. For these latter bearings, the minimum 
hydrodynamic oil-film thickness was found to agree with that 
obtained for the bronze bearings, namely, equal to the sum of the 
predominant-peak surface roughnesses of the bearing and journal 
surfaces measured in the circumferential direction after run-in of 
the bearing and journal pair, axially centered in the bearing 
and for the bearing at a point corresponding to the location 
of the minimum oil-film thickness. Each of these latter bear- 
ings were approximately 25/3 in. diam with a constant 
length-to-diameter ratio of 0.4611. The lubricating oil employed 
was Gulf Harmony Oil C, a highly dewaxed straight mineral oil 
of approximate SAE 20 viscosity. 

The author wishes to point out that although a journal bearing 
may be operating with a minimum oil-film thickness less than the 
minimum hydrodynamic oil-film thickness, some hydrodynamic- 
film lubrication procedures appear to continue along with the 
marginal lubrication, generally with friction torques and oil-film 
operating temperatures higher than those for a similar bearing 
operating under hydrodynamic-film lubrication. Journal bear- 
ings operating under these marginal lubrication conditions may 
be acceptable for many applications, particularly if the diametral 
clearance is sufficiently large to effect a sufficiently large mini- 
mum oil-film thickness to prevent seizure of the bearing and 
journal due to metallic contact of the mating surfaces, 
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Statistical Analysis of a Wear Process 


By B. G. RIGHTMIRE,'! CAMBRIDGE, MASS. 


An expression for metal transfer during a wear process 
studied experimentally by Kerridge (5)? is formulated in 
terms of the statistical behavior of the sliding contacts. 
The results lend quantitative support to the view that 
oxidation of the contacts plays a critical role in determin- 
ing the metal transfer and wear. Based on this formula- 
tion, new experiments are suggested and the anticipated 
results for two cases are discussed. 


INTRODUCTION 


IVE types of wear are recognized (1): Cutting, abrasive, 
F chemical, fatigue, and residual. Holm (2) advanced a 

theory of a residual-wear process in which wear particles 
of atomic size were supposed to be formed directly from en- 
counters between pairs of high spots on the sliding interface. 
Burwell and Strang (3) found that their results for steel riders 
rubbing on a lubricated, hard-steel disk depended linearly on load 
and sliding distance, as predicted by Holm’s theory. Their wear 
particles, however, were much larger than atomic size. Archard 
(4) showed that Holm’s wear equation could be deduced without 
postulating the size of the wear particles. 

Kerridge (5) recently has measured by radioactive-tracer 
methods the wear of a soft-steel rider (270 Vickers) rubbing on a 
hard-steel ring (860 Vickers). Kerridge found in his experiments 
that metal was first transferred from rider to ring and formed 
there a thin, gray layer harder than the rider. There was no 
transfer to this layer, neither were any wear particles formed 
directly from the rider. No back transfer to the rider occurred. 
Patches of a brown powder were observed on the gray, trans- 
ferred layer, and all the wear particles were found to consist of a 
similar powder, which was shown by x-ray diffraction to be a — 
Fe,O,. Kerridge concluded that this was a three-step process, 
rather than a one-step process such as considered by previous 
workers. The three steps were: 


1 Transfer of rider material to the ring. 
2 Oxidation of this transferred material. 
3 Rubbing off of the oxide to form a loose wear product. 


It is recognized that the experiments of Kerridge treat only one 
case of the general problem of residual wear. However, the good 
reproducibility and completeness of these results provide a firmer 
base for analysis than hitherto has been available. 

The object of the present paper is to formulate from the sta- 
tistical behavior of the many small interfacial contacts an ex- 
pression for the metal transfer to the ring, a variable determined 
experimentally by Kerridge. Estimates are thus obtained for the 
probability of material being rubbed from a transferred spot dur- 
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the Society. Manuscript received at ASME Headquarters, Septem- 
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ing one revolution of the ring, and for the number of rubs needed 
to remove completely a transferred spot. The magnitudes of 
these are found to be consistent with the wear mechanism sug- 
gested by Kerridge. 


EXPERIMENTAL Basis 


By running his apparatus until equilibrium had been established 
and then using alternately active and inert riders, Kerridge de- 
termined as a function of time, the amount of active (or inert) 
material in an initially inert (or active) transferred layer. The 
results were found to be the same within the limits of experi- 
mental error, regardless of whether an active rider was rubbed on 
an initially inert transferred layer, or vice versa (6). The wear 
rate was constant and equal to the rate of transfer to the ring, 
since equilibrium conditions were maintained throughout the test. 
A plot of such data is shown in Fig. 3 of Kerridge’s paper (5). 
The data (6) for this figure have been reworked in dimensionless 
form in Fig. 1 of the present paper. The ordinate ¢ is defined as 


1.6 2.0 2.4 28 
z-1074 
Fie. 1 Merasurep Quantity or Rapioactive MATERIAL ON RING 
Versus REVOLUTIONS z OccURRING AFTER INSTALLATION OF RaDI0- 


ACTIVE RipER (AFTER KERRIDGE) 
(Quantity ¢ is dimensionless; see text.) 


z-10-* 


Fic. 2 Stops or Curve or Fie. 1 
(Points are computed from analysis of present paper.) 
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where 


M = mass of active material in an initially inert transferred 
layer 
W = mass of wear or transfer per revolution of ring. 


The abscissa z is the number of revolutions of the ring measured 
from the instant at which an active rider replaces an inert one. 
The slope of the ¢-versus-z curve has been determined graphically 
and plotted against z in Fig. 2. 


ANALYSIS 


Assumptions. In accordance with the experiments, deposition 
occurs only on the ring surface itself, neither transfer to pre- 
viously deposited material nor back transfer taking place. Under 
equilibrium conditions, to which this analysis is restricted, it 
seems likely that small spots of the ring surface are continually 
being rubbed clear by the rider and that transfer to these bare 
places then occurs during subsequent revolutions. These spots of 
transferred material in their turn are ultimately rubbed off, the 
cycle being repeated indefinitely. 

It will be assumed that: 


1 All spots of transferred material are identical, the mass of 
each spot being m. 

2 The number of spots dn transferred during an interval dz is 
proportional to dz. 


The instantaneous mass transfer per revolution mdn/dz is thus 
a constant. Accordingly, the equilibrium requirement that the 
average rate of mass transfer be constant is met, but fluctuations 
are neglected. 

Fig. 1 or 2 shows that no material is rubbed from spots trans- 
ferred near z = 0 until after an incubation period of about 4000 
revolutions. Equilibrium requires, however, that the history of 
any batch of dn spots be independent of the time at which it is 
laid down. Thus a batch deposited near z = 0 will behave like 
one deposited during any later revolution. One concludes, there- 
fore, that the behavior of a batch will be qualitatively as shown 
in Fig. 3. Deposited during an arbitrary revolution zo, the mass 
dM of the batch remains constant throughout the incubation 
period Az and then gradually diminishes during subsequent revo- 
lutions. 

This behavior can be expressed in terms of the probability p of 
a spot being “‘successfully’’ rubbed during any one revolution.* 
As indicated in Fig. 3, p is zero during the incubation period 
and is positive thereafter. Fig. 1 or 2 indicates that p changes 
suddenly from zero to a positive value. This is the maximum 
value, since as the spots are worn away the probability of a suc- 
cessful rub diminishes. Thus p depends both on the number of 
revolutions and on the number of successful rubs. An approxima- 
tion to this behavior is to disregard the effect of the successful 
rubs and to assume merely that 


3 p = O for z < 2 + Az 
4 p = p,>Oforz > m+ Az 


where p, is a constant the same for all spots. 

Finally, it will be assumed that 

5 Every successful rub of any spot removes the same amount 
of mass. This amount will be denoted as m/R, where R is the 
number of successful rubs needed to remove a spot completely. 
By virtue of assumptions 1 and 5, R must be the same for all 
spots. 

Formulation. The total mass M of transferred active material 
on the ring at, any revolution z will be calculated in terms of the 
probable behavior of batches of transferred spots. The mass dM 


* A successful rub is one that removes material from a spot. 
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of any one batch will first be computed; an integration over all 
batches will then yield an expression for M. 

Consider a batch of dn spots deposited during a fraction of a 
revolution dz, starting at an arbitrary point zo, Fig. 3. Since no 
successful rub occurs, the mass retains its initial value at any z 
lying within the incubation period Az 


=mdn for z<z + Az 


But the mass transferred per revolution is 


W = mdn/dz..... .. 
so that 
aM 


If z lies outside the incubation period, as in Fig. 3, some suc- 
cessful rubs will have occurred and dM will be less than at the 
start. During the interval z — Az — 2, p has the constant value 
P., and two possibilities subsist for every spot in the batch: 
Either it is rubbed successfully during a revolution (probability 
P,), or it is not (probability 1 — p,). The binomial distribution 
(7) therefore can be used to estimate the number of successful 
rubs and hence the mass dM as a function of z. It is shown in the 
following, however, that the binomial law can here be replaced by 
the Poisson distribution (7), so that the number dn, of spots in the 
batch successfully rubbed r times during the interval z — Az — z 
is 
[plz — As — 


— Pa(z— Az — 20, 
dn, = dne 7 


and the mass remaining on the ring of these dn, spots ws 
m(1 —r/R)dn,. Sum over the ranger = 0,1, ..., R to get 


R 
dM = —r/R)dn, for > 


r=0 


Combination of Equations [2], [4], and [5] yields 


R 
dM — pa(z — Az— 20) [pa(z — Az — 


for z2 


The total mass M is obtained by summation over all allowed 
values of zo between Oandz. Treating z as a continuous variable, 
one gets from Equations [1], [3], and [6] 


M 
# dz 


R z— Az - Az 
a (1 — r/R) — = 
r=0 z=0 


R — pa(z— Az) 


r=0 


[pe(z — Az)}* (71 


k=r+l ki 


1244 


Differentiation of ¢ with respect to z gives 


Az) [pPalz = Az)}" 
eee 


R 
dy > 
= ei r/Ro)e Pa( [8] 


r=0 


Equations [8] and [9] are useful in conjunction with the ex- 
perimental curve in Fig. 2. Note first that p,/R can be found 
from Equation [9] and the experimental value of slope at z = Az. 
An independent estimate of either p, or FR is then needed, if Equa- 
tion [8] is to yield a theoretical curve to compare with Fig. 2. 
An upper limit to p, is worked out in the following, which will be 
useful not only for the present purpose but also to justify sub- 
stitution of the Poisson law for the binomial. 

At any instant the true contact area A comprises j-junctions of 
various sizes, the mean area of which is 


where d measures the linear size of a junction. 

The apparent contact area is a rectangle the length of which 
extends the full width of the rider b normal to the direction of 
relative motion. One imagines t'1is area to be divided into k equal 
strips parallel to the short side of the rectangle of contact and 
each of widthd. Thus 


If a high spot on the rider lies within one of these strips, it will 
contact any ring high spot passing under that strip. The proba- 
bility of a given high spot on the ring being rubbed is thus equal 
to the probability of a rider high spot occupying the strip under 
which the ring high spot passes. The idealized problem is one of 
the distribution of 7 indistinguishable high spots over the k 
localized strips or sites. It is assumed that no overlapping occurs. 
In both following cases it is assumed that all allowed arrange- 
ments of rider high spots have equal a priori probability. This 
assumption appears reasonable, in view of the many thousands of 
revolutions considered. 

Assume first that not more than one rider high spot can occupy 
a single strip. It is then readily shown that the probability of a 
given ring high spot being rubbed is j/k. 

Assume next that there is no restriction on the number of 
rider high spots that can occupy a single strip. The total number 
of ways in which the j high spots can be distributed over the k 
strips is then (j + k — 1)!/jl(k — 1)! and the probability of a 
given ring high spot being rubbed is 

G+k—2)! _ j 
—2)! G+k—-1)! j+k—-1 


When a new, flat-ended rider is first installed, the width of the 
rectangle of apparent contact is very small. Since this width in- 
creases as wear proceeds, the probability of rubbing decreases 
from an initial value j/k and approaches j/(j + k — 1). The ex- 
pression j/k can thus be taken as the upper limit of p,. One ob- 
tains an estimate of j/k by combining Equations [10] and [11] 
and using the ratio of load to flow pressure as an approximation to 
the true contact area 


where 
L = normal load 
Pp, = tow pressure of rider contacts 
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In the experiments, L = 1 kg and b = 5.4 mm; on account of 
the small size of the contacts the flow pressure tends to exceed the 
bulk hardness of the rider, say p, = 600 kg/mm?; the contact 
diameter d is probably on the order of 10-? mm (8) 


Pe < j/k ~ 0.03 


This upper limit on p, justifies the use of the Poisson approxima- 
tion (7) and allows an estimate of R to be made, as indicated in 
the foregoing. Values of d¢/dz can then be computed from 
Equation [8] by means of published tables (9). It is found, how- 
ever, that the theoretical values of d¢/dz lie more and more be- 
low the experimental curve as z increases. This suggests that p 
does not actually stay constant, but decreases as the number of 
successful rubs gets larger. 

To check this point one can modify assumption 4 to be more 
realistic 

4a p = p,forz>2+ Azandr <r, 

4b 


where p, and r, are constants the same for all spots. Proceeding 


as before, one obtains 
az) — 


Ta 


R z 
+ 


r=re+l 


a= dz 


k! 


—2,)|"~" 
(r wr 


k=re 


The first two terms on the right of Equation [14] are identical 
with those of Equation [7] (except for the upper limit of the sum) 
and represent the mass of those spots rubbed not more than r, 
times. The last term gives the mass of the spots rubbed be- 
tween r, + 1 and R& times.‘ The quantity in the curly brackets 
measures the number of spots rubbed for the r,th time during the 
arbitrary revolution z;. Tables (9) of this function show it to be 
practically zero below a certain value of its argument and unity 
above a larger value. Between these two limits (which of course 
depend on r,) the function rises monotonically and can be approxi- 
mated by a straight line. This approximation has been used in 
estimating g and d¢/dz from Equation [14]. 

Results. The principal results are embodied in Equations [9], 
[13], and [14]. The first two, in conjunction with the experi- 
mental estimate 


a2 = —4.5 X 
from Fig. 2, yield 


Several points of a curve of d¢/dz versus z have been computed 
from Equation [14] by the method outlined, for the following 
values of the parameters 


Az = 0.40 X 

P, = 100 X 10~* 

Pp, = 25 X 10-4 
These points are plotted in Fig. 2. 


r, = 15 
R = 35 


Equation [14] reduces to Equation [7] if = p. 
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It is also of interest to estimate the total number of contacts per 
revolution, the number producing transfer, and the number pro- 
ducing wear. The first is found by a method like Archard’s (4) 


A 
N = 


10*... . {16 
2d* 600 2 x 107% [16] 


where the ring diameter D = 24 mm. The second is computed 
from Equation [2] 
0.94 10-4 
m. 78 X 10-* X 2.8 x 1074 
= 0.043 104 


where the values of W and of thickness of transferred layer (2.8 X 
10-* mm) are those given by Kerridge (5). The number of con- 
tacts per revolution producing wear is simply 
dn dn 
R— 50 — 2.2 104 
dz dzo 


Discussion 

It will be noted that the limiting value of p, given in Equation 
[13] depends on d, the diameter of a contact. The value assumed 
for d is based on results of Rabinowicz (8) obtained under low- 
speed conditions very different from those considered here. This 
value, d = 10-* mm, leads to reasonable results, however, as 
indicated by the computed points shown in Fig. 2. These agree 
with the experimental curve over a fair range of z. 

There are two discrepancies between the computed results and 
the experimental curve of Fig. 2. Each of these indicates that the 
assumed values of p should be slightly altered: (a) There is dis- 
agreement between the slopes of the theoretical and experimental 
curves at z = Az. This may not be-significant, since the limited 
data warrant but little confidence in the measured slope. It sug- 


gests, however, that p, may be greater than the assumed value 


of 100 X 10-4. (6) The computed point at the highest value of z 
falls well below the experimental curve, indicating that, after 
some 20 successful rubs, p drops off to less than the assumed value 
of 25 x 10-4. To get good agreement over the full range of z, 
one would probably need to consider at least three values of p; 
Pa > Pr > 

The average thickness of the layer that must be removed at 
every successful rub is simply the total thickness of the trans- 
ferred layer divided by R. Kerridge (5) gives this thickness as 
2300 A, while F is about 50, from Equation [15]. Therefore, 50 
to 60 A must be removed per rub. On the other hand, the mini- 
mum time between successful rubs may be estimated as 

1 100 
p,(rotational speed ) 1450/60 
Thus there are several seconds available for a film of a — Fe,0; 
to reform on a given spot. When it is noted that the average 
rubbing temperature is in the neighborhood of 400 C (10), forma- 
tion of a film at the required rate appears reasonable. 

The extreme thinness computed for the average layer re- 
moved per rub indicates that the wear particles are very small. 
This is supported by Kerridge’s observation that the wear 
particles collected were aggregates of smaller ones. According to 
the present analysis, the ultimate particles should be on the order 
of 100 A in diameter if the oxygen in the oxide is taken into ac- 
count. These small particles might, however, coalesce into larger 
ones. There is evidence in the literature that such coalescence 
may occur (11). 

The patches of brown powder seen by Kerridge on the trans- 
ferred layer marked old, worn-down spots. Fresh ones could not 
collect films of appreciable thickness. 
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The zero initial value of p is interesting in connection with 
formation of oxide films. Since a fresh spot is relatively high and 
frequently must be rubbed by the rider, this rubbing may produce, 
at first, films of FeO and FeO, (12, 13). Thickening of these 
hinders migration of iron ions to the rubbing interface, leading to 
formation of a — Fe,O;. The presence of a — Fe,0s, which is 
easily removed by contact with the rider, causes an increase in p 
from 0 to p,. 

The key to the transfer and wear behavior will be found in a 
better understanding of the oxide formation at the interface. The 
effect on Az and (d*p/dz*), = 2 of changes in surface speed V, ring 
diameter D, atmosphere, or ambient temperature can be studied 
in this connection. For instance, doubling D (with other things 
fixed) will double the time per revolution, so that Az will be 
halved if the incubation period is purely a time effect. On the 
other hand, doubling D wil! have no effect on Az if the incubation 
period depends only on the number of rubs. 

As a second example, consider the effect on (0°¢/dz*)z = a, of 
increasing V (other things being fixed). An increase in V will 
raise the peak surface temperature but reduce the time per 
revolution. If the thickness of oxide formed per revolution de- 
pends primarily on temperature, an increase in V will increase p, 
and reduce R. From Equation [9] (0%¢/0z*), = az will thereby in- 
crease in absolute magnitude. Alternatively, if the thickness of 
oxide depends primarily on time, the opposite result will occur. 


CONCLUSIONS 


1 Experimental results on metal transfer and wear can be in- 
terpreted in terms of the statistical behavior of sliding con- 
tacts. 

2 The size of the sliding contacts is the same in order of mag- 
nitude as that found by Rabinowicz (8) for friction tests at very 
low speed. 

3 The results support the view that an oxide film builds up on 
the transferred material, eventually becoming friable (a — Fe,O;). 
This friable film is then rubbed away as it continues to form. 
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Discussion 


W. Hirst.’ The writer greatly appreciates the compliment 
which the author pays to this research group in basing his paper 
on experimental work by one of its members, Mr. Kerridge. 
Since the discovery by Burwell and Strang® that wear particles 
may be as small as 100 A units, it has seemed possible that some 
wear mechanisms may be confined to processes occurring within 
the surface skin of oxide, and the like, which cover most metals. 
Until that time, many of the fundamental studies of the mecha- 
nism of surface damage had been made with scaled-up systems 
using heavily loaded sliders. The scale of the damage which 
then occurs is relatively great and the mechanism of damage may 
differ from that producing wear particles as small as 0.000001 
em diam. For this reason, we have attempted to devise methods 
of studying wear processes without resource to scaling-up and with 
the load distributed over a number of regions of contact. 

At the present time, our approach is mainly experimental and 
is directed toward obtaining a more detailed picture of different 
types of wear and of the various stages which eventually lead to 
‘the production of a loose wear particle. An account of the stages 
in a severe type of wear has just been given by Mr. Kerridge and 
Dr. Lancaster,’ and Dr. Archard* and the writer hope soon to 
publish an account of the stages in a mild form of wear. 

The author’s analysis is noteworthy in that it is the first 
theory which offers a reasonable hope of predicting the absolute 
magnitude of a wear rate. To do this, when wear is due primarily 


* Head, Surface Physics Section, Associated Electrical Industries 
Ltd., Research Laboratory, Aldermaston, Berkshire, England. 

* Reference (3) of the Bibliography of the paper. 

7“*The Stages in the Process of Severe Metallic Wear,’’ by M. 
Kerridge and J. K. Lancaster, Proceedings of the Royal Society of 
London, England series A, vol. 236, 1956, pp. 250-264. 

* By J. F. Archard and W. Hirst, to be published in the Proceedings 
of the Royal Society of London, England. 
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to oxidation processes, one needs to postulate the conditions 
under which the oxide films become removed; the great deal of 
work already done on the corrosion of metals should make it 
fairly easy to find a reasonable postulate. Thus although the 
type of wear studied by Kerridge may be somewhat unusual, its 
suitability for theoretical treatment makes it deserve further ex- 
perimental study. However, the experiments would require to be 
devised more carefully to meet the theoretical requirements, and 
the author’s suggestions for further work are most interesting. 

One of the conditions which needs to be considered is that of the 
maintenance of the temperature of the pin and ring. In Kerridge’s 
experiments, the specimens cooled during the interchange of pins 
and some minutes of running would be required to restore equi- 
librium-temperature conditions. Perhaps this may be the cause 
of the horizontal portion of the curve in Fig. 2 of the paper. 

It may be wondered why the gray transferred layer is harder 
than the pin. In Kerridge’s conditions, the frictional heating 
sufficed to induce the martensitic transformation in the soft tool 
steel. Sections of the pins have been examined by the writer’s col- 
league, Dr. Welsh, and he has observed that some of the pin ma- 
terial also transforms to martensite. It is the formation of 
martensite which is presumably the cause of the absence of back 
transfer. 
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The author wishes to thank Dr. Hirst for his clarifying remarks, 
particularly in regard to the martensitic transformation of the pin 
material. 

Experiments similar to those of Kerridge are being carried out 
at M.I.T. The only difference in the geometries of the two 
machines is in the ring specimens, the diameter of the author’s 
ring being five times that of Kerridge’s ring. These experiments 
show an incubation period of about the same number of revo- 
lutions as in Kerridge’s tests at the same surface speed, although 
the incubation time is fivefold larger. It seems likely, therefore, 
that the incubation period is not merely a result of nonequilib- 
rium temperature conditions, as suggested by Dr. Hirst, but 
rather that a certain number of rubs is needed to induce formation 
of friable oxide. 
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Testing Dynamically Loaded Bearings—I 
A Short History of Bearing Test Machines 


By M. D. HERSEY? anv R. B. SNAPP,* ANNAPOLIS, MD. 


Bearing test machines with dynamic loading or nonuni- 
form motion are described in this paper and classified 
according to the type of loading employed. Over thirty 
such machines have been disclosed in the published 
literature, including both endurance machines and re- 
search machines for investigating oil-film performance. 
The authors have endeavored to find answers to six ques- 
tions concerning each machine—(a) its loading mecha- 
nism, (b) test bearing details, (c) range of variables, (d) per- 
formance criteria, (e) characteristic limitations or ad- 
vantages, and (f) extent of use. 


NTIL recent times, bearing designs for all types of, 
machinery were based upon tests conducted in steady- 
load machines, together with service experience and hy- 

drodynamic calculations. 

Steady-load or ‘‘statically loaded’’ bearing test machines al- 
ready have been reviewed in the available literature (4, 16, 30, 
41).* Load-capacity values from steady-load tests were at first 


found satisfactory in designing dynamically loaded bearings. But 
with increasing loads and speeds in engines and other reciprocat- 
ing machinery, it became evident that fatigue failures would be a 
limiting factor in the life of dynamically loaded bearings. Such 
failures could not be predicted from static tests. For this reason, 


among others, it was necessary to devise endurance machines with 
dynamic loading. 

A parallel change took place in the hydrodynamic theory of 
lubrication. Efforts were made by several investigators to de- 
velop a theory of dynamically loaded oil films by which film thick- 
ness and other elements of performance could be calculated. 
These efforts met with difficulty owing to our limited knowledge 
of cavitation and side leakage. It was found necessary to supple- 
ment theoretical deductions by extensive experimentation. That 
situation accounts for the design of some of the research ma- 
chines listed in the following. 

The machines described in this paper have first been listed 
chronologically in two groups, ‘endurance machines” and 
“other research machines.’’ No sharp line of demarcation is 
possible, since machines designed for other purposes could later 
be used for endurance testing. The machines are classified by 
the type of loading employed, and finally described individually. 


CHRONOLOGICAL LisTING OF MACHINES 


Endurance machines and other research machines are listed 

1 All statements are personal expressions of the authors, not 
to be construed as official or as reflecting the views of the Navy De- 
partment. 

? Research Consultant, U. S. Naval Engineering Experiment 
Station. Fellow ASME. 

* Head, Bearings Section, Internal Combustion Engine Laboratory, 
U. 8. Naval Engineering Experiment Station. Assoc. Mem. ASME. 

‘ Numbers in parentheses refer to the Bibliography at end of paper. 

Contributed by the Lubrication Division of The American So- 
ciETY OF MecHANICAL ENGINEERS, and presented at the ASME-ASLE 
Lubrication Conference, Atlantic City, N. J., October 8-10, 1956. 

Norte: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those of 
the Society. Manuscript received at ASME Headquarters, August 2, 
1956. Paper No. 56—LUB-3. 


chronologically in Tables 1 and 2. Each machine is identified 
for convenient reference by a serial number in the first column, 
corresponding to the publication date in the second column. The 
names of investigators and organizations commonly credited 
with the development of the respective machines are given in a 
third column. Loading systems are indicated by easily re- 
membered symbols in a fourth column, while the principal ref- 
erences to published literature will be found in the last column. 
This paper contains no descriptions of machines or designs not 
vet disclosed in conventional publications. A partial list of theses, 
and similar unpublished reports will be found in the Appendix. 
It is hoped that brief authorized descriptions of several of these 
machines will be contributed to the forthcoming discussion. 

Th Tables 1 and 2, the symbol C denotes a centrifugal load; E, 
edge loading; G, the real or simulated gas load; R, the reciprocat- 
ing load—a sinusoidal or other alternating load representing the 
inertia load of reciprocating parts—and 8, a static load. The 
subscript o denotes an oscillating journal or bearing, otherwise 
uniform rotation may be assumed. 

Referring to Table 1, it appears that the first endurance ma- 
chines with dynamic loading, Nos. E-1 and E-2 in the list, were 


TABLE 1 ENDURANCE MACHINES 


Steudal (Junkers 


Umerwood (GM) 
Heyer (DVL) 


Thum & Strohauer (MPAD) 


Williams (IAz) 

Underwood (GMX) 
Cornelius & Barten (THB) 
Tinius Olsen Company 
Ryder (P & W Aircraft) 
Neuse (Demag, Vuisburg) 
von Rajakovics 

Reuthe 

Palsulich & Blair (WAC) 
Underwood & Griffin (GMR) 
BICERA 

Clark (GMA) 

Smerdk (Prague) 

1951 


Barwell (MHKO, Glasgow) Be, 35, 


General Motors Corporation, Research Laboratories Division. 
Deutsche Versuchsanstalt fur Luftfahrtforsehurg (German Aero- 
nautical Research Institute). 

Materialprufungsamt (Materials Test ing Laboratory), Darmstadt. 
Institution of Automobile Eyinreers, 

Technische Hochschule (Institute of Technology), Berlin, 

Pratt & Whitney (Division of United Aircraft Corporation). 
British Internal Combustion Engine Research Associ ation. 
General Moters Corporation, Allison Engine Vivision. 


Mechanical Engineering HKesearch Organization, Great britain. 


* See Footnote, Table 2, 
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| No. Year Develored by Loading * He ‘erences 
1 | | 6, 
| 5, 10, 25, 30 
3 | 1937 Cc, G 8, W, 41 
9, 
| " " | S 9, 
6 Cc, 12 
| R, S u 
| C, &, G, | 15, 30, al 
9 | Se 16 
E10 c 18, 26, 30 
E13 | G 22, 42 
26, 30 
2h, 27, 38 
| G 29, 42 
So 3 
B19 43 
DVL 
MPAaD 
IAE 
THB 
BICSHA 
GMa 


TABLE 2 RESEARCH MACHINES 


Develored by Loading *| References 


Stanton (NPL) 1, 13 
Viewer, R. & Vieweg, V. (PTR) 2 
Hein (THK) 3 
Buske & Holli (DVL) 
Underwood (GMK) 10, 23, 30 
Dayton, Lowther, Russell (BMI) 20 

Stone & Underwood (GMR) 28, 30 
Simons (BMI) 32, 36 
1952 | Pigott (GRD) 3 

1953 | Kollmann & Hockel (THK) 39 

Ld McBroom (RTC, Glasgow) 40 

4h, 45 


1942 
1947 
1950 


1955 | Shawki (Univ. of Sheffield) 


National Physical Laboratory. 


Physikalisch-Technische Reichsanstalt (National Physical-Technical 
Establishment ). 


Technische Hochschule (Institute of Technology), Karlsruhe. 


as in Table l. 


« 
Battelle Memorial Institute, 

Gulf Research & Develonment Company. 
Royal Technical College. 


* Symbols in Tables 1 and 2: C, centrifugal load; E, edge loading; G, gas 
load; R, reciprocating load; S, static load; subscript o, oscillating journal 
or bearing. 


those developed by Steudal of the Junkers Werke and Underwood 
of General Motors Research in 1936. From the fourth column it 


is seen that E-1 utilized centrifugal loading, and E-2 reciprocating - 


loads only. The first machine is described in references (6), (11), 
and (41); the second in (5), (10), (25), and (30). The last ma- 
chine in Table 1, E-19, was described by Barwell in 1951 (34, 35); 
and more fully with experimental results, by Barwell, Milne, and 
Webber in 1955 (43). The symbol §, indicates that this machine 
operates under a steady load with oscillating journal. 

Turning to Table 2, we find research machines dating back as 
far as 1923 and 1927. It would appear that the first such machine, 
R-1, was developed by Stanton at the National Physical Labora- 
tory in England (1). It was designed to investigate oscillating 
bearings under a steady load, as shown by the symbol So. Anim- 
proved machine of the same kind was described by Fogg and 
Jakeman in 1938 (13). The latest machine listed in Table 2, 
namely R-12, is one developed by Shawki at the University of 
Sheffield. This machine operates under both reciprocating and 
steady loads, as implied by the symbols R and 8. It was de- 
scribed very briefly by Dr. Shawki in his papers of 1955 (44, 45). 

The foregoing remarks illustrate how 'Tables 1 and 2 may be 
used in studying the historical evolution of bearing test machines. 
All but 4 of the 31 machines listed are dynamically loaded in a 
strict sense. The remaining four, E-9, E-18, E-19, and R-1 operate 
under steady external loads but with oscillatory motion. These, 
too, would be considered dynamically loaded under the broad 
definition offered by Shaw and Macks (30), according to which 
“Bearings that are subjected to a load varying in magnitude or 
direction, or operating at variable speeds of rotation, will be re- 
ferred to as dynamically loaded bearings’’ (page 189). The dy- 
namic concept of oscillatory motion is supported by the fact that 
such motion generates a fluctuating, and therefore dynamic, pres- 
sure in the lubricating film even when the external or applied load 
is static. 

CLASSIFICATION OF ENDURANCE MACHINES 


Further examination of Table 1 reveals 22 machines provided 
with essentially a single type of loading, and nine with multiple 
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loads. Thus there are five machines with centrifugal loading 
(E-1, 10, 11, 14, and 17), three with gas load only (E-4, E-13, and 
E-16), five with reciprocating load (E-2, 5, 7, 12, and 15), and 
three under steady load with oscillating motion (E-9, 18, and 19). 
Two of the reciprocating-load machines, E-5 and E-7, are pro- 
vided with a steady load S. Then we find one machine with both 
centrifugal and gas loading (E-3); one with centrifugal and re- 
ciprocating loads (E-6); and one with centrifugal, gas, and 
reciprocating load, also edge loading (E-8). 

The foregoing classification is shown concisely in Table 3. It is 
noteworthy that (a) edge loading, E, occurs only in a centrifugal 
machine; (b) the combination GR does not occur; (c) there is 
no machine listed with S load only, because that would represent 
the classical type excluded from the present paper; and (d) oscil- 
latory motion is found only in the single-load machines. 


CLASSIFICATION OF RESEARCH MACHINES 


Table 2 reveals 6 machines with essentially single types of load- 
ing except as noted later, and another six with multiple loads. 
Thus there are two centrifugally loaded machines (R-5 and 7), 
the first of which is provided also with edge loading. There are 
three machines with reciprocating loads (R-3, 6, and 12), the last 
of which can be loaded statically. There is one machine with 
static load and oscillating motion (R-1). Considering next the 
multiple-load machines, R-4 combines gas, reciprocating, and 
static loading; R-9 and 10 combine centrifugal, gas, and recipro- 
cating loads; R-8 and R-11 combine centrifugal, gas, and static 
loads; while R-2 combines gas and reciprocating loading with 
oscillatory motion. 


TABLE 3 CLASSIFICATION OF MACHINES 


T 
Loading Endurance Machines | Research Machines | Total 


1, 10, 11, 14, 17 | 5°, 7 7 
hy 13, 16 - 


9, 12, 19 


3 
6 


2, 44 


ad 9, 10 


Grard Total... 31 
Oscillating bearing. | 


"also S load. E load, 


This classification also is depicted in Table 3. As before, it is 
noteworthy that edge loading is provided only in a centrifugal 
machine; that the combination GR does not occur with uniform 


shaft motion; and that there is no S load shown with uni- 
form motion. In contrast it will be noted that there is no 
machine with gas loading only, and that oscillatory motion is 
not confined to the single-load machines. 


Description oF MACHINES 


Single-load bearing test machines will be described in four 
groups according to the type of loading; namely, centrifugal, gas, 
reciprocating, and steady load with oscillating journal as shown 
in the first four rows of Table 3. 

Centrifugal Loading. Seven machines with centrifugal loading, 
E-1, 10, 11, 14, 17; R-5 and 7 are listed in the first row of Table 3. 
Their chronological order of development would be E-1; R-5; 
E-10, 11, 14; R-7 and E-17, extending from 1936 to 1950 as 


1248 
wo. | Year 
m2 
R 3 
Re 4 
Re 5 | 
Re 6 
Re 7 
R 8 
9 
Re10 
Rell 
| 
BMI 
GRD 
RTC 
| 
R 
So 1 4 
cR 
con | 
fe. 
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shown by Tables 1 and 2. They will be described in that order. 

E-1. The Junkers machine of 1936 has a stationary journal 
with rotating bearing (6, 11, 41). This permits the use of a 
steady load while simulating the effect of a rotating load of con- 
stant magnitude. As described by Steudel and others in the 
reference cited, the test bearing is 65 mm or about 2'/, in. diam, 
with an L/D (length/diameter) ratio of approximately 9/10. 
The maximum load used is 150 kg/sq mm, or 2130 psi on the 
projected area. Tests are run at 2150 rpm for the comparison of 
lead-bronze with other bearing materials. The surface condition 
is noted at 5-hr intervals. The machine is limited in load ca- 
pacity but has the advantage of a simple construction. It ap- 
pears to have been the first of the European endurance test 
machines with dynamical loading, and served usefully until after 
the advent of the DVL machine, E-3, described later. 

R-5. Centrifugal loading with a controlled edge load is the 
essential feature of a machine described by Underwood in 1937 
(10, 23, 30). A long, flexible shaft is loaded by a pair of flat ec- 
centric disks at each side of the test bearing. This bearing is 
mounted in a frictionless or floating support, comprising a spe- 
cially thin clearance space supplied with oil under pressure. This 
type of support permits friction measurements on the test bear- 
ing. When the two pairs of disks are out of phase, a rotating edge 
load acts on each side of the test bearing. Underwood in reference 
(10) presented the results of an experiment on a bearing 10 in. 
diam by 2 in. wide, using loads from 20 to 500 psi on the pro- 
jected area at speeds from 250 to 3000 rpm. 

A later model, used by the present authors at the U. S. Naval 
Engineering Experiment Station, is known as the ‘centrifugal 
bearing friction test machine.” It provides maximum safe loads 
up to 32,000 lb with a 2'/,-in. shaft and 16,000 lb with a 1°/,-in. 
shaft; together with journal slopes up to 5 mils per in. at a speed 
range of 8000 rpm. Bearings with a minimum diameter of 2 in. 
and a maximum outside diameter of 8'/, in. can be tested up to 6 
in. in width. This permits L/D ratios as high as 3 and as low as 
may be desired. Taking L/D arbitrarily equal to 1/2 as a basis for 
comparison, the loads available per unit of projected area would 
run from 1750 psi at 2000 rpm up to a calculated maximum of 
28,000 psi at the highest safe load using the larger shaft. 

Performance criteria apart from surface deterioration are bear- 
ing friction and temperature rise, together with journal position 
when the necessary instrumentation is provided. There is no 
very evident limitation except the restriction of this machine to 
centrifugal loading, and the disassembly required for inspecting 
the test bearing. Noteworthy advantages are the friction meas- 
urement and edge loading, ample space for instrumentation, and 
the wide ranges of load, speed, and bearing dimensions. Although 
not yet extensively used so far as can be stated here, this type of 
machine offers promise in future research. 

E-10. Historically the second endurance machine with pure 
centrifugal loading was one designed by Ryder of Pratt & Whit- 
ney Aircraft. This machine was the first of its class to apply 
a constant rotating load to a stationary bearing. Off-center 
masses were used for creating the load. As described by Ryder in 
1940 (18), the test bearing was 2°/, in. diam by 3*/, in. long, mak- 
ing L/D equal to 1.43. The maximum load was about 76,000 Ib 
at 4000 rpm, or 7700 psi on the projected area. Short endurance 
tests could be made by observing a sudden temperature rise near 
the bearing surface accompanying incipient failure. One evident 
limitation was that unlike E-1, the speed could not be varied 
without varying the load. Characteristic advantages were (a) the 
high range of speed and of load per unit area; and (b) nondestruc- 
tive testing This machine was used extensively by the National 
Advisory Committee for Aeronautics and by industry in com- 
paring materials and designs for the master rod bearing of radial 
aircraft engines (30, pp. 518-522). 
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E-11. A machine was described by Neuse of Demag the fol- 
lowing year (19, 41) in which the test bearing rotates, stops, and 
reverses intermittently while the journal remains stationary. The 
cycle is repeated every 2 min; short tests being continued for 8 hr 
and longer tests for 200 hr. Test bearings are 40 mm, or about 1.6 
in. diam by 100 mm, or about 3.9 in. long with a relief in the mid- 
dle 25 mm, or nearly 1 in. wide in the axial direction. This is 
equivalent to a pair of bearings each of L/D about 0.94. The 
clearance is 0.15 mm or 6 mils for metal, and twice that for syn- 
thetic-resin bearings. The corresponding clearance/diameter 
ratios, C/D, are 3.8 and 7.6 parts per thousand, respectively. 
The load range is from 20 to 97 kg/sq cm, or say from 280 to 1400 
psi. Speeds range from 0.09 m/sec, or 136 rpm at the heavier 
load up to 0.91 m/sec, or 1360 rpm at the lighter load. Per- 
formance indications comprise the coefficient of friction, tem- 
perature rise, measured wear, and visible surface deterioration. 
The machine is apparently limited to small bearings under light 
loads at low speeds, with grease lubrication. 

E-14. A “dive-dummy engine” for testing the master rod 
bearing of a nine-cylinder radial aircraft engine was described by 
Palsulich and Blair in 1946 (26, 30). A nearly constant centrif- 
ugal load is produced by removing the valves and driving the 
engine from a 200-hp dynamometer. The relative speed of the 
bearing and crankpin fluctuates slightly as in actual service, a 
condition not realized in the Ryder-type (E-10) centrifugal ma- 
chine previously used by the same authors. A three-piece crank- 
shaft was employed to permit frequent replacements of the crank- 
pin. The test bearing is 3'/, in. diam by 3.1 in. wide (L/D = 
0.95). Loads as high as 107,000 lb or 10,600 psi were obtained 
at 3900 rpm. Tests can be run to destruction or terminated when 
excessive friction occurs. It is reported that the results obtained 
from this machine in comparing bearing materials are in good 
agreement with those obtained from an E-10 machine and from 
service performance. 

R-7. A simpler type of centrifugal machine was devised by 
Stone and Underwood to demonstrate the hydrodynamical prin- 
ciple of ‘equivalent speeds” by means of a journal-position indi- 
cator. As described in reference (28) and on pages 203-205 of 
(30) the outer race of a ball bearing is used for the test journal. 
The load is applied internally, by means of a smaller diame- 
ter shaft to which an eccentric mass has been attached. The 
load shaft is rotated at a constant speed, so that the test bearing is 
subjected to a pure centrifugal load of constant magnitude and 
constant angular velocity. The test bearing employed in the pub- 
lished work is 3'/, in. diam by 1"/j. in. long (L/D 0.52) with a 
diametral clearance of 3.5 mils. The load speed was kept at 1000 
rpm, giving a load of 25 psi on the projected area. The speed of 
the test journal ranged from — 1000 to +3000 rpm; that is, from 
1000 rpm in reverse through zero up to 3000 rpm forward. 

The journal position was the performance criterion in this in- 
vestigation. It was read from the oscilloscope trace obtained by a 
capacitanée method. The apparatus is limited to light loads, but 
offers the advantage of journal-position demonstration; an at- 
tractive technique for educational purposes. 

E-17. A centrifugal-type bearing test machine of rugged de- 
sign was described by Clark in 1950 (31). The load is created by 
eccentric masses at the middle of the test shaft with balancing 
assemblies on each side. Only a small force is required to deflect 
the test shaft to its running position, yet there is little edge load- 
ing. The test journal is replaceable. The test bearing can be 
lubricated either through the journal or the bearing back. Auto- 
matic controls were installed to stop the machine when loss of oil 
pressure or rise of bearing temperature exceeds predetermined 
limits. Special methods were developed to control out-of-round- 
ness in the bore of the test. bearing carrier, and to maintain con- 
tact between thermocouple junction and the back of the test 
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bearing. The larger of two test bearings used is 3°/, in. diam with 
and L/D of 0.40. The load range goes to 34,000 lb or 6040 psi at 
4200 rpm. Besides the customary endurance tests a quantitative 
test was developed to compare the tolerance of bearing materials 
for sand particles of controlled size. The results of all these tests 
were said to agree well with ratings established by service experi- 
ence and other methods. 

Gas Loading. Three machines with gas loading only are listed 
in Table 3; namely, E-4, 13, and 16. 

E-4, Thum and Strohauer described a connecting rod-bearing 
_ test machine in 1937 which simulated gas loading by the impact 
of a dummy piston against a preloaded spring (9, 41). The piston 
was driven by a crank mechanism so arranged as to permit con- 
tact over a small crank angle only. The test,bearing was 40 mm, 
or 1.57 in. diam with an L/D ratio of 0.63. This machine was 
usually operated at a peak load of about 4200 psi and a speed of 
1000 rpm. 

Performance observations comprised temperature rise and sur- 
face deterioration as well as tests to destruction. The machine is 
limited to small bearings under shock loads, but is of a simple con- 
struction that served usefully for a time. 

E-13. A gas-load machine in the single-load category was de- 
scribed by Reuthe in 1942 (22, 41). The shock load is applied by 
releasing a piston backed with compressed air. Test bearings are 
from 40 to 50 mm (1.6 to 2.0 in.) diam by 32 mm wide (1'/, in.), 
corresponding to L/D ratios of 0.8 and 0.64. It was said that a 
wide range of loads is available, though the load and speed limits 
were not given. Bearing performance is judged by surface de- 
terioration. The machine is limited to unidirectional shock on 
comparatively small bearings. It was used during the second 
world war to investigate substitute materials for machine-tool 
and gear bushings. 

E-16. A machine was built by the British Internal Combus- 
tion Engine Research Association in which the gas load is simu- 


lated by compressing oil, using a piston of very short stroke (29). 
The pressure is released by an automatic valve set to open and 
close at the desired pressure. The test bearing is 3.0 in. diam with 
an L/D ratio of about 3/4. When running at the usual speed of 
1600 rpm, the peak load on the projected area was said to be 
10,000 psi. A crank throw of 0.03 in. was sufficient to accomplish 


this because of the small clearance volume. It was intended to 
build a number of copies of an improved model (42) in order to 
investigate the influence of load, clearance, bearing material, pres- 
sure and temperature at the oil inlet, oil flow, and contaminants 
in the crankcase. Surface deterioration and temperature rise 
would be the principal performance criteria. There is no apparent 
limitation apart from the simple type of shock loading applied, 
and possibly the close tolerances required in machining. Load 
measurement by strain gages, and the high loads available are 
attractive features, together with the limited movement of any 
heavy masses. It was concluded from the use of this machine 
that the practical durability of an engine bearing is abdut 10 mil- 
lion cycles. ~ 

Reciprocating Loads. Eight reciprocating-load machines are 
listed in the third row of Table 3. Rearranged chronologically 
these are R-3; E-2,5,7; R-6; E-12, 15; and R-12. 

R-8. Hein experimented with a reciprocating-load machine as 
early as 1932 (3). It was a crank-driven mechanism with a 
nearly horizontal connecting rod and a small adjustable crank 
throw of about 3 mm or say '/, in. Loads were produced and 
measured by the deflection of a flat spring. Three test bearings 
lubricated by drop oilers were used at different times. Bearing 
No. 1 had a diameter of 40 mm or about 1.57 in., with L/D equal 
to 1.5. It contained a shallow longitudinal groove, fed through a 
central hole. Bearing No. 2 was of the same over-all size but car- 
ried two circumferential grooves about 1.5 in. apart. This bearing 
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was fed by two diametrically opposite holes in the center. Bear- 
ing No. 3 was an “oval’’ bearing of the same nominal dimensions, 
but with diametral clearances from 0.5 to 2.5 mm in the line of 
action of the load. The principal tests were conducted on bear- 
ing No. 2 with peak loads up to 32.5 kg per sq cm or 460 psi at 
speeds from 30 to 180 rpm. In the tests on bearing No. 3 
the speeds ranged from 750 to 1000 rpm. Fourteen lubricants 
of widely varying viscosity were compared in these experiments. 

The performance observations consisted in bearins-tempera- 
ture and electrical-resistance measurements, using an oscillo- 
graph. It was concluded that, for any one oil, the same film thick- 
ness would recur whenever ZN /P, the product of viscosity into 
speed divided by load, has the same numerical value as before. 
This relationship had been known for steady-load operation but 
had not been investigated previously under fluctuating loads. 
The machine is limited to small bearings at moderate load and 
speed, but is of simple construction well suited to the particular 
use reported. 

E-2. The Underwood reciprocating or crossed-rod machine 
employs two connecting rods at right angles with their big ends 
mounted on the same test journal (5, 10). The small ends are 
pivoted at fixed points on the frame of the machine. The test 
shaft is loaded centrifugally by eccentric masses very much as in 
R-5. Each rod suppresses one component of the centrifugal force 
that normally would ct on the other rod bearing. The net result 
is a practically sinusoidal reciprocating load on each test bearing. 

Early models employed test bearings 2.5 in. diam with an L/D 
ratio of 3/5. Tests were conducted up to a peak load of about 
4170 psi at 4000 rpm. These figures were varied in later models 
used by many different companies (25, 30). Bearing widths are 
frequently cut down to accelerate failure. The load is adjustable 
in each machine at any given speed. Temperature rise and sur- 
face deterioration are taken as performance criteria. The most 
evident limitation is the loading employed. A characteristic ad- 
vantage is the rugged construction, permitting high-speed tests 
to destruction in a comparatively short time. This type of ma- 
chine is in common use throughout the American bearing indus- 
try for comparative tests on bearing materials, supplemented by 
life tests in engines, 

E-5. Another bearing test machine described by Thum and 
Strohauer in 1937 provides a reciprocating load in combination 
with a steady load (9, 41). The reciprocating load is produced by 
rotating eccentric weights in conjunction with means for neutral- 
izing all but the vertical component of the centrifugal force gen- 
erated. To this is added the vertical static load of an adjustable 
helical spring. Loads can be measured accurately by a dynamom- 
eter ring on which the test bearing is mounted. 

Test bearings are 40 mm or 1.57 in. diam as in E-4, but with an 
L/D ratio of 0.88. The maximum load is about 3600 psi at 2500 
rpm. Performance criteria are temperature rise, bearing deforma- 
tion, and surface deterioration. Evident limitations are the size of 
bearings tested and type of loading available. This machine was 
employed successfully to investigate the effects of clearance, wall 
thickness, bearing material, and bearing temperature. It was pre- 
ferred to the earlier machine, E-4, in which the load was of shorter 
duration. 

E-7. A third bearing test machine was described by Under- 
wood in 1938 in which the reciprocating load is supplemented by 
a static load (14). The housing is slotted so as to act like a stiff 
spring. The journal is mounted eccentrically on the test shaft. 
A second eccentric, on a stationary shaft, is adjusted by hand to 
supply the load by elastically deforming the housing. The net 
effect is a reciprocating load of controllable amount acting on 
the test bearing. 

From published illustrations the test bearing appears to be 
about 2 in. diam with an L/D slightly over 1/2. The highest load 
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mentioned was 5000 lb or about 2500 psi, although much higher 
loads can be applied. The machine was operated at 4800 rpm. 
Performance observations and other characteristics of this 
machine are similar to those of the crossed-rod machine, E-2, ex- 
cept that its construction and maintenance are simpler. 


R-6. Dayton and associates at Battelle described their re” 
ciprocating-load machine in 1942 (20). Three short journals are 
keyed to a common shaft. The two outer journals are concentric 
and operate in the big end bearings of two connecting rods at- 
tached to a common wrist pin. The test journal, which occupies 
the middle position, is eccentric. The test bearing forms part of a 
specially designed connecting rod attached at its small end to the 
same wrist pin. The body of this connecting rod takes the form 
of adynamometer ring. Thus when the shaft turns, the eccentric 
journal imparts a reciprocating load to the test bearing. This and 
the two supporting bearings are each 2 in. diam with an L/D ratio 
of 0.64. Each bearing is lubricated from an oil hole in the un- 
loaded side of the journal, without the aid of grooving. 

In the tests reported, diametral clearances ranged from 1 to 2 
mils, maximum loads from 180 to 1560 psi and speeds from 8 to 
about 580 rpm. An SAE 30 oil was used from room temperature 
to 275 F. The surface condition of the babbitted test bearing and 
the mean friction of all three journals were taken as performance 
criteria. The limitation to mean friction, imposed by the use of 
three instead of four bearings is partly offset by the advantage of 
an internal loading system, in consequence of which the true 
journal friction instead of bearing friction is measured. This in- 
vestigation gave new data on the running-in of automotive-type 
bearings; proved that there need be no scoring, or damage to 
babbitted bearings other than normal wear under the test condi- 
tions named; and demonstrated the applicability of the familiar 
ZN/P diagram under fluctuating loads. Friction coefficients 
were found to be essentially the same as for steady operation 
under the same average loads. 

E-12. A reciprocating-load machine described by von Raja™ 
koviesin 1943 (21, 41) utilized a 5-metric-ton Schenk ‘‘Zug-Druck’ 
(pull-push) pulsator for the load application. The test bearing is 
mounted on a measuring or dynamometer ring while the support- 
ing bearings are held in a fork or yoke attached to the helical 
loading spring of the pulsator. Such apparatus would appear 
capable of combining a static and reciprocating load and thereby 
simulating the gas load to a first approximation. 

The test bearing is 60 mm or about 2.4 in. diam with an L/D 
ratio of 1/2. The lubricant is supplied under pressure through a 
single oil hole on the unloaded side, aided by a partial cireum- 
ferential groove. Bearing temperatures are indicated by a 
thermocouple junction inserted 4 mm (0.16 in.) from the bearing 
surface on the loaded side, 45 deg beyond the load line in the direc- 
tion of motion. The load amplitude is about 3600 psi at an oper- 
ating speed of 2800 rpm. Temperature rise and surface condition 
were taken as performance criteria. 

This machine provides convenient means for control of test 
conditions. Comparative tests were run on two bearing materials 
and two lubricants at constant speeds and inlet temperatures lead- 
ing to curves for temperature rise against load. Although 
marked differences were found between the different materials and 
lubricants, no great amount of surface damage occurred under 
50 million cycles, which required about 12 days of test operation. 


E-15. Underwood and associates designed a hydraulic-type 
reciprocating-load machine for testing slipper-type connecting- 
rod bearings (24, 27, 38). In its earlier form the machine em- 
ployed a single-acting hydraulic cylinder from which a sinusoidal 
load was obtained through the action of a cam-driven plunger. 
The force on the piston head is transmitted through the connect- 
ing rod to the slipper on a straight test journal. A later modifica- 
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tion was a double-acting machine for making fatigue tests on 
connecting rods as well as bearings. 

Test bearings were of the size used in the GM 16-184 “‘pancake”’ 
diesel engine, each slipper being 2.65 in. wide in the axial direction 
with an arc of 66 deg bearing on a crankpin 3*/, in. diam. The 
pivot of this slipper bearing is at the wrist pin, approximately 
10*/32 in. away from the bearing surface. The bearings originally 
tested were offset 5 deg, extending over an are of 38 deg on the 
leading side and 28 on the trailing side. The lubricant was sup- 
plied in preliminary trials by means of oil holes in the crankpin 
but later from a jet directed at the leading edge of the bearing. 
The load amplitude of the original machine could be varied from 
0 to 45,000 lb at a speed of 1800 rpm, The machine is limited to 
the testing of bearings under a unidirectional load, but was used 
extensively in comparing materials, designs, and lubricating 
methods for a particular engine. 

R-12. A recent type of reciprocating-load machine has been 
described very briefly by Shawki, with a more complete descrip- 
tion in press (44, 45). Loads are applied to the journal through a 
lever system by means of two helical compression springs actuated 
by variable-throw eccentrics. Three components of loading can 
be applied simu!taneously—(a) a steady load, (b) a fundamental 
sinusoidal load, and (c) a small harmonic component. Frequency 
and phase relationships are adjustable. The sleeve bearing under 
investigation was 4 in. diam with a clearance ratio of 1.6 mils per 
in. and L/D not exceeding 1.5. Light loads were sufficient for 
the purpose in hand, the only value mentioned being 25 psi. In 
general, load ratios rather than absolute values were reported. 
Speeds ranged up to 875 rpm. Journal friction and eccentricity 
were the principal performance criteria. Friction was measured 
by power input, and journal displacement by means of photoelec- 
tric pickup units coupled, through amplifiers, to a cathode-ray 
tube. The temperature of the outflowing oil was measured by 
thermocouples close to the ends of the bearing. While Shawki’s 


apparatus was built primarily for oil-film whirl experiments, it 
served usefully to investigate friction and journal displacement 
under simple harmonic and higher components of fluctuating ap- 
plied loads. 

Steady-Load, Oscillating Journal. Four machines of the So type 
are listed in Table 3, namely R-1, E-9, E-18, and E-19 when ar- 
ranged in chronological order. 


R-1. A steady-load machine with oscillating shaft was de- 
signed by Sir Thomas Stanton and described by him as early as 
1923 (1). It was modified slightly by Fogg and Jakeman and 
further described in 1938 (13). The test bearing was of hardened 
steel, deeply grooved in a criss-cross manner leaving only small 
diamond-shaped areas to support the load. This was done to 
simulate and exaggerate the high spots that are effective in 
boundary lubrication. The combined area of the diamond- 
shaped facets amounts to one quarter of the gross area, The load 
is applied by dead weights and lever in a conventional manner 
while the journal, also of hardened steel, is oscillated through a 
total of 30 deg. The journal is driven through a torsion rod to 
permit friction measurement. The test bearing is 11/2 in. diam 
with an L/D ratio of 5/3. Loads ranged frem 100 to 500 psi of 
gross projected area, temperatures from 20 to 110 C and fre- 
quencies of oscillation usually from 1 to 15 cycles per minute 
(epm). In a later series the frequencies were extended to 1000 
cpm. 

Friction was taken as the performance criterion in these ex- 
periments. Friction coefficients were plotted against frequency of 
oscillation for different lubricants at constant loads and tem- 
peratures. This investigation proved that « condition of bound- 
ary lubrication is approached with diminishing frequency of 
oscillation, such that differences in the chemical composition 
have a conspicuous effect that cannot be attributed to the vis- 
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cosity of the lubricant as ordinarily measured. These effects di- 
minish with increasing frequency, indicating the formation of 
hydrodynamic films at the higher surface speeds. 

E-9. Possibly antedating Stanton’s machine is the Olsen 
oscillating bearing equipment in which steady loads up to 2000 Ib 
are applied to the test bearing by means of a compressed helical 
spring. The journal is oscillated through a small angle 250 times 
per minute by means of a crank mechanism driven by motor and 
flywheel. The test bearing is lubricated by drop-feed oiler or 
otherwise as may be required. The American machine has been 
commercially available since 1918 although the earliest published 
description known to the authors is found in a German handbook 
of 1940 (pages 458-459, including fig. 202); reference (16). 

E-18. A similar test machine with oscillating shaft was de- 
scribed by Smerdk in 1950 (33). It is a modified SKODA wear 
machine (33-b) provided with an electrical resistance device for 
measuring oil-film thickness. The author discussed the effect on 
wear of small variations in surface conditions. He concluded that 
a reliable comparison of different bearing materials and lubricants 
requires a test cycle including the transition from fluid to semi- 
dry conditions of lubrication. 

E-19. An investigation was conducted by Barwell and co- 
authors for the British Shipbuilding Research Association with a 
test machine of the S, type, approximating the conditions in a 
piston-pin bearing (34, 35, 43). The machine consists of a hori- 
zontal shaft upon which the test bearing is mounted and sub- 
jected to a vertical load of constant magnitude. The test shaft 
is oscillated through an angle of 14.4 to 44 deg by means of a 
crank-and-connecting-rod mechanism. The test-bearing housing 
is restrained from rotating by an elastic bar fitted with strain 
gages to measure friction torque. 

The test bearing is 2.0 in. diam with an L/D ratio of 2.1. Tests 
were run under loads up to 1700 lb or 200 psi at speeds up to 800 
rpm. Friction, temperature rise, and wear rate were taken as 
the principal performance observations. Grooving design, bear- 
ing material, load, speed, lubricant, and the method and rate of 
oil supply were taken as independent variables. In a few experi- 
ments the film pressure was measured, and attempts made to 
determine journal positions by a capacitance method. 

It was found that the choice of bearing material was most 
important during the running-in period. A careful study was 
made of grooving, leading to the recommendation of a particular 
design. A considerable tendency toward hydro-dynamic lubri- 
cation was noted under favorable conditions, and shown by plot- 
ting friction coefficients against the product of speed into vis- 
cosity divided by load. It may be expected that this investiga- 
tion will take high rank among studies applicable to piston-pin 
lubrication. 

Numerical Characteristics. Ineconcluding the review of single- 
load machines reference may be made to Table 4, where numeri- 
cal characteristics are summarized, including test-bearing dimen- 
sions, load and speed limits. Here D denotes diameter, L length 
or width, W the total load, and N the speed. Values are rounded 
off for comparison. 


DESCRIPTION OF MuLTIPLE-LOAD MACHINES 


In Table 3 multiple-load machines have been divided into four 
groups, beginning with the combination of centrifugal and gas 
loading, which appears in one machine only. 

Centrifugal With Gas Load. E-3. In the DVL machine, de- 
scribed by Heyer in 1937 (8, 30, 41), the loading is uni-directional, 
while the test bearing rotates on a stationary journal. Thus the 
action of a steady load simulates the centrifugal loading experi- 
enced in service. The simulated gas load is applied by a toggle- 
joint mechanism. The largest test bearing is 60 mm or 2°/s in. 
diam with an L/D ratio of 2/3. The peak load is 28,600 lb or 
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TABLE 4 CHARACTERISTICS OF SINGLE-LOAD MACHINES 


Type of Machine Key Maximum Values | 
Loading® No. Name W, lt N, rom 
| c E 1 Junkers 2.5 2.3 »,200 2,150 
Re 8.0 6.0 32,000 2,000 
E-10 Ryder 2.6 3.6 76,000 4,000 | 
Neuse 1.6 Lek 400 1,360 | 
E-l4 Palsulich 3.3 3.1 107,000 3,900 
R- 7 GMR-5 3.2 1.6 140 3,000 

B17 Clark 3.8 1.5 34,000 4,200 

G E Thum- 1] 1.6 1.0 6,500 1,000 

B13 Reuthe 2.0 

E-l6 3.0 2.3 68,000 1,600 
| 
R R 3 Hein 1.6 2.4 1,700 1,000 | 

| e2 @R-1 2.5 1 15,000 4,000 
E—S° Thum - 2 1.6 1.4 7,800 2,500 
| E- 7° GMR - 3 2.0 3.0 5,000 4,800 
R- 6 Dayton 2.0 1.3 4,000 580 | 
E12 Rajakovics 2.4 1.2 24,800 2,800 
| E-lS GMR-4 8 2.7 45,000 1,800 
Re12° Shawk 4.0 6.0 600 
| R- 1 Stanton 1.5 5 1,900 1,0007 
} E19 Barwell 2.0 | 1,700 6008 | 
| | 
| | 


footnote, Table 2. PAalso E Load. CAlso S Load. 4“Cycles/min. 


7680 psi on the projected area; and the usual speed 2200 rpm. 
Surface deterioration was taken as the essential result, although 
temperature rise is indicated by means of a thermocouple in the 
leakage oil at the sides of the test bearing. The machine re- 
quires heavy base plates mounted on springs to take up un- 
balanced forces exerted by the toggle joint. Two such machines 
were set up on the same foundation and extensively used for the 
testing of bearing materials and designs, 

Centrifugal With Reciprocating Load. Three machines are 
identified by the CR combination in Table 3; namely, E-6, 
R-8, and 11. 

E-6. Investigations reported in 1937 had been conducted by 
Williams on a dummy engine with test bearing in big end of con- 
necting rod, using a specially weighted piston without crown to 
eliminate the gas load (12). The big end was subjected to al- 
ternating inertia forces, while the test bearing was lubricated 
under pressure from the crankshaft. The test bearing was 0.89 
in. diam, A peak load of 5900 psi was reached at 3300 rpm, cor- 
responding to 3100 lb total if an L/D of 2/3 be assumed. Wear 
rates and temperature rise of bearing and crankpin surfaces were 
taken for the performance observations, along with surface de- 
terioration. These values are plotted against oil-inlet tempera- 
ture, oil flow, and engine speed. The results showed that bearing 
failures occurred more rapidly at the higher temperatures, even 
at the same value of ZN/P. By reducing the bearing tempera- 
ture from 120 to 80 C its life was increased fourfold. 

R-8. A versatile type of machine was developed by Simons at 
Battelle for research on journal running positions under centrif- 
ugal, reciprocating, and static loads (32). Loading is effected 
by a compressed helical spring, aided by cam and bell-crank 
lever as required. The test bearing is 4.0 in. diam by 2.0 in. 
wide (L/D ratio 0.50). A constant centrifugal load up to 500 
Ib may be applied either alone, or in combination with a sinu- 
soidal reciprocating load of 250 lb amplitude and a static load of 
500 lb. The speed range is 2500 rpm. Journal eccentricity is de- 
termined by means of an air-gap capacitance indicator of novel 
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design connected to the oscilloscope. Theoretical expectations 
were substantially but not wholly confirmed, thereby leading to a 
second experimental investigation (36). 

R-11._ The CRS combination was also realized in a machine 
developed by McBroom for cavitation experiments (40). The 
test shaft is held firmly in support bearings of small clearance, 
while the test bearing has a relatively large clearance. The test 
bearing can be displaced at will, relative to the journal, by means 
of a crank-and-linkage mechanism. Load components are then 
measured by strain gages in the linkage mechanism. The ma- 
chine was operated both with stationary and rotating shaft under 
alternating, rotating, static, and zero loads, using both oil bath 
and forced feed lubrication. 

The test bearing is 1.0 in. diam with an L/D of 1.5. Most of 
the work was done using a clearance ratio, C/D, slightly over 
1/100. Later, the results were confirmed after reducing C/D 
to slightly over 1/400. A maximum load of 600 lb or 400 psi 
could be applied. Operation was usually at 530 rpm. Perform- 
ance observations consisted mainly in the load-eccentricity rela- 
tion together with measurements of the pressure distribution in 
the oil film. The film-pressure technique is similar to that de- 
veloped by Buske and Rolli for their R-4 machine, though ac- 
tually independent. Inferences regarding cavitation were drawn 
from the film-pressure curves supplemented by close.observa- 
tion of emergent bubbles using a magnifying lens. The methods 
and results of McBroom’s investigation are decidedly novel, 
especially where film conditions were found to vary slowly over a 
long period of time. 

Gas and Reciprocating Load. As shown in Table 3 only two 
machines exemplify the GR combination, R-2 and R-4. 

R-2. The difficulty of maintaining fluid film in bearings sub- 
ject to intermittent or oscillatory motion while continuously 
under load is well known. A remedy was patented by the 
Vieweg brothers in 1926 and described more fully the following 
year (2). It consists in superposing a continuous rotation in 
one direction at a sufficient speed to build up hydrodynamic ac- 
tion. The idea was demonstrated by application to the wrist- 
pin bushing in the crosshead of a reciprocating pump. A pulley 
is attached to an extension of the wristpin and belt connected to 
a similar pulley on the crankpin. Each revolution of the crank 
pin thus causes one revolution of the wristpin. This device re- 
duced friction noticeably and eliminated all wear in the wristpin 
bushing, although the bushing was lubricated only by the original 
oil cup. Many different applications of the same principle can 
be made. The crosshead mechanism may be considered an 
ultra-simple research machine, in which the wristpin bushing is a 
test bearing subjected to a “gas load” imparted by the fluid 
pressure on the pump piston, together with a reciprocating inertia 
load from acceleration of the piston, crosshead, and adjacent 
masses. 

R-4. Buske and Rolli experimented at the DVL with a spe- 
cially designed test bearing mounted in a Losenhausen pulsator 
(7, 17). Their object was to measure the pressure in the oil 
film of a dynamically loaded bearing. This was done by a pres- 
sure-balancing device utilizing tiny free pistons of 1.0 mm diam 
in 22 holes drilled through a half bearing shell. Sinusoidal load- 
ing can be applied in conjunction with a static load so as to simu- 
late either gas or reciprocating loads. The test bearing is 75 
mm, or nearly 3.0 in. diam by 45 mm, or about 1.75 in. in effective 
width (L/D equal to 3/5). Maximum loads are: Gas, 13 metric 
tons or 28,600 lb (5460 psi); reciprocating, amplitude + or —6.5 
metric tons or 14,300 lb (2730 psi); static, 15 metric tons or 
33,000 lb (6300 psi). The load-cycle frequency may be set either 


equal to, or half the frequency of shaft rotation. The shaft 
speed was usually under 800 with a maximum of 1100 rpm, It 
was found that bearing surfaces can fail without loss of film 
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pressure, indicating that fatigue of the bearing metal might be 
caused by fluctuating pressures without solid contact. Similar 
film conditions reappeared at comparable values of ZN /P after 
allowing for change in viscosity with pressure and temperature. 

Centrifugal, Gas, and Reciprocating Load. The bearing test 
machines par excellence are those combining all three types of 
dynamic loading, C, G, and R. Three such machines are listed 
in the final group of Table 3; namely, E-8, R-9, and R-10. 

E-8, The machine described by Cornelius and Barten in 
1939 offers the most versatile system of loading of any machine 
thus far disclosed in the published literature (15, 30, 41). Centrif- 
ugal loads are applied to the test bearing by rotating a pair of 
eccentric weights attached to the test journal. Edge loading is 
obtained by setting these weights out of phase with one another. 
The gas load is simulated by means of a crank-driven toggle- 
joint mechanism, whereby it can be controlled in magnitude, fre- 
quency, and duration. A sinusoidal reciprocating load is applied 
to the test bearing by means of a horizontal bar containing a 
second rotating shaft to which eccentric weights are attached. 
The far end of this bar is fastened to a rigid vertical rod pivoted 
at the base of the machine, and serving thereby to prevent the 
transmission of vertical forces. Finally the static load is applied 
to an adjustable flexible rod from which it is transmitted through 
the other members to the test bearing. Thus five types of load- 
ing can be applied in various combinations, closely reproducing 
the actual loads found in reciprocating machinery. 

The largest bearing that can be tested is 70 mm or about 2°/, 
in. diam with an L/D ratio of unity. A resultant peak load of 
4000 kg or 8800 lb was reported in the published data, corre- 
sponding to 2060 psi at 2100 rpm with L/D equal to 0.56. Higher 
loads and speeds are theoretically available when needed; for 
example gas loads up to 30,800 and centrifugal to 22,000 Ib, or a 
total of 52,800 lb at 3500 rpm. Six life tests on two materials are 
reported at operating temperatures close to 110 C (230 F). Figs. 
5 and 6 of the paper cited (15) show the fidelity with which com- 
plicated loadings can be reproduced. Here the load is plotted 
against crank angle and load direction in a three-dimensional 
diagram for a 230-hp rail-car engine. 

R-9. A bearing and lubricant tester operating on hydraulic 
principles was disclosed by Pigott in 1952 (37). Three or more 
loading pistons, preferably four at right angles, transmit any de- 
sired forces to the test bearing in consequence of fluctuating 
fluid pressure delivered to the pistons in a predetermined manner. 
These pressures in turn are generated by smaller cam-actuated 
pistons all driven from the same shaft. Strain-gage and oscillo- 
graph equipment serves to measure the cyclic loads applied. A 
torque arm is provided for measuring the friction of the test 
bearing. Practically any load diagram without edge loading can 
be reproduced by this type of machine to a fair approximation. 

R-10. The engine itself can be used as a bearing test machine 
when suitably instrumented. Kollmann and Hockel described 
the instrumentation of six-cylinder diesel engines for measure- 
ments of oil-film thickness in the main bearings (39). All types 
of loading were realized but not separately controllable. Each 
engine had a norma! rating of 310 hp (PS) at 375 rpm. The main 
bearings under test were 220 mm or about 8.7 in. diam by 110 
mm wide (L/D equal to 1/2). Loads ranged from —20 to +70 
kg per sq cm or say from —280 to +990 psi on the projected area 
at different crank angles in the most heavily loaded bearing. 
Speeds were varied from 200 to 360 rpm during a series of tests. 

Three bearings were tested in each engine, using a capacitance 
method that had been found satisfactory for steady-load bearings. 
Altogether 17 insulated electrodes were installed, each being 8 
mm (about 0.3 in.) diam. Film-thickness readings were plotted 
against crank angle and speed for different values of the load 
(power output) and bearing temperature. The results on the 


TABLE 5 ‘CHARACTERISTICS OF MULTIPLE-LOAD MACHINES 
} Tyre of Machine Key | Maximum Values 
Load ing® No. Name BD, in. in. W, lb rpm 
3 Hever 2.4 1.6 28,000 2,200 
CR williams 0.9 6? 3,100 3,300 
| Re 8©& Simons 4.0 2.0 1,250 2,500 
1.0 1.5 600 530 
| GR 2 Vieweg om 
R- 4° Buske 3.0 1.8 47,300 1,100 
| 
CGR = 8° Comelius 2.8 2.8 52,800 3,500f 
| R 9 Pigott == 
K-10 Kollmann 8.7 Lob 37,400 360 
4see footnote, Table 2. PAlso E load. CAlso S load. 4Oscillat 
joearire. Puighest reported, 6,800 lb. ‘Highest rerorted, 2,100 rj 


two engines agreed well. An interesting theoretical analysis of 
these data formed the subject of a thesis by A. M. Sahin cited in 
the Appendix. 

Numerical Characteristics. Test-bearing dimensions and the 
load and speed limits for multiple-load machines are collected in 
Table 5. 


SuMMARY 


At least 31 different machines for testing dynamically loaded 
bearings have been described in the published literature. They 
are listed chronologically in two groups, Table 1 comprising 
“endurance machines” and Table 2 “research machines.’’ Al- 
though such a distinction cannot be drawn in a hard and fast 
manner, it gives some indication of the purposes for which these 
numerous machines were built. The endurance machines were 
intended primarily for life tests on bearing materials as affected 
by millions of stress repetitions, together with frictional heating 
and wear. The research machines were intended to reveal facts 
regarding oil-film performance at any given instant, including the 
minimum film thickness as affected by design and operating fac- 
tors; together with basic information on cavitation, frictional re- 
sistance, and temperature rise. 

The machines are further classified here according to the type 
of loading employed—whether single or multiple loading; whether 
centrifugal, reciprocating inertia, real or simulated gas load- 
ing and so on, as shown by Table3. It will be asked immediately, 
why did one designer prefer centrifugal loading, that is, a rotating 
load of constant magnitude, while another preferred the reciprocat- 
ing load—a unidirectional load of fluctuating magnitude? Why 
are gas loads considered essential by some designers, while ig- 
nored by others? In general, the designer is interested in isolat- 
ing one type of load that he believes more important than others. 
For example, the gas load is emphasized by diesel-engine investi- 
gators whereas in high-speed aircraft and automotive engines the 
two inertia loads—centrifugal and reciprocating—are found more 
important. In some cases the investigator may be content to 
develop an idea that lends itself to a simple construction, believ- 
ing that the average magnitude of the load is more significant than 
its precise variation, 

It may be seen at a glance from Tables 4 and 5 that, in single- 
load machines, the test-bearing diameters run from 1.5 to 4.0 
in.; and, in multiple-load machines, from 0.9 to 8.7 in.—nearly a 
tenfold range. The maximum load scatters from 140 to 107,000 
lb in single, and from 660 to 52,800 Ib in multiple-load machines— 
a range of about seven hundred and fiftyfold. The speed limit 
varies from an equivalent of say 40 rpm (E-9) to 8000 in single 
load, and from 360 to 3500 rpm in multiple-load machines; a 
variation of two hundred to one. 
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The 45 or more publications cited in the Bibliography offer a 
wealth of experimental results that should be analyzed fully when 
possible. Such a study lies beyond the scope of the present 
historical review, which was prepared by the authors to provide 
the necessary background for their companion paper describing 
a new type of diesel-bearing test machine. 
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Discussion 


F. T. Barwe.u.’ The authors are to be congratulated on the 
comprehensive nature of their survey of bearing testing machines. 
They remark that oscillatory motion is confined to single-load 
machines. This is because, as Swift* showed in 1937, when a 
pulsating load is applied to a pin, whether or not that pin is in 
relative motion, full hydrodynamic conditions may apply. Prac- 
tice shows that loads equivalent to some 8000 psi on projected 
area may be carried under these conditions with negligible wear. 
Load-carrying capacity increases with frequency of application of 
load and it is not surprising that high-speed engines operating on 
a four-stroke cycle seldom give trouble with gudgeon pins. How- 
ever, in the top end bearings of slow single-acting two-stroke en- 
gines load, while varying in magnitude, is substantially uni- 
directional. It is here that difficulties are encountered in prac- 
tice and, in research aimed at elucidating this condition, there is 
little point in varying the magnitude of the unidirectional load. 

The authors have referred (E-19) to the work of the writer and 
his colleagues where it has been shown that the conditions of 
lubrication in laboratory experiments were hydrodynamic, con- 
siderable pressures being detected in the film. The experiments 
had been carried out on a small scale in a laboratory machine in 
which care had been taken regarding alignment, and soon. In an 
engine, not only would temperatures be higher but there would be 
misalignment both permanent and transient owing to elastic 
deformation of the engine components under load. The writer 
and his colleagues are now therefore engaged in a study of the film 
thickness and pressures in an actual 670-mm bore engine. Suffi- 
cient capacity probes are inserted into the bearing face to enable 
variations in film thickness to be measured, the lubricant itself 
acting as the dielectric. The frequency employed for capacity 
measurement is 450 kilocycles. 

Oil-film pressures are measured by resistance pressure trans- 
ducers inserted from the back of the bearing and connected to the 
bearing surface by a drilling '/s. in. diam. The techniques have 
been shown to be successful and evidence of hydrodynamic action 
of unidirectionally loaded oscillating under operating conditions 
has been obtained. 

It is the writer’s view, no doubt supported by the authors, 
judging from the subject of their companion paper, that bear- 
ings are best investigated in an actual engine. This is not only due 
to mechanical factors but also to chemical considerations, bearing 
fatigue being possibly accelerated by corrosion. The use of en- 
gines for testing bearings is therefore likely to develop so as to 
take into account such factors as shaft deflection, and soon. The 
importance of the latter is illustrated by the work of Love, et al.,’ 
who describe a machine similar to the Underwood machine 
except that a single eccentric mass is carried between two con- 
necting rods instead of two pairs of masses on each side of the test 
assembly. The flexural rigidity of the connecting rods is small 
compared with their stiffness in compression and tension so that 
each pair of test bearings carries only the component in its own 
plane of the rotating load. This component is sinusoidal. Since 
the distance between the two outer connecting rods is greater than 
that between the inner rods, two different magnitudes of shaft 
deflection occur. It is reported that the effect is such that there 


* Department of Scientific and Industrial Research, Mechanical 
Engineering Research Laboratory, Lubrication and Wear Division, 
Thorntonhall, Glasgow, Scotland. 

* “Fluctuating Loads in Sleeve-Bearings,” by H. W. Swift, Journal 
of the Institution of Civil Engineers, vol. 5, 1937, pp. 161-195. 

7“Functions of Materials in Bearing Operation,” by P. P. Love, 
P. G. Forrester, and A. E. Burke, Proceedings of the Automobile 
Division of The Institution of Mechanical Engineers, No. 2, 1953- 
1954, pp. 29-36. 
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is appreciably greater fatigue damage to the outer bearings than 
to the inner. 

Cole and Hughes, working in the writer’s laboratory, have used 
the apparatus shown diagrammatically in Fig. 1 of this discus- 
sion, to study visually the oil-film conditions in a dynamically 
loaded bearing. A glass-bearing bush of width-diameter ratio 1 
and clearance ratio 0.0017 was used, load being applied by 0.025- 
in-diam loading cables so as to minimize restriction of the field of 
view. As shown in the diagram, a motor-driven eccentric in con- 
junction with two coil springs and two loading pans results in the 
application of a rotating load of constant magnitude plus, if de- 
sired, a superimposed steady load. By removing one coil spring 
and the dead load opposite, an alternating load may be obtained. 
In the experiments carried out so far, using a low-viscosity oil, the 
maximum load has been limited to 50 lb, with a frequency of 500 
epm. The journal speed was varied from 250 to 2000 rpm. By 
using a@ motion-picture camera and a suitable ultraviolet lamp, 
motion-picture films of the lubricating film extent and cavitation 
under dynamic loading conditions have been obtained (one was 
shown at The Institution of Mechanical Engineers’ meeting of 
February 10, 1956). To permit a more detailed study, an elec- 
tronic flash ultraviolet source is used in conjunction with a phas- 
ing switch driven by the loading eccentric and a 35-mm still 
camera. Photographs with an exposure time of 150 microsec can 
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then be taken at any desired point in the loading cycle. The gen- 
eral conclusion of this work is that film rupture does occur with 
dynamic loading, in a form analogous to that with steady loading. 
It will be recalled that most theoretical analyses assume a con- 
tinuous film.* 


D. J. Frres.* In connection with the record of bearing test 
machines ably presented by the authors, a brief description of such 
a machine recently designed and built by the writer may be of 
interest.* The machine is intended for the study of lubricant flow 
in a transparent glass bearing 2 in. diam and 2 in. long subjected 
to static and alternating loads. The maximum amplitude of the 
static loading used was 21 lb, while that of the alternating sinu- 
soidal loading was also 21 Ib. The lubricant was made visible by 
ultraviolet irradiation and photographs were taken to show the 
pattern of lubricant flow for a bushing with a circumferential oil 
groove '/, in. wide and 0.020 in. deep. Photographs were taken 
with a 16-mm motion-picture camera for the following four condi- 
tions: 


(a) Journal stationary, purely sinusoidal loads applied to the 
bearing. 

(b) Journal turning at various speeds, positive and negative 
static loads applied to the bearing. 

(c) Journal turning at various speeds, sinusoidal loads applied 
at various speeds to the bearing. 

(d) Journal turning at various speeds, combinations of static 
and sinusoidal loads applied to the bearing. 


For condition (a), a sinusoidal load at a frequency of 2 eps and 
an amplitude of 21 lb was applied. The photographs showed that 
breaks in the oil film did occur during part of the cycle at this low 
frequency of load application. As the frequency of the load was 
increased to 12 cps, the oil film became more stable and did not 
break down. 


§ Mechanical Engineering Department, Massachusetts Institute of 
Technology, Cambridge, Mass. 

**“Design and Construction of a Machine for Testing Journal 
Bearings Under Dynamic Loads,”’ by D. J. Fries, Master’s Thesis, 
Mechanical Engineering Department, Massachusetts Institute of 
Technology, Cambridge, Mass., September, 1955. 
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The photographs taken under conditions (b), (c), and (d) did 
not show any significant differences, probably because the load 
amplitudes used were relatively small. 

The development of this test bearing is being continued. 


Kari Kottmann.” Investigations on a large diesel engine by 
Dr. H. L. Hockel and the writer" have established very definitely, 
as anticipated, that the lubricating film thickness depends 
markedly upon the forces acting on the bearing. The data how- 
ever have encouraged us to undertake an investigation of the 
effect on the main bearing loads of the arrangement of the adjacent 
cylinders. This was suggested in the final section of our publica- 
tion. In the meantime our measuring technique is being improved 
so that it is hoped, before long, to be able to contribute further 
results. 

Above all it has been found possible to make the capacitance 
probes smaller, so that the same technique can be extended to 
smaller sized bearings without undue disturbance of the bearing 
surface. 

The projects in the writer’s department are concentrated on 
dynamically loaded bearings, whereby sudden load reversals and 
rotating loads will be especially investigated. 


M. N. Ozpas.’* The authors are to be congratulated for this 
very important and useful survey of bearing test machines. Al- 
though the writer realizes the difficulty, it would largely increase 
the usefulness of the information given in the paper if schematics 
and photographs of these machines could be included. 

A new test machine described in Konstruktion, heft 6,1956, which 
measures the journal frictional torque under static load, using a 
pressurized journal drive unit is also of interest. 

A short description of the test machine used at M.I.T. for the 
investigation of film behavior under dynamic loading conditions is 
as follows: 

The bearing test machine constructed at M.I.T. (Fig. 2 of this 
discussion) was designed to investigate the behavior of the lubri- 
cating film with ultraviolet irradiation technique, under sinu- 
soidally varying loads using transparent bushings. 

© Professor, Fridericiana Technical University, Karlsruhe, Germany, 
11 Reference (39) of the paper. 
12 Istanbul Technical University, Istanbul, Turkey. 
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The bearing (No. 1) was 2 in. diam and 2 in. wide corresponding 
to an L/D ratio of 1.0. The journal (No. 2) of chrome-nickel steel 
was driven by a variable-speed motor, and the speed could be 
varied from 400 to 1500 rpm. The test bearing was loaded by a 
spring-steel lever (No. 3) pivoted in the middle and actuated at 
its other end by an eccentric (No. 4). The eccentric shaft was 
driven independently and its speed (and consequently the load 
alternation) could be varied from 30 to 600 rpm. 

The amplitude of the sinusoidal load could be varied but tests 
were mainly carried out with +24 kg. The load was measured 
at its point of application by a strain-gage ring dynamometer 
(No. 5) and could be adjusted by a helical spring (No. 6) to give 
a sinusoidal load with any static component. 

A cam-operated switch attached to the eccentric shaft and a 
solenoid attachment to the camera enabled the operator to take 
pictures at any point of the loading cycle up to 300 load alterna- 
tions per min with an exposure of 1/199. 


G. 8. A. SHawkr." The bearing testing machine developed 
by the writer and denoted in the paper by R-12, has been fully 
described in 1952;'4 important features and details of the machine 
were later published in 1955." 

The machine has been primarily designed to study journal 
bearing performance under a vertical cyclic load comprising 
steady, fundamental, and harmonic components. Experiments 
were also carried out under static loads, and the phenomenon of 
oil-film whirl was investigated; these tests, however, were con- 
sidered of secondary importance, contrary to statements given 
in the paper. 

The testing machine could be used to apply, to the bearing, 
sinusoidally fluctuating loads of up to about 4500 Ibs (steady 
component) +5600 Ibs (alternating component). The load 
capacity of the machine is thus about 10,100 Ibs. Journal speeds 
of up to 1500 rpm could be obtained. The values of W and N, 
quoted by the authors in the text of their paper and in Table 4, 
merely represent maximum values recorded during oil-film whirl 
experiments, and not the full capacity of the machine for dy- 
namic load application. 

Basing on reference (45) of their paper, the authors seem to 
have assumed that the machine is capable of applying only a 
‘“‘small’’ harmonic load component. In fact, the machine could 
be adjusted to give harmonic components of up to about +2800 
lb. Tests were run with load waves comprising harmonic com- 
ponents of higher amplitudes than the fundamental load com- 
ponents. 


Avutuors’ CLOSURE 


Dr. Barwell’s discussion is of special interest in describing the 
recent work of Cole and Hughes (Fig. 1), and in mentioning the 
machine by Love and coauthors that had escaped our attention. 
The present authors concur fully in the importance of observa- 
tions on actual engines, such as Dr. Barwell and his colleagues 
have undertaken. His book on “Lubrication of. Bearings” 
(Butterworth, London, 1956) should be consulted for additional 


13 Mechanical Engineering Department, Cairo University, Cairo, 
Egypt. 

‘Journal Bearing Performance Under Variable Loads,’’ by 
G. 8. A. Shawki, thesis, University of Sheffield, England, May, 
1952. 

‘6 “‘Journal Bearing Performance Under Sinusoidally Alternating 
and Fluctuating Loads,’’ by G. 8S. A. Shawki and P. Freeman, Pro- 
ceedings of The Institution of Mechanical Engineers, vol. 169, 1955, 
pp. 689-698. 

‘Journal Bearing Performance for Combinations of Steady, 
Fundamental, and Harmonic Components of Load,”’ by G. 8. A. 
Shawki, to appear in Proceedings of The Institution of Mechanical 
Engineers, England. 
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information on dynamically loaded bearings and test methods— 
see Chapters 12, 16 and 19. 

The brief descripiions supplied by Mr. Fries and Dr. Ozdas 
on the transparent bearing machine at the Massachusetts 
Institute of Technology (Fig. 2) are a welcome addition to our 
knowledge of contemporary work. Their film-rupture findings 
confirm the experiments of Cole and Hughes. 

Figs. 3-5 are offered in response to the requests by Dr. Ozdag 
and others for photographs and diagrams. It is hoped that 
further illustrative material may be included in a final report by 
the Subcommittee on Dynamically Loaded Bearings. Fig. 3 
gives a general view of the machine designed by the late Dr. 
Ernst Lehr, cited in Appendix reference 3. The yoke or forked 
lever (4) transmits an elliptical load to the test bearing (1), with 
major axis vertical and equal to three times the minor axis. 
This load pattern would be classed as “CR.” It has a maximum 
value of plus and minus 100 metric tons (220,000 Ib) at 2000 rpm. 

Fig. 4 shows the hydraulic “gas load” unit of Appendix 


housing. 2. Support bearings. 3. Test shaft, driven 
externally. 4. Yoke-shapedloadinglever. 5. Elastic fulerum or support. 
6. Eccentric load. 7. Counterweights. 8. Oldham coupling. 
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ressed oil volume adjustment. 4. Oil pressure pick-up. 5. Housing 

or compression pistons. 6. Piston-stroke cut-off adjustment. 7. Crank- 
shaft housing. 8. Driving motor. 
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reference (5a). The fluid is compressed by two pistons in 
housing (5), both driven from the same crankshaft (7), with a 
phase difference of 180 degrees. Fluid pressure is transmitted 
to a loading piston in housing (2). The volume of fluid in the 
system, and the cut-off positions of the pistons, can be con- 
trolled by adjustments (3) and (6), thereby varying both the 
magnitude and shape of the simulated load pattern up to 150,000 
Ib at 2500 pulsations per minute. The test bar (1) has been used 
for measuring applied loads. It will be replaced by a bearing 
housing for use in testing bearings. Fig. 5, adapted from 
Cornelius and Barten, Bibliography reference (15), shows a 
type of nonhydraulic mechanisra that has been used successfully 
for multiple loading. This figure illustrates what is meant by 
the C, G, and R loads. Diagrams and photographs for other 
machines may be found in the references cited. 


The news from Professor Kollmann of Karlsruhe, to the effect 
that his laboratory is continuing the study of dynamically loaded 
bearings, will be of wide interest because of the results previously 
published (39). 

The information supplied by Dr. Shawki serves to correct the 
values appearing in Table 4, where his machine is designated 
R-12. In the column for maximum load, the limit should be 
raised from 600 to 10,000 lb. In the last column, the speed should 
be raised from 800 to 1500 rpm. Special attention may well be 
called to the paper by Shawki and Freemen, 1955, cited in foot- 
note 15 which was not available to the authors when their paper 
went to press. On the basis of his timely discussion and the 
references cited, Dr. Shawki is to be congratulated for a major 
contribution to the literature of dynamically loaded bear- 
ings. 


Testing Dynamically Loaded Bearings—II 
A Dhiesel-Engine Bearing Test Machine 


By R. B. SNAPP? anv M. D. HERSEY,’ ANNAPOLIS, MD. 


This paper describes an engine-bearing test machine 
consisting of a motor-driven modification of a commer- 
cially available diesel engine. The machine combines the 
advantages of engine operation with those of a standard- 
ized test machine. It was developed primarily for en- 
durance testing of engine-bearing materials and design. 
A rating system is described for evaluating the extent of 
various kinds of failure elements so that bearings may be 
compared without testing them to destruction. Test re- 
sults and the use of an oil-film-thickness indicator also 
are described briefly. 


INTRODUCTION 


PROGRAM of diesel-engine bearing investigation, 
authorized by the Bureau of Ships, was initiated at the 
U. 8. Naval Engineering Experiment Station in 1947. 


No. 1 machine 
Oil filters 

Oil sump 

Oil pump motor 


Fie. 1 


1 All statements are personal expressions of the authors, not to be 
construed as official or as reflecting the views of the Navy Department. 

? Head, Bearings Section, Internal Combustion Engine Laboratory, 
U. 8. Naval Engineering Experiment Station. Assoc. Mem. ASME. 

* Research Consultant, U. S. Naval Engineering Experiment Sta- 
tion. Fellow ASME. 

Contributed by the Lubrication Division of Tue American So- 
cieTy oF MECHANICAL ENGINEERS, and presented at the ASME- 
ASLE Lubrication Conference, Atlantic City, N. J., October 8-10, 
1956. 


One phase of this program required the study of present-day bear- 
ing materials under standardized conditions in a test machine 
that would simulate engine loading. Many such machines capable 
of producing dynamic loads have been described in the literature, 
and are reviewed in the preceding paper (7).4 Although each had 
certain characteristic advantages, only a few offered the com- 
bined centrifugal, reciprocating inertia and gas loading that are 
encountered in engine operation today (6). None appeared to be 
suitable for the type of endurance testing that was planned. 

A test machine, consisting of a motor-driven modification of a 
commercially available diesel engine, was therefore developed. 
This machine combined the advantages of engine operation with 
those of a standardized test machine. By motor-driving the engine 
it was also possible to remove all fuel and exhaust equipment, 
thus considerably simplifying both operation and maintenance, 
and permitting greater control of test conditions. Gas and 


Engine driving motor 

No. 2 machine 

Controllers and recorders 
Oil-film thickness indicator 


USNEES Dieser Bearinea Test MACHINES 


combustion loads were simulated by compressing air in the 
cylinders which, combined with the normal centrifugal and inertia 


* Numbers in parentheses refer to the Bibliography at the end of the 
paper. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those of 
the Society. Manuscript received at ASME Headquarters, August 2, 
1956. Paper No. 56—LUB-4. 
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loads, produced the same type of bearing loading as occurs in 
engine operation. However, a considerable increase in loads over 
those normally found in this type engine was obtained by increas- 
ing both speed and compression pressures. Two of these ma- 
chines, shown in Fig. 1, have been built and are now in regular 
operation. 


DESCRIPTION OF MACHINE 


General. A six-cylinder, two-cycle diesel engine with 4'/,-in. 
bore, 5-in. stroke, and a maximum Navy rating of 225 hp at 2100 
rpm was selected for conversion to the test machine. This particu- 
lar engine was selected because of its wide use by the Navy and 
because its parts are economical and readily available. 

The engine blower, exhaust manifold, fuel pump and injection 


equipment, cam followers, and rocker arms were not required for 
motor-driven operation and were removed. A 90-hp motor with 
a flexible gear coupling was used to drive the engine. The lubricat- 
ing-oil pump also was removed from the engine and separately 
motor-driven. This assured standard oil pressure, regardless of 
engine speed, and permitted circulation of the oil prior to engine 
starting. The oil is circulated through a large full-flow filter tank 
with about 5-micron filtration, through a heater tank to maintain 
a constant inlet temperature, and then into the engine oil gallery. 
From there it is circulated through the engine in the conven- 
tional manner, through the main bearings to the connecting-rod 
bearings and thence to the pistons. 

Loading by Compressed Air. Simulated gas or combustion 
loads are controlled by admitting compressed air, of regulated 
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pressure, to the engine air box. This air is further compressed 
and expanded in the cylinders without exhausting. Indicator 
cards of the cylinder pressures, made while motoring the engine, 
showed the pressure curve to have a gradual slope rather than a 
sharp peak characteristic of an engine operating under combus- 
tion. However, by increasing the compression ratio from 14/1 to 
24/1, a crank-angle diagram was obtained which closely re- 
sembled in shape the diagram for operation with combustion. A 
similar sharp diagram also was obtained when the peak pressure 
was increased to 1500 psi, or about 50 per cent above normal en- 
gine operation. This increase in compression ratio was obtained 
by installing ‘“‘compression booster disks’’ on the cylinder head 
above each piston to occupy part of the clearance volume in the 
cylinders. 

Effective sealing of the 1500-psi cylinder pressures could not 
be maintained with the standard cast-iron cylinder head and the 
standard head gasket of laminated steel sheets. Satisfactory 
sealing was obtained temporarily by use of a special gasket de- 
signed to “‘breathe’’ and follow any diaphragm action of the head. 
However, with continued operation the stainless-steel edges of 
this gasket, together with the erosive action of blow-by air, cut 
circular grooves into the relatively soft surface of the cast-iron 
head and again permitted excessive leakage. Therefore a steel 
head with an inlay of hard material above each cylinder was con- 
structed to resist the cutting action of the special gaskets as well 
as to resist bending caused by the high cylinder pressures. 

Rings and Liners. Considerable difficulty also was experienced 
with piston-ring sticking and breaking, believed mainly caused by 
the heavy oil-sludge formation resulting from the high cylinder 
pressures and operation without combustion. Various lubricating 
oils were tried and a reduction in sludge was obtained. Piston 
cooling, in addition to that supplied through the connecting rods 
by the normal lubricating-oil system, was provided by a system 
for spraying cooled lubricating oil under the piston. However, 
the piston-ring problem continued. As a result, numerous ring- 
and-liner combinations were tested. 

One combination, chromium-faced 7'/:-deg keystone-type rings 
and standard cast-iron liners, was found to be capable of operating 
for more than 1000 hr without sticking or breaking. This repre- 
sented a tenfold improvement over the standard ring-and-liner 
combination. In addition, the special system for cooling the pis- 
tons was eliminated with no noticeable effect on the performance 
of the keystone rings, thus simplifying the test setup. 


Automatic CONTROLS 


Operating Controls. Operation of the machine has been made 
practically automatic. The engine speed, air-box pressure, 
lubricating-oil-inlet pressure, and engine cooling-water tempera- 
ture are all automatically controlled and recorded. The lubricat- 
ing-oil temperature also can be controlled automatically but is 
usually regulated by the operator. The method of control for 
each of these items can be seen on the schematic diagram, Fig. 2. 
The same controls are used for both machines, which are operated 
alternately. 

The driving-motor speed is maintained automatically within 25 
rpm; air-box pressure within 0.1 psi; oil-inlet pressure within 
0.2 psi; and engine cooling-water temperature within 2.0 F. 

Safety Controls. The test machines also are equipped with a 
safety control system to secure the engine automatically in the 
event of most of the abnormal operating conditions that might 
oecur. Each of the following controls will accomplish this by 
cutting off the power to the driving motor: 


(a) Air-box pressure controller at pressures above 9 psi. 
(b) Cooling-water temperature controller at temperatures 
above 200 F. 
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(c) Lubricating-oil pressure controller and pressure switches 
below 15 psi. 

(d) Engine tachometer and overspeed governors above 2450 
rpm. 
(e) Bearing-temperature recorders at temperatures above 325 F. 

(f) Field-failure relay with loss of voltage to motor fields. 

(g) Control-voltage relays with loss of voltage to safety-control- 
actuating circuit. 


In addition to securing the test machine, the safety controls 
also accomplish the following: 


(a) Sound an alarm siren. 

(b) Actuate solenoid-operated valves in the air line to relieve 
the air-box pressure. 

(c) Light a lamp on panel board to indicate the general source 
of trouble. 

(d) Secure oil-sump heaters in the event of low oil pressure. 


BearING LOADS AND SIZES 


Gas loads are controlled, as mentioned previously, by varying 
the pressure of the compressed air admitted to the engine air box, 
thus regulating the maximum cylinder pressure. During test 
operation, a maximum cylinder pressure of 1500 psi is main- 
tained, generally requiring an air-box pressure of 6 to 8 psi. 
Periodic checks of the cylinder pressures during test operation are 
made with balanced diaphragm-type pickups. 

The other types of loading, reciprocating inertia and centrifu- 
gal, are controlled only by the engine speed. No change was 
made in the weights of the reciprocating and rotating parts, these 
being the same as normally found in this type engine. 


BEARING LOADS, LB 


Loads at 2350 rpm— 
Maximum Average 


TABLE 1 


-——Loads at 2100 rpm— 
Maximum Average 
Main Bearings 
1940 
3050 
3630 
2700 
Connecting-Rod Bearings 
15960 3490 14620 


Bearing 


2180 
3270 
4060 


2740 


3870 


Average and maximum calculated bearing loads are given in 
Table 1 for the test speeds of 2100 and 2350 rpm. As would be 
expected, the increase in speed causes an increase in average load, 
but a decrease in maximum load. One of the main bearing-load 
diagrams, No. 3 at 2350 rpm, is shown in Fig. 3. The diagram for 
the No. 5 main bearing is identical, although advanced 180 deg. 

The main bearings are 3'/:-in. diam and 1'/s in. in width, 
whereas the connecting-rod bearings are 2*/,-in. diam by 1’/s in. in 
width. However, to accelerate the tests, a 25 per cent reduction is 
made in the areas of Nos. 2 and 6 main bearings and in Nos. 2 and 
5 connecting-rod bearings. Also, an area reduction of 33'/; per 
cent is made in Nos. 3 and 5 main bearings, and Nos. 3 and 6 
connecting-rod bearings. These reductions are made by machin- 
ing reliefs in the running surfaces at the sides of the bearings, as 
shown in Fig. 5. 

The nominal clearance is required to lie between 2 and 4 mils 
for both main and connecting-rod bearings. 


RatinG SystEM 


It was planned originally that each test would be continued 
until an “end point” or bearing failure was reached as determined 
by a sudden rise in bearing temperature. However, it soon became 
apparent that such end points could not be obtained in 1000 hr of 
operation, even with the accelerated conditions described for load, 
speed, and temperature. The 1000-hr limit was selected as the 


maximum period that would be economically feasible. It was 
also thought that additional methods of accelerating bearing fail- 


| 
4 
No. 
1&7 
2&6 
3&5 
4 4 
1 to 6 
- 
: 


AUGUST, 1957 


SPEED-2350rpm 


MAXIMUM CYLINDER 
PRESSURE 1500 ps: 


AVERAGE BEARING LOAD 
4058 Ib _-8587 |b MAX 


* 
240° 


Fie. No. 3 Marin Bearine Loaps 


400 HOURS 600 HOURS i] 
Fie. 5 Marin Bearines. Two-Txirps Wipts Copper- 
Leap Linep Bearines: (a) WiTrHout Overtay, (6) Overtay Fic. 6 Procresstve Farture 1n A Copper-Leap-Linep 


1263 
180° 
Fee 
GRID BLOCK F-9 
90° ba 
| 
270° | 
aS) 
Fig. 4 Measurement or Pirrep AREA 
i 
a 
. 


1264 


ure would impose conditions quite unrealistic as compared to 
actual engine operation. 

A system was therefore developed for rating the surface deterio- 
ration or change in bearing and journal surfaces which occurs 
during the test. Comparison of bearing materials is obtained by 
the ratings assigned. By this method the various failure ele- 
ments can be evaluated individually. Often after complete bear- 
ing failure the actual cause or type of failure cannot be deter- 
mined. Evaluating such elements as cracking, pitting, wear, and 
so on, could be helpful in selecting the best material for a particu- 
lar application. 

The bearing-rating system is based on measurements of the ex- 
tent of various failure elements or “‘defects.’’ Methods have been 
established for measuring the extent of the following defects and 
rating them numerically: 


1 Loss of bearing metal. 
Cracking. 
Wiping. 
Bearing wear. 
Journal pick-up (seizure or scuffing). 
Journal damage (wear and increase in surface roughness). 


Demerits ranging from zero to ten are assigned for each defect. 
The amount of surface change to be assigned the maximum rating 
of ten is determined, in general, either by the replacement wear 
limit or by loss in usefulness of 10 per cent of the bearing area. 
The number of demerits for a smaller degree or amount of each 
defect is proportioned accordingly. 

No more than ten demerits are assigned to any one bearing. A 
bearing with this total is not considered suitable for reinstallation 
in an engine. 

The method used for measuring lost metal, cracking, and wiping 
is illustrated in Fig. 4. A transparent grid, divided into squares 
and similar to that used by Johnson (3), is placed over the bearing. 
Area measurements are made for each defect by counting the 
number of squares on the transparent grid in which the defect oc- 
curs. A typical or average grid square or block is selected and 
photographed at a magnification of ten. The amount of defect in 
the typical block is then measured and multiplied by the number 
of blocks to obtain an estimate of the total. 

Corrosion resistance is not evaluated in the test machine but is 
rated separately by use of an Underwood oxidation apparatus, A 
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TABLE 2 SCHEDULE OF TEST CONDITIONS 
(Peak Cylinder Pressure 1500 psi) 
Viscosity 
Reduction, 
per cent 


Runs 1-9: SAE 30 Oil at 25-psi inlet pressure. 
Run 10: SAE 10 Oil at 16-psi inlet pressure. 


description of this apparatus and of the corrosion test procedure 
has been given by Tichvinsky (1, 2). 


OPERATING CONDITIONS 


An outline of the test conditions is given in Table 2 for a 1000- 
hr test. Although 500-hr tests are presently being made, the re- 
sults given in this paper are based on the longer test period. 

The increase in inlet-oil temperature and change in grade of oil 
shown by the table are designed to provide a periodic decrease in 
oil-film viscosity. A maximum viscosity reduction of 60 per cent 
from approximately 65 centipoises (ep) at 240 F to about 2.5 ep 
at 279 F and atmospheric pressure is reached during the last 100- 
hr period. Viscosity-pressure data on the oil used in runs Nos. 
1-9 were obtained from ASME tests at Harvard University for 
later use if required (see particulars on Sample 30—F in vol. 1, 
page 82 of the Pressure-Viscosity Report, reference 5, and the 
curves following page 115 of vol. 2). The bearing temperatures 
given in Table 2 are nominal values only. Since the inlet-oil tem- 
peratures are maintained at the indicated values, some variations 
are to be expected from one set of bearings to another. All tem- 
peratures are measured by means of thermocouples. For the 
main bearing thermocouples, '/;.-in. holes were drilled in the bear- 
ing saddles and in the backs of bearings to within '/,2 in. of the 
running surface. 

All bearings are visually inspected and measured at 100-hr in- 
tervals. Photographs of the damaged areas at 10 magnification 
are also made after each 100-hr period to record the progress of 
damage, as shown in Figs. 6 and 7. The fatigue cracking and 
subsequent loss of lining in a plain copper-lead bearing can be 
seen in the first figure. The second figure shows cracking of the 
overlay, followed by loss of lining metal, in a copper-lead bearing 
with overlay. 


Ou-Fi_m TuickNess INDICATOR 


Preliminary studies of minimum oil-film thickness and journal 
position were made with an indicator developed by the National 
Bureau of Standards (4). A simplified block diagram of the indi- 
cator is shown in Fig. 9. Two mutual-inductance-type probes are 
mounted at right angles adjacent to one of the main bearings. 
The probes are made of ‘‘mu-metal’’ and are constructed in a 
U-shape with a winding or coil near the end of each leg. A 2000- 
cps signal is supplied to the coil on one leg of the probe. As the 
output from the coil on the adjacent leg is a function of the 
coupling between the coils, it will depend on the proximity of 
ferromagnetic metal, or the journal in this case. Therefore the 
probe output will indicate instantaneous displacement between 
the journal and bearing. Visual plots of the bearing-to-journal 
gaps at the two probes are presented in a wave form on a dual- 
beam oscilloscope. 

The magnitude and direction of the journal-center positions or 
eccentricities at any instant can then be determined by relatively 
simple calculations. A polar diagram of typical eccentricities ob- 
tained by this method is shown in Fig. 10, although the indicator 
is considered capable of giving only roughly quantitative data at 
this time. 


100-hr 
run 
1-5 2100 240 225 6.5 
ae a. 6 2350 240 218 6.5 0 
= ye 7 2350 270 256 4.5 29 
“ot 8-9 2350 300 289 3.5 47 
a | 10 2350 289 279 2.5 60 
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A 
: 
~ 
age 


AUGUST, 1957 


FAILURES EARLY 


DEMERIT RATINGS 


MATERIALS 


BEARING 
Fic. 8 Comparative Ratinc or MATERIALS TESTED 


SHAFT ROTATION 
PICK-UP COIL 


| 


Sweep 
GENERATOR) 
CIRCUITS 


450 KC 
OSCILLATOR 


LEFT { 


RIGHT 
PROBE \ 


PROBE 


JOURNAL 


FROM LEFT 
PROBE CIRCUITS 


TO OUPLICATE 
CIRCUITS OF 
THOSE SHOWN 


DETECTOR, 
AMPLIFIER 
a 


LINEARIZING 
CIRCUITS 


TO LOWER TRACE 
2000 cops 


OSCILLATOR | 


SQUARE WAVE 
GENERATOR 


FOR 
CALIBRATION 
PATTERN 


Smvpuiriep Brock Diacram or O1-Firm THICKNESS 


INDICATOR 


Fia. 9 


Test Resutts 


A wide range in performance ratings has been obtained with the 
twelve types of materials thus far tested, as shown ir. Fig. 8. One 
of the materials received only seven demerits for 1000 hr of 
operation, whereas failures and removal from test of three ma- 
terials occurred in less than 1000 hr. It should be noted that the 
demerit ratings given in this figure are the totals for seven main 
and six connecting-rod bearings tested of each material. 

The most common types of bearing failures have all been pro- 
duced in this test machine. Typical fatigue failures are shown in 
Figs. 5, 6, and 7. However, even with the good lubricating-oil 
filtration employed, bearing and journal wear are also considera- 
ble. For the nine sets of bearings which have completed the 
1000-hr test, a total of 144 demerits was assigned for bearing wear, 
and 120 for journal damage (wear and increase in journal surface 


| 


Fic. 10 Porar Piotr or Journat Eccentricity 


(Crank anglics are marked on the curve every 10 deg and numbered at in- 
tervals of 30 deg.) 


roughness), as compared with 118 for fatigue cracking and lost 
metal. In addition, failure by wiping occurred with two of the 
three materials tested less than 1000 hr. 

From these test results it is believed that the EES diesel bearing 
test machine described herein offers a good accelerated method 
for comparing bearing materials. 


ACKNOWLEDGMENTS 


The use of a motor-driven commercial diesel engine and 
numerical rating system for surface changes were proposed by 
W. F. Joachim, former Superintendent of the I.C.E. Laboratory. 
Acknowledgment is made to P. G. Kestler, former Mechanical 
Engineer in the Bearings Section, I.C.E. Laboratory, for some of 
the earlier development work. The program has been guided by 
W. V. Smith, Superintendent of the Bearings Project. 


BIBLIOGRAPHY 


1 “Corrosion of Bearing Alloys,”” by L. M. Tichvinsky, Trans. 
SAE, vol. 51, March, 1943, pp. 69-77. 

2 “Diesel-Engine Bearings—Discussion of Failures and Progres- 
sive Inspection Methods,”’ by L. M. Tichvinsky, Mechanical Engi- 
neering, vol. 67, 1945, pp. 297-308; vol. 68, 1946, pp. 71-73. 

3 “Life Testing of Plain Bearings for Automotive Engines.” 
by E. T. Johnson, ASTM Symposium on Testing Bearings, Phila- 
delphia, Pa., 1946, pp. 2-18. 

4 “Oil-Film Thickness Indicator for Journal Bearings,"” by M. L. 
Greenough, Trans. AIEE, vol. 67, part 1, 1948, pp. 589-595. 

5 “Viscosity-Pressure Report,”’ by the Research Committee on 
Lubrication, ASME, New York, N. Y., 2 vols., 1953. 

6 “Engine Bearing Design Today,” by J. B. Bidwell, Lubrication 
Engineering, vol. 10, September-October, 1954, pp. 272-281. 

7 “Testing Dynamically Loaded Bearings—I. A Short History of 
Bearing Test Machines,” by M. D. Hersey and R. B. Snapp, pub- 
lished in this issue, pp. 1247-1259. 


Discussion 


G. C. Amsuer.§ As so well portrayed in the presentation on 
the history of bearing test machines (7), most such machines are 


5’ Bureau of Ships, Navy Department, Washington, D. C. 
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not designed to apply simultaneously the three basic bearing 
loads encountered in diesel-engine-bearing service today. 

This is as it should be, for there is no better way to understand 
thoroughly the cause and effect of the variables which determine 
bearing performance. However, we, in the maintenance branch 
of the Navy, are forced by economic and political factors to ask 
the scientists to give us a “wonder” bearing test machine which 
will evaluate a bearing, taking into consideration these three 
variables, as well as all the other variables that have not been 
mentioned. 

The old method of taking diesel engine X, equipped with a set 
of Y bearings, and running the engine for 10,000 hr, is a good 
qualification test, except that the results only indicate that Y 
bearings are satisfactory for use in X engines. The time con- 
sumed and the cost for this type of test to develop a list of bearing 
suppliers for the many engines in naval service, is obviously not 
practical, so to be sure that replacement bearings for a given en- 
gine are absolutely satisfactory, our supply activities are directed 
back to the original engine manufacturer for spare bearings. This 
costs the Navy and the taxpayer extra money to get what we 
consider the best spare bearings obtainable for the support of our 
fleet. One main propulsion-engine failure can cause possible loss 
of life, or serious damage to the engine, which is reason enough for 
paying a premium price to get the best bearings. 

Our spare parts-procuring agencies, and also the potential sup- 
pliers of internal-combustion-engine bearings, have been telling 
us that real money may be saved by authorizing procurement 
based on competitive bidding. We are aware that this is so, but 
we do not have a bearing test method or machine which can 
quickly evaluate bearing quality in a relatively short time. 

Therefore, since this paper describes a practical diesel-engine- 
bearing test machine and a bearing rating system, the possibility 
comes to mind that this machine and rating method may be used 


for a standard accelerated bearing-shell qualification tester. This 
test machine and its instrumentation can be used to subject a set 
of sample bearings simultaneously to the many contributing 


causes of bearing failure. Bearing-shell qualities, such as bond 
strength, fatigue resistance, embeddability, lining and backing 
hardness, and so on, can be evaluated and rated rather quickly, as 
compared to a life test in the internal-combustion engine for which 
the bearings are designed. 

The authors are requested to discuss the possibilities of using 
or adopting such a machine and rating system for qualification 
testing of the products of the bearing-shell manufacturing indus- 
try today. It is recognized that there are limitations such as the 
fact that one cannot test a 6-in-diam bearing on a 3'/--in-diam 
shaft. But are these limitations serious or may they be over- 
come? 


TRANSACTIONS OF THE ASME 


A. R. Scuraver.* The bearing test machine described in this 
paper has proved to be an excellent tool for comparing the per- 
formance of various bearing materials. It produces test condi- 
tions that are generally similar to those in an operating diesel 
engine, although somewhat more severe. Bearing-failure con- 
ditions observed are quite like those occurring in engine service. 

The demerit rating system described is a very important factor 
in making the use of this bearing machine practicable. It pro- 
vides a systematic and reasonable means for evaluating service- 
caused defects on a numerical basis. Continuation of test to a 
point that will cause extensive or complete failure of the bearing 
is unnecessary when the demerit rating system is employed. Per- 
sonal judgment is minimized and inspection results obtained to- 
day are comparable with those obtained a year ago. 

Test results obtained in this machine are very much accelerated 
as compared with normal engine operation. During the early 
phases of development, we found that 600 hr of test of bearing 
material A, Fig. 8 of the paper, produced visible bearing condi- 
tions that were quite similar to those observed after 2500 to 3000 
hr of normal service in the basic diesel engine from which the 
bearing machine was developed. This would indicate an ac- 
celeration factor of 4 to 5. However, current test conditions as 
described in the paper, are more severe than those used in the 
early development phase. Therefore, the present test accelera- 
tion factor is undoubtedly higher than the figure just noted. 


Avutuors’ CLOSURE 


The favorable opinion of Mr. Schrader is noted with interest in 
view of his long experience in diesel engine development, and goes 
far toward supplying the information required by Mr. Ambler. 

In reply to Mr. Ambler, the authors feel that the machines do 
provide the rudiments of a qualification test. At present, they 
are serving usefully to provide screening tests of bearing materi- 
als, which is the purpose for which they were originally intended. 
The limitations on use of such tests for qualification purposes 
would be shown by the comparison of results thus far obtained, 
Fig. 8, with service performance in the Fleet. 

However, failures in service are often caused by such factors as 
insufficient oil when starting, contamination of the oil, or bearing 
misalignment. The test machines operate under a standardized 
procedure whereby the bearings are protected from many such 
conditions. One possible method of providing for this situation 
would be to assign appropriate weights to the rating factors for 
wiping, fatigue, wear, etc. These relative weights would be ob- 
tained by comparison with service performance and would reflect 
service operating conditions as well as the peculiarities of particu- 
lar engines, 


*U. 8S. Naval Engineering Experiment Station, Annapolis, Md. 
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25,000-Ls Bearine Test MacuiIne 


Universal Bearing Tester 


By R. J. S. PIGOTT! anv B. R. WALSH,? PITTSBURGH, PA. 


Many bearing testers of one type or another have been 
devised by those who have investigated bearings. Nearly 
all of these, from Thurston’s old pendulum type through 
Kingsbury’s, have been for unidirectional load only, and 
therefore are limited to just one of the three classes of 
load we need to know about. Most of the early machines 
lacked the precision now required for a study of bearing 
conditions. It will be perceived that since the coefficient 
of friction may be less than 0.001, a bearing tester for say 
25,000-lb bearing load must have response to less than 
0.25-lb friction force if accuracy is to be better than +1 per 
cent. Our initial work on bearing test machines was 
directed toward improving precision and sensitivity, but 
unidirectional loading was retained. Later it was recog- 
nized that the unidirectional load-test machine did not 
provide data representing dynamic loads of varying 
direction and magnitude. This led to the development of 
a rotating-load bearing test machine. The steps in this 
development are outlined in the paper. 


Sincie Tare Support—Hypraviic Cytinver Loap UNir 
OST bearing dynamometers prior to 1930 used knife- 
edge-type balancing systems; some used ball bearings. 

1 Consulting Engineer. Fellow ASME. 

? Assistant Director, Product Division, Gulf Research & Develop- 
ment Company. Mem. ASME. 

Contributed by the Lubrication Division of THe American So- 
CIETY OF MeEcHANICAL ENGINEERS and presented at the ASME- 
ASLE Lubrication Conference, Atlantic City, N. J., October 8-10, 
1956. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those of 
the Society. Manuscript received at ASME Headquarters, August 
22, 1956. Paper No. 56—LUB-9. 


We found error in such dynamometers up to +5'/2 per cent 
of the friction load. ’ 
Our first attempt at better precision was the bearing tester 


shown in Fig. 1. This had 25,000-lb bearing-load capacity, 
enough for a 5-in. X 10-in. railway journal. The principal fea- 
tures were tape or fulcrum-plate suspension, hydraulic loading, 
adaptability for cantilever or straddle mount of bearings, and 
either sleeve or rolling bearings could be tested. The loading was 
unidirectional. The advantage of the Emery tape, ligament, or 
fulcrum plate, is that it involves no friction, and no deterioration 
in service. The tapes offer a spring resistance as the cradle is 
moved, but this can be eliminated by measuring load and 
torque at null point (no deflection). 

This machine, a diagrammatic drawing of which is shown in 
Fig. 2, consists of a long I-beam cradle (C), suspended by tapes 
(P) to the frame at one end and to the hydraulic-cylinder piston 
at the other. The whole of the driving gear, motor, reduction 
gears, when necessary, and the support bearings are mounted on 
the cradle so their losses do not influence measurements of bearing 
friction. The test bearing (R) is mounted on the frame (B) and 
load is applied by pulling the journal (J), mounted on the cradle, 
against the bearing. 

This machine was sensitive enough to measure friction co- 
efficients below 0.001 in a consistent plot. Extensive tests on 
railway-car journals in this machine brought out some interesting 
and practical information on the class of fits used therein and the 
influence of the condition of the waste pack and method of pack- 
ing upon oil supply. We were able to observe when waste grab 
occurred. The main support of the shaft next to the test bearing 
was a large self-aligning roller bearing, adopted for low loss, so 
we thought. It was lubricated by a smali oil flow, but as we moved 
up toward 60 mph (560 rpm) the roller bearing was feeding heat 
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Fie. 3 4500-Ls Beartna Test Macuine 


into the car bearing under test. Increasing the oil flow simply Sinote Tare Suprort—Hypraviic Bettows Loap Unit 

made the roller bearing run hotter because the oil above that re- This first tester soon proved too big for much of the work and a 
quired for lubrication was merely paddled around by the rollers second machine, 4500-lb capacity, was built; Fig. 3 shows this de- 
and cage with heat being generated faster than the cooling of the vice. The suspension was again a tape-supported cradle, but 
increase in oil flow. some improvements were introduced. A long, corrugated bel- 
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lows was used instead of a hydraulic cylinder, thus eliminating all 
frietion in the loading system, and a recording calibrated pressure 
gage kept the load record. The torque-balancing weight was 
driven by a motor-operated system, energized by suitable con- 
tacts set to operate at 15-sec are deflection of the cradle either 
way. Speed was recorded with standard electric tachometers 
when required. To prevent bearing seizure, a second set of con- 
tacts was applied so that if torque reached the normal limit for 
the bearing, the deflection of 1 deg of the cradle released the hy- 
draulic load to zero, de-energized a magnetic clutch in the drive 
and then began the cycle over again. This device was sufficiently 
sensitive to allow a large number of incipient seize-ups to occur 
without injury to the bearing. This sensitivity allowed us to com- 
pare the friction properties of “‘new’’ and ‘“‘used’’ oils. 

Some of the interesting results are shown in Fig. 4.* In these 
tests, fresh oil was stripped of dissolved air and runs were made 
alternately in atmospheres of nitrogen and air. When load is 
carried close to seize-up, such properties as oiliness become im- 
portant because the bearing is definitely operating in the imper- 
fect-film region. These curves show that the “‘new’”’ oil had rela- 
tively low oiliness, and that oiliness was increased by oxidation 
products, as evidenced by the large increase in load-carrying ca- 
pacity of the oil during periods of oxidation. The details of this 
study are discussed by Exline, et al. This design machine 
proved so useful it was decided to build a third machine, 9000-lb 
capacity. 

Cross Tare Loap Unrr 

A 40,000-lb machine, of similar design, shown in Fig. 5, was 
built for the National Advisory Committee for Aeronautics 
(NACA). This machine incorporated cross tape cradle support 
for increased sensitivity. 

All of these machines, while highly precise and useful, are able 

3“‘A Study of Oil Oxidation as Related to Lubrication,” by P. G. 


Exline, W. E. Kramer, and J. R. Bowman, Journal of the Institute of 
Petroleum, vol. 29, November, 1943, pp. 295-307. 


to handle only an unidirectional load. These machines supply no 
information on reversing loads such as occur on wristpins of re- 
ciprocating engines, and on rotating loads such as occur on the 
crankshaft bearings in all internal-combustion engines. 


RoratinG-Loap BEARING Test MACHINE 


The only rotating-load machines in operation that had come to 
our attention were bob-weight machines, in which the load on the 
bearing is altered by the size of the bob weight and speed. They 
can yield only a uniform rotating, centrifugal load and therefore 
do not too well represent the conditions of crankpin loading, which 
is never uniform around the pin. We have never had conclusive 
facts that show why a crankpin bearing with rotating load will 
carry more load than the same bearing with an unidirectional load. 

A German machine was proposed to the Navy, using mechani- 
cal means, including toggle linkages and rotating weights for 
producing reversing and rotary loads, but it was complex and 
bulky. It occurred to us that variable loads could be produced 
readily by approximately sine-wave hydraulic pulses, so our 
fourth design was laid out in an effort to build a universal bearing 
and lubricant tester. Fig. 6 shows this machine in its present 
state of development which can accommodate bearings up to 4'/:- 
in. diam. 

The features attained are as follows: 


No cradle suspension. 

Load and friction measured directly at bearing. 

The test shaft may be rotated or oscillated. 

Elimination of shaking forces and bob weights. 

Use of one cylinder provides unidirectional load. 

Use of either two opposed cylinders, phased 180 deg, or four 
load cylinders, phased 90 deg, in conjunction with an oscillating 
shaft, provides reversing loads to approximate wristpin loading in 
four-cycle engines. 

7 Use of all four cylinders, phased 90 deg, produces rotary 
load, of any amount for each cylinder, yielding any general shape 
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Fic. 8 Oscittator Piston Cam Drive 


of load from uniform circular to elongated elliptical. This comes 
very close to polar diagrams of connecting-rod crankpin-bearing 
loads. 

8 Bulk is quite small; the 1000-lb main unit occupies 3 ft x 3 
ft, the oscillator unit 2 ft x 2 ft. 

9 Rolling or sleeve bearings can be tested. 


In principle, four hydraulic cylinders, spaced 90 deg, impress 
radial forces against an outer shell around the test bearing as 
shown diagrammatically in Fig. 7. 
loaded hydraulically by oil compressed by a separate oscillator. 
The four oscillators are driven by cams positioned 90 deg out of 


Each of these pistons is 


phase. The cams are circular with an eccentric center. How- 
ever, other cam designs may be used to produce different hy- 
draulic-pulse rates. Dynamic pressure waves generated by these 
oscillators produce corresponding forces in the load cells, result- 
ing in a rotating load on the bearing. A pump provides make-up 
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oil and serves to maintain a base pressure in the entire hydraulic 
system. 

Fig. 8 shows the construction of an oscillator in detail. The 
load in each cell can be adjusted manually by a bleed valve in- 
stalled in the oil-outlet line. Check valves prevent back pressure 
to the supply pump, and relief valves on each load cell prevent 
accidental overloads. 

The piston area in the load cell shown in Fig. 9 is 44.18 sq in. 
and is designed for 7000 lb maximum. Strain gages are mounted 
on the stems of the tulip-type pistons to measure the loads. Two 
gages are attached and connected in a manner to cancel bending 
effects. This arrangement of load measurement excludes friction 
effects of the piston O-ring seals and effects of hydraulic-pressure 
attenuation in the piping between the oscillators and load cells so 
that the precision and sensitivity inherent in strain gages is ob- 
tained. 

Fig. 10 shows the electronic instrumentation used to amplify 
and record the loads measured by the strain gages, and an 
oscilloscope is incorporated to provide a picture of the polar load 
diagram. The oscilloscope is connected to the amplifiers through 
a filter trap to eliminate the carrier wave of the amplifiers. 

A view of the test-bearing assembly in the machine, with one 
load cell removed, is shown in Fig. 11. The test-bearing as- 
sembly of Fig. 11 is shown diagrammatically in Fig. 12 and consists 
of a load ring, a roller bearing, a test-bearing holder with torque 
arm, the test bearing, and shaft. The load ring is free to move 
in a plane perpendicular to the test shaft but is restrained from 
axial movement. 


INSTRUMENTATION FOR Loap MEASUREMENTS 
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Fie. 11 Test-Beartnc ASSEMBLY IN MACHINE 

A torque arm attached to the bearing holder is used to measure 
friction. The bearing holder with the test bearing is in effect a 
floating assembly between the shaft and the roller bearing. The 
torque imparted to the test bearing by the shaft is measured by 
strain gages attached to the torque arm. The magnitude of the 
torque is measured with an electronic strain indicator. 


Diese. ConnectinG-Rop BEARING Tests 


One condition of operation which has been investigated with 
this tester involves the use of a diesel-engine connecting-rod bear- 
ing. A typical load diagram of such a bearing is shown in Fig. 13. 
In this diagram the resultant load on the bearing must rotate 720 
deg before completing the load cycle. This load diagram is 
simulated in the test machine by a 360-deg elliptical polar load 
diagram. The 720-deg load diagram can be reproduced by using 
two-lobe cams in the load oscillator and operating it at one half 
the shaft speed. The theory of the hydraulic loading is described 
in the Appendix. In practice this load diagram is achieved by 
manual adjustment of the bleed-off valves on the load cells, using 
the load chart in the recorder as a guide for setting the load in each 
cell. 

The test oil-lubricating system is shown schematically in Fig. 
14. The normal flow is indicated by the solid arrows. The system 
consists of a 2-gal main oil reservoir, a pressure pump with bypass 
pressure control, oil-reservoir heaters and control, an auxiliary 
line heater, full-flow filter, and collector sump inside the loading 
capsule. In addition, an auxiliary system consisting of a transfer 
pump and volume-measuring tank is incorporated for flow-rate 
measurements. 

The thermostatically controlled line heater compensates for 
radiant-heat losses in the piping to maintain the desired oil-inlet 
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temperature. The test oil is introduced into a single cireumferen- 
tial oil groove in the test bearing through a passage in the bearing 
holder. Oil from the test bearing and collector sump flows by 
gravity into the main oil reservoir. 

To avoid any restraint on the bearing mount which would affect 
torque readings, a flexible section is incorporated in the oil line to 
the bearing; this section is parallel to the shaft. 

Flow through the auxiliary system is indicated by the dotted 


arrows. For flow-rate measurement, the transfer pump is 


1272 
7 
q 
2400 
4 
‘ 
: 62) = 6 
; 
MAIN RESERVOIR 


AUGUST, 1957 


switched on to fill the volume-measuring tank. When the tank is 
full the transfer pump is switched off and the pressure-pump suc- 
tion line and bypass line are connected to the tank by means of 
two three-way valves. Then the oil level in the tank will drop ac- 
cording to the flow rate through the test bearing. The tank is 
calibrated for 1 gal of flow between lines on the sight glasses and 
measurement of the time of flow will yield the flow rate. 

The test oil-sump temperature is measured with a thermometer. 
A thermocouple is installed in the oil line at the inlet to the bearing 
and another thermocouple is attached in the outlet in the 
bearing holder at the edgeof the lower bearing shell. This permits 
changing bearings without disturbing the thermocouple. These 
temperatures are measured with a potentiometer-type tempera- 
ture indicator. 

The load oscillator and test shaft are driven independently by 
variable-speed motors. The test shaft is direct driven through a 
flexible coupling with the motor mounted on the test machine 
base. 

The use of separate drives permits the load frequency and shaft 
speed to be varied independently. With a load frequency-to-shaft 
speed ratio of 0.5 in the same direction of rotation, the condition 
of theoretical zero load-carrying capacity is achieved. Under this 
condition, boundary lubrication exists, since in theory the ec- 
centricity ratio is then unity and the shaft continually wipes 
the bearing surface which prevents the formation of a hydrody- 
namic wedge.* 

The oscillator and shaft speeds are measured with a stroboscope. 
All pressures are measured by standard Bourdon-type pressure 
gages. The test oil pressure is measured at a point before entering 
the line heater and the test bearing. In the hydraulic system only 
the base pressure, i.e., the output of the make-up pump is meas- 
ured, since the loads are not measured hydraulically. An auto- 
matic pressure switch is installed in the test oil system to stop the 
shaft motor to prevent damage to the test bearing in case of pres- 
sure loss. 

The machine also has been used to evaluate lubricants under a 
condition of operation which prevails in a two-cycle railway 
diesel-engine wristpin bearing. Standard parts are used for this 
test-bearing assembly and it is mounted in the machine in a man- 
ner similar to the connecting-rod-bearing assembly. 

The test shaft represents the wristpin in this case. The oscilla- 
tory motion of a connecting rod relative to the wristpin in an en- 
gine is simulated by reproducing this motion in the test shaft. A 
linkage in the drive connection develops this motion. 

Only three of the four load cells are operative since the re- 
sultant force on the wristpin bearing in a two-cycle diesel engine is 
always in a direction toward the engine crankshaft. In duplicating 
the loads of a wristpin bearing of a four-cycle engine, either two 
opposed load cells, phased 180 deg, or all four load cells, phased 90 
deg are used. All other features of the test machine remain un- 
changed. 


PRELIMINARY RESULTS 


Results of preliminary wear tests on copper-lead connecting-rod 
bearings using oils of equal viscosity are shown in Table 1, An 
elliptically shaped load pattern with 2000 lb maximum was ap- 
plied in these tests. 

In the first set of data, the load frequency-to-shaft speed ratio 
was 1:1. Under the same operating temperature of 130 F less 
wear was obtained for oil A than for oil B after both 109 and 200 
hr of operation. 

The second set of data was obtained under the condition of 
boundary lubrication produced by a load frequency-to-shaft ratio 


‘The Calculated Performance of Dynamically Loaded Sleeve 
Bearings,”’ by J. T. Burwell, Trans. ASME, vol. 69, 1947, pp. A-231- 
245. 
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TABLE | EXAMPLE OF TESTS ON CONNECTING-ROD Cu-PB 


BEARINGS¢ 
(Elliptical load pattern, 2000 Ib on major axis) 
Test bearing 
Oil temp, Weight Loss, 
Hours deg F il A Oil B 
Normal operation: Load frequency 650 cpm; shaft speed 650 rpm 
100 130 29 52 
200 130 58 738 
Boundary lubrication: Load frequency 650 epm; shaft speed 1300 rpm 
25 160 34 55 
25 240 109 


diam, 27/s-in. length. 


of 1:2. Oil A again rated better than B for test oil temperatures 
of 160 and 240 F. Under this condition of operation, 25 hr at 160 
F produces approximately the same amount of wear as 100 hr of 
normal operation at 130 F. 

This machine is proving useful in the evaluation of lubricants 
for service in automotive and railway diesel engines through its 
ability to simulate full-scale loading in test assemblies of both 
wristpin bearings and crankshaft bearings, and to produce data of 
the nature contained in Table 1. Test results obtained to date on 
bearing wear, corrosion, and lubricity of lubricants have corre- 
lated with service records on full-scale engines. 
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Appendix 
Tuerory or Hypravutic LoapINnG 


The forces in the hydraulic load cell are developed by generating 
a pressure wave in the hydraulic fluid. The dynamic pressure 
wave in the hydraulic fluid is generated by a piston in the oscilla- 
tor which compresses the hydraulic fluid from a base pressure to 
specified peak pressure by virtue of the compressibility of the 
hydraulic fluid and the volume change in the hydraulic system of 
a load cell. 

For analysis of this operation let 


Vo = volume of hydraulic fluid in system of one load cell 
= compressibility of hydraulic fluid 


= + \>p)." change in unit volume per unit change in 
T 


pressure at constant temperature 
area of piston in load cell 
area of piston in oscillator 
movement of piston in load cell 
stroke of piston in oscillator 
expansion change in hydraulic volume of parts in one 
load-cell system per unit change in pressure 
pressure change in system of one load cell 
P, = base pressure in load cell 
P, = total pressure in load cell 
F, = total force on load piston 
Pap force change in load piston 


The action of the oscillator causes a volume compression equal 
to (A,)(q). 

The radial clearances in the test bearing and antifriction-bear- 
ing parts allow the load piston to move a displacement f before 
the hydraulic pressure in the load cell can build up to its maximum 
value. The movement f of the load piston causes an increase in 
volume of the hydraulic system and the net volume compression 


* Members of Product Division, Gulf Research & Development 
Company. ° 
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V of the liquid resulting from movement of both oscillator and 
load piston becomes 


V = Aq—Aif 


The expansion of the load cell and fluid passages of the system 
with an increase of the fluid pressure causes an additional increase 
in volume of the hydraulic system which further reduces the net 
volume of compression. The expansion of the load cell and fluid 
passages may be considered to cause an increase in the com- 
pressibility of the hydraulic fluid. Then the apparent compressi- 
bility of the fluid becomes (8 + &). 

The change in fluid pressure AP in the load cell becomes 


Vo(B + k) 


The total pressure P, in the load cell is the sum of the base 
pressure and the increase in pressure or P, = P, + AP. 
The total force F, on a piston of a load cell becomes 


F, = P,A, 


The base pressure P, is maintained on all load cells to provide 
make-up for leakage and to keep the piston stem with load rod 
continuously in contact with the load ring. The force due to the 
base pressure is equal in all load cells and its load on the test bear- 
ing through the load ring is balanced out. Then only the change 
in pressure AP produces the net theoretical force on the test bear- 
ing. This net theoretical force is given by Fap = SPA,. 

The theoretical force on the test bearing through the load ring 
cannot be realized because of friction between the piston and the 
load cell. This piston friction may be determined only by test and 
is variable. However, the manner of making load measurements 
on the output end of the load cell of the test machine eliminates 
the necessity of making calculations of the load pressure with 
corrections for piston friction, expansion of parts and variation of 
fluid compressibility. In other words, the net load may be set to 
any specified value without precalculation of the pressure 
change. 

It will be noticed that neither knife edges nor fulcrum plates are 
involved in this device since the load is applied directly to the bear- 
ing shell, and measured at the bearing. The torque measurement 
is through a needle bearing but, since there is no velocity in- 
volved, viscous drag in the needle bearing does not exist. Since it 
is very lightly loaded relative to its capacity, the torque force 
caused by compression of needles and races is indistinguishable; 
in addition, there is always enough vibration, resulting from load 
or slight unbalance, to keep the bearing completely free. 


Discussion 


M. D. Hersey.’ The machine described by the authors has 
been identified as R-9 in Tables 2 and 3 of another paper’ and 
marks a distinct advance in the history of test machines for 
dynamically loaded bearings. It is comparable in versatility 
with the Cornelius & Barten machine, E-8; for though it lacks 


* Research Consultant, U. 8. Naval Engineering Experiment 
Station, Annapolis, Md. Fellow ASME. Statements and opinions 
are those of the writer and not to be construed as official or reflecting 
the views of the Navy Department. 

7 “Testing Dynamically Loaded Bearings—I. A Short History of 
Bearing Test Machines,”” by M. D. Hersey and R. B. Snapp, 
published in this issue, pp. 1247-1259. 
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edge loading, it has the advantage of hydraulic operation, and is 
capable of testing 4.5-in. as against 2.8-in-diam bearings. 

In referring to a German machine proposed to the Navy, the 
autbors must have in mind the Cornelius & Barten machine since 
they mention the toggle linkage. Another German machine 
proposed for such use was designed by the late Dr. Ernst Lehr 
and operated by the Maschinenfabrik Augsburg-Niirnberg.’ It 
was used for testing bearings up to 7*/, in. diam under a maximum 
load of 220,000 Ib at 2000 rpm. The polar load diagram of the 
Lehr machine is an ellipse with semi-major and semi-minor axes 
of 100 and 33 metric tons, respectively. The choice of an ellip- 
tical load diagram as a practical approximation for testing large 
diesel-engine bearings in Germany supports the authors’ judg- 
ment in selecting this type of loading for everyday use in their 
new machine. 

Another hydraulic design offering novel features is the Exline 
machine, of which one component loading unit has been set up 
for investigation.* This design was selected by the Navy in 1949 
in preference to either of the two German machines. 

With respect to the measurement of friction torque on the 
stationary bearing member, it may be asked if this gives a 
steady average or a fluctuating instantaneous value; and whether 
it can be used directly or indirectly in determining the power 
lost in friction, since the frictional forces on the journal may be 
considerably different from those on the bearing, when the jour- 
nal is not concentric. It would aid in understanding the bearing 
assembly if an enlarged view of Fig. 11 or a line drawing like 
Fig. 12 of the paper cou!d be included in the final publication. 

The Subcommittee on Dynamically Loaded Bearings hopes 
that the new machine need not be confined to the comparative 
testing ot lubricants, but that it can be made available for further 
instrumentation and for general research on hydrodynamic 
lubrication. 


Avutuors’ CLOSURE 


The German machine referred to in the paper was the Corne- 
lius & Barten machine. Knowledge of the other German ma- 
chine by Dr. Lehr was unknown to us. We were acquainted with 
the features of the Exline machine some two and one-half years 
after we had built our test machine. 

With respect to the measurement of friction torque in our test 
machine, the torque pick-up transducer will give an instantaneous 
value which may be indicated by the use of an oscilloscope; how- 
ever, we prefer to use a meter for indication which gives an aver- 
age value that may or may not have a small fluctuation, depend- 
ing upon the shape of the load diagram. The friction torque on 
the stationary bearing must be used indirectly in order to deter- 
mine power lost in friction on the journal; the friction moment 
on the stationary bearing will be smaller than the friction moment 
on the rotating journal. 

Referring to the questions on Figs. 11 and 12, we have re- 
phrased the original text to clarify this matter. Fig. 12 is a line 
diagram of Fig. 11. 

While the present program calls for use of the test machine in 
the evaluation of lubricants, we intend to add instrumentation 
for measurement of film thickness with respect to time and load. 
In the normal course of testing lubricants there will be opportu- 
nity for study on hydrodynamic lubrication. 


5 Loc. cit., mentioned in reference (3) of the Appendix thereof. 
* Reference (5) of the Appendix cited. 


Cavitation Characteristics of Gate Valves 
and Globe Valves Used as Flow Regulators 
Under Heads Up to About 125 Feet 


By J. W. BALL," DENVER, COLO. 


The series of tests discussed in this paper was made for 
the purpose of determining whether or not gate valves or 
globe valves could be used satisfactorily for regulating re- 
leases from irrigation-distribution systems under heads 
up to about 125 ft. Both types of valves proved unsuitable 
for making free-flow releases because of the wide dispersion 
of the jets under throttled conditions. Confinement of 
the jets to pipelines downstream induced cavitation in and 
downstream of the valves and a study was made of the 
pressures in the pipelines upstream and downstream of 
6, 8, 10, and 12-in. gate valves, and a 6-in. globe valve to 
evolve a means of eliminating or minimizing the cavita- 
tion. A pressure relationship or “cavitation index” was 
found to be a useful means of determining the limits of 
differential head and back pressure to either control the 
location of, minimize, or eliminate cavitation damage. 
The design of the water passage immediately downstream 
from the valves and the pressure within this passage were 
the two main factors influencing the cavitation character- 
istics of an installation. One of the most effective means 
of eliminating cavitation damage below gate valves was 
the placing of sudden enlargements in the pipe sections 
immediately downstream. No damage could be detected 
in the concrete lining of the sudden enlargement under 
heads up to 150 ft with back pressures of approximately 15 
ft, although noise similar to that which accompanies 
cavitation was present at heads in excess of about 90 
ft. 

A limited number of tests were made to study the resist - 
ance of rubber-like products to cavitation-erosion and 
their use in protecting the downstream pipe wall against 
this erosion. The conclusion was reached that such pro- 
tection should not be used except in cases where cavita- 
tion will be mild. 

Some consideration was given to venting the area in the 
top of the pipe just downstream of the valve, but this was 
considered objectionable because of the influence of en- 
trained air on flow conditions and measuring devices, par- 
ticularly propeller meters, placed downstream. More- 
over, it was doubtful that air admitted to this region would 
reach all critical zones of local cavitation. 

The information obtained from the valve investigation 
is very useful as design criteria for irrigation-distribu- 
tion systems where valves are used for regulating the re- 
leases. 


1 Head, Hydraulic Structures and Equipment Section, Engineering 
Laboratories, Bureau of Reclamation. 

Contributed by the Hydraulic Division and presented at the 
Fall Meeting, Denver, Colo., September 10-12, 1956, of Tue Amert- 
cAN Sociery OF MECHANICAL ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those of 
the Society. Manuscript received at ASME Headquarters, May 23, 
1956. Paper No. 56—F-10. 
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\ LAND and water resources of the Western United 


States become more fully utilized, closed-conduit dis- 

tribution systems are used more extensively to conserve 
the water which would be lost by seepage and evaporation from 
open-earthen-ditch systems. Usually these closed systems have 
been designed to operate at pressures not to exceed about 50 ft 
of water, but in recent years they have been planned for more 
than double this pressure. The use of higher pressures posed 
several problems, that in particular being concerned with cavita- 
tion. 

Two general types of valves were considered, the irrigation 
and waterworks gate valves and the globe valve. The wide dis- 
persion of the jets below these valves indicated that confinement 
of the jets would be necessary, Figs. 1 and 2. The necessity of 
confining the jets below the valves introduced problems involv- 
ing cavitation and vibration. When valves are operated at par- 
tial openings, low-pressure zones form in the fluid in and down- 
stream of the valves and at the edges of gate-valve recesses. 
Under certain differential heads these pressures reach the vapor 
pressure of water and cavitation with vibration is induced. 
The pressure conditions are influenced by the back pressure on the 
valve and the conditions of flow surrounding the jet, the latter 
being influenced by the shape of the flow passages immediately 
downstream of the valves. A cavitation number or index con- 
taining the upstream and downstream pressures and the dif- 
ferential head was used to analyze the cavitation characteristics 
and evolve criteria for the design of regulating valves installed in 
distribution systems. 

High heads and long pipelines made it important that the flow 
through the regulating valves not be shut off suddenly; also, 
that the cavitation tendencies be reduced to a minimum. A 
special valve was designed to meet these conditions. 


Test ProcepuRE 


The valves were placed in settings with several diameters 
length of pipe upstream attached to the laboratory supply system 
and several diameters length of pipe downstream. The down- 
stream pipe contained another valve for regulating the back 
pressure on the test valve and a 45-deg downpipe to return the 
flow to the laboratory supply system, Fig. 3. This downstream 
section was removed for free-discharge tests. 

Piezometers were placed at points upstream and downstream 
of the test valves for investigating pressure distribution, deter- 
mining the head, and indicating the head losses. Water measured 
by venturi meters was supplied to the test valves by two 12-in. 
centrifugal pumps in series. Test data for all valves were 
recorded for various valve openings and discharges. Test 
valves were obtained on loan from several manufacturers. Only 
two valves were installed in concrete pipe to represent actual 
field installations. 

Pressures in the conduit upstream, downstream, and in some of 
the valves were obtained for various discharges and openings. 
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Fie.1 Jer From Hus-Enp Gate VAtve 17!/; Per Cent Open With 
6.1 Crs Free Discuarce Unper 125-Fr Heap 


Cavitation-index values were computed from these data. Sec- 
tions of concrete-lined pipe were placed at various distances down- 
stream of a standard 6-in. gate valve to determine the location of 
cavitation-erosion for various back-pressure conditions. A 
section of 12-in. concrete pipe was placed below a 12-in. hub-end 
gate valve for one cavitation test. An 8-in. valve with a 14-in. 
tee section placed immediately downstream was tested to evalu- 
ate the influence of a sudden enlargement on cavitation. Pro- 
tective lining materials for pipe sections immediately down- 
stream of the valves were tested in special venturi and magneto- 
striction-oscillator cavitation equipment. 


CAVITATION CHARACTERISTICS OF GATE VALVES 


When a gate valve in a conduit is partially open and a high- 
velocity jet of water passes through the opening, a low-pressure 
zone is formed in the fluid downstream from the leaf. Low-pres- 
sure zones also form downstream from irregularities in the flow 
boundary such as the downstream edge of the leaf recess noted by 
the area marked X in Fig. 3. The pressures in these zones are 
influenced by the differential head across the valve and the 
downstream pressure; thus it was considered possible to deter- 
mine the permissible head differential for a given back pressure, 
or the back pressure required to prevent cavitation in these 
low-pressure zones (keep the pressure in the zones above the vapor 
pressure of the water). This could best be accomplished by 
using some form of cavitation number or index. Several piots of 
pressure data were made before an appropriate index was dis- 
covered. 

The relationship used was 


where 


K = dimensionless number—cavitation index 

H; = pressure head in pipe 12 pipe diameters below valve 

H, = vapor pressure relative to atmospheric pressure (nega- 
tive) 


stream of the valve 


H, = total head (pressure plus velocity) 2 pipe diameters up- 
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Fie. 3) Vatve Test ARRANGEMENT 


The cavitation index in this case is similar to that normally 
used to define flow conditions where cavitation is concerned. 
The numerator is identical with that normally used, assuming the 
terms apply to conditions in the cavitation zone, and the de- 
nominator is the pressure drop, or head, creating velocity in 
the cavitation zone, assuming no loss has occurred ahead of the 
cavitation zone. 

Plots of K against discharge coefficients C for different gate 
openings revealed that the coefficient was constant when there 
was no cavitation in the system and that it decreased as cavita- 
tion developed by an increase in differential head. These plots 
offered a means of indicating the conditions for incipient cavita- 
tion or for determining the critical cavitation index (K,;). The 
coefficient used in this case was that given in the expression 


Q = CAy/(2gH) 


where 


Q = flow quantity, cfs 

A = nominal area of pipe, sq ft 

g = acceleration of gravity 

H = differential head on valve in feet measured between 
stations 2 pipe diameters upstream and 12 pipe diam- 
eters downstream of valve 

C = coefficient of discharge 


The first attempts to establish critical values of K based on 
audible cavitation were made from plots of the data for given 
openings by taking those values of K at the intersection of two 
lines on the plots, as shown in Fig. 4. One line (a) represented 
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was considered as one means of permitting 


j the use of gate valves as flow regulators 


not pr 
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; with low back pressures. The alteration of 
“f f the flow passage to form a sudden enlarge- 
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coeff. of disch. when cavitati 
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6" Sid. waterworks volve, 5% open 

6" Std. waterworks valve, 20% open 

6" Std. waterworks valve, 30% open 

8" Belimouth voive, 30% open 

8" Bellmouth valve, 40% open 

10" Std. waterworks valve, 20% open 

10" Std. waterworks valve, 30% open 

10" irrigation-type valve, 10% open 

10" irrigation-type valve, 20% open 

10" irrigation-type valve, 25% open 

10" Irrigation-type valve, 40% open 
8"Std. waterworks valve with T, 15% open 
8" Std. waterworks valve with T, 20% open 
8" Std. waterworks valve with 25% open 


Solid = audible 


ment immediately downstream of the 
valve seemed to offer another possible 
solution. Some idea as to the nature, loca- 
tion, and extent of damage caused by cavi- 
tation was needed to evaluate these possi- 
bilities. Tests were performed for this pur- 
pose by using rubber-lined and concrete- 
lined pipe sections below the valves and 
special specimens of rubber material vulca- 
nized to metal shapes in special cavitation- 
testing facilities. 

A section of 12-in. pipe with a neoprene 
ra lining vulcanized in it was placed down- 


Ca 


40 


3.0 
Ke He-~ Hy 
*Hr-He 
= Pressure head dia. downstream 
H, = Vopor pressure relotive to atmospheric pressure 
Hy = Total heod 2 dia. upstream 
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the average discharge coefficient for the valve opening without 
cavitation, and the other, a sloping line (b), represented the 
average for the points where cavitation was definitely audible. 
The initial analysis gave a maximum value of K; of about unity 
which appeared to be about the same for all valve openings. 
However, further analysis, using additional data, showed a de- 
crease in efficiency at values of K higher than those for which 
audible cavitation was noted. In some cases this critical value of 
K seemed to be near 2.0. The coefficient for any condition 
divided by the coefficient where there is no cavitation was used 
to generalize the data for all valves and openings, Fig. 4. 

The cavitation-index equation was investigated assuming gen- 
eral cavitation to occur in the pipe immediately downstream of the 
valve leaf, and a loss from the gate to the recovery pressure 
downstream equal to the Borda loss expressed by H, = (Vg — 
V,)*/2g, where Vg = velocity under gate and V, = velocity in 
pipe downstream. This was done to determine whether or not the 
cavitation influencing the efficiency of the system was of a genera! 
nature and downstream of the leaf. An evaluation of the critical 
cavitation-index values for various gate openings showed an in- 
crease with increase in opening until the valve was about 65 per cent 
open, then a decrease with larger opening, Fig.5. From this curve 
it appears that the critical value of the cavitation index should 
reach a maximum at about 65 per cent valve opening. While 
the K,-value is about 1.0 for this case, a value somewhat different 
might be expected, depending upon where the downstream pres- 
sure is measured and whether or not the data are referred to a 
common base. Local regions of cavitation also might be an in- 
fluencing factor. This seems to be the case for gate valves be- 
cause the value of K; at all conditions tested is much greater than 
* indicated by the curve for general cavitation, Fig. 5. 

A comparison of the curve for general cavitation conditions, 
with points based on the data of Fig. 4, indicates the presence of 
local regions of cavitation. 

The graphs for the tests made thus far had disclosed that cavi- 
tation was present to some degree at all values of K below ap- 
proximately 2.0, that cavitation was present in mild form for 
values of K greater than about 1.0, and that the intensity and 
severity of cavitation increased with decreasing values of K 
below 1.0. These results seemed to offer a source of design criteria 
so studies were made to further define the limitations. 

Protection of the flow-passage surfaces attacked by cavitation 


“39 - stream from a 12-in. irrigation-type gate 


valve. The intensity of the cavitation 

obtained in this arrangement was not 

sufficient to provide any visual evidence 

of damage after many hours of operation, 

so some means of accelerating the tests 

was sought. Metal blocks with specimens 
of '/i, '/s, and #/,¢-in. lining vulcanized to them were tested in a 
specia! venturi-type cavitation test apparatus. The time in- 
volved to give visual evidence of cavitation, as shown in Fig. 6, 
was so great that other specimens were prepared for testing in a 
magnetostriction oscillator. Lining thicknesses of '/ and #/1, 
in. were represented by these specimens. Damage similar to 
that for metal but at a very slow rate was obtained for the */;.- 
in-thick specimen. A tear or rupture at the center of the */,¢-in. 
specimen occurred after a very short period of testing, Fig. 7. 
The tests indicated that the value of rubber lining would be 
questionable for any but mild cavitation. 

Whether or not a rubber-lined section should be used even for 
the mild cases would depend on where cavitation occurred under 
the various operating conditions. Since concrete has relatively 
little resistance to cavitation-erosion, short sections of concrete 
pipe were placed at different locations below the valves to in- 
vestigate where cavitation would occur. A section of concrete 
pipe was first placed below a 12-in. valve, but only slight damage 
occurred adjacent to the valve because of inadequate laboratory 
facilities for testing this size valve at high heads. An arrange- 
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(b) Surface not subjected to cavitation (c) Surface subjected to cavitation for 100 hr 


Fie. 6 Cavitation-Erosion or RuBBeR SurFaces iN VeNTURI-TyPEe CaviTaTION EqQuiPpMENT 


(a) 5/s-in-diam steel specimen (6) °/s-in-diam steel specimen 
before test after 10 hr testing 


3/1s-in-thick rubber speci- 


(d) */,-in-thick rubber speci- 3/\-in-thick rubber speci- (/) 
men before test men after 5 hr testing 


(c) */y-in-thick rubber speci- 
men before test men after 34 hr testing 


Fie..7 Caviration Erosion oF SuRFACES IN MAGNETOSTRICTION OSCILLATOR 
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(a) Test specimen for venturi cavitation equipment, '/is-in. rubber vulcanized to steel 
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H-1004-9F 
(a) Damage to 2-ft-long concrete pipe sec- 
tion attached to 6-in. waterworks standard 
gate valve operated for 7'/: hr with upstream 
head of 127.2 ft, downstream head of 13.6 
ft and cavitation index of 0.36 


(b) Damage to 2-ft-long concrete pipe sec- 
tion placed 8'/; ft downstream from 6-in. 
waterworks standard gate valve, operated 
for 7 hr with upstream head of 168.5 ft, 
downstream head of —-23.8 ft and cavitation 

index of 0.20 


Fig. 8 Caviration Damace 1n Concrete Betow Gate Vatves OPERATED AT 
PARTIAL OPENING 


ment using a 6-in. standard waterworks valve and a 2-ft-long 
section of 8-in. pipe, lined with 1 in. of concrete, was then used. 
The tests showed that cavitation with the valve partially open 
first began at the downstream edge of the leaf recess and that the 
cavitation envelope extended farther and farther downstream 
as the back pressure on the valve decreased or the head increased. 
With the 2-ft-long, concrete-lined section of pipe placed dif- 
ferent distances downstream, it was possible to determine where 
damage would occur under various conditions. The location of 
the damage varied with the back pressure and thus the cavitation 
index. It was possible to get cavitation damage as much as 20 
pipe diameters distance downstream of the valve by decreasing 
the back pressure, Fig. 8. A plot of distance of damage below the 
valve against cavitation index showed that the damage would be 
confined to the downstream end of the valve when the index ex- 
ceeded 0.4, and that the damage occurred farther and farther 
downstream as the downstream pressure was reduced and the 
cavitation index was decreased below this value, Fig. 9. Most 
of the tests on this valve were at about 20 per cent opening and 
130 ft of upstream head. For the openings tested there seemed 
to be a circulation of water on top of the jet and immediately 
downstream of the gate leaf. This appeared to prevent the occur- 
rence of general cavitation conditions in this region. Cavitation 
pressures no doubt occur in this region as the gate leaf nears the 
wide-open position. Inadequate pump capacity for the large 
openings prevented determining if, and under what conditions, 
the cavitation pressures would occur in this region. In most 
cases in irrigation-distribution systems the valves would not be 
operated at the larger openings except under reduced head 
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where cavitation is not likely to occur; thus, this factor was not 
important in this particular study. 

A change in shape of the flow passage immediately downstream 
of a valve will alter the flow conditions and thus the cavitation 
characteristics. The placing of a cone downstream may increase 
the cavitation tendencies while a sudden enlargement will de- 
crease the tendency. A sand-cement-mortar-lined, 14-in. tee 
section placed immediately below an 8-in. standard gate valve 
showed no damage after 9 hr operation under heads of 150 and 
118 ft with the valve 6'/, and 12'/, per cent open. A cavitation 
index curve (A) for this arrangement is shown in Fig. 4. 

An examination of the data taken from the various gate valves 
indicated that the test results could be used as design criteria for 
turnouts controlled by valves. For values of K above 2.0 there 
was no evidence that cavitation was present. For values of K 
above 1.0 and below 2.0 the cavitation was of very mild nature. 
For values of K below 1.0 the intensity of cavitation increased 
as the value of K decreased. For values of K above about 0.4 
the damage caused by cavitation was confined at the downstream 
end of the valve. For values of K below 0.4 the damage oc- 
curred farther downstream as the value of K decreased. From a 
computed value of K for a particular installation and the fore- 
going information, it was possible to ascertain whether or not 
cavitation would be of particular concern and to decide what steps 
should be taken to alleviate the conditions. A design chart which 
indicates the seriousness of the cavitation conditions and the 
treatment to be applied was prepared by the designers. The 
chart based on a vapor pressure of 31 ft of water below atmos- 
pherice provides a rapid convenient means for examining an in- 
stallation for cavitation tendencies and corrective treatment. It 
is believed that the proposed corrective treatments are the most 
practical at the present time. A plot of the chart data was 
prepared for this paper (Fig. 10). 

Actually, the placing of a suddenly enlarged section immedi- 
ately below the valves in all cases would assure a minimum of 
cavitation damage. It appears that this treatment would be 
satisfactory for heads up to 150 ft when the valve openings are 
kept below about 50 per cent. A gate valve developed by the 
Bureau includes features for minimizing cavitation tendencies 
and for preventing excessive water hammer by rapid closure. 
The shaping of the valve body immediately downstream of the 
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seat to make a sudden enlargement, as shown in Fig. 11, reduces 
the cavitation tendency. The inverted V-notch at the bottom of 
the gate leaf insures against rapid shutoff as the gate nears the 
closed position, thus preventing excessive water hammer. The 
valve has not been tested for cavitation tendencies, but it should 
prove even better than a standard gate valve when used with a 
sudden enlargement to release flows under high heads. How- 
ever, considerable testing is still required to establish ultimate 
limits of this type of design, both in head and relative size of 
valve and expanded section. 


CAVITATION CHARACTERISTICS OF GLOBE VALVES 


The initial tests on globe valves were made on a valve having 
screw joints. The tests were made at about two thirds opening 
with the flow tending to close the disk and then tending to open it. 
The sharp edges of the pipe within the valve were conducive to 
cavitation and some damage was noted in the pipe a short distance 
downstream of the edge of the downstream joint after 64 hr of 
operation under a differential head of 126 ft, with the flow tending 
to close the disk. Considerable pitting of the downstream sur- 
face of the separating diaphragm was noted after the valve was 
operated for 129 hr under the same head conditions, with the 
flow tending to open the disk (Fig. 12). 


Solid symbol= cavitation audible 
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It was believed that the objectionable features of the screw 
joints would be eliminated by using valves with flanged joints. 
Tests on a 6-in. globe valve with flanged joints gave clear evi- 
dence of cavitation in similar locations after the valve had been 
operated for 48 hr at a differential head of about 118 ft, with the 
flow tending to close the disk. 

The critical cavitation index for globe valves seems somewhat 
smaller than for gate valves. In fact cavitation was not audible 
at any value of K greater than 0.9 and the index curves for flow 
tending to open or close the valve disk show the critical value to 
be about 1.0 (Figs. 13 and 14). This was the case when the flow 
was tending to close the disk even though the efficiency of the 
valve was decreased by cavitation when the opening was small 
and increased by cavitation when the opening was large, Fig. 14. 

Since cavitation is mainly confined within a globe valve, it is 
important that any installation using one, provide sufficient back 
pressure in the pipe 12 diameters downstream to keep the cavita- 
tion index K above 1.0. Damage was confined to the valve (did 
not move downstream) for index values as low as 0.23, Fig. 9. 
Globe valves cannot be operated at high differential heads and 
low back pressures without cavitation being present. 


Schuster and D. J. Hebert for their part in the analytical work 
and to L. V. Wilson and P. E. Bailey for their part in the labora- 
tory testing. 


Discussion 


D. W. Apret.? Cavitation erosion, noise, and vibration are 
problems encountered all too frequently and often unexpectedly 
in valves used to regulate flow in moderate to high-head installa- 
tions. Thus, the information presented in this paper will, in the 
writer’s opinion, have more widespread applications than are 
suggested by the author. However, for the results to be most 
useful, and for the limitations of the design recommendations to 
be clearly understood, the interpretation of what takes place at 
cavitating valves should be clarified. In the discussion that fol- 
lows, the results of extensive investigations of cavitation con- 


2 Associate Professor of Applied Mechanics, University of Kansas, 
Lawrence, Kans.; formerly Research Engineer, Iowa Institute of Hy- 
draulic Research, University of Iowa, lowa City, Iowa. 
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ducted by the Iowa Institute of Hydraulic Research® will be 
used to explain certain aspects of the occurrence of cavitation at 
gate valves. 

A clear distinction should be drawn between what we might 
refer to as boundary cavitation which occurs in low-pressure zones 
arising as a result of the curvature or irregularities of solid 
boundaries, and vortex cavitation which occurs in the individual 
vortices of highly turbulent flow such as is generated in the shear 
zone surrounding submerged jets and which is essentially inde- 
pendent of the boundary configuration. For flow through gate 
valves, boundary cavitation can be expected at the gate recess, at 
the lip of the gate unless it is well streamlined, at the joint be- 
tween the valve and the downstream pipe, as well as at any other 
irregularity of the wall exposed to the high-velocity flow. In 
addition to this, vortex cavitation also can be expected where the 
fast-moving flow from beneath the gate meets the relatively slowly 
moving eddy behind the gate. If the downstream pipe is enlarged, 
separation of the flow takes place on all sides of the gate opening 
and a jet is formed with turbulent diffusion taking place on all 
sides. Within each vortex in the diffusion zone the pressure is 
lower than in the surrounding flow. Hence, vortex cavitation 
can occur long before the ambient pressure surrounding the jet 
reaches the vapor pressure of the fluid. More will be said later 
about the relative likelihood of boundary and vortex cavitation. 

Another factor that should be taken into consideration in any 
experimental study of cavitation is the air content of the fluid 
used for the test. Water taken from the usual laboratory sump is 
well aerated. Not only is it saturated with dissolved gases 
amounting to more than 1'/: per cent by volume at a pressure of 1 
atm, but it also contains a quantity of minute air bubbles adhering 
to particles of dirt which are so small as not to be seen under or- 
dinary visual inspection. When such water passes through a gate 
valve into a region where the pressure is well below atmospheric— 


approaching the vapor pressure of water, in fact—the small bub- 
bles expand, augmented by air coming out of solution, until they 
occupy an appreciable volume within the flow. These bubbles 
then either accumulate in zones of separation or move down- 
stream with the flow into regions of higher pressure where re- 


compression takes place. However, there is not the sharp col- 
lapse and characteristic crackling noise that accompanies the dis- 
appearance of vapor cavities. This ‘“bubbling”’ or gaseous cavita- 
tion produces effects on performance not unlike that of vaporous 
cavitation, but at substantially higher pressures. Even when the 
vapor pressure is reached at some point in the flow, the cavitation 
that results when air is present is markedly different from that 
occurring with deaerated water. 

Since the water used for irrigation is probably well aerated, it 
was appropriate to have the laboratory tests of gate valves made 
under the same condition, but the results should then not be ex- 
pected to agree with a theoretical curve based on the minimum 
pressure in the flow reaching the vapor pressure before cavitation 
takes place. The observed values of the critical cavitation index 
presented in Fig. 5 of the paper are, as they should be, well above 
the curve based on Borda loss. Thus, the writer believes that the 
difference between the experimental values and the theoretical 
curve should not be used as the basis for the conclusion that there 
was “‘local” rather than “general” cavitation downstream from 
the valve. More specifically, the question is whether the cavita- 
tion is occurring at some boundary irregularity or in the region of 
turbulent diffusion. A conclusive answer to this can only be ob- 
tained from additional investigation. 

3 Diffusion of Submerged Jets,”’ by M. L. Albertson, Y. B. Dai, 
R. A. Jensen, and Hunter Rouse, Trans. ASCE, vol. 115, 1950, pp. 
639-664. 

*“Cavitation in the Mixing Zone of Submerged Jets” (in English 
and French), by Hunter Rouse, La Houille Blanche, vol. 8, January- 
February, 1953, pp. 9-19. 
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To get an idea of the likelihood of vortex cavitation occurring, 
reference is made to one of the Lowa studies in which Peter White- 
house’ found that the value of the incipient cavitation index for a 
submerged jet of deaerated water was 0.56 based on the mean 
pressure and velocity in the jet. Converting this to agree with 
the cavitation parameter chosen by the author, a value of 1.5 is 
obtained for the critical cavitation index for a gate valve with 
small opening and deaerated water. For fully aerated water the 
value would be even higher. Comparing this with the top curve 
in Fig. 5, it seems that vortex cavitation is indeed quite likely to 
occur. One way to be sure would be to observe the cavitation 
directly through a transparent section of pipe downstream from 
the valve. 

In the valve designed especially for installations in which cavi- 
tation erosion might be serious, the passages are well arranged to 
eliminate the possibility of boundary cavitation. The pipe down- 
stream is enlarged and thus not exposed to the high-velocity flow 
coming from beneath the gate. Erosion is thereby apparently 
eliminated, but not necessarily the cavitation. Noise described 
as “similar to that which accompanies cavitation’ was reported 
to have been heard and the writer believes this indeed was coming 
from vortex cavitation. A distinction therefore should be drawn 
between reduction of cavitation and the alleviation of cavita- 
tion damage. With an enlarged pipe downstream from a gate 
valve, damage to the concrete lining did not occur, presumably 
because the vortex cavitation was centrally located with a cushion 
of water between it and the wall. As noted by the author, further 
study will be necessary to determine how large the downstream 
pipe must be to effect adequate protection of the wall. 

It is pertinent to observe at this point that the present practice 
of measuring boundary pressures to determine whether or not 
cavitation is likely to occur actually applies only to bound- 
ary cavitation. If the boundary configuration leads to separation 
of the flow, vortex cavitation can take place even when the bound- 
ary pressures are above critical. Objectionable noise and vibra- 
tion may result, and if the downstream section is not sufficiently 
enlarged erosion also may take place. Until further basic research 
is conducted on this phase of the problem, designers will have to 
investigate each particular application to determine whether these 
factors will be critical. 


M. M. Cuayton.* The paper supplies valuable data which 
show the limitations of low-cost valves for the application in 
question. By adding the enlarged T-chamber and modifying 
the gate leaf and water passage, the author demonstrates that 
some improvement in operating characteristics and life expec- 
tancy can be effected. This is definitely a step in the proper 
direction, but does not give a full and complete solution to the 
problem. To this writer the paper points out the need for the de- 
velopment of a valve that will produce noncavitsting flows at all 
openings, yet can be manufactured at costs only slightly higher 


‘than conventional valves. This is a challenging problem, yet one 


that definitely should be investigated. 


W. J. Ruemeans.’? The author has presented an excellent 
analysis of cavitation phenomena as found in gate valves and 
globe valves. His chart, Fig. 10, showing the region of incipient 
cavitation together with the various cavitation zones and their 
characteristics, based upon actual tests, is a valuable contribution 
to the art of valve design. 


5“An Investigation Into the Point of Incipient Cavitation of Sub- 
merged Jets,’’ by J. P. Whitehouse, MS thesis, State University of 
Iowa, February, 1952. 

* Construction Engineer, Corps of Engineers, Department of the 
Army, Portland, Ore. Mem, ASME. 

7 Manager, Hydraulic Department, Allis-Chalmers Manufacturing 
Company, Milwaukee, Wis. Mem. ASME. 
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In this connection the writer was reminded of some similar re- 
search work with a gate valve in 1937. This was at the time when 
the pressure regulatcrs for the first units at Hoover Dam were 
giving trouble with cavitation noises and vibration. In order to 
study the characteristics of cavitation at the downstream side of 
valves, a test arrangement was set up, similar to the one shown by 
the author in Fig. 3. Although the primary object was to study 
the cavitation characteristics downstream from a needle valve 
(similar to the pressure regulators on the first two Hoover units) 
a gate valve was used for the original tests. Time was an im- 
portant factor, and it was felt that a gate valve which was im- 
mediately available and was known to produce cavitation noises 
and vibration at part openings, might produce a clue as to what 
was happening at the downstream end of all types of valves. 

In addition to upstream and downstream piezometer connec- 
tions the writer provided for and made pitot-tube traverses at 
various distances downstream from the valve. Surprisingly it was 
found that the mere insertion of a pitot tube near the downstream 
side of the valve produced a marked reduction in the cavitation 
noise and vibration. The next step was to introduce free air at 
this point which further decreased the cavitation noises and 
vibrations. These experiments finally led to the design of a system 
of obstructions and free-air arrangements on the downstream side 
of pressure regulator valves which were extremely successful in the 
field in eliminating cavitation noises and vibration at all openings. 

It might be advisable to give further thought to introducing 
similar obstructions to the downstream side of gate valves to 
eliminate cavitation and vibration. It is quite possible that such 
obstructions would be more economical to apply than the sudden 
enlargement and special design of valve body recommended by 
the author. 


AvuTHOR’s CLOSURE 


The three discussions of the paper have certainly increased its 


value. Professor Appel suggests that two types of cavitation 
are present when valves are throttled under high heads, ‘‘bound- 
ary”’ cavitation and “‘vortex’’ cavitation. He has given a clear 
description of vortex cavitation which surely exists. However, 
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its presence does not disprove the conclusion from the data on 
Fig. 5 that “local” rather than “general” cavitation was present. 
General cavitation in the paper refers to what might be termed 
large-scale boundary cavitation in the top of the pipe immediately 
downstream from the valve, and this type of cavitation was not 
present. Actually, the fact that the values of critical cavitation 
index are above the theoretical curve may well be the result of a 
combination of factors; aerated water, local cavitation down- 
stream of the gate recess (pressure measurements taken during the 
tests indicate its presence), and vortex cavitation. 

The use of deaerated water in the valve tests was considered 
unnecessary for the reasons given by Professor Appel. The sud- 
den enlargement resulted in a definite reduction in boundary 
cavitation. It may or may not have changed the vortex cavita- 
tion appreciably since without the enlargement much of the valve 
jet is submerged and therefore nearly surrounded by the shear 
zone. 

The discussers will be interested to know that plans have been 
made recently to use gate valves with sudden enlargements under 
heads up to about 400 feet. Tests are now in progress in the 
Bureau Hydraulic Laboratory to determine if it is permissible to 
extrapolate the valve data for these heads. The tests will in- 
clude a study of the expansion required to prevent damage from 
boundary and vortex cavitation. 

Mr. Clayton points out the need for a noncavitating valve 
which could be manufactured at approximately the same cost as 
present commercial valves. This is indeed a challenging problem 
which at this time seems'to have no practical solution. 

Mr. Rheingan’s experience with placing obstructions below a 
gate valve and admitting air is interesting. In one test on the 6- 
in. globe valve an orifice was placed in the pipe a short distance 
downstream. When this orifice was made small enough to elimi- 
nate cavitation at the valve, turbulence and vibration occurred 
at the orifice. During the same tests air admitted through a 
1/\-in. piezometer connection to the top of the pipe immediately 
downstream of the valve was quite effective in reducing noise and 
vibration. 
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A Comparison of Hydraulic and Pneumatic 
Accessory Power Generation 


By E. I. BROWN,' EL SEGUNDO, CALIF. 


Aircraft accessory-power transmission systems utilizing 
hydraulic pumps and motors are shown to be more ef- 
ficient than those using pneumatic turbines driven by 
compressor bleed. The hydraulic system shows sig- 
nificant advantages in terms of both engine maximum 
thrust and cruise fuel consumption. A convertible hy- 
draulic unit used as a turbojet starter motor and as an 
engine-driven hydraulic pump offers weight and per- 
formance advantages which further increase the value of 
hydraulics for all aircraft accessory-power systems. 


HROUGHOUT the past ten years the problem of auxiliary 

power for large aircraft has become increasingly acute. 

Not only has the demand for power doubled, tripled, and 
quadrupled, but the technical problems involved have increased 
rapidly with higher operational altitudes. In actual fact, at the 
extreme operating altitudes, problems have been considered when 
the power utilized by the aircraft for services other than propul- 
sion have amounted to between 5 and 10 per cent of the available 
propulsion power. Lest this figure appear too startling, it is well 
to consider that the same auxiliary power at sea level would only 
represent between 1 and 2 per cent of the available propulsion 
power. In this field, we are dealing with extremely important 
design and development problems on which the success or failure 
of certain types of aircraft can depend. 

The dual considerations of space limitations within the nacelle 
and the desirability of location of accessory-power units in or near 
the fuselage lead to the consideration of an intermediate power- 
transmission system. A comparison of methods for transmitting 
auxiliary power for aircraft and engine should include low-pressure 
pneumatic, electrical, mechanical, and hydraulic systems. The 
engines to be considered in the study will be large turbojets or 
turboprops. Studies have indicated that no one system is uni- 
versally superior. However in most cases, straight mechanical 
power is usually restricted to applications in very close proximity 
to the rotating engine shaft and also is limited by the inflexibility 
of this type of drive. The only method that can be used to shut 
the accessory off is by clutches and mechanical disengagement de- 
vices. In general, most of the new accessory applications have 
such large power requirements that the electrical equipment to do 
the job becomes large and cumbersome. In the cases where 
powers are small, electrical equipment is definitely competitive. 
Hydraulics and pneumatics remain as the primary contenders for 
general applications including large powers. 

Recent developments have indicated that hydraulic power is be- 
coming extremely attractive for powering the engine and airplane- 
accessory systems. In the airplane-actuation field, there is no 
question but that hydraulic power has taken over the intermittent 
duty field of flight controls, flaps, landing-gear actuation, nose- 
wheel steering, and brakes. High-pressure hydraulics has ad- 


1 Chief Engineer, El Segundo Division, Vickers Incorporated. 

Contributed by the Aviation Division and presented at the Avia- 
tion Division Conference, Los Angeles, Calif., March 14-16, 1956, of 
Tue American Society or MecHanicaL ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those of 
the Society. Manuscript received at ASME Headquarters, February 
3, 1956. Paper No. 56—AV-23. 


vantages as a rapid and positive positioning device, with its 
ability to be controlled easily by manual, electrical, or servo de- 
vices. The same type of devices and reasoning might be applied 
to engine-actuation systems. Such systems as exit-nozzle actua- 
tors, reverse-thrust actuators, compressor and turbine-blade 
actuators, and compressor antistall devices are in this category. 
The problem of providing continuous accessory operation at 
large powers is not as well defined and therefore will be the sub- 
ject of the main part of this paper. The accessory power for en- 
gines will be that needed specifically for the engine, such as water- 
injection pumps, jet-engine starting, afterburner pumps, and 
constant-frequency alternator drives for providing engine-control 
power. For airplane application this energy will be used for 
supercharger drives, constant-frequency alternator drives, cabin- 
refrigeration drives, in-flight refueling pumps, fuel-boost pump 
applications, in-flight refueling hose-reel drives, and gun drives. 


Basts For CoMPARISON OF SysTEMS 


From the aireraft-manufacturer’s viewpoint, the optimum form 
of accessory-power transmission will be determined on the basis 
of over-all operating economy of the aircraft. Economy is 
directly related to performance which includes system weight and 
fuel weight—so the final selection will be based largely on a per- 
formance and weight analysis. 

While the engine manufacturer is sensitive to aircraft weight 
he is probably more interested in the efficiency and reliability of 
his own product. Therefore the present discussion will be de- 
voted primarily to engine-performance items. 

Certain component efficiencies which are used during the sub- 
sequent analyses have been taken from the appropriate literature 
and are presented here as a matter of record. 

Hydraulic-Pump and Motor Efficiency. Typical efficiencies of 
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snultiple-piston-type pumps and motors range from 85 to 92 per 
cent depending upon the power level. Accordingly, the drive 
efficiency of hydraulic-transmission systems has been assumed as 
shown in Fig. 1. Line losses have not been considered for any of 
the systems studied herein, since these losses are so strongly 
affected by the power-transmission distance of a particular in- 
stallation. In general, pneumatic systems are likely to involve 
slightly smaller line losses than hydraulic systems; however, the 
differences will not be great enough to affect the final comparison 
to a significant extent. 

Pneumatic-Turbine Efficiency. One of the major problems of the 
pneumatic bleed turbine is that of designing the turbine for a 
given maximum altitude and minimum flight-speed condition and 
having to operate the unit at a lower altitude and higher flight 
speed. The variations in pressure and temperature ratios are 
found to be extremely broad, and it is obvious that normal opera- 
tion at, or near, peak efficiency of the turbine is not possible. 
Accordingly, compromises in design must be made. 
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Fig. 2 is a plot of available energy against altitude for a pneu- 
matic-turbine drive in terms of the bleed air available from the 
compressor of a typical jet engine. 

Adiabatic head as a function of pressure ratio for various tur- 
bine-inlet temperatures is shown in Fig. 3. The adiabatic head is 
defined as follows 


P. 
hea = E (7) 


Fig. 4 illustrates over-all efficiency of a variable-nozzle pneu- 
matic-turbine drive as a function of adiabatic head. The use of 
these figures permits one to determine the over-all efficiency of a 
pheumatic-turbine drive as a function of altitude and flight Mach 
number. Obviously the turbine has to be designed for maximum 
power for 100 per cent nozzle area at the maximum altitude and 
the minimum Mach number required in the problem statement. 
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This means that in terms of a variable-area nozzle as shown by the 
preceding figures, the efficiency for partial-power operation, or 
even full-power operation at lower altitude and high Mach num- 
ber, is very poor. 

Figs. 2, 3, and 4 have been taken from a paper by Mr. H. J. 
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Wood,? and are considered to be indicative of current accessory- 
turbine practice. The drive-efficiency curves for variable-nozzle 
and throttled-inlet turbines, as plotted in Fig. 1, have been 
derived from these curves and, as mentioned earlier, do not ac- 
count for line losses. 


ENGINE-PERFORMANCE CONSIDERATIONS 


Maximum Thrust. The take-off thrust penalty accrued as a 
result of accessory-power extraction is illustrated in Fig. 5, for 
both air-bleed and shaft-power extraction. Combination of the 
thrust losses of Fig. 5 with the component efficiencies of Fig. 1 
leads to the over-all take-off penalty as a function of delivered 
accessory power, Fig. 6. The hydraulic-transmission system is 
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shown to offer a 160-lb gain in take-off thrust, for 100 hp de- 
livered, as compared with the pneumatic systems. This figure 
may be better appreciated if one considers that for a typical 
weight-limited jet transport, a 1-lb loss in take-off thrust costs the 
operator as much as a 1-lb increase in empty weight. The maxi- 
mum thrust available from a jet engine is also of prime impor- 
tance for supersonic flight at altitude. Here again, the hydraulic- 
accessory drive offers significant advantages as shown in Fig. 7. 
This figure illustrates the over-all thrust penalty incurred as a 
function of power delivered by extracting power from the jet en- 
gine at Mach 1.6, at altitudes of 60,000 ft for both the pneumatic 
and hydraulic transmissions. This figure includes both power- 
extraction losses and power-conversion losses. A Mach number of 

?*‘Characteristics and Limitations of Expansion Turbines for 
Auxiliary Power Purpose in Turbine-Propelled Aircraft,” by H. J. 
Wood, presented at SAE Annual Meeting, Detroit, Mich., January 
14-18, 1952, Preprint No. 724. 
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1.6 has been assumed because it is indicative of the lower of the 
flight speeds of the next generation of military aircraft. 

As flight Mach number increases, usually in conjunction with 
increased altitude, bleed air becomes increasingly more expensive 
in terms of lost thrust. Some sample computations indicate that 
for a flight Mach number of 1.0 at an altitude of 50,000 ft, 100 hp 
in delivered air-bleed power results in a thrust loss of between 5 
and 6 per cent. This thrust loss is based upon conservative 
estimates in so far as bleed-turbine operation is concerned. In- 
cidentally, this thrust loss was based on an engine having a sea- 
level static thrust of 10,000 lb. The air flow required to provide 
this 100 hp is approximately 2.6 per cent of the engine air flow. 
This amount of air flow may easily upset the critical matching 
characteristics of the compressor and turbine. 

An important factor in calculating the thrust loss due to bleed- 
ing air is the loss in inlet momentum of the air flow to the engine. 
As Mach number increases, this inlet momentum-thrust loss be- 
comes an even greater percentage. For a 10,000-lb-thrust-class 
jet engine operating at 60,000 ft and Mach number equal to 1.6, 
thrust loss is approximately 7 per cent, with over 3 per cent air 
flow bled from the engine. A hydraulic-transmission thrust loss of 
1 per cent is obtained for the same conditions. 

For an airplane flying at Mach 2, at an altitude of 60,000 ft, 
the loss of thrust is in excess of 7 per cent, with the air flow bled 
being approximately 3 per cent. Again this is for a delivered 
power output of 100 hp. The effect of mismatch on the compres- 
sor and turbine is neglected in the calculation. Obviously this will 
aggravate the thrust loss, because normally the turbine and com- 
pressor are designed to match with no bleed-air flow. When com- 
paring these figures with the thrust loss resulting from mechani- 
cal extraction of horsepower for hydraulic pump drive, it is ob- 
vious that there is a considerable advantage in using the latter 
source of power. 

Cruise Fuel Consumption. For a typical turbojet engine, the 
effects on cruise sfe due to accessory-power extraction are slightly 
favorable for the hydraulic system. Bringing in the drive- 
efficiency comparison increases the advantage of the hydraulic 
system; and Fig. 8 is the result for a turbojet in the 10,000-Ib- 
thrust class. As in comparison of thrust losses, this figure does 
not consider additional losses because of turbojet-component mis- 
match. 

An interesting case where shaft-power extraction is particu- 
larly attractive involves a turboprop engine at cruise condition. 
A typical fuel consumption versus HP load curve is shown in Fig. 
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9 for a turboprop engine. If we are to consider that the engine is 
cruising at 80 per cent of its power, the specific fuel consumption is 
0.86. If then we add an increment of power which represents 100 
hp, the over-all specific fuel consumption for 85 per cent power is 
0.825, whereas an increment of fuel chargeable to the last 5 per 
cent may be interpreted as giving a specifie fuel consumption of 
0.27. Thus it would appear that a slight increment of mechanical 
extraction involves a thermodynamic efficiency greater than that 
of the complete machine. If this analysis is then combined with 
the analysis of the influence of bleed on the over-all cycle of the 
machine, some rather startling conclusions are obtained. 

It may be said in defense of the bleed-air cycle that if recourse 
is made to bleed-and-burn, which raises the inlet temperature in 
front of the accessory turbine to that of the gas turbine-inlet 
temperature, this cycle becomes increasingly efficient and may 
almost approach that of the hydraulic drive. However, it is 
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understood that many airframe designers have refrained from 
utilizing this method because of its complexity and the problems 
that are introduced. In addition, it is understood that most air- 
frame designers have not used the variable-area turbine, and are 
living with the resulting performance penalties with the use of a 
fixed-area nozzle and throttle. 

Engine-Component Mismatch. Probably the most difficult 
consideration related to bleeding air from a compressor for the 
purpose of providing accessory power is the mismatch problem. 
This influence is probably best expressed by considering the 
bleed-air extraction in terms of a percentage of the main-engine 
through-flow. As long as the extraction percentage is very low, 
the influence on engine-component efficiency usually is negligible 
unless the main-engine compressor happens to be operating on a 
steep portion of its efficiency curve. However, when considering 
percentages of 3 to 5 per cent, as the case with high-altitude 
bomber or fighter operating with large bleed HP requirements, the 
effect is considerable. If the compressor is made with excess ca- 
pacity to take care of this air flow, it is liable to be stalled when the 
air flow is not required; or if the air flow to the accessory drive is 
never completely stopped, energy is continually lost. On the 
other hand, if the compressor is designed to match the turbine 
exactly, the compressor will operate in a region of lower efficiency 
when a large amount of air flow is bled. In any event, the use of 
bleed air as an accessory-power device complicates the problem 
for the engine manufacturer, primarily because he may have to 
design a different engine for each application or at least study the 
case for each application. In addition, the inclusion of large 
bleed ducts in the exit of the compressor case certainly complicates 
the engine design. In the case of the turboprop, direct mechanical 
power extraction has no influence on the performance match be- 
tween the compressor and the turbine of the main engine; in 
turbojets, mechanical extraction may have an influence in com- 
ponent matching of the main engine, although usually not. 

Nacelle Drag. The physical size of pneumatic ducts required 
to handle accessory drives of large capacity may well lead to 
compromises in wing, nacelle, and pylon design with associated 
inereases in airplane drag. In the case of supersonic airplanes, this 
consideration may be as important as any of the other items con- 
sidered herein. 


ContTroL CHARACTERISTICS OF AccEssoRY DrIvES 


Another advantage in the use of hydraulic drives is that of con- 
trol characteristics. A major difference in operating characteris- 
ties exists between variable-flow, positive-displacement, hy- 
draulic-drive systems, and pneumatic systems with respect to 
sudden load changes. It is a basic characteristic of the hydraulic 
drives that they are stiff in the sense that the driven member does 
not seek to change speed rapidly under variations in output load. 
In other words, the hydraulic drive with a changing load will main- 
tain the output speed relatively constant while the hydraulic pres- 
sure varies rapidly to meet the torque demand without waiting for 
a control response. This is not true of the turbine drive where the 
through-flow of the working fluid must change to match the out- 
put-load requirements; whereas the pressure stays substantially 
constant, except for variations due to duct pressure losses. Un- 
fortunately, the inertia and friction of variable-nozzle systems 
for pneumatic turbines tend to be such that rather powerful 
servos are required to match the load changes required. Further- 
more, the compressibility of the air in the long ducting system 
imposes a lag on the response of the system. Therefore the 
transient-response characteristics of a pneumatic drive cannot be 
expected to be the same as those of the hydromechanical system. 
Pneumatic-drive systems have response rates that can be meas- 
ured in seconds, while hydraulic-drive systems have response 
rates that can be measured in tenths of seconds. 
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CoMBINATION ENGINE STARTER—HypDRAULIC Pump 


To provide a maximum amount of accessory power with mini- 
mum weight, it is mandatory that the aircraft and engine-acces- 
sory systems be well integrated. In this respect, utilizing the 
same components for two services would certainly save weight, 
and in addition, if the same lines can be used for both purposes, 
less weight will be charged to each of the systems. So far, little 
has been said about what type of equipment has been proposed 
as a solution to the accessory-drive problem. A system will now 
be presented which provides a method of powering engine ac- 
cessories with minimum weight and maximum reliability; ob- 
viously the same units are applicable to aircraft-accessory drives. 

The first problem in accessories for the jet engine is that of en- 
gine starting. To date most high-thrust jet engines have been 
started by pneumatic turbines; it is suspected primarily because 
of default by the hydratlic-equipment manufacturers. How- 
ever, at present, at least two hydraulics companies are known to be 
working on hydraulic starting systems which will offer reliable 
starts with minimum weight. 

Fig. 10 illustrates schematically the starting of a jet engine on a 
four-engine aircraft by means of a hydraulic power package and a 
convertible hydraulic motor-pump combination mounted on the 
engine. The starting unit attached to the engine consists of a 
hydraulic pump-motor and a gear changer which is activated by 
a speed sensor. Hydraulic motors have been in production for the 
past few years and have been used successfully to start turbojet 
engines in several applications. 

Fig. 11 illustrates the hydraulic power pack which is used to 
provide the energy necessary to power the starter. The power 
pack which is now under development can be contained within 
the airplane or can be connected to the hydraulic motor by means 
of quick disconnects. Some of the obvious advantages of using a 
hydraulic starter over a pneumatic starter are as follows: 


1 The hydraulic starter has approximately constant torque 
up to the speed where the maximum horsepower of the power pack 
is reached; this speed is above the ignition point of the jet 
engine. This provides rapid starts without exceeding the 
gear limitations of the engine. Fig. 12 illustrates a typical 
starter-torque curve as matched to a 10,000-lb-thrust jet engine. 
In order to provide the same starting time with a pneumatic 
starter, the maximum torque required would be approximately 50 
per cent greater than that shown here for the hydraulic starter. 
This means that jet-engine starting gears with the hydraulic 
starter can be made considerably lighter than would be required 
with the pneumatic starter. 


TYPICAL JET ENGINE 
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2 Another advantage of the hydraulic starter is that of re- 
liability. The motor applied to this 10,000-lb-thrust jet engine 
has been designed for a life of 1000 hr. Control of the hydraulic 
starter is simplified because the motor can run no faster than the 
fluid that is fed to it. In addition, by virtue of its high torque at 
speed, the motor can be used to clear out the engine in case of a 
false start. 

3 Probably the largest single advantage of the hydraulic mo- 
tor over the pneumatic starter is that of efficiency. The hydraulic 
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pump-motor combination used to start the jet engine operates at 
approximately 80 per cent efficiency. On the other hand, the 
pneumatic drive compressor-turbine operates at approximately 40 
to 50 per cent efficiency. This, in turn, means that the prime 
mover required to start the jet engine pneumatically is approxi- 
mately twice as large in horsepower as that for the hydraulic 
starter. For a self-contained starter package, this is an extremely 
valuable consideration, since it means that the power package 
shown herein can be half the size of a similar package to drive 
a pneumatic starter. 


If this motor used to start the jet engine is converted to a pump 
by a simple valving operation, the pump can be used for provid- 
ing power for such functions as afterburner drive, water-injection 
drive, tail-pipe control, electrical power, thrust-reverse actuators, 
and inlet-geometry actuators. 

The hydraulic motor used as a starter and converted to a pump 
is adequate to supply the afterburner fuel pump HP required 
for all turbojets presently considered. Hydraulic motors are in 
production which are capable of providing approximately 50 to 
60 hp necessary for afterburner operation. Hydraulic turbines 
have been developed to provide the necessary high-speed power 
for a centrifugal afterburner pump. The main difficulty in pro- 
viding the necessary power for an afterburner pump is the small 
size of the turbine. A turbine which is capable of 150 hp is only 
two inches in diameter. Preliminary studies on a hydraulic tur- 
bine-driven afterburner pump indicate that a pump capable of 
fuel flow of 10 to 15 lb/sec, with a pressure rise of 400 psi will 
weigh in the order of 5 to 6 lb. 


HypravLic ACCESSORIES FOR TURBOJET ENGINES 


As discussed in the foregoing for afterburner power, water- 
injection pumps are being studied, utilizing hydraulic motors and 
turbines. Again, because of the efficiency advantages of using 
hydraulic power rather than pneumatic, considerable promise can 
be shown for this type of drive. 

In the past few years, with the advent of jet engines having 
variable-area tail pipes and intricate controls, most engine 
manufacturers have resorted to electronics to control speed, 
maximum temperature, compressor stall, and so on. In order to 
provide electrical power necessary for these controls, a hydraulic 
motor-driven alternator is suggested. 


Fic. 13 Hypravitic Moror-Driven ALTERNATOR FOR 1 Kw 


Fig. 13 illustrates a small a-c power package which has been 
developed for aircraft instrumentation and also as an emergency 
a-c power source for fighters. It has been designed for 1 kw and 
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comprises an extremely simple unit, consisting of a hydraulic 
motor, a directly driven 8000-rpm alternator, and a speed control. 
The complete unit—which replaces an inverter weighing 38 lb— 
weighs only 10'/, lb, has an over-all efficiency in excess of 60 per 
cent. When this efficiency is compared to the 40 to 45 per cent 
inverter efficiency, it is obvious that a considerable advantage is 
gained over and above the direct weight saving. A similar al- 
ternator and drive for engine application with '/, kw capacity 
would weigh in the order of 6 to 7 lb. Frequency regulation 
guaranteed for this unit is +1'/, per cent over a 25 per cent load 
range and virtually perfect regulation has been demonstrated in 
laboratory runs of the 1 kw unit. 

Jet engines of the future will possibly resort to hydraulics for 
control of tail pipes, inlet-geometry actuators, and reverse-thrust 
devices, just as most high-speed fighters have done in the past 
few years. Aircraft engines require large powers and high rate 
of response in order to provide adequate control. The hydrau- 
lics industry has pioneered in this field by developing many hy- 
draulic components, including variable-displacement pressure- 
compensated pumps that provide hydraulic power at tempera- 
tures of 350 F and pressures of 4000 psi. 

Controls. One of the trends that is apparent in the jet-engine 
control field, as well as in the high-speed aircraft field, is toward 
completely closed airless systems. One component that has been 
developed to meet this requirement is a hydraulically pres- 
surized reservoir as shown in Fig. 14. This reservoir, by utilizing 
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hydraulic-pump discharge pressure as a pressurizing source, pro- 
vides constant inlet pressure to the hydraulic pump over all 
flight conditions and is independent of altitude, attitude, engine 
speed, and temperature. The advantages of a completely airless 
system are that today’s fluids can be used at a higher temperature 
by eliminating possibility of a fluid breakdown and sludging 
associated with oxidations at these temperatures. 

A pressure relief valve for high-temperature use in missile and 
engine applications also has been developed. This valve has been 
tested successfully at vibrations of 25 g with fluid and ambient 
temperatures of 550 F. It is now in production for this tempera- 
ture. The valve not only has proved itself at 550 F, but has per- 
formance characteristics which are much better than required by 
the MIL Spec. These valves have consistently displayed full 
flow to reseat pressure ranges for 3000-psi systems of only 150 psi, 
whereas the spec allows approximately 600 psi. 

Summary. In summary, it is believed hydraulic-power trans- 
missions are competitive with all other forms of auxiliary drives 
for turbine-propelled aircraft. If the drives are engineered and 
integrated properly with other services on the airplane, they will 
prove most desirable for the majority of aircraft-accessory re- 
quirements. It is hoped that this paper will stimulate thinking 
toward this end. 
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Discussion 


W. W. Reaser.* The author is to be commended for this 
thought-provoking paper. As he has pointed out, efficiency is a 
fundamental point in the consideration of handling any form of 
power. However, not to play on words, efficacy often is quite a 
competitor of efficiency. To explain what is meant, the writer’s 
prime consideration in studying various means of using auxiliary 
power has been involved in the design of an air-conditioning and 
ice-protection system for a modern turbojet transport. In this 
investigation, it has been found that engine starting and elec- 
trical generation are closely related with the equipment mentioned 
in so far as obtaining a good compatible system for a modern 
turbojet transport. 

In making studies of different systems for this airplane, an 
economy factor was established as a common denominator to com- 
pare the various combinations of systems. This economic factor is 
primarily dependent upon the fuel costs. The various factors 
considered in fuel costs were (1) fuel used by extra power removed 
from the engine, (2) induced drag caused by weight of equip- 
ment, and (3) drag caused by cooling air used. Although one 
might think he knew the answers to “best systems,’’ analysis for 
the over-all airplane gave quite surprising results. 

The reason for mentioning this is that studies like this seem to 
indicate that combinations of systems do not always appear to de- 
pend solely on efficiency. Again, efficacy seems to be more im- 
portant than efficiency. For example, besides bleed air serving as 
a power source, it serves two other very useful purposes; namely, 
as a means of jet-blast rain removal for windshields and a source of 
heat for thermal ice protection. These items use the same power- 
transmission means as the pneumatic-powered vapor-cycle re- 
frigeration system and pneumatic-powered cabin compressors for 
pressurizing the cabin. The author indicated the problem of the 
efficiency range of a pneumatie turbine. In the case of air-con- 
ditioning equipment, the turbines are not required to have a wide 
efficiency range. For example, the refrigeration system only 


*Chief—Air Conditioning Section, Douglas Aircraft Company, 
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needs high power at low altitudes whereas the cabin compressors 
only need high power at high altitudes. The turbines can there- 
fore be designed to operate at peak efficiencies for the peak-power 
requirements. This, of course, is not true for equipment such as 
alternator drives where peak power is required throughout the 
whole range. Needless to say, the alternators on this modern 
turbojet transport are driven through constant-speed mechanical 
drives which take direct mechanical power from the engine. 

Another faetor which influences the selection of the kind of 
power used, that is, mechanical or pneumatic, is the required 
location of the equipment. In order to have the cabin compres- 
sors located in an area for obtaining fresh uncontaminated air, 
they have to be located away from the main power plants. A 
split hydraulic drive can be used but experience has shown that 
such systems have not been light in weight, are expensive in first 
cost, and have high maintenance costs. Also, to detract further 
from their usefulness is the type of fluid required. In a pneu- 
matic system, the working fluid is air whereas in a hydraulic sys- 
tem some form of oil has to be used. This involves the problems 
of maintaining an absolutely tight system as well as keeping it 
very clean. Low-temperature operation also presents an opera- 
tional problem. These, of course, are not insurmountable prob- 
lems but certainly in the case of the turbojet transport with all of 
the other related problems were not found to give optimum 
systems. 

In addition to the services provided by the pneumatic system as 
noted before, it serves as a means of power transmission for the 
pneumatic engine starter. Except for the size of the ground power 
unit required, the power required over a hydraulic starter does not 
penalize the airplane operation. From a practical standpoint, 
even the ground power unit does not prove to be a penalty. It 
has been found that the pneumatic power required for engine 
starting is quite compatible with the power required to operate 
the pneumatically powered air-conditioning system. 

As was pointed out previously, efficiency alone cannot be the 
sole factor in the over-all design of airplane systems. It is be- 
lieved that the best systems can only be determined by making 
a complete combined study for a given airplane. 
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Drag-Turbine Performance 


By O. E. BALJE,! BURBANK, CALIF. 


A previous treatise? presented some basic considerations 
concerning the principal features of drag turbines. The 
conclusion was derived that this turbine type offers 
particular advantages for small accessory power units, 
where low bulk, simplicity, and high reliability are most 
desirable. This application was suggested since drag 
turbines exhibit peak efficiencies at low speeds; i.e., low 
u/c values where u denotes the wheel-tip speed and c., the 
spouting velocity of the gas. Presently available test data 
show peak efficiencies of about 35 per cent. Further 
studies reveal that higher efficiencies can be obtained so 
that this turbine type will not be restricted to applications 
where efficiencies are of secondary importance, but also 
will show merit in cases where an effective energy utiliza- 
tion is more critical. In this paper a simplified theory is 
presented which enables fair predictions of drag-turbine 
performance for compressible as well as incompressible 
media, accounting for the influence of design geometries 
on performance range and peak efficiency. 


NOMENCLATURE 
The following nomenclature is used in the paper: 
A = flow area 
mean drag-channel area 
frictional area 
disk-seal length 
drag-channel heights 
throughflow velocity 
sonic velocity 
spouting velocity 
wheel diameter 
hub diameter 
gravitational constant 
width of side channel 
rotor width 
input head 
output head 
adiabatic head 
wheel-disk friction head 
seal clearance 
throughflow coefficient 
torque factor 
length of drag channel 
blockseal length 
Mach number 
width ratio 
rotational speed 
specific speed 
total pressure 
static pressure 
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= dimensionless head ratio 
= mean radius 
= torque 

total temperature 

wheel speed 

volume flow 

velocity 

turbine weight flow 

leakage flow 

velocity ratio 

rim ratio 

leakage ratio 

density 

center angle 
= drag ratio 
diameter ratio 
resistance coefficient 
hydraulic efficiency 
diffuser efficiency 
shaft efficiency 
ratio of specific heats 
friction coefficient 
diameter-width ratio 
geometry term 
kinematic viscosity 
seal-resistance parameter 
ratio of friction coefficients 
restriction factor 
shear stress 
torque factor 
angular velocity 


Subscripls 


ad—adiabatic 
C—compressor action 
dr—rotor surface 
fr—stator surface 
l—leakage 
m—mean 
s—shaft 
7—turbine action 
1—drag-channel inlet 
2—drag-channel outlet 


Drac-TuRBINE DeEsIGN 


Fig. 1 shows the schematic of a drag turbine indicating that 
pressurized gas enters at the inlet port, station 1, is ducted around 
the periphery of the wheel, and is discharged at the exit port, sta- 
tion 2, inlet and exit port being separated by a block seal, part A 
The cross section, presented in the same figure, indicates the pas- 
sage geometry and notations used in the paper. 

Basic Performance Relationships. The input head can be ex- 
pressed by the relation® 


TarQdr + T trite 
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Fic. 1 Drac-Tursine Schematic 


denotes the shear stress, A,, the mean throughflow area, y the 
density, a the frictional areas, v the velocity, and A a friction co- 
efficient. The subscripts dr and fr in Equation |1] refer to the 
drive surface (rotor) and stator surface, respectively. The ve- 
locity v in Equation [2] refers to the shear velocity, i e. 


Ta = — u)® 


when c denotes the throughflow velocity and u the wheel speed. 
For convenience the following characteristic ratios are intro- 
duced: 

(1) Velocity ratio 


denoting the ratio of tip speed to throughflow velocity. 
(2) Drag ratio 


denoting the ratio of the drag forces at the stator and rotor. 
(3) Geometry term 


expressing the ratio of rotor-drag area and throughflow area to- 
gether with the rotor-drag coefficient (which mainly depends on 
the blade geometry). 

With these three expressions Equation [1] simplifies to 


Be mt — +4] 


which also can be written dimensionlessly 


Hin (1 — +6 


u2/g x? 


by relating the input head to a reference head u?/g, whereby the 
head coefficient ¢sa is inversely proportional to the square of the 
speed ratio u/c since 


TRANSACTIONS OF THE ASME 


Fic. 2 Basic ReLaTionsHips FoR DraG-TuRBINE PERFORMANCE 
Wits Constant-CHANNEL GEOMETRY AND INCOMPRESSIBLE MEDIA 


The turbine torque, developed by the drag action of the air pass- 
ing across the rotor blades is 


Ty = Tar? 


so that the output head of the turbine, after introducing Equa- 
tions [3], [5], [7] and by observing the continuity equation be- 
comes 
How = x) 

when w denotes the angular velocity and W the passing weight- 
flow. With Equations [8] and [12] the hydraulic efficiency of the 
drag turbine can be written in the form 


indicating that the hydraulic efficiency depends only on the 
velocity ratio z and on the drag ratio 6 as graphically represented 
in Fig. 2. This diagram shows that peak efficiencies are obtained 
at certain combinations of the velocity ratio z and drag ratio 6. 
This interrelationship can be determined numerically by dif- 
ferentiating Equation [13] in terms of z and by solving for 7,-max 
yielding 

(1 Topt)* 


32 


= 


which is shown by a dotted line in Fig. 2. A different representa- 
tion of Equation [14] is given in Fig. 3, showing the optimum z- 
value as function of 6 and, in combination with Equation [13], 
the maximum hydraulic efficiency 7—max as function of 5, indicat- 
ing a steady increase in efficiency with decreasing 6-values in the 
low and moderate efficiency range. 

By considering Equation [9] a characteristic value qg.a/v can be 
formed which depends only on z and 6, and represents the head 
which can be utilized in the turbine disk. In presenting this value 
as function of the velocity ratio z a diagram as shown in Fig. 4 
results, indicating that the usable head increases with decreasing 
velocity ratios z and increasing drag ratios 6. The dashed line in 
this diagram shows the points of maximum hydraulic efficiency 
and reveals that for large drag ratios 6, i.e., small hydraulic ef- 
ficiencies, the term qua/v becomes comparatively large, whereas 
small drag ratios 6, i.e., high hydraulic efficiencies show small 
Qoa/v values. By using Equation [14] in connection with Equa- 
tion [9] the term gaa/v or its analogon (u/ew)v'/* (see Equation 
[10] ) for hydraulic peak efficiency can be evaluated explicitly and 
is shown in Fig. 3 as a function of 6 by a dashed line, demonstrat- 
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Fic. Cuaracreristic Drac-TurBINE FOR CONSTANT-CHANNEL GEOMETRY 
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ing that, for equivalent design geometries (equal y-values), the 
speed ratio u/cu for peak efficiency increases with decreasing drag 
ratios; i.e., with increasing peak efficiencies. Hence drag tur- 
bines designed for high efficiencies at low speed ratios u/c call 
for large v-values, i.e., large ratios of frictional rotor area to 
throughflow area, and large \ar-values. 

With the foregoing relations the performance characteristics of 
drag turbines can be calculated and are presented in Fig. 5 by 
plotting the hydraulic efficiency as function of (u/ew) /v for dif- 
ferent drag ratios 6. Since v and 6 can be considered constant for 
a selected design geometry, each curve in Fig. 5 represents the 
basic characteristic of a particular turbine design. 

The characteristics presented are calculated by referring the 
input head and consequently the efficiency to the total pressures 
at the inlet and exit of the drag channel. The same values result 
by referring the input head to the static inlet and exit pressures 
when the inlet velocity »,; equals the exit velocity vz (see Fig. 1). 
If, however, the exit velocity v2 is greater than », an additional 
head Hexit is required when the input head is related to the static 
pressures, so that 

29 
This difference can be expressed by the drag ratio 4’ which then 
reads 


+ 


.. [16] 


The velocity term in Equation [16] is a function mainly of the 
channel geometry and expansion ratio and can, for A,, = const, be 
expressed by the relation 


1 ay _ 


Equation [17] indicates that the velocity term increases rapidly 
with increasing density ratios, Fig. 6, but decreases with increas- 
ing v-values, This means that the different reference pressures 
have an especially noticeable effect on the efficiency at small v- 
values and large expansion ratios. In cases where a downstream 
diffuser can be provided, only a portion of the head H-xi: has to be 
accounted for in calculating an input head referred to the static 
pressures, so that Equation [16] reads 


| 


“el 


[18] 


6* = 6 + (1 — mp) 


when 7p represents the diffuser efficiency. This means that the 
6’ and 6*-values are greater than the true drag ratios 6. Hence 
the efficiency related to the static pressures for v2 > v is smaller 
than the efficiency related to the total pressures, Fig. 3. The 
magnitude of this difference depends on the density ratio, the 
diffuser efficiency, and the drag-channel geometry (v-value). 
With these (Equations [16] and [18]) redefinitions of the drag 
ratio, the previously derived relationships are still valid and de- 
scribe the performance of drag turbines properly. They indicate 
the benefits (about 2 to 5 points in efficiency at moderate pressure 
ratios) obtainable with downstream diffusers, i.e., proper exit- 
port geometry, for drag turbines operating at high expansion 
ratios. 

Compressibility Effect. The presented characteristics are based 
on the assumption that the velocity ratio z is constant within the 
passages of the drag turbine. This assumption can be correct 
only for a constant channel geometry (A,, = const) operating 
with incompressible media or for an expanding channel geometry 
(A,, # const) and compressible media, whereby the channel 
geometry must be designed in such a manner that the ratio z is 
equal at all points of the wheel periphery; i.e., by considering the 
density change of the gas on its path through the channel. When 
compressible media are expanded in a constant channel geometry, 
the throughflow velocity c and consequently the velocity ratio xz 
vary over the periphery, since c increases with center angle A. 

The performance of drag turbines under these conditions can 
be analyzed by the following considerations: Fig. 7 shows the 
variation in input head with velocity ratio for z = 0 toz = 1 
according to Equation [9]. In operating a constant-geometry 
turbine with compressible media, the inlet portion of the channel 
will operate at comparatively large values of x whereas the exit 
portion operates at small z-values. The mean input head there- 
fore can be calculated by integrating qaa/v in terms of z, thus ob- 
taining the cross-hatched area of Fig. 7, and by dividing this area 
by (7, — 72), vielding 


2 In - 


— 


The output head can be represented by a dimensionless term 


q Houwg [20] 

v vu? 
according to Equation [12], and is shown by the dashed line in 
Fig. 7. By integrating this curve, and dividing by (2; — 22) the 
mean output head is found and reads 


1 
In — + 2 (x1? — 227) + 2x2 — 21) 


— 


. [21] 


The hydraulic efficiency, being the ratio of output head and input 
head, is now determined by Equations [19] and [21] and reads 
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Equations [19], [21], and [22] can only be valid as long as the 
integration limits do not exceed a value of x = 1. In cases where 
this turbine iz operated at extremely large density ratios, x will 
exceed unity so that it becomes necessary to extend the curves in 
Fig. 7 tor> 1. 

When the ratio z exceeds unity, i.e., when the peripheral wheel 
speed is greater than the throughflow velocity, the drag turbine 
acts as a drag compressor so that the relationship for this operat- 
ing regime has to be explored. For compressor operation the 
input torque follows the relationship 


To = [23] 


where the previously used definitions are retained. Transforming 
the torque into the corresponding input head He—in and using 
dimensionless parameters it results 


He-ing (z — 1) [24] 


v x 


The output head for compressor action can be derived in a similar 
manner as the input head for turbine action? yielding 


— 


He-omw = . [25] 
or by using dimensionless values 
H —ou 1 6 
_ _ (x — 1)? 6 [26] 


vu? v z? 


where again the previously used definitions for shear stress, veloc- 
ity ratio, and drag ratio are retained. Fig. 8 shows Equations [24] 
and [26] graphically whereby for better reference the signs have 
been reversed, i.e., —gc/v.and —qaa/v are shown, This diagram 
shows that the compressor input g¢/v increases steadily with in- 
creasing velocity ratios x whereas the compressor output gsa/V is 
negative up to x-values of 1 + +/6 and is positive only for z > 
1+ V6. 

If the drag turbine acts partly as a compressor and partly as a 
turbine as occurring at high density ratios, the required input head 
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for net turbine operation becomes the sum of turbine input 
head plus compressor output head, i.e. 


This process can be visualized by assuming that at the inlet por~ 
tion of the channel the wheel speed u is greater than the through- 
flow velocity c, so that a compression process takes place which 
raises the pressure in accordance with the compressor-output 
head. If this compression process occurs at low efficiencies, the 
density decreases so that the flow expands, thus causing the 
throughflow velocity c to increase in the subsequent portions of 
the channel, until c exceeds u; ie., z< 1. At sufficiently low z- 
values, a turbine process is obtained, in which the gas expands 
to the turbine-exit pressure, whereby x decreases further. The 
net turbine output under these conditions becomes equal to the 
sum of turbine output and compressor input; i.e. 


Hout = Hr-ourt He-in 


In order to calculate the mean input and mean output head for 
a net turbine process at high density ratios, Equations [27] and 
[28] have to be applied, i.e., Equations [24] and [26] have to be 
integrated and divided by (xz: — z2) in addition to Equations [9] 
and [12], yielding 


1 — 
Vi 


1 1 
— (1 + V8) 


for the mean input head and 


(1) @-=-3)« 


v 1 — 2 1-1 


z,? 


1.5 — Ina. +2 2x — — 1.5 


1 — 2% 


for the mean output head. 

In applying Equations [29] and [30] discretion must be exer- 
cised to apply only those steps which fall within the integration 
limits. This is particularly true for Equation [29] since the inte- 
gration of the input head has to be done in three steps, the first 
step covering z-values from 0 to 1, the second step covering z- 
values from 1 to (1 + +/6), and the third step covering z-values 
from (1 + +/6) to the maximum z-value. If, for example, the 
maximum z-value is within the limits of the second step, i.e., 
Imax < 1 + +/6, the third step has to be omitted, and the integra- 
tion limit for the second step becomes 1— z,. The output head 
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(Equation [26] ) is integrated in two steps, the first step extending 
from x = 0 tox = 1 and the second step covering values from z 
= 1tor = Tmax. 

The integration limits are found from the density ratio across 
the drag channel by defining z,, as the mean velocity ratio; i.e, 


A, + Az 
2 2 ) 


(1 + + A2/Ai) 


4 . [31] 


= 


(1 + ¥1/%2)(1 + Ai/A2) 
= 


32 
(32) 


With the foregoing relationships, the hydraulic efficiency can be 
calculated for different density ratios and is graphically repre- 
sented in Fig. 9 as a function of the mean z-value. 

An inspection of Fig. 9 reveals that the maximum obtainable 
hydraulic efficiency for a given value of 5 decreases with increasing 
density ratios; i.e., increasing pressure ratios, and that the op- 
timum z,,-value increases with increasing density ratios. By ex- 
pressing the mean input head in terms of the speed ratio (1/em)/V 
(see Equations [9} and [10]) the efficiency can be plotted as func_ 
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tion of the speed ratio for different density ratios, thus represent- 
ing the basic performance characteristic of a drag turbine, with 
constant channel geometry operating at different expansion ra- 
tios. Fig. 10 shows such a diagram, revealing that both the 
optimum speed ratio and the peak efficiency decrease with in- 
creasing expansion ratios. 
By repeating such calculations for different 6-values, the peak 
efficiency and optimum z-value is found for different drag ratios 
and presented graphically in Fig. 11. This diagram which is 


similar to Fig. 3 shows, however, reduced ald increased 
Zopt-Values. 
Weight-Flow Parameter. From the basic equation 
7 a convenient expression for the weight flow through the turbine 


can be derived 


V(TiR) 
whereby the factor K is a throughflow coefficient depending on 
pressure ratio, efficiency, and channel Mach numbers 


Ww 


A 


Cth 


where M, and Mz: denote the flow Mach number at the inlet and 
exit of the drag channel. 

These two Mach numbers are interrelated by the continuity 
condition, vielding 


«tl 
2 


M, 


i.e., a relationship which shows an increasing Mach-number ratio 
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with increasing pressure ratios, Fig. 12. Applying Equations 
[35] and [36] simultaneously, the throughflow coefficient K can 
be calculated as function of the turbine-pressure ratio, efficiency 
and inlet Mach number as shown graphically in Fig. 13, indicating 
an increase in this coefficient with increasing pressure ratios, in- 
creasing efficiencies and decreasing inlet Mach numbers. The 
term c,,/¢n in Equation [34] depends on previously defined 
characteristic turbine values 


Cu 1 


i.e., on the geometry term pv, the drag ratio 6, and the velocity ratio 
xz. Since the velocity ratio z is a function of the speed 
ratio u/cu, the term c,,/cin also can be written as function of the 
speed ratio 


= +6 (“) {38} 
= 
2v Ch Cth 


as graphically presented in Fig. 14. This diagram indicates that 
c,,/€t» increases with decreasing v and 6-values and with increasing 
speed ratios, This means that the weight flow increases with in- 
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creasing rotational speed for a selected turbine geometry (v and 
6 = const) operating at constant spouting velocity cu. 

Equations [37] and [38] can only be valid when the velocity ¢ 
or the ratio z is constant across the wheel periphery; i.e., for a 
properly divergent channel area A,, when compressible media are 
expanded, For A,, = const, and compressible media 


The dashed lines in Fig. 14 indicate this function for different 
density ratios revealing a discontinuity at certain speed ratios. 
This discontinuity occurs when z, exceeds unity; i.e., at points 
where a part of the drag channel starts to act as a compressor. 

Sonic Limitations. The derivations, expressing the influence of 
the density ratio on drag-turbine performance, assume that the 
throughflow velocity ¢ increases across the drag channel. Al- 
though it appears possible with careful channel design to have c 
increase into the supersonic region, it is unlikely that a conven- 
tional constant-channel geometry (A,, = const) will allow 
throughflow velocities in excess of velocity of sound c,. Hence in 
general, the maximum obtainable velocity c; at channel exit will 
be limited to ¢,. This means 


2k 
C:-max = | gRT: 
(. + l g 2 
when 7, denotes the total temperature at drag channel exit 


«-1 


Expressing ¢:-max in Equation [40] by the weight-flow term 
Equation [34]) and equating this expression with Equation [40] 
the relation 


is derived which indicates that at certain values of pressure ratio, 
area ratio A,/A,,, velocity ratio z, drag ratio 6, and geometry co- 
efficient v, sonic velocity is reached at the drag-channel exit. 
This means that a selected turbine design (as expressed by v, 5, and 
A;/A,,) operating at a certain velocity ratio z can utilize only 
limited pressure ratios (as indicated by the right-hand side of 
Equation [42]) within the drag channel so that pressures in ex- 
cess of this value will be expanded downstream of the channel 
without contributing to the process of power generation. Equa- 
tion [42] therefore determines the minimum required y-value for 
effective drag-turbine designs. This equation is graphically repre- 
sented in Fig. 15, indicating that v-values of 30 are required for a 
constant channel-geometry turbine operating at moderate pres- 
sure ratios. Equation [42] also indicates the maximum z-value 
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and in combination with Equation [32] the z2~max value thus re- 
stricting the integration limits for Equations [29] and [30]. 
Equation [42] has been derived by assuming x = const over the 
wheel periphery. For constant channel geometry and com- 
pressible media the left side of Equation [42] has to be replaced 
by 2z,,/(u/cm) or 2/(c,,/cen) so that in this case the minimum p- 
value can be found from Figs. 14 and 15. Since c,,/cen decreases 
with increasing density ratios, Fig. 14, it becomes apparent that 
smaller v-values are required for A,, = const than for z = const. 
Leakage. Equation [34] describes the mass flow which passes 
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through the drag channel and contributes to the process of trans- 
forming flow energy into shaft power. In drag turbines, designed 
according to conventional practice, additional mass flow is con- 
sumed as a result of leakage occurring (a) between inlet and exit 
port, i.e., at the block seal (see Fig. 1), (b) between rotor hub and 
stator, i.e., cross-flow leakage, and (c) at the shaft seal. 

In general, the weight flow passing through a seal can be com- 
puted by the relation 


W,= 


whereby y; is a function of pressure ratio and resistance parame- 
ter 


according to Egli,* | denoting the length and h the height of the 
flow passage, Fig. 1, and \, a resistance coefficient. For compara- 
tively large p-values, approximate y¥,-values can be computed 
by the relation 


With simplifying assumptions, the weight flow through the drag 
passage, i.e., the turbine weight flow W also can be expressed by 
Equations [43] and [44] in which case the length of the drag pas- 
sage L, the height of the drag passage H, and the resistance co- 
efficient \» of the drag channel replace the values /, h, and ),. 
With these assumptions the leakage can be expressed as percentage 
of the turbine weight flow and reads for the block seal 


W, h (4 "/s Ce 
since in this case the pressure ratio through the turbine is equal to 
the pressure ratio through the block seal. Equation [46] shows 
that the leakage flow increases with the 1.5 power of the width 
ratio h/H, with the square root of the path lengths and with the 
square root of the friction coefficients. The friction coefficients 
\>p in the drag channel and X, in the block seal are mainly a func- 
tion of the blading. With further simplifications the friction co- 
efficient A» can be expressed by the previously defined parame- 
ters, ie., Ap = Aar (1 + 4), so that the ratio Aar/A, becomes a 
new and significant leakage parameter, which tends to have 
values in excess of unity for efficient blade designs. 
The ratio of the path length L/l is determined by 
the channel design, whereas the width ratio h/H 
is mainly a function of machining tolerances and 
channel geometry 
Equations [43] and [44] hold also for calculating 
the cross-flow leakage and seal leakage. The effec- 
tive seal-pressure ratio in this case, however, differs 
from the turbine-pressure ratio and has to be de- 
termined. A procedure for calculating the seal- 
pressure ratio as function of the turbine-pressure 
ratio is outlined by the following consideration: 
Fig. 16 shows schematically the decrease in static 
pressure with increasing centerangle A, assuming 
incompressible media. In studying Fig. 16 it be- 
comes apparent that a certain quantity W;-, leaks 
into the internal cavity 3 (shaft-seal cavity) from 
the inlet portion of the channel and that a quantity 


3**The Leakage of Gases Through Narrow Chan- 
nels,” by A. Egli, Trans. ASME, vol. 59, 1937, pp. 
A-63-67. 
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W;. leaks from the shaft-seal cavity into the exit portion of the 
drag channel. These quantities can be expressed by the relations 


Wi = Arabi (ToR)”* & 


Pe 


. [48] 


when subscript 2 denotes the mean status at the pertinent inlet 
portion of the drag channel and when subscript 4 denotes the 
mean status at the pertinent exit portion of the drag channel. 
In cases where no shaft-seal leakage has to be accounted for, the 
quantities W,., and W;.; are equal so that by equating Equations 
[47] and [48] the pressure in the cavity 3(p;) can be calculated 
and expressed by the term (7 assumed equal to 7’) 


31 + a) 


{150 + a?) [a + + + 
4 


with 


a= 


expressing the ratio of leakage area 1-3 and resistance coefficient 
1-3 to leakage area 3-5 and resistance coefficient 3-5. By assum- 
ing a linear pressure drop over the periphery (see Fig. 16), the term 
@ also can be expressed by pressure ratios 


1 — Ps/Pr 


Solving Equations [49] and [51] simultaneously, the pressure 
ratio p;/~: is found to decrease with increasing over-all turbine- 
pressure ratios up to p:/ps = 20. Introducing this information 
into Equation [47] the leakage flow can be expressed by the term 


fi (1 — ps/pr) ; [52] 


which contains the pressure p; as an unknown, and whereby B’ 
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indicates the flow-path length of the leakage flow. The length is 
proportional to the radial distance B, Fig. 1, but numerically 
about 2 to 3 times greater. Expressing p: by the simplifying as- 
sumption 


[53] 


Equation [52] reads 
Wi-s 1.5 
Ww H b 


2 
5 1+ (ps/p.)? + 
2 — (1 — ps/pi) 1 — (ps/pi)? 


In Equation [54] the term in brackets is a function solely of the 
different internal pressure ratios and can be expressed as func- 
tion of the over-all turbine-pressure ratio, resulting into values of 
0.5 for ~:/ps = 7 and increasing with decreasing turbine-pressure 
ratios. Hence the cross-flow leakage is a function of the turbine- 
pressure ratio; i.e., different from the block-seal leakage which is 
independent of the turbine-pressure ratio (see Equation [46] ). 
In respect to the geometrical parameters both the cross-flow 
leakage and block-seal leakage are equally sensitive to the width 
ratio, both increasing with the 1.5 power of the width ratio h/H. 
The cross-flow leakage is, however, more sensitive to the flow-path 
length, the cross-flow leakage increasing with the 1.5 power of this 
parameter, and the block-seal leakage increasing with the square 
root. 

It must be realized that the pressure-ratio function in Equation 
[54] is an approximation only, arrived at with simplifying as- 
sumptions which do not cover fully the flow mechanism inherent 
in compressible media. This is particularly true for the assumed 
linear pressure drop in the drag channel. This cannot be correct 
for a constant channel geometry and compressible media where a 
pressure rise occurs, in the first portion of the drag channel. Hence 
for this case Equation [51] is invalid. Consequently the pressure- 
ratio functions in Equations [53] and [54] will change, revealing 
that the drag-channel geometry is another parameter which 
affects the cross-flow leakage. 

In cases where shaft-seal leakage has to be considered addi- 
tionally, Equation [43] is still applicable. Equations [47] and 
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[48], however, cannot be equated, but are interrelated by the 
term 


Wis = Wis + A, 


(TsR) 
From Equatior. [55] the different pressure ratios p/p; and ps/ps 
can be found as function of the over-all turbine-pressure ratio so 
that W,. can be determined numerically. For comparatively 
loose seals of simple geometry (flat surfaces with h/H = 0.04 to 
0.05) the total leakage flow (block-seal, and shaft-seal leakage) 
can amount to as much as 15 to 20 per cent of the total weight 
flow, indicating that h/H-values of 0.01 to 0.02 are desired for 
effective designs. 
Torque Characteristic. The basic relationship for the torque of 
drag turbines is presented in Equation [11]. Replacing in this 
equation the throughflow velocity by the throughflow area the 


relation 
‘ Cth 


results with 
K* = Lad 
g 
1 


indicating that the torque is mainly proportional to the through- 
flow area, wheel diameter, inlet pressure, and the geometry term v 
besides the pneumatic energy as expressed by the term K* and 
graphically shown in Fig. 17 (by considering Equation [36] addi- 
tionally). In Equation [56] the term in brackets represents 
significant flow and wheel velocities and may be expressed by a 


torque coefficient 
Cc 2 
[58] 
Cth 
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Introducing the previously derived relationships into Equation 
[58] the torque coefficient can be represented as function of the 
speed ratio, Fig. 18, indicating a steady decrease in specific torque 
with increasing speed ratios. 

Of particular interest is the stall torque (u/c = 0 and the 
runaway speed (7’ = 0). For the stall torque the x-value be- 
comes 


Xstall = 


i.e., depends only on the drag ratio 6. Using this relationship and 
expressing the throughflow area in Equation [55] by the corre- 
sponding weight flow, the stall torque per unit mass flow can be 
expressed by the term 


W g L201 +64) 


indicating that the stall torque per unit mass flow is proportional 
to the spouting velocity and the square root of the geometry term 
v. This means that high stall torques per unit mass flow are 
obtained by selecting designs with large frictional rotor areas and 
small drag-channel areas. 

For the runaway speed x becomes zero so that 


(3). - 


indicating that the runaway speed decreases with increasing 
values of the geometry term v and drag ratio 6; i.e., low runaway 
speeds occur in units which exhibit large rotor friction and small 
drag channels. 

Equations [56], [58], [59], [60],and [61] are again only valid for 
A,, = const over the wheel periphery. For all other cases the 
torque coefficient follows the relation 


x= (‘= vv)’ 


The dotted lines in Fig. 18 show the decrease in stall torque and 
in runaway speed for these cases. 

Wheel-Disk Friction Losses. The hydraulic efficiency discussed 
so far refers to the transformation of flow energy to rotative 
energy. The shaft power usually obtained in turbines is slightly 
smaller than the rotative power due to the wheel-disk friction 
occurring at both sides of the impeller disk underneath the drag 
channel; i.e. area B in Fig. 1. The torque exerted by the wheel- 
disk friction can be calculated by the relation * 


since the average velocity of the gas in this area is about u/2. The 
corresponding head is 


With Equation [64] the shaft efficiency becomes 


Hin 


where the term 


represents the ratio of drag coefficient of the rotating blades and 
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the wheel disk and the ratio of the corresponding areas. The dif- 
ference between shaft and hydraulic efficiency also can be written 
in form of a ratio (valid only when z = const over wheel periph- 
ery) 
[ ] 
i.e., a term which depends only on the £-value and the velocity 
ratio z, decreasing with increasing z-values. Since the velocity 
ratio is related to the speed ratio 


the difference between shaft and hydraulic efficiency can be repre- 
sented directly in the turbine characteristic, Fig 19, indicating 
that this difference is especially noticeable at high-speed ratios, 
thus decreasing the runaway speed to smaller (about 30 per cent 
for 6 = 0.1) values than indicated by Equation [61]. The peak 
efficiency is only very little affected (about 4 per cent for 6 = 
0.1). 

In most cases the leakage effect must be included in quoting 
turbine efficiencies. A simple relation 


. [68] 


corrects the hydraulic efficiency by assuming that the leakage 
flow does not contribute to the power generation. The numerical 
values for W,/W can be determined from Equation [46] for the 
block seal and from Equation [54] for the cross-flow leakage. 
Drag Coefficients. One of the decisive values for the drag-tur- 
bine performance is the drag coefficient Aar. Its numerical value 
depends mainly on the blade configuration and has to be deter- 
mined experimentally. Fig. 20 shows the test setup used for de- 
termining drag-turbine performance indicating that the test unit 
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(D = Gin., A,, = 1 8q in.) was supplied with compressed air and 
that the rotor torque, air pressures and temperatures, weight 
flow, and speeds were measured for different turbine loads. The 
test data were evaluated in terms of friction coefficients which are 
presented in Fig. 21 as function of the channel. Reynolds number 


where v* denotes the kinematic viscosity of the flowing medium. 
These values show the usual tendency, i.e., a decrease of the drag 
coefficient with increasing Reynolds numbers. The stator 
drag coefficient \;, obtained on the same test runs shows valucs 
varying from 0.04 to 0.06 so that the drag ratio results to about 
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6 = 0.08. This means that the blade configuration represented by 
the upper line in Fig. 21 yields an hydraulic efficiency of about 40 
per cent according to Fig. 3. It is to be noted that the \a-values 
obtained in stall-torque tests are about equal to the Aa-values re- 
sulting from rotative tests. 

Drag-Turbine Geometry. The geometry term vy represents the 
main turbine dimensions besides the drag coefficient, so that the 
ratio 
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can be expressed directly as function of the channel proportions, 
when = D/d, = D/H, m = H'/H, y = f/H denote charac- 
teristic geometry ratios describing the channel geometry, and 
when A denotes the effective center angle; i.e., the part of the 
wheel periphery which is covered by the drag channel. Fig. 22 
shows Equation [71] graphically for selected m and y-values, re- 
vealing that v/Aar depends mainly on the wheel diameter-to- 
channel width ratio 4, increasing with increasing u-values. This 
means that drag turbines designed for high pressure ratios and 
therefore demanding large v-values (see Equation [42]) require 
large u-values; i.e., show a comparatively small channel width 
H. Owing to the large v-values, the speed ratio u/c becomes 
comparatively small (see Fig. 10) so that high pressure-ratio 
drag turbines operate at low tip speeds and consequently low ro- 
tational speeds. A small channel width H means that the 
leakage parameter h/H (see Equations [46] and [54]) tends to 
become of significant magnitude when large clearances h have to 
be tolerated. For obtaining high turbine efficiencies, effective 
seal designs are therefore essential in high pressure-ratio drag- 
turbine designs. 

Specific Speed. The previously defined parameters also can be 
used to express the specific speed of drag turbines 


1. 


ve 
whereby the term 
1 é m 
D? we 720 v/Xar 


is a significant characteristic value which is inversely proportional 
to the v/Aar-value as shown by the dashed lines in Fig. 22. With 
conventional ¢€, 4, and m-values the specific speed parameter for 
drag turbines ranges between 1 and 10 depending on the channel 
geometry. In comparison, specific speeds of conventional single- 
stage turbines (axial and radial turbines) are n, = 40 to 150; i.e. 
are considerably higher than the specific speed of single-disk drag 
turbines. 

Comparison of Drag Turbines with Conventional Turbines. As 
demonstrated in detail,? the low u/c and low n,-values, inherent 
in high pressure-drag turbine designs favor the application of 
this turbine in cases where comparatively small amounts of power 
are to be extracted at low rotative speeds from high-pressure and 
high-temperature energy sources, such as jet-engine bleed air or 
propellant gases. The low rotative speeds in these cases are 
particularly advantageous since usually gearing between the tur- 
bine and power consumer, such as hydraulic pump or alternator, 
can be eliminated thus offering sizable constructive simplifications 
and increased reliability. The safety aspect also benefits con- 
siderably since the runaway speed of high-pressure drag turbines 
is extremely low, usually within the safe operating limits of 
bearings and turbine disk, so that a loss of the turbine load will 
not lead to disastrous failures, even when no overspeed trips are 
provided. A low tip speed means also that the blade and disk 
stresses are comparatively low so that considerably higher gas 
temperatures can be tolerated in drag turbines than in conven- 
tional turbines with the presently available materials thus further- 
ing the application of drag turbines for high-temperature gases. 
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Another advantage of drag turbines becomes apparent when 
the throughfiow area A,, is compared with the nozzle area Ay of 


‘ conventional turbines. Both areas are calculated from the same 


basic relationship (see Equation [33]) with the difference, how- 
ever, that the product k c,,/cn in Equation [34] is replaced with 
a constant (3.86 for supercritical-pressure ratios in the nozzle) 
for conventional turbines. This means that the channel area A,, 
usually is about 5 to 10 times larger than the nozzle area of con- 
ventional turbines passing the same weight flow. Since for small 
amounts of power extremely small nozzle areas, sometimes less 
than 0.01 sq in. are required, it becomes apparent that small 
blade heights result for conventional turbines, even when partial 
admission is considered, which render these designs extremely 
sensitive to manufacturing tolerances. The considerably larger 
throughflow area of the drag turbine yields larger blade dimen- 
sions which are considerably less sensitive to tolerances. 


Discussion 


W. T. von per Nvewi.t Pumps, and lately, turbines, of the 
type dealt with in the paper are attracting more and more atten- 
tion in the engineering world. The author should be given due 
credit for having contributed to the advancement of this art by 
his development work. 

However, there are several rather controversial schools of 
thought regarding how to explain what makes this type of turbine 
or pump “tick.’’ Therefore, it might be of interest to learn from 
the author how he compares the methods, which for example, 
have been associated with the names Pfleiderer and Iversen. 

When extremely small flow quantity per time unit at a very 
high pressure ratio is to be utilized at a low rotational speed, the 
“drag turbine,” in spite of its low efficiency, may well be ac- 
ceptable because of the mechanical advantages such as no run- 
away danger and larger flow passages. However, it appears 
that radial-type turbines of one type or another can compete into 
much lower “velocity ratio.’’ than commonly used. This field 
has found little publicity. Since the author himself is experienced 
with the radial-type turbine, he might be in a position to en- 
lighten us with some comments of comparison. And, while com- 
paring the more significant characteristics, one should ask how 
the stall torque compares with the torque at maximum efficiency. 

Are results available showing the influence of the viscosity of 
the flowing substance on the performance of a given drag tur- 
bine? 

To the best of the writer’s knowledge, presently all results 
published indicate the efficiency of the drag turbine to be sig- 
nificantly lower than the efficiency of the drag pump, an observa- 
tion that makes one wonder. Would it be possible for the author 
to shed a little light on this subject? Or is the explanation simply 
that more time and effort went into the development of drag 
pumps than have been applied to drag turbines? 


Homer Woop.’ The author is to be congratulated for his 
original thinking in this long-neglected class of turbomachinery. 
The need for ultralow specific-speed turbines of reasonable costs 
and acceptable efficiencies is very great, and the drag turbine is 
inhibited in exploiting this market largely by its efficiency limita- 
tions. Unfortunately no co-ordinated system for correlating 
existing performance and predicting characteristics of new designs 
has been generally known. The background theories and 
design parameters presented by the author constitute powerful 
means for extending our knowledge rapidly and indicating 
proper directions for research and development. 


‘ Los Angeles, Calif. 
5 Consulting Engineer, Sherman Oaks, Calif. 
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In this day and age of superperformance turbomachinery, with 
efficiencies of the order of 90 per cent, it is easy to forget the very 
considerable amount of motive power that is provided by fluid 
motors of less than 50 per cent efficiency. These applications 
do not represent a “cultural lag’’—they are well justified by first 
cost or other overriding considerations, such as mechanical 
simplicity. When, as the author predicts, the drag turbine ap- 
proaches the 50 per cent figure, it necessarily will have a profound 
influence in the turbine industry because of its rugged design and 
attractive cost factors. 

These comments should not be interpreted to mean that the 
drag turbine is not a useful machine today. As the author indi- 
cates, efficiencies already developed are competitive with more 
complex designs that are in current use. Furthermore, there is 
increasing interest in pneumatic ‘‘torque motors’’ to replace elec- 
tric and hydraulic motors in high-temperature, intermittent-duty 
service. For given outside diameter, pressure ratio and airflow 
conditions, the stall torque of the drag turbine is equivalent to far 
more complex and expensive designs. Here the “efficiency” fac- 
tor is of no significance. 

Although the term “drag’’ is a very apt one to describe the 
physical process, it is well to remember that when these turbines 
are designed for acceptable efficiencies, the motive drag is pro- 
duced primarily by momentum exchange in a manner somewhat 
comparable to normal blading action rather than by an exag- 
gerated surface friction. This suggests that future improvement 
in drag coefficients will stem from more intimate knowledge of in- 
ternal flow paths that will permit these momentum exchanges to 
occur with less kinetic-energy loss. It may be argued that the 
drag turbine is the limiting case of a multistage reaction turbine 
with peripheral staging, having as many stages as it has exposed 
rotor blades. As such, it may be compared with peripheral- 
staged turbines having velocity staging, such as the well-known 
“Terry” turbine. 


AuTHOR’s CLOSURE 


The author wishes to thank both Dr. von der Nuell and Mr. 
Wood for their kind comments. 

There is some test information available regarding the flow 
mechanism in a drag pump. These investigations (‘Untersuch- 
ungen an Ringpumpen,’’ by Heinrich Engels, doctor’s thesis, In- 
stitute of Technology, Hannover, Germany, 1940) report on the 
flow pattern in the stationary side channel of the drag pump which 
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was measured by inserting spheric pitot tubes, thus yielding the 
local velocity vectors. The experiments revealed a cork screw 
type flow pattern, i.e., a flow pattern composed of a peripheral 
component and a circulatory component extending from the rotor 
hub to rotor tip within the rotor and returning from tip to hub 
in the channel. The pressure rise in the side channel is then ex- 
plained by a mixing effect (momentum exchange) between the 
flow discharged from the rotor and the originally stationary fluid 
in the side channel, thus decelerating the velocity vector of the 
flow leaving the impeller and increasing the static pressure of the 
flow in the side channel. Based partly on these investigations, 
Pfleiderer developed a theory for the design of drag pumps (‘Die 
Kreiselpumpen,’’ by Carl Pfleiderer, published by Springer-Verlag 
in 1955) in which the head produced by the pump is related to an 


L 
“exchange coefficient’ a = = which is proportional to the 
u 


ratio of ‘exchange factor’’ a and wheel speed u and to the ratio of 
channel length L and through flow area A,,. The value of a is as- 
sumed to be almost constant and independent of the pump load 
with limits of a = 5.7 to 7.2, according to the quoted test data. 
It is furthermore assumed that the ratio of wheel speed u to 
throughflow velocity c,, for optimum efficiency is about z = 2, so 
that the head coefficient gaa = gH.a/u* for optimum efficiencies is 
Qad-opt = 0.35a@ = 2 to 2.5. H. W. Iversen (‘‘Performance of the 
Periphery Pump,’’ Trans. ASME, vol. 79, 1955) developed a 
theory for the drag pump performance by considering the shear 
stresses exerted by the peripheral velocity of the wheel u and the 
peripheral flow component in the stator, i.e., by neglecting the 
circulatory flow. The head H.a produced by the pump can again 
be expressed by a head coefficient and reads 


x? 


when the nomenclature quoted for drag turbines is retained. 
Introducing Pfleiderer’s assumptions into Equation [74],i.e. z = 2, 
and assuming 6 = 0.1, it follows gaa = 0.225v or v = 1.55a, reveal- 
ing that Pfleiderer’s exchange coefficient a@ is identical to the 
geometry term v and implying that the limits for yo :-values are 
8.85 to 11.2. Actually vop:-values higher than 11.2 have been 
demonstrated experimentally in pumps as well as in turbines in- 
dicating that higher head coefficients gad-ope (and lower u/cth-opt 
values) than those resulting from Pfleiderer’s theory are obtain- 
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able. Comparing both theories, it appears that Iversen’s theory 
offers the possibility of distinguishing between the influence of 
channel geometry (aar/A,,), drag coefficient of the rotor \ar, i.e., 
blade form, drag coefficient of the stator (ard) and velocity ratio 
z on the performance. The parameters z and 6 are of particular 
significance, since the hydraulic efficiency depends exclusively on 
these values 


as shown in Fig. 23 by plotting the maximum obtainable efficiency 
as function of 6 and the corresponding optimum z-values. The 
also shown gad-opt/v values indicate that the head coefficient qaa 
depends on » as well as on 6. 

It should also be pointed out that Aar and aa./A,, appear not to 
be entirely independent parameters. The presently available test 
evidence points to certain limiting values of the product of both, 
i.e., to limiting values of v or a without, however, rendering v a 
constant for all channel geometries. It is apparent that both 
theories have common aspects and make simplifying assumptions 
regarding the flow mechanism. Only a better understanding of 
the flow phenomena, presently only very little explored, will allow 
the development of a more exact treatment of drag pumps and 
drag turbines. 

Regarding the question of radial turbine against drag turbine 
for small velocity ratios, a diagram showing the obtainable 
efficiencies of radial turbines, including radial turbines with 
partial admission and drag turbines as function of specific speed 
and u/c, offers a good comparison, Fig. 24. It is apparent from 
this diagram that the drag turbine is superior to the partial ad- 
mission radial turbine at low specific speeds and low velocity 
ratios. For comparing the stall torque with the torque at maxi- 
mum efficiency, reference is made to Fig. 18 which indicates that 
in drag turbines, the stall torque is about twice the torque of best 
efficiency as opposed to radial turbines where usually the stall 
torque is only 60 per cent higher than the torque at best efficiency. 

Unfortunately, only few data on the influence of viscosity on 
the performance of drag turbines are available which so far do not 


reveal a significant influence of viscosity aside from the usual 
Reynolds number effect. 

Regarding the difference between drag pump efficiency and 
drag turbine efficiency reference is made to Figs. 23 and 3 showing 
the maximum obtainable efficiency for both devices as function of 
6. The surprising result is found that for equal drag coefficients, 
i.e., equal 6-values, the pump has a higher efficiency than the 
corresponding turbine. This so far appears to be substantiated 
by the available test data. However, it has to be kept in mind 
that only little time and effort was extended to the development 
of drag turbines as contrasted to the comparatively large de- 
velopment efforts for the past several years extended to drag 
pumps. 

The author particularly appreciates the comments of Homer 
Wood regarding the usefulness of the drag turbine and especially 
his comments regarding torque motors. By comparing the 
torques obtainable per unit mass flow, spouting velocity, and 
rotor diameter for conventional turbines and drag turbines, some 
numerical values are obtained. For conventional single stage 
turbines, it is evident that the maximum stall torque is 


when no sonic restrictions occur within the blade passages, whereas 
for the drag turbine, it follows from Equation [60] that 


TQ v Ya 
77 
WewD + 5) 


Hence the drag turbine develops more stall torque than single 
stage axial turbines when » > 8.8, assuming 6 = 0.1. Actually, in 
most cases, the value in Equation [76] is smaller than unity, par- 
ticularly at high pressure ratios, due to sonic restrictions. With 
the already demonstrated v and 6 values, the stall torque per 
unit mass flow and spouting velocity of drag turbines will in 
many cases exceed the corresponding value of single stage axial 
turbines by a factor of about 2 when both units have equal rotor 
diameters. 
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Kinematic Analysis and Synthesis Using 
Collineation-Axis Equations 


By W. J. CARTER,' AUSTIN, TEXAS 


The angular accelerations of the crank and lever of a 
four-bar mechanism have been related herein to the ve- 
locity of their rotopole through an equation developed by 
Koenig.? It is shown that the Koenig equation may be 
transformed in a simple manner into the collineation-axis 
equation derived by Freudenstein.* Other collineation- 
axis equations are here derived which permit a direct solu- 
tion for the angular acceleration of the connecting link of 
a four-bar mechanism. These equations are differentiated 
with respect to time yielding fairly simple equations for 
the determination of the third time derivatives of lever 
and connecting-link motions. The collineation-axis 
equations are further employed to determine the families 
of four-bar mechanisms which satisfy the first three 
derivatives of a Taylor’s series expansion of a desired func- 
tional relation between the crank and lever rotations. 
The fourth time-derivative relation for these mechanisms 
is then determined using the complex-number vector no- 
tation. Finally the solutions are given to example prob- 
lems of kinematic analysis and synthesis. 


NOMENCLATURE 
The following nomenclature is used in the paper: 


a,b,c,d = links of four-bar mechanism 
= fixed centers of four-bar mechanism 

moving centers of four-bar mechanism 

rotopole common to links b and d 

rotopole common to links a and ¢ 

angular position of crank 

angular position of lever 

angular velocity of link, with lower-case-letter sub- 
scripts to indicate link 

angular acceleration of link, with lower-case-letter 
subscripts to indicate link 


= of link, with lower-case-letter subscripts to indi- 


cate link 

d 

iB of link, with lower-case-letter subscripts to indi- 
cate link 

pole line to rotopole 

angle between connecting link and collineation axis 
measured in a counterclockwise direction from 
connecting link 


1 Associate Professor of Mechanical Engineering, The University of 
Texas. Mem. ASME, 

2“*A Uniform Method for Determining Angular Accelerations,”’ 
by L. R. Koenig, Trans. ASME, vol. 68, 1946, pp. A-41-44. 

*“On the Maximum and Minimum Velocities and the Accelera- 
tions in Four-Link Mechanisms,” by F. Freudenstein, Trans. ASME, 
vol. 78, 1956, pp. 779-787. 


Contributed by the Machine Design Division and presented at 


the Fall Meeting, Denver, Colo., September 10-12, 1956, of Tue 
AMERICAN Society or MECHANICAL ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those of 
the Society. Manuscript received at ASME Headquarters, May 31, 
1956. Paper No. 56—F-+. 


6 = angle between driven crank and collineation axis 
measured in a counterclockwise direction from 
driven link 

\ = angle between connecting link and line through fixed 
centers, measured in a counterclockwise direction 
from line through fixed centers 


INTRODUCTION 


The collineation axis of a four-bar linkage is defined as the line 
on which rotopoles P,, and P,, lie collinearly, as shown in Fig. 1. 
It has been recognized previously that the collineation axis and its 
motions were intimately related to the relative motions of the links. 
Freudenstein* has shown that the angular accelerations of crank 
(a) and lever (c) may be related in terms of the collineation axis 
angle ¥ and the rotopole distances e and f (see Fig. 1). 


collineation 
axis 


Fic. 1 Four-Bar MecHanism 


ANGULAR AccELERATIONS BY Mertuop or L. R. Kogrnia 

Fig. 1 shows a four-bar mechanism with fixed link (d), crank (a), 
lever (c), and connecting link (6). The intersection of these 
links or their extensions define the rotopoles P,, and P,,. The 
rotopoles are points common to the links having the same velocity 
in each link. The common velocity of links (a) and (c) at their 
rotopole is v,,. It may be seen that 


Yer = CW, = fw, 


from which 


where e and f are the distances from the fixed centers 1 and 4to 


the rotopole. 
Equation [1] may be differentiated with respect to time, giving 
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For this case the equation becomes 


2 
a, (* cot 6 + (:—*).,.... [19] 


EqQuaTIONsS FOR DETERMINING THIRD 
Time Derivatives oF ANGULAR Motions oF CRANKS 
Rotopole of Cranks Outside Fixed Centers. Equation [12] may 
be differentiated with respect to time, giving 
2c? df 
dt 


Equation [20] may be simplified by substituting df/dt = de/dt = 
ew, cot Y. When this is done the result is 


7 
e 
+ 3w,a, 
Rotopole of Crank and Lever Between Fixed Centers. Differen- 
tiation of Equation [15] with respect to time yields 


e df 2e de 2e? df 


Equation [22] is simplified by substituting df/dt = —de/dt and 
de/dt = —ew, cot W with the result that 
e 


a 


e 


Determination of d//dt. The term dy/dt in Equations [21] and 
[23] represents the angular velocity of the collineation axis with 
respect to the connecting link. This may be easily determined, as 
indicated in Fig. 6. The collineation axis is imagined as being pin- 
connected to rotopole P,, and as moving with, but sliding relative 
to, rotopole P,,. The velocity of the rotopole, vpgs, is deter- 
mined by relative velocity methods. The component, vpg,4", of 
this velocity is normal to the collineation axis. Moreover, vpq,4)” is 
one of the perpendicular components of the velocity of G, a point 
on the collineation axis which is coincident with P,, at this in- 
stant. Point H on the collineation axis moves with P,,. It is 
assumed that the velocity of this rotopole has been computed 
from Equation [3] and is drawn to scale in the figure. 

The angular velocity of the collineation axis is given by the 
relation 


de® 
dt 
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The change of W with time is given by the relation 


where w, is the angular velocity of the connecting link. For the 
case shown in Fig. 6, the two angular velocities add and dy/dt is 
positive, thus 


Example One. It is desired to compute §, for the mechanism 
shown in Fig.7. The given data are 
®, = —10 rad per sec e = 2 ft 
f= 5ft 
= 30 deg 


cot Y = 1.7321 


a, = —30 rad per sec* 
8 =0 


It is first necessary to compute a,. This may be found by sub- 
stitution of the given data into Equation [12] 


Ty 
we 

4 + maya ($— 5) cot + $ at 

\ 

a 
| 

2 SF 

og 
axis 
( e? ) e 

= + —} cot — — @,...... [23] 
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a, = (100) 


3) (—30) = 29.6 rad per sec* 


The positive sign of the result indicates that a, is counterclock- 
wise. 

For the computation of 8, the angular velocity dy/dt is re- 
quired. The velocity analysis for the determination of vpgo” is 
shown in Fig. 7. The original drawing was made with a linear 
scale equal to unity and a velocity scale of 10. The value of 
vpga)" is 31.8 fps. The velocity of rotopole P,, is computed, using 
Equation [3] 


1 — 


The component of this velocity normal to the collineation axis is 
28.5 fps. The angular velocity of k is 


31.8 — 28.5 


287 = 0.853 rad per sec clockwise 


Q, = 


w, is found to be 4.32 rad per sec counterclockwise, thus 


wv = —0.853 — 4.32 = —5.173 rad per sec 


and the sign is negative since W is decreasing. 
Equation [21] is used to compute 8, and substitution of the 


B, 


(1.7321)? — (100) (2 (—5.173)(.2500)? 


2 4 
+ (3)(—10)(—30) (2 =) (1.7321) 


+ (=) (0) = —98.83 rad per sec* 


The negative sign indicates that 8, is clockwise. 
This method of finding 8, requires somewhat less labor than do 
the other methods available. 


CoLLINEATION-Axis EQuATION FoR DETERMINING THIRD TIME 
DERIVATIVE OF CoNNECTING-LINK MoTION 


Crank and Lever Not Crossing. Equation [18] may be dif- 
ferentiated with respect to time and simplified to yield 


3h? 2h? 
cot? 6 — w,? ( ~ 


+ 3w,a, (2 
g 


The term dé/dt in Equation [26] is the algebraic sum of w, and 

Crank and Lever Crossing. In this case Equation [19] is dif- 
ferentiated with respect to time and the result is 


Design or Four-Bar MEcHANISMS FOR SPECIFIED Motions 


The design of four-bar mechanisms for specified motions is one 
of the important problems of kinematics with which the linkage 
designer has to contend. A number of papers on this subject 
have appeared in recent years, the most notable being that by 
Freudenstein.‘ 

Freudenstein has solved the problem of the design of four-bar 
linkages in such a way that the crank displacements satisfy ap- 
proximately a desired functional relationship. If, therefore, 0 
and @ are the angular displacements of the driving crank and 
driven lever, respectively, the desired functional relationship may 
be expressed by 


Freudenstein’s method of determining the linkage which satisfies 
the foregoing requirement is completely analytical. It is a 
method of great power and is apparently the best scheme now 
available for the design of computing linkages. For some other 
types of problems in linkage synthesis, in which satisfactory 
reproduction of a functional relationship need be only approxi- 
mate, a completely analytic solution may have some disadvan- 
tages, for the designer does not have before him a picture of how 
variations in the linkage proportions affect the functional rela- 
tionship. 

The methods of linkage synthesis presented in this paper are 
based on the collineation-axis equations and are partly graphical 
in nature. As a consequence, they have certain advantages and 
disadvantages inherent to graphical work. The methods pre- 
sented here are not suitable for computing linkage design, but are 
of value as an aid in this work and in other synthesis problems. 


Expansion FunctronaL RELATIONSHIP IN A TAYLOR’S 
SERIES 


A desired functional relationship between the crank and lever 
rotations of a four-bar mechanism may be expanded in a Taylor’s 
series, i.e. 


do \ (40)? 
(4 «a0 (4 ), 2! 


(A0)* 

(33) 3! (44) 

0 0 

where @» and the various derivatives of ¢ are the values at the 
initial position of the driven crank or lever. If a linkage could 
be designed which would satisfy all of the derivatives in the series, 
the desired functional relationship could be generated exactly. 
Unfortunately, this is not possible in general. If only the first 
three or four derivatives are satisfied, however, the mechanism 
may closely generate the desired function through a suitable range 
of crank rotation. 

The derivatives appearing in the series expansion may be in- 
terpreted in termsof time derivatives of the crank and lever angles. 
As shown in Fig. 1, 8 and @ are the angles made by the driving 
crank and driven lever with the horizontal. A change in @ may 
be expressed in terms of time derivatives 


«Approximate Synthesis of Four-Bar Linkages,” by F. Freuden- 
stein, Trans. ASME, vol. 77, 1955, pp. 853-861. 
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46 dt (At) + di? 2! dt 
If d6/dt is assumed to be constant with time, At may be ex- 
pressed in terms of this derivative 


- [30] 


where AQ is the increment in @ associated with the increment Ad. 
Equation [30] may also be written 
dd Aé (46)? (A6)® 


For convenience in computation, w, may be chosen to have unit 
value, thus 

do d*p (46)? 
dt dt? 2! a = 3! 


. 
+..... 


. - [32] 


Ad = &,(A8) + + 


where @,, &,, B., and 7, are the various time derivatives of @ asso- 
ciated with a constant unit value of w,. 

A comparison of Equations [33] and [29] shows the equivalence 
of the time and displacement derivatives. It is assumed through- 
out that only A@ and A¢ are of interest rather than the initial and 
final values of the two angles. The expression of the series in the 
form of Equation [33] has certain obvious advantages for use in 
kinematic studies. The techniques for velocity and acceleration 
analysis have been highly developed and are well known to engi- 
neers. Hall and Tao,’ for example, have used velocity analysis 
in the evaluation of displacement derivatives. 


Construction oF Four-Bar Mecuanisms WuHicu SATISFY THE 
Frrst Toree DERIVATIVES OF THE FUNCTIONAL RELATIONSHIP 


For use in kinematic synthesis, it is convenient to have the 
appropriate equations written in the form that they take when 
d6/dt = unity and all higher derivatives of @ with time equal zero. 
The equations for the two cases are grouped together in the fol- 
lowing: 

Rotopole of crank and lever outside the fixed centers 

do e 


(GS cot (Equation [12]) 


(dy}/dt is the value of the angular velocity when w, = unity). 
Rotopole of crank and lever between the fixed centers 


‘Linkage Design—A Note on One Method,” by A. 8. Hall and 
D. C. Tao, Trans. ASME, vol. 76, 1954, pp. 633-637. 
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dé f 


cot y, (Equation [15]) 


= ese, (Equation [23]) 


Procedure of Mechanism Design. The procedure for layout of 
the four-bar mechanisms, or families of four-bar mechanisms, 
which approximately satisfy a desired functional relationship may 
be summarized as follows: 

(a) The rotopole of the crank and lever is located with respect 
to the fixed centers 1 and 4 in such a way as to give the desired 
value of df/d@. The location of this rotopole determines e and f. 

(b) The equation for d*/d@? is solved for the value of cot ¥ 
associated with the desired value of d*@/d@?. It should be noted 
that Y is not dependent on the connecting-link angle X. Asso- 
ciated with each value of \ that may be chosen is an infinite set 
of mechanisms, all of which satisfy the first two derivatives of the 
desired functional relationship. 

(c) With a value of X arbitrarily chosen, the collineation axis 
may be drawn. The fourth equation of the appropriate set is 
solved for dY/dt associated with the desired d*¢/d6*. It is now 
required to locate the rotopole P,, on the collineation axis so that 
the actual value of dy//dt matches the required value given by the 
fourth equation. This may be done by trial and error without a 
great deal of labor. 

(d) A family of four-bar mechanisms may be obtained by 
choosing other values of \ and repeating the trial-and-error solu- 
tion of step (c). From this family of mechanisms there may be 
chosen the one which most nearly matches a desired value of 
d‘}/d@*. The solution for the fourth derivative can probably 
best be made by vector methods employing the complex-number 
notation. The detail of this solution is given in the Appendix. 

A similar procedure also may be used to design a mechanism 
giving a desired functional relationship between the driving crank 
and the connecting link. 

Example Two. The four-bar mechanisms shown in Fig. 8 are 
designed to give the following motion derivatives 


Since dd/d@ is positive, the rotopole is outside the fixed centers 
and e/f = 1/2. In the original drawing, e and f were 6 in. and 12 
in., respectively. Since the desired value of d*$/d6? is given, it is 
necessary that 


cot ( 


ef — e* 


144 
a) (0.30) = 1.20, = 39.8 deg 
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The layout has been made with 5-deg increments for \ from 5 to 
40 deg. 

Using the fourth equation of the first set, the required value of 
dy/dt may now be computed 


v = [—0.40 + (0.50 — 0.75 + 0.25)(1.20)?] 


144 


(,6401)? 
72 — 36 


= —0.656 rad per sec 


A few trials in each case locate the rotopole P,, on the collineation 
axis in such a position that the actual value of d//dt matches the 
required value. The required distances between rotopoles P,,4 
and P,, for the various values of \ are shown in Fig. 8. The 


/ \ 


Fic. 8 Famity or Four-Bar Mecuanisms Wuicu Satisry THREE 
Speciriep Motion Derivative Ratios 


dotted line may be regarded as a trajectory along which P,, may 
lie to satisfy the first three derivatives of a functional relationship. 
The numbers placed above each of the positions of P,, are the 
values of d‘d/d@* as computed by the equation derived in the 
Appendix. 

It should be obvious that the foregoing example problem (No. 2) 
has been deliberately chosen so that the configuration fits a draw- 
ing of reasonable size. With other values specified for the deriva- 
tives it is possible that the rotopoles will be in such positions as to 
make the necessary graphical work awkward. This is, of course, 
an inherent disadvantage of graphical construction. 


Appendix 


CompPuTATION OF FourtH Time Derivatives or Motions oF a 
Four-Bar MECHANISM 


Fig. 9 shows a four-bar mechanism with the link angles meas- 
ured in a counterclockwise direction from the horizontal. Using 
the complex-number notation it may be written 


4 
Fic. 9 Co-OrprnatTes ror Fourts-DerivaTive DETERMINATION 


+ ber + = const....... [34] 


When Equation [34] is differentiated with respect to time, the re- 
sult is 


+ + = 0... 


In Equation [35] 6, is assumed to be constant. The dot notation 
is used here and subsequently for ease in writing. 
After a fourth differentiation the resulting equation is 


— — — 
The real part of Equation [36] may be equated to zero, giving 


a6,‘ cos 0, — 66, sin 6, — 460,6, cos 6, — 3b6,? cos 6, 
+ 6b6,6,2 sin 0, + 66,‘ cos 6, — sin 6. 
— 46,6, cos 6, — 3c6,* cos 0, + 6c6,6,? sin 8, 
+ c6,4 cos 6, = 0. .. [87] 
The imaginary part of Equation [36] yields 


a6,‘ sin 6, + bb cos 6, — 46,6, sin 0, — 3b6,? sin 0, 
66,6," cos 6, + b6,* sin 6, + cb, cos 6, 
— 46,6, sin 0, — 3c,* sin 0, — 6c6,6,? cos 0, 


+ sin 0, = 0.. (38) 


The terms involving 6, may be eiiminated by multiplying Equa- 
tion [37] by cos 4, and Equation [38] by sin 0,, and then adding. 


The resulting relation, when solved for 6., gives 


1 
l= 6, sin 6, — sin 6, cos | 
(a8,*(cos 6, cos 0, + sin 6, sin 
46,6, — 3b6,? + 66,4 — 46,8, (cos 6, cos 8, + sin 6, sin 
— 3c6,? (cos 0, cos + sin 6, sin 
+ 6c6,6,? (cos 6, sin 6, — sin 0, cos 
+ (cos 6, cos 8, + sin 0, sin 


[39] 


In using Equation [39] it is necessary to have the signs of the 
various derivatives consistent with the positive angular directions 


shown in Fig. 9. By using Equations [18] and (26), 6, and 6, 
may be computed. 


1311 
| 
ors 
\ \ \ | 
| 
QL Sw 


Discussion 


A.8. Hau.* In Fig. 8 of the paper there is displayed a family 
of four-bar mechanisms, each of which satisfies the specified 
values of d¢/d0, d*p/d6*, and d*@/d6*. Inspection of this drawing 
might suggest that possibly the trajectory of P,, is a circle. If 
this were true, then the job of finding the different members of the 
family of four bars would be greatly shortened. 

One method for showing that the trajectory of P,, is a true 
circle depends on recognition of the nature of the curve containing 
crankpin 2 for the different members of the four-bar family. This 
curve is the “cubic of stationary curvature’’ (German ‘‘Kreisungs- 
punktkurve’’) for motion of crank a with respect to lever c. One 
reference for a discussion of this curve is a book by R. Beyer.’ 

In order to outline the proof, let us first refer to the author’s 
Fig. 1 for notation. Let the directed lengths from pole P,, to pole 
P,4, crankpin 2, and pivot 1 be represented, respectively, by the 
symbols p, r, and 7. Now, since both the crankpin 2 and pivot 1 
must lie on the afore-mentioned cubic of stationary curvature, the 
following equations must be satisfied 


1/r = 1/K cos (A + W) + 1/L sin (A + p) 
1/ro = 1/K cos + 1/L sin 


where K and ZL are constants. 
If we eliminate L between Equations [40] and [41], the result 
can be written 


sin ¥/ro — sin (A + 
sin (A + 
K Leos y cos (A + 


Rearranging Equation [42] yields 


sin \ 


cos cos A+W] 


rsin — rosin (A + + 


Now consider areas of triangles 


AP 2 — AP 1 + A2P,,1 = 0 


pr sin Y — pro sin (A + + rrosinA = 0......[44] 
Dividing through by p yields 


rsin — resin + sin d =0 


Comparison of Equation [43] with Equation [45] shows 
p = (K cos cos (A + 


This will be recognized as the equation of a circle in polar co- 
ordinates if we remember that, for the problem considered, angle 
y is a constant. 


J. F. D. Smiru.* The author has taken a long step forward in 
the analytical analysis of four-bar linkages. It will be quite help- 
ful to the designer who already has the mechanism to analyze. 
Unfortunately, before the engineer analyzes the mechanism he 

* Professor, School of Mechanical Engineering, Purdue University, 
Lafayette, Ind. Mem. ASME. 

7 “Kinematische Getriebesynthese,’’ by R. Beyer, Julius Springer, 
Germany, 1953. 

* Dean of Engineering, lowa State College, Ames, Iowa. Fellow 
ASME. 
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first has to design it. For example, if it is desired to have some 
particular part of a machine go through a predetermined path, 
and it is known from experience that a four-bar linkage might 
give this path approximately, with the expectation that modifica- 
tions to get the exact path could be supplied by some other 
means, the designer is confronted with the problem of first deter- 
mining approximately the linkages to be used. 

It is thus very important to have analyses such as this one by 
the author, but it is equally important to the designer to have 
advice on how to design the mechanism in the first place. It 
might be expected that a mathematical solution in each case to 
determine the proper linkage would be tedious. Rigorous 
graphical solutions, however, are available for a great many of the 
possibilities. Hrones and Nelson® give graphical solutions for the 
case where the driving crank makes a complete revolution and the 
follower crank oscillates. This discussion is principally to bring to 
the attention of those interested in the design of four-bar linkages 
that there is a book available which might be of some help in the 
primary design stages. 


J. P. Vivostc.” This paper provides an excellent addition to 
that of Freudenstein. The collineation-axis approach along with 
the Taylor-series expansion of the crank-follower functional rela- 
tionship permits of motion analysis and of approximate four-bar 
linkage synthesis in a relatively simple way. It is unfortunate, 
however, that the synthesis can satisfy only one phase of the 
mechanism at a time since location of the rotopole P,, and its 
describing parameters e and f change with phase. 

In Fig. 8 the numerical values of the fourth derivative of fol- 
lower displacement with respect to crank displacement for each 
rotopole position are given. Equation [39] of the paper, on the 
other hand, to which reference is made, is the fourth derivative of 
follower displacement with respect to time. This may not be 
properly understood. 

Again the author should be heartily complimented for a definite 
contribution in the area of mechanism synthesis. It is hoped he 
will continue to add to this area of engineering. 


AvuTHOR’s CLOSURE 


The author is very grateful to Professor Hall for the proof 
concerning the nature of the trajectory of P,,. The knowledge 
of the circular shape of the trajectory will considerably reduce 
the labor incident to a particular solution. 

With regard to Professor Vidosic’s comment that e and f 
change with phase, it should be noted that if the derivatives of @ 
with respect to # have the proper values at a given position in the 
linkage travel, the changes of e and f with phase are approximately 
as they should be to produce the desired motion. Of course 
only four of the derivatives may be satisfied since there are only 
four degrees of freedom in the layout of the linkage. The 
practical result of this is that the difference between the desired 
motion of the driven member and the motion actually produced 
by the driven member increases with the displacement of the 
driving member from the design position. The difference, or 
error, may in many cases be only a small percentage for a 40- 
degree motion of the driving member on either side of the design 
position. 


* “Analysis of the Four-Bar Linkage,’ by J. A. Hrones and G. L, 
Nelson, The Technology Press, Massachusetts Institute of Tech- 
nology, Cambridge, Mass., and John Wiley & Sons, Inc., New York, 
N. Y., 1951, 

1 Professor of Mechanical Engineering, Georgia Institute of Tech- 
nology, Atlanta, Ga. Mem. ASME. 
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On the Adiabatic Couette Flow of a 
Compressible Fluid 


By W. F. HUGHES! anp J. F. OSTERLE,? PITTSBURGH, PA. 


An investigation is made of the adiabatic flow of air be- 
tween two parallel plates very close together in relative 
tangential motion with a pressure differential across the 
moving plate. The solution predicts the “thermal wedge”’ 
effect of hydrodynamically lubricated slider-pad bearings 
and gives a quantitative analysis of the more genera] prob- 
lem where a pressure differential exists across the slider 
pad. The results indicate that the hydrodynamical pres- 
sure contribution is often negligible (for moderate speeds) 
in comparison to the hydrostatic pressures in the pres- 
surized bearings. For the case of stationary plates, the 
adiabatic solution is identical with the isothermal solution 
and no temperature rise occurs. 


NOMENCLATURE 
The following nomenclature is used in the paper: 


P = pressure (absolute) 

= temperature, deg R 
distance along slider 
length of slider 
viscosity 
specific heat at constant volume 
mass rate of flow 
distance between parallel plates 
fluid velocity in the z-direction 
velocity of slider pad in z-direction 
co-ordinate distance normal to surface of slider 
density 
temperature coefficient of viscosity 
distance coefficient of viscosity 
gas constant 
specific heat at constant pressure 
specific-heat ratio 


Cp 


Subscripts 


( )e = inlet conditions at z = 0 
( ), = outlet conditions at z = L 


INTRODUCTION 


With the increasing use of air as a lubricant and interest in 
pneumatic control, a fundamental study of air flow in a narrow 
passage seems desirable. The problem investigated here is the 
adiabatic flow of air through the passage between two parallel 
plates very close together and in relative tangential motion, so- 
called Couette flow, shown in Fig. 1. The case where a pressure 
differential exists across the moving plate is also considered. 


1 Assistant Professor, Department of Mechanical Engineering, 
Carnegie Institute of Technology. Assoc. Mem. ASME. 

2 Associate Professor, Department of Mechanical Engineering, 
Carnegie Institute of Technology. Assoc. Mem. ASME. 

Contributed by the Machine Design Division and presented at the 
Fall Meeting, Denver, Colo., September 10-12, 1956, of Tae Ameri- 
can Society oF MECHANICAL ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those of 
the Society. Manuscript received at ASME Headquarters, December 
29, 1955. This paper was not preprinted. 
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BEARING 


Fic. 1 Stiver Pap anp REARING In COUETTE 


FLow 


In Couette flow, heat generated by the viscous shearing 
stresses in the fluid is partially stored in the fluid increasing its 
internal energy, and partly conducted away through the plates 
which bound the flow. The isothermal and adiabatic solutions 
describe, then, the two limiting flow conditions. Whether the 
flow is isothermal, adiabatic, or somewhere in between depends 
on the individual situation, but it is thought that in many prac- 
tical situations the flow is adiabatic (1). For isothermal Couette 
flow, a pressure gradient cannot occur in the film, it being 
possible only when the plates are tilted. However, for adiabatic 
flow, a pressure gradient is incurred for parallel operation of the 
plates because of the so-called thermal-wedge effect, which is a 
result of compressibility, and may become important for very 
high relative velocities (2). 

The first treatment of the Couette flow of air was included in the 
work of Harrison in 1913 (3) who considered the more general 
problem of isothermal air flow between tilted plates. Work was 
extended to a consideration of momentum effects in air flow for 
stationary plates along with experimental data by 8. K. Grinnell 
in 1955 (4). The following mathematical analysis allows the pre- 
diction of the pressure and temperature distributions and mass 
rate of flow for adiabatic Couette flow, and certain conclusions are 
drawn as to the importance of the thermal-wedge effect. 


MATHEMATICAL ANALYSIS 


For the viscous laminar flow of a fluid through a narrow chan- 
nel the usual assumptions common to lubrication-type flow can be 
made (1). In addition, for air, the compressibility terms are 
neglected in the momentum equation; this assumption is valid 
as long as the velocities are much less than sonic (5). The mo- 
mentum equation then takes the simplified form 


Since the viscosity of air varies nearly linearly with temperature 
through a range of several hundred degrees, the following rela- 
tionship is assumed (7) 

3 Numbers in parentheses refer to the Bibliography at the end of 
the paper. 
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oP fl 
(1) 
= The energy equation for air may be written (6) : 
oT du du \? 


The equation of state 


will be employed. 

Equations [1] through [5] must be solved simultaneously to 
completely describe the flow. 

By integrating Equation [1] subject to the boundary condi- 
tions 


u=0 


u=U 


z=zh; 


which arise from the “no-slip” assumption of hydrodynamics, we 
obtain 


for the velocity profile. Substituting this expression and the 
equation of state into the continuity equation there results 

dP _ Uh, MRT 

dz 2 
Now, substituting Equation [6] into the energy equation and in- 


tegrating we obtain 
aT ht (dP\*? Phi d ( dP 
Me, | — —— —— — [| — 

The three Equations [5], [7], and [8] constitute a set of equations 
to be solved for the temperature, pressure, and viscosity varia- 
tions. 

Eliminating 7 between Equations [7] and [8], making use of the 
relationships 


=R 


there results 
| 
12(k — 1) dz h 2k —1) dx" 
If the viscosity variation with x were known Equation [9] could 
be integrated directly for the pressure distribution. If a linear 
variation of viscosity with z is assumed, it will be found that the 
final temperature distribution is nearly linear in z and, hence, the 
assumption is a reasonable one for a first approximation. We 
assume 


where a is determined by the maximum temperature at z = L. 
Equation [9] can now be integrated directly to yield 
aP _ wl + ax) 
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and B is a constant of integration to be determined by the 
boundary conditions. In order to integrate Equation [11], let 


P = ox) Of(z) 
where 


= 


Then we obtain for w(x) 


mal w6? 
dz _@gw?+w+1 f(x) 


The integral of Equation [14] has three forms depending on 
whether k(k — 1) is greater than, less than, or equal to unity. 
For air, k(k — 1) is equal to approximately 0.56, and if we let 


a= 1 Kk -1) 
Equation [14] integrates to the form 
1 
In 1 [(1 — + 4w + 4) [f(z)]* 


— + 21 — >| 

a (1 — a*)w + 2(1 + a) 
where C is a constant of integration. The boundary conditions 
are as follows 


P=P, T=T, 
P =P, 


z=Q; 
z=L; 
Applying these conditions to Equation [12], the boundary ccn- 
ditions on w(z) are 
= Q; = — 
P 
Of(L) 
These conditions may be applied to Equation [15] to obtain two 
equations involving the constants B, C, and a 


(1-4) (Po)? 

1, 
a | (1 — a*)Pp + 2B0(1 + a) 


and 


In — a*)P? 
40°C? 


+ “ec: 


[a a*)P, + 4 


(1 — a*)P, + 26f(L\(1 + a) 


We can obtain another equation relating B and a by combining 
Equation [7] with Equation [11] to eliminate dP/dz. Hence 


a 
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~ ope one it 


From the z and 7’ viscosity variations it follows that 


Now, by combining Equations [18] and [19] and using the 
boundary conditions on pressure and temperature it follows that 
the mass rate of flow is given by 


Uh (1 
M -»| G + 


(1 B Uh 
(5+ 27 
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pr 


which is that obtained by Grinnell (4) for the isothermal case. 


NUMERICAL EXAMPLE AND DiscussION 


The analysis herein presented allows the prediction of pressure 
and temperature distributions and the mass rate of flow for 
adiabatic Couette flow. To illustrate the use of these equations 
sample calculations were made for the following slider pad: 


L 2 in. 
0.001 in. 
1000 in. per sec 
560 R 


24Rpy | Uh 
yoh'L | 2 


For the special case of Po = P,, that is the nonpressurized slider 
pad, Equation [21] takes the simpler form 


2 | Uh (1 B “a 
— — — — — — — ..[22 
We can eliminate C by combining Equations [16] and [17] to 
obtain 


In [((1 — a*)Po? + 4BOP, + 1 
{(1 — + 4P,Of(L) + a 

+ — a))[(1 — a*)P, + + 
— a*)Py + 2B0(1 + @))[(1 — a*)P, + 26f(L\(1 — a)] 


The use of these equations for the solution of practical flow prob- 
lems is straightforward, but involves some trial-and-error work 
since the equations are nearly all transcendental. Equations 
[24] and [21], or [22], can be solved simultaneously for B and a; 
however, since the unknowns do not appear in explicit form, a 
trial-and-error numerical solution must be effected. The con- 
stant C may be determined explicitly from Equation [16] or [17]. 
Once a, B, and C are known, Equation [15] gives the pressure dis- 
tribution and Equation [18] gives the temperature distribution 
in terms of the pressure and mass rate of flow which may be de- 
termined from Equation [20]. 

It is interesting to note that for the hydrostatic situation of zero 
relative velocity of the slider pad there is no increase in tem- 
perature of the air as it flows through the passage. This may be 
shown by examining Equation [9] in the limiting case of U = 0 


k(k —1) dz dz 
Therefore 


and from Equation [7] 


aT 

— 0 

dz 
From these equations it is seen that the flow must be isothermal, 
consequently isoviscous, and by integrating Equation [7] under 
these conditions the pressure distribution is found to be 


1.33 X 10~-* per deg R 


and the results for temperature and pres- 

sure distributions are shown in Fig. 2. 
The temperature which undergoes appreciable rise, 146 R, is 
nearly linear in x, and the pressure undergoes a slight build-up 
with a maximum rise of about 1.9 psi due to the thermal-wedge 
effect. Hence, if a pressure differential is maintained across the 
moving plate or slider pad, the contribution to the pressure by 
the thermal-wedge effect may be quite small compared to hy- 
drostatic pressures. This is the case in hydrostatic lubrication 
where hydrodynamical effects may be negligible for low-speed 
operation. 

For very high-speed operation the thermal-wedge effect be- 
comes important and may be used to provide a load-supporting 
pressure build-up in a journal or slider-pad bearing in addition to 
geometrical wedge effects which are present for isothermal opera- 
tion of tilted-pad slider bearings. 

In actuality the operating characteristics for a slider-pad bear- 
ing falls somewhere between the isothermal and adiabatic limits, 
depending on the conductivity of the bearing material and de- 
gree of insulation. For most practical situations, the flow will be 
nearly isothermal because of the relatively high conductivity of 
the bearing material. Recent work by the authors seems to indi- 
cate in a quantitative manner that the flow may be essentially 
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isothermal] in many cases, but the adiabatic solution does form an 
upper bound which might be of considerable interest in certain 
problems. 
BIBLIOGRAPHY 
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Curved Beams With Eccentric Boundaries 


By J. P. VIDOSIC,? F. J. BOGARDUS,? anv J. C. DURDEN‘ 


A study of curved beams having eccentrically positioned 
circular-arc boundaries is reported upon in this paper. 
The study involves some mathematical considerations as 
well as a photoelastic investigation of the stresses in such 
beams. The results comprise a method of design using the 
ordinary straight-beam theory but involving stress factors. 
Both curves and expressions that can be used to obtain the 
required factors are presented. 


CurvEep Beams 


HE ordinary type of curved beam is bounded by two con- 

centric arcs; i.e., arcs having the same center of curvature. 

In the case of the eccentrically curved beam the two bound- 
ing arcs have different centers of curvature. In addition it is 
possible for either radius to be the larger one. The one in which 
the section depth shortens as the central section (the section at 
the line joining the two centers) is approached is named the 
“arch beam’’ (see Fig. 1). The other in which the section depth 
lengthens is named the “crescent beam.’’ Crescent beams are 
further subdivided into two classes based on whether the outside 
or inside radius is the longer one. Crescent I is used to denote 
the beam of larger outside radius and crescent II of larger in- 
side radius. 

The attempt to derive an eccentric-beam theory made it neces- 
sary to define the internal geometry of the beam so a point on the 
beam can be located mathematically. Thus the eccentric beam is 
assumed comprised of a series of arc “fibers.’? The radius of any 
particular are is the distance from the point at the central section 
through which the arc passes to the point between the inside and 
outside centers that divides the latter distance in the same pro- 
portion as the arc divides the central depth of the beam. Further, 
a transverse section of the beam extended passes through the 
point halfway between the centers. The section inclination @ is 
therefore the angle between the line of centers and the section ex- 
tended as indicated. 

Radial and tangential-stress equations were derived using the 
strain-energy method.’ Although these were found to agree with 
experimental results over part of the range insufficient agreement 
makes them ineffective. The strain-equilibrium as well as the co- 
axial-circle co-ordinate approaches* proved no more effective. 

It was thus decided to use an approximation possible in the 


1 Based on PhD theses by J. P. Vidosic and F. J. Bogardus at 
Purdue, and by J. C. Durden at Georgia Institute of Technology. 
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Fie. 1 Types or Curvep Beams 


case of the arch beam, and to investigate stresses experimentally 
in the remaining cases. 


Tae EquivaLent Concentric Beam 


An equivalent concentric-beam solution can be applied to the 
design of the eccentric arch-type beam. The small error involved 
in this approximation is practically negligible. However, like the 
Winkler-Bach theory, any radial and shear stresses present are 
disregarded. 

The first step is the matter of converting the eccentric arch 
beam into an equivalent concentric beam. This is accomplished 
by computing the mid-section radius as 


R, = 


and then adding one half the section depth to obtain the equivalent 
outside boundary radius R,,. If the same amount is subtracted 
from R,, the equivalent inside boundary radius R,, is determined. 
When these radii are substituted in Winkler’s concentric-beam 
equation for the rectangular beam the central section stress be- 
comes equal to 


R,/Ry M 
re,h 


in which M is the applied moment, 6 is the beam width, h the 
beam depth, r, the radius to any point on the equivalent 
beam, and e,, the shift of the neutral surface, is 


h 


EXPERIMENTAL ANALYSIS 


Equation [2], like that of Winkler, is too sensitive for easy ap- 
plication. Furthermore, the design of crescent-type beams is not 
possible by the equivalent-beam method. Therefore, the con- 
clusion that the best approach would be to measure the stresses 
experimentally was made and the photoelastic technique selected 
as the most promising method. Figs. 2, 3, and 4 are typical of the 
stress distribution in these eccentric beams. 
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Fic. 2. Srress Distrrpution a Typicat Crescent I Beam 
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Fic. 3. Stress in a Typicat Crescent II Beam 


Since design is normally concerned with the maximum stress, 
it is sufficient to establish the stress magnitude along the beam 
boundaries only. Furthermore at the surface, one of the principal 
stresses, the normal one, is zero. Consequently, the magnitude 
of the other, the tangential stress, is directly obtained. The 
boundary stress existing in a straight beam of the same size as the 
central section of the eccentric beam and equally loaded can be 
computed readily. The ratio of the central-section stress of the 
eccentric beam to that of the straight beam becomes the “stress 
factor’? K. The maximum stress in a given eccentric beam can 
thus be determined from the equation 


For a beam of rectangular section b units wide by h units deep 


TRANSACTIONS OF THE ASME 


Compressive 
maximum 
stress 


Stress DistripuTion in Crescent I Beam or Very Low 
Section Ratio 


Fia. 4 


Equation [4] transforms into 


Stress Factors 


Stress factors K computed from the photoelastically determined 
maximum stresses are plotted in Figs. 5, 6, and 7. The latter 
figures give the factors determined specifically and with greater 
precision for section ratios (defined in the figures) below 10—the 
more critical range and that in which most of the beams of concern 
to us would fall. Additional data have been presented in previous 
papers.>* 

In order that design may proceed more exactly, if necessary, 
suitable equations were derived. These express the stress factor 
as a function of the section ratio for the inner boundary at the 
central section. Those believed most compatible with experi- 
mental data and on the safe side are: 


1 For the arch-type beams 


h 
R,+ Rk; 


(a) K = 0.834 + 1.504 


if5< 


R, + R; 
h 


b = 0. 
(b) K 


7A Study of Eccentrically Curved Beams of Low Section Ratio,” 
by J. C. Durden, Jr., unpublished master’s thesis, Georgia Institute of 
Technology, Atlanta, Ga., 1954. 

* “Bending Stresses in Eccentric Curved Beams,” by J. P. Vidosic, 
Product Engineering, vol. 22, no. 11, 1951, p. 180. 
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Fic. 6 Srress Factors ror Crescent I Beams, Low Section 
Ratios 


(c) In the case of larger section ratios use the equivalent beam 
solution. 


2 For the crescent I-type beams 


h R, + R; 
(a) K = 0.570 + 1.536 ——— if — ha 


R, +R; 


R, + R; 
h 


(b) K = 0.959 + 0.769 if2< = ae 


R,+ R; 


h 0.0298 R, + R, 
(c) K = 1.092 (gts) i h 


3 For the crescent II-type beams 


(a) K = 0.807 + 1.098 >— > 


(b) K= 1119 ( 


R, + 


(c) K = 1.081 Gx 


| Inside Boundary 
| P 

| Outside Boundary 
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Ratios 


Bounpary Stresses Orr CENTRAL SECTION 


The geometry of the crescent beams is such that the section de- 
creases in size as we move away from the center along the beam. 
This might result in stresses that are larger at noncentral sections. 
Of course, depending upon the exact method of loading, it is possi- 
ble for the moment itself to decrease some, thus compensating for 
some of the increased stress. The stress variation around the 
inner and outer boundaries of the crescent I-type beam was in- 
vestigated in some detail by Bogardus* for beams of section 
ratios smaller than 20. The stress increase at the inner boundary 
was observed to be in the vicinity of 70 per cent larger at the 80- 
deg position than at the central section. A position stress ratio k 
can be used again to advantage. It is defined as the ratio of the 
tangential stress at any point along the boundary to that at the 
central section. Thus if we multiply the boundary stress com- 
puted from the central section as previously given by the factor k, 
the stress at the point to which the factor applies will be obtained. 
It was found best to plot the position stress factor k for points 
along the boundary at intervals of 10 deg against the eccentricity 
ratio H/h, where H is distance between centers. The experi- 
mental data are shown plotted in Figs. 8 and 9. 

It was thought that a more convenient presentation of this fac- 
tor would be a mathematical one. Polynomials were thus fitted 
to the curves. The formulas so derived are listed in Table 1. 


TABLE1 FORMULAS RATIO k VERSUS ECCENTRIC- 
Y RATIO H/h 


_ (0.5171 — 1.382 H/h)'/ 
1.382 

(0.2416 — 0.6506 H/h)'/* 
0.6506 

(0.4817 — 1.298 H/h)'/* 


0.6492 


(0.2939 — 0.7084 H/h)'/? 
80 2.531 — 55503 1 + 2.383 H/h 


90 1 + 3.933 H/h 


1.756 — 1 + 1.123 H/h 


2.070 — 1 + 1.70 H/h 


Nore: All formulas are valid for 0 < H/h < 0.325. t pee for the inner 
boundary, except for 40 deg, may be to H/hs 0. 
NEUTRAL SURFACE 


The neutral surface shifts its location toward the inner boundary 
in the eccentric beams as it does in the concentric ones. Data 
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Section Ratio: (Ro*R;)/h 
Fig. 11 Location or Neutra Surrace at CENTRAL SECTION, 
Low Section Ratios 


gathered during the photoelastic experimentation show the ap- 
proximate shift to be as shown in Fig. 10. The shift ratio 
e/R, is defined as the distance e between the centroidal and 
neutral axes of the beam divided by the mid-section radius R,. 
The shift ratio is plotted in the figure against the section ratio 
for each of the three types of eccentric beams. The shift ratio 
for the more important low-section-ratio beams is given in more 
detail in Fig. 11. It was found convenient to express the shift 
ratio here as e divided by the radius of the centroidal surface 
at the central section R, shown in the figure. 


Discussion 


It is pointed out in conclusion that the method of photoelas- 
ticity used in the investigations reported upon is not likely to 
provide absolute values. On the other hand it has been proved 
unmistakably that when performed carefully, photoelasticity 
yields results more than sufficiently accurate for most practical 
applications. Furthermore, it should be remembered that all 
test beams were rectangular in section and loaded in pure bend- 
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ing. Combined loads of any kind were not investigated. The 
more pertinent facts observed under these conditions are enu- 
merated for convenient review: 


1 The three types of curved beams with eccentric bounda- 
ries have been classified as arch, crescent I, and crescent II 
beams. 

2 The maximum stress in the arch type occurs on the inner 
fiber of the central section. This stress is less than 6 per cent 
larger than it would be in a straight beam for section ratios above 
about 10, but increases to about 60 per cent larger at a section 
ratio of 2. 

3 In both of the crescent types the larger stresses occur also 
along the inner boundary. Again the stress on the inner fiber of 
the central section rises rapidly for the lower section ratios—it is 
about 40 per cent larger at a section ratio of 2. 

4 Because the section reduces in depth as we move around 
away from the central section, the stress increases under pure 
bending in the crescent beams. At 90 deg from the central section 
the boundary stress might be twice as large, or more, as the 
central-section boundary stress in the case of a crescent beam of 
large eccentricity. 

5 The neutral surface shifts slightly off the centroid toward 
the inner boundary. 


It may be stated that the judicial application of the methods 
and data presented should yield a more efficient design of ec- 
centrically curved beams. 


Discussion 


J. E. Suiciey.® The authors have determined the boundary 
stresses on eccentrically curved beams with rectangular cross 
sections and circular-arc boundaries using experimental methods 
of investigation. They have presented the results of the investi- 
gation both graphically and in equation form for the three types 
of beams investigated. 

The approximation using the Winkler equation for the arch- 


* Professor of Machine Design and Head, Department of Drawing 
and Design, Clemson College, Clemson, 8S. C. 
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type beam is good. It would be interesting to know if the same 
approximation would be valid for other than central sections if 
both the moment and the beam depth were changed appro- 
priately. Also, since, in the arch-type beam, the smallest section 
is the central section it probably would be possible to apply a 
similar approximation to the determination of boundary stresses 
to other section shapes. 

In the case of the crescent I and II beams the authors have 
presented the stress magnitudes at the central section for a large 
range or section ratios. They also have investigated the stresses 
at sections other than the central section for the crescent I beam. 
The writer would suggest that the stress-ratio curves of Figs. 8 and 
9 would be of greater value in design if various eccentricity (H/h) 
curves were plotted with degrees off the central section as the 
abscissa and the stress ratio k as the ordinate. This is, of course, 
the usual method of presenting stress-concentration charts. 

The writer feels that the authors should be encouraged to in- 
vestigate the stresses off the central section for crescent II beams. 
The photograph in Fig. 3 indicates that higher stresses are present 
here. In connection with such an investigation it would be in- 
teresting to use a varying modulus in Equation [4] in order to 
determine the rate of stress change as the angular distance from 
the central section is increased. Still another interesting investi- 
gation would be to determine the location of the neutral surface 
at sections other than the central section. 

The authors are to be complimented for carrying out a compe- 
tent and worth-while investigation and for presenting the results 
in a form which is so usable to designers. 


AuTuors’ CLOSURE 


Professor Shigley’s analysis of the paper is most thorough and 
thus greatly appreciated. It is agreed that Figs. 8 and 9 may have 
been better plotted with k as the ordinate. The necessity for 
further investigation is properly proposed. More light need be 
shed on many details still lacking. To date, however, neither 
time nor money has become available for the purpose. It is 
hoped, in this connection, that others might find the problem 
sufficiently interesting to engage in some of the additional ex- 
perimentation. 


Graphical Shoe-Brake Analysis 


By G. A. G. FAZEKAS,' BROOKLYN, N. Y. 


The pw. pose of this paper is to show an exact and very 
rapid analysis that is applicable to any shoe brake, “slid- 
ing shoes” included, together with a method for interpret - 
ing the analytical findings. 


INTRODUCTION 


UNDAMENTALLY, there are two kinds of brake-shoe 
} er those having one and two degrees of freedom 

of movement, respectively, as illustrated in Figs. 1 and 2. 
The brake shoe in Fig. 1 is positively fulerumed at O so that its 
only possible kinematic movement is rotation about O. To 
calculate the torque output of such a brake shoe is quite easy, the 
subject matter being treated in most undergraduate texts (9).* 


Fie. 2 CoNnvENTIONAL 
Huck SHor 


Fie. 1 CoNnvENTIONAL 
Fixep-ANcHOR SHOE 


The more modern type of brake shoe, however, as in Fig. 2, can 
execute two movements; it can rotate simultaneously about O and 
O’, having thus two degrees of freedom of movement. This con- 
fers some very important advantages: Compared with the former 
“fixed-anchor”’ shoe, there are fewer critical dimensions or limits, 
the brake is less sensitive to friction fade, and owing to self- 
alignment drum ovality is much less critical. Perhaps some of 
these points are self-evident from Fig. 3 which shows the basic 
geometry of the “two-leading-shoe’’ brake the author made for 
Girling, Ltd. (3), and which has been used since 1949 on the 
majority of British-made passenger vehicles. 

Analysis of such sliding-shoe brakes or like can be carried out 
according to classical rules of statics, but the formulas obtained 
are much too cumbersome; and for design, the value of a formula 
is inversely proportional to its length. It was this difficulty of 
design interpretation which induced the author to ignore his own 
formulas, and develop instead a simple graphical treatment (1) 
which has served since as a basis of design for virtually all shoe 
brakes made in Britain. The gist of the matter has been pub- 
lished elsewhere (2, 4, 7), but in a disjointed manner, without 


1 Associate Professor, Polytechnic Institute of Brooklyn. 

2? Numbers in parentheses refer to the Bibliography at the end of 
the paper. 

Contributed by the Machine Design Division and presented at 
the Fall Meeting, Denver, Colo., September 10-12, 1956, of Tre 
American Society or MecHANICAL ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those of 
the Society. Manuscript received at ASME Headquarters, February 
23, 1955. Paper No. 56—F-3. 


sufficient design charts. The purpose of this paper is to make up 
this omission, to present a unified treatment, and to show how the 
analysis can be interpreted. Accuracy the author found to be in 
the order of +10 per cent when based on such a vague quantity 
as the nominal coefficient of friction 4, supplied by brake-lining 
manufacturers. 

The treatment is based upon certain assumptions which will be 
examined first. The subject matter itself centers around the no- 
tion of center of pressure—referred to as CP—the meaning of 
which will be explained next. Also it will be shown that the locus 
of CP is a circle with some interesting properties that enable one 
to complete the analysis of any brake in a few minutes. Lastly, 
interpretation of the findings will be discussed. 


Fic. STANDARD 
Siipine SHOE 


Basic ASSUMPTIONS 
As in other treatments, the present one is based also upon 
supposing that 


(a) The shoe has a constant width, and a symmetrical support. 

(b) Pressure distribution across its width is uniform. 

(c) At any instant, coefficient of friction is everywhere con- 
stant. 

(d) The arcuate pressure pattern is sinusoidal. 


Of these assumptions, only (a) can be conceded without reser- 
vations. Experimental evidence suggests that (b) is sometimes 
approximated. Anyone familiar with friction research is aware 
however that at its best, (c) is true in a statistical sense only. 
Without being explicitly stated so, (d) is usually ‘‘proven’’ in one 
of two ways: 


1 The brake shoe, its mounting, and the drum are assumed as 
infinitely rigid, with radial thickness of the brake lining every- 
where constant and the lining obeying Hooke’s law in compression 
(6). Alternatively, some suppose that: 

2 Not only the shoe, the drum, and the shoe anchor are in- 
finitely rigid, but so is also the friction material which is thus con- 
strained to wear exactly to a truly circular drum profile. The 
pressure pattern is then deduced from stipulating further that 
(pressure) « (wear) (5, 8). 


Fundamentally, neither of these two hypotheses is of course 
tenable. Ultimately both are tantamount to predicating that 
pressure between drum and shoe is proportional to radial com- 
ponent of the relative kinematic movement between the two. On 
this basis, with reference to Fig. 4, let it be supposed then that 
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the shoe rotates about O by an infinitesimally small angle dw. 
An element at some point P is then displaced by (r dw). By the 
foregoing, one has therefore 


p=rdwcosp. 
Further since 

reos8 = zcos¢.... 
one may write 


p «zdwcos¢ 


P = Pocos”¢.... ... [3] 


where (po) is the maximum pressure along a line that is perpen- 
dicular to OO”, known as the line of maximum pressure, LMP. 

There is ample experimental evidence to show that over a con- 
siderable range of energy dissipation (pressure) « (wear). The 
pattern of wear is therefore a good indication of pressure dis- 
tribution. By this, the author found that Equation [3] is quite 
well substantiated, and may serve therefore as an adequate 
foundation for analysis, despite the proofs offered. 

Admittedly, if one wishes, the pressure pattern can be varied 
almost at will (2). But if kinematic movement while taking up 
clearance between drum and shoe differs appreciably from subse- 
quent displacement under load, (a) the pedal is liable to become 
“spongy,’’ and (b) the brake will probably grab. Grab is here 
understood to mean a nonlinear response of torque to application 
load exerted on the shoe; sometimes this may cause a brake to be 
virtually uncontrollable. For this reason, purposely or otherwise, 
most brakes are so made that wear and pressure pattern sub- 
stantially approximate the foregoing ideal case expressed in 
Equation [3]. 


Tue CENTER OF PRESSURE 


Consider the somewhat degenerate block brake shown in Fig. 5. 
As the shoe is rather short, one may suppose that the drum reac- 
tion Q acts at C where it may be dissected into a normal N and 
a tangential component F so that F = uN. For agiven actuating 
load W, the torque 7’ may be then obtained through a purely 
graphical construction. Considering the block lever as a free 
body, there are three forces acting on it, W, Q, and anchor reac- 
tion S. Of these, the magnitude and direction of W, and the 
direction (p = tan~! 4) of Q being known, S has to pass through 
the intersection of the former two if equilibrium is to prevail. 
Fig. 5 shows the corresponding triangle of forces, from which it 
follows that 


This construction may be repeated for other values of u, and the 
nondimensional ‘‘shoe factor’’ 


Fic. 5 Grapuica, ANALYsIs OF A Block Brake 
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may be plotted against u, which is the first object of an analysis. 

Such a graphical analysis could be carried out only because a 
point C was known through which Q had to pass, and where its 
direction was uniquely correlated with u. Clearly, if in a more 
involved case one could readily find point(s) of similar characteris- 
tic, an equally simple graphical construction could be obtained 
again. More specifically, at C the direction of Q was found to 
subtend the friction angle (p = tan~!) with a radius vector from 
the center of the drum. Any point having similar character will 
be referred to in what follows, as the “center of pressure,’ CP for 
short. 


Tue Locus or €P 


To find the CP locus in the general case (1), consider a fixed- 
anchor shoe of width b, carrying a lining of arcuate length @. Let 
it be further supposed that the bisector v of the lining are subtends 
an angle # with the LMP. The pressure p at a point P on the 
lining are is then given by Equation [3] 


where @ can be interpreted as the asymmetry of the lining arc. 
On taking v and w as a pair of rectangular co-ordinates affixed 
to the lining, components of the normal force N on the shoe are 


/2 
N,= orm f cos (x — 8) cosxdz 
—¢/2 


= — + sin 008 


cos (x — @) sin z dx 


$/2 
N, = f 


With respect to v the inclination U of N is therefore 
Ne 
+ sing 

Similar components of the friction force F result in 


F, = bRupo 
—¢/2 


= — 5 PdbR — sin $) sin 8 


tan U = ss 


cos (x — 0) dz = —yN,... 


1/2 
F,, = —bRupo cos (z — 6) coszdz = uN,... 
—¢/2 


With respect to v the inclination U’ of F is therefore 


N. 
= = — cot U 


F. 
tan U’ = 


which shows that N and F are perpendicular to each other. In 
addition, it follows too that 


F = + F,%)'* = w(N,? + = uN 


so that the necessary and sufficient conditions for the existence of 
a CP are thus established by Equations [12] and [13]. 
Concerning the locus of CP, Equation [9] supplies the argument 

U, and to find its radius vector L, i.e., the torque arm of F, con- 
sider that torque 7 is generated by 

T = FL = ppobR?* cos (x — O)dz 


= ppobR* 2 cos 6 sin [14] 
On substituting now for F from Equations [10], [11], [13] we obtain 


= 
[2] 
or 
ge 
ALLE 
F 


sin /2 
~ + sin + — sin tan? 


Equations [9] and [15] determine thus the CP locus in polar 
co-ordinates with @ as the parameter. On eliminating @ between 
the two, finally one obtains 
L 4 sin ¢/2 


R 


L 


which is the equation of a circle with a diameter Ly given by 


ly 4sin 


R  o+s8ing 


In exactly the same manner as before, the CP locus can be de- 
duced for any other pressure pattern. For example, if p = const, 
it can be shown readily that the CP locus shrinks to a point, 
situated on the bisector of the lining are, at a distance L, given by 

R sin 

Referring again to the sinusoidal pressure pattern, the inter- 
pretation of Equations [9] and [16] is that for a certain asymmetry 
6 of the LMP, the CP lies on a circle, and a radius vector to it 
subtends angle U at O with the bisector » of the lining are, as 
shown in Fig. 6. The extreme case is shown in Fig. 7, where pres- 
sure at the lining tip is zero, which occurs when 


6 = 0" = (x — 
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Only a limited are U” of the CP circle is therefore effective, 
corresponding to 

@ — sing 

cot 

Equations [9], [17], [20] defining the CP locus are plotted in Fig. 
8; this is all one needs for the analysis of any brake, as will be 
explained in what follows. 

The CP circle has a further useful property of interest (7). 
Referring to Fig. 9, let C be a point on the effective arc of the CP 
circle; for a certain coefficient of friction characterized by friction 
angle p, the drum reaction Q passes always through point M. 
This follows from Euclid, together with the construction of M, 
which can be obtained readily by drawing angle 2p from the 
center of the CP circle. 


tan U" = 


130 


TAN.U 
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APPLICATION TO ANALYSIS 


In what follows, only two main topics of analysis will be dis- 
cussed: (a) How to find the shoe-factor curve of any brake, and 
(b) how to find therefrom the brake’s inherent susceptibility to 
fade. 

Shoe-Factor Analysis. The method is best illustrated by an 
example, and the “Huck shoe’’ mentioned earlier in connection 
with Fig. 2 can be well considered a typical case. Referring to Fig. 
10, consider now the shoe itself as a free body. Acting on it is the 
known application force W which intersects at a point H the 
known direction of anchor reaction S. 

If equilibrium is to prevail, the drum reaction Q has to pass 
through H as well. Therefore, on drawing an arbitrary line 
through H, a triangle of forces can be constructed which is valid 
for a certain friction angle p subtended at the CP circle. The 
angle U may be measured there too, and from the graph in Fig. 8, 
one obtains angle 6 which indicates the corresponding asym- 
metry of wear, an important practical requirement. 
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TAN. 105 


K= 496 


@= 16%5' 


Fie. 10 Grapuicat ANALYsis or A “Huck” 


The shoe factor as defined by Equation [5] can be obtained 
readily since 


As this expression contains the ratio (Q/W), any convenient 
measure may be used for W. Repeating this construction for 
other values of (9 = tan~! x), one obtains easily the K and @ 
versus (4) graphs which are the first objectives of the analysis. 

The K versus yu graph is inevitably of hyperbolic character. 
For a fixed-anchor shoe, or a block brake, it can be shown easily 
that 


where A, B, and C are some constants depending upon geometry, 
the (+) sign referring to a “‘trailing’’ (or “‘secondary’’) and the 
(—) sign to a “‘leading’’ (or “primary’’) shoe. Clearly, this is the 
equation of a hyperbola which plots as a straight line to inverse 
scales, because 


1 1 
(B/A) + (C/A) 


Three or four points supply thus a very accurate plot (4). 

As intimated earlier, for a shoe with two degrees of freedom of 
movement, the analytical expressions show a higher-order hy- 
perbola. Kinship between the two is, however, so close that in 
practice, no shoe-factor curve deviates appreciably from a straight 
line when plotted to inverse scales. This is shown in Fig. 11, where 
the shoe-factor curve of the brake in Fig. 10 is depicted. 

Turning now to the asymmetry angle @, let it be supposed that 
a brake has to carry out a certain duty characterized inter alia by 
torque 7’ which has to remain constant. Average pressure be- 
tween lining and drum has to remain thus constant whatever 0 
may be, but the maximum pressure pp is of course a function 6. 

In the author’s experience, friction fade is usually initiated at 
the point(s) most loaded, that is, along the LMP, on account of 
local “heat concentration.’”?” The maximum pressure pp corre- 
sponding to a certain asymmetry @ should be minimized therefore. 
To show the effect of 0, one may take as a yardstick the maxi- 


50 
40 


30F 


tt 


20 


mum pressure po corresponding to (@ = 0), when the foregoing 
may be expressed analytically as 


+¢/2 
T = ybR*peo f cos x da 
—¢/2 


+¢/2 
= ubR*py f cos (1 — 8) dz = const...... [24] 
—¢/2 
resulting in 


Poo 

The corresponding values relating to the brake in Fig. 10 are 
plotted in Fig. 12. As may be seen, the asymmetry of wear or 
pressure looks worse than it is, quite a sizable amount being 
tolerable. 

Sensitivity to Fade. One of the main reasons for obtaining a 
shoe-factor curve is to see how steep it is; for its slope is obviously 
tied to the reaction of the brake to a change of friction which un- 
fortunately never seems to remain constant. Yet slope by itself 
is a grossly misleading yardstick of fade sensitivity. This can be 
seen easily if one visualizes, e.g., a fixed-anchor shoe with its 
actuating force W once applied at the shoe tip (as is usual), and 
next in the middle. In the latter case, ordinates of the shoe-factor 
curve would be about halved, indicating half the susceptibility to 
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fade! To carry the example ad extremum, torque output of a 
brake could be just as well defined in terms of primary actuating 
force; e.g., pedal load on a vehicle. If now slope alone were a 
yardstick of fade, a mere change of pedal ratio or like would 
suffice to make the worst brake acceptable! (Incidentally, this 
explains why the present vogue of power braking on motor cars 
has no doubt made driving more comfortable, but failed in reme- 
dying brake fade proper, the consequences of which seem to be 
the main ‘‘troublem’’ on many motor cars now made.) 

For these reasons, the author always took as a measure of fade 
sensitivity the percentage variation of torque consequent upon a 
definite change of friction (4). A fade-sensitivity factor f may 
thus readily be defined as 


_ _per cent change of torque 
1 per cent change of friction 
 du/u 


Referring to Fig. 13, it can be seen that by the foregoing definition 


dK 


abscissa 


subtangent 


By drawing tangents to the shoe-factor curve, one can obtain 
thus a similar graph between f and yu, and in the author’s ex- 
perience such a graph reveals a great deal about the caprices of a 
brake. Unfortunately, graphical differentiation as in Fig. 13 is 
liable to be somewhat inaccurate. A much greater accuracy can 
be obtained of course if the curve to be differentiated is a straight 
line, or nearly so, which is an additional reason for plotting the 
shoe-factor curve to inverse scales. The method of differentiating 
such a curve will be explained next. 

The problem is here to find (f) from some curve given by 


1/K = F(1/p) 
where F(1/u) may be any function. On denoting differentiation 


with a prime, and forming the total differential, one obtains 


—dK 
Ke 


—du 


from which 


* 
du/u 
The f versus u graph pertaining to the brake in Fig. 10 has been 
obtained in this way, directly from Fig. 11 and is plotted in Fig. 
14 to semi-inverse co-ordinates. As may be seen, the graph ap- 
proximates a straight line. To explain it, let us revert to Equation 
[22], from which f may be found readily by differentiation 


1 dK/K 
1+ wC/B du/p 


f 


This is again the equation of a hyperbola in yp, and plots as a 
straight line to semi-inverse co-ordinates, since 


1 
—=1+4yC/B 
uc/. 


As may be expected, for brake shoes having two degrees of free- 
dom of movement the f versus u curve is again of higher order 
than the foregoing hyperbola. Nevertheless, the plots to semi- 
inverse scales approximate a straight line rather well. 

Referring further to Equation [30], it will be seen also that for 
a leading shoe f > 1, and for a trailing shoe f < 1. 
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CoNCLUSION 


The foregoing shows how to obtain the K, 0, and f versus u 
graphs for a brake shoe having two degrees of freedom of move- 
ment. Most of the terminology and the examples cited were 
borrowed from motor-car practice, where perhaps more and bet- 
ter developed shoe brakes are used than in any other industry. 
But the principles explained are of course equally valid for any 
other type of shoe brake, including the time-honored block brake, 
and those of the fixed-anchor type which are still being manu- 
factured for some reason. For such fixed-anchor brakes, @ and 
hence U are of course fixed, restricting the CP to one point. A 
graphical analysis can be carried out thus quite easily, probably 
much faster than evaluating matters from known formulas. 

As mentioned earlier, the f versus u graph characterizes the 
behavior of a brake better than the shoe-factor curve. For a cer- 
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tain brake lining, one can soon correlate maximum permissible f 
with the duty imposed and, other factors remaining the same, this 
is almost independent of the type of brake used. For example, 
with modern friction materials f ~ 2.4 seems acceptable for light 
duty; shoe factor has almost nothing to do with it. At the design 
stage, the latter serves merely the purpose of evaluating the 
actuating load. 

Finally, it has to be emphasized that the foregoing does not 
represent all the data necessary for brake design, but only the first 
few steps. 
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Discussion 


B. W. SHarrer.* The author is to be congratulated for apply- 
ing some simple concepts of mechanics to the analysis of the brake 
shoe in order to help advance our knowledge of both the fixed- 
anchor and Huck-shoe brakes. The concept of fade sensitivity, 
which he introduced, is certainly one which should receive addi- 
tional attention. 

It seems to the writer that the ideas expressed so simply in the 
geometric construction of Fig. 10 also can be expressed in equation 
form without too much difficulty. The resulting expressions, 
which may be somewhat cumbersome except for special situa- 
tions, would be of interest to the analyst who is looking for in- 
terrelationships between the various parameters that arise in the 
problem. Has the author made any attempts in this direction? 

Even though the author did not elaborate on the applicability 
of his method of analysis to the Girling sliding shoe shown in 
Fig. 3, it is obvious that the method does apply and that the 
reaction at the abutment is normal to the surface at the point of 
contact whenever the coefficient of friction is small enough to be 
neglected. Has the author, in his experience with the problem, 
found friction at the surface in question to be a significant factor? 


M. F. Sports.‘ The author is to be commended for making 
available the general solution to the problem of the rigid shoe 


* Associate Professor of Mechanical Engineering, New York Uni- 
versity, New York, N. Y. Assoc. Mem. ASME, 

‘Professor of Mechanical Engineering, Northwestern University, 
Evanston, Ill. Mem. ASME. 
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brake. As he points out, a graphical solution for actuating force 
W and shoe reaction S is sufficiently accurate under most condi- 
tions. Ease of obtaining such results permits the designer to give 
more attention to the important questions of fade and over-all 
performance of the brake. 

Consideration might be given to the special case where the 
LMP coincides with the bisector of the lining arc which gives a 
symmetrical distribution for lining pressure. Maximum pressure 
then occurs on the v-axis. Direction 6,, Fig. 15, as well as magni- 
tude, of actuating foree W must be found for each value of the 
coefficient of friction u. As before, direction y of shoe reaction S 
is assumed to be specified. 


Fie. 15 


Angle @ and N,, are zero so that 
N = N, = —'/2pobR(¢ + sin ¢) 


Force Q, the resultant of N and wN, is inclined at angle p = 
tan~! uw to the v-axis. Intersection of this line with the line of 
action of S locates point H and permits a force polygon to be 
drawn for determination of the values of W and S and inclination 
B, of force W. 

Sometimes the directions for Q and S are very nearly the same 
in which case better accuracy can be had from algebraic equa- 
tions. Force S is obtained from a moment equation about C; as 
a center 


Sm = Nh, + uNe, 


m = asin (a, + y) + csin — 
hy = c sin (@2 + a) 
= Io — c cos (G2 + as) 


Force W can be had by application of the cosine theorem to the 
force polygon 


W? = S*? + Q? — 2SQ cos (a; + Y — p) 
Angle y is obtained by application of the sine theorem 


Ss 
sin = sin (as + ¥ — p) 


B=-at+y-—p 
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AvuTHOR’s CLOSURE 


The author is indebted to Dr. Shaffer and to Dr. Spotts for their 
kind words and constructive comments. 

Referring to Dr. Shaffer’s remarks, there is no difficulty in ex- 
pressing analytically the geometrical construction in Fig. 10. 
Unless, however, 9 = 0, the ensuing expressions seem almost 
prohibitively cumbersome for the general case; see also(6). For- 
tunately, as Dr. Spotts intimated, all floating shoes are so de- 
signed that at the nominal value of yu the excentricity @ is either 
zero, or amounts to a few degrees only. It is then permissible 
to approximate the CP circle with another one that osculates at 
L,and is concentric with the drum. With this simplification (to 
second order of small quantities) the author found it possible 
to condense all basic properties of a shoe brake into a single and 
comparatively simple equation. The relevant matter will 
shortly appear in an ASME paper entitled: “Some Basic Prop- 
erties of Shoe Brakes.” 

Dr. Shaffer is quite correct in assuming that with the sliding 
shoe brakes, as in Fig. 3, the anchor reaction is perpendicular to 
the abutment. Friction at the abutment seems to be annulled 
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by vibrations of the brake shoe. Perhaps the main factor is the 
as yet inevitable drum excentricity or ovality in the order of 
0.005 in. This, combined with the stick-slip nature of lining 
friction, imparts to the shoe enough oscillatory movement to 
obviate any directional effect the friction may have at the abut- 
ment. 

Dr. Spotts sensed that the @ = 0 constitutes a rather important 
special case. Also, for certain one-way clutches or like, a near- 
Selflocking or selflocking may be of interest. In any event, if 
the actuating foree W and anchor reaction S are nearly but not 
quite parallel, point H in Fig. 15 tends to approach infinity. 
The graphical construction outlined in Fig. 10 is then no longer 
quite simple and the analytical procedure proposed by Dr. 
Spotts seems preferable. 

Otherwise, accuracy of the graphical method is more than ade- 
quate, such errors as there are, not being due to the method, but to 
the basic assumptions. Notably, one is never quite sure of the 
pressure pattern or of the friction in advance. As yet, both are 
just guesstimated. 
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Effects of Complex Stress-Time Cycles on 
the Fatigue Properties of Metals 


By W. L. STARKEY! anv S. M. MARCO,? COLUMBUS, OHIO 


An investigation was conducted to determine the effects 
of complex stress-time cycles on the fatigue properties of 
metals. The uniaxial stresses studied were complex in 
the sense that their stress-time patterns may be analyzed 
as composed of several harmonic components. Four 
theoretical design methods, and the results of an experi- 
mental investigation involving complex stresses are pre- 
sented. Comparisons are made of the test results with 
the theory predictions. 


NOMENCLATURE 


The following nomenclature is used in the paper: 
A = stress amplitude 
= stress amplitude 
subscript identifying a particular state of uniaxial stress 
ratio of amplitude of fundamental to amplitude of second 
harmonic component of complex-stress wave 
subscript identifying coefficient in the Fourier series 
number of cycles applied at the ith stress level 
number of cycles 
number of cycles to failure under continuous steady-state 
stressing at the 7th stress level 
total cycles of complex-stress wave to failure 
angular frequency 
phase angle between components of complex stress 
stress 
maximum stress of complex-stress cycle 
arithmetic mean of maximum and minimum stresses of 
complex-stress cycle 
algebraic minimum stress of complex-stress cycle 
stress level at which life is N cycles 
ultimate strength 
yield point of tension 
yield point of compression 
time 
index of damage as calculated by a selected cumulative- 
damage theory 


INTRODUCTION 

Many of the machines of the present day are high-performance 
machines. Such machines must be capable of developing high 
power capacities but must simultaneously be light in weight and 
of small volume. 

High-performance machines are often subjected to forces which 
induce in the individual members complex stress-time cycles, 
such as those illustrated in Fig. 1. The design of machine mem- 
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bers subjected to such stresses involves an area of the fatigue 
problem which has not yet been investigated systematically. 

It would be useful to establish relationships by means of which 
the effects of complex stress-time patterns on endurance proper- 
ties could be estimated on the basis of knowledge of simple stress- 
cycle data. Relationships of this type may be developed theo- 
retically and evaluated experimentally by performing controlled 
tests with a testing machine capable of inducing complex 
stresses in specimens of simple geometry. By such a procedure 
it should be possible to devise a generalized design method which 
utilizes simple completely reversed uniaxial endurance proper- 
ties as the basicdesign data. 

This paper presents relationships which correlate the effects of 
complex stresses with simple failure data, and presents the re- 
sults of a testing program conducted to obtain experimental data 
involving complex stresses. 


Comp.Lex STRESSES 


refers to a cyclic 


In this paper the term, “complex stress, 
stress in which the stress-time relationship is complex in the 
sense that it may be analyzed as a composite of several harmonic 
components. Such waves are illustrated in Figs. 1 and 2. 

The most complex state of cyclic stress can be represented by 
the following set of equations 


8; = y (A,, sin nwt + cos nwt) 


n=0 
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where i = 1, 2, 3, 4, 5, and 6, and n = 0, 1, 2, 3,... 

The six stresses S; represent the six applied-stress components, 
including three normal stresses and three shear stresses. Each of 
the six stresses S; is represented as a function of time by a Fourier 
series. 

One of the simplest relationships included in Equation [1] is 
the simple completely reversed uniaxial stress 


S; = Ay sin wt 


A large amount of experimental data has been accumulated for 
states of stress of this type. For this reason, and also because 
of the ease with which additional information of this type can be 
obtained, it is desirable to choose this simple state of stress as 
standard basic failure data to which more complicated states of 
stress may be related by various design relationships. 

A somewhat more complicated state of stress included in Equa- 
tion [1] is 


8S, = By + Au sin wt 


The results of studies using such a state of stress have been re- 
corded by many investigators. By using various curve-fitting 
methods, several design equations have been established which 
relate the state of stress of Equation [3] to failure data based on 
Equation [2]. The well-known modified Goodman and Gerber 
relationships for uniaxial range of stress are typical of these. 

As a step in the direction of developing design relationships for 
states of stress of higher complexity, the research program re- 
ported in this paper was conducted. This program consisted of 
two phases: (a) The development of theoretical relationships 
for complex stresses; and (b) an experimental program involving 
complex stresses using a special testing machine which was de- 
signed and constructed as a part of the investigation. 

The theoretical relationships presented here for treating com- 
plex stresses are applicable to states of stress of the following form 

S; = 2A sin nwt + B,,, cos nwt), r= 0, a 2, 


It may be noted that this relationship represents the most gen- 
eral uniaxial state of cyclic stress. 
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The testing machine used for the experimental program was 
designed to induce complex stresses represented by the following 
relationship 


S; = By + Au sin wt + Aj: sin (2wt.— p) 


This state of stress consists of a constant stress, a fundamental 
sine wave, and a second-harmonic sine wave. Various stress- 
time patterns which this machine can produce are shown in Fig. 2. 


Desien Meruops ror CompLex STRESSES 


The purpose of any design method is to make it possible to 
predict the results of a complex situation from knowledge of a 
simpler situation. The design methods proposed here have as 
their objective the prediction of endurance properties of machine 
members subjected to complex stresses of the form represented 
by Equation [4], in terms of known fatigue properties involving 
stresses represented by Equation [2]. 

Previously Established Relationships. The methods proposed 
utilize several previously established fatigue concepts and rela- 
tionships. These include (a) simple S-N relationships, (6) range- 
of-stress relationships, and (c) cumulative damage concepts and 
relationships. 

Simple S-N Relationship. To apply the design methods for 
complex stresses it is necessary to have available a stress-cycles 
relationship for the material involved. If statistical treatment 
is to be applied to the problem, stress-cycle-probability data 
must be available and a particular stress-cycles relationship must 
be selected by choosing a desired probability of failure. 

Range-of-Stress Relationships. The term “range of stress’ may 
be defined as that information which completely defines, for pur- 
poses of fatigue analysis, a simple uniaxial cyclic state of stress 
which is not necessarily completely reversed. A range of 
stress may be defined by specifying S”, the arithmetic mean of 
the maximum and minimum stresses of the cycle, and either S’, the 
maximum stress of the cycle, or S’’’, the algebraic minimum 
stress of the cycle. The symbol Sy will be used to denote the 
amplitude, or maximum value, of the completely reversed uni- 
axial cyclic stress which has an endurance life of N cycles at the 
selected probability level. 

Among the empirical relationships that have been established 
between range-of-stress data and simple S-N data are the follow- 
ing: Equation [6] which follows represents the modified Good- 
man law, Equation [7], the Gerber law, and Equation [8] is to 
be used for compressive mean stresses 


Sy 


S’ — 8’ 
—— S’ > 0, 
1—(S"/Sy)” 


Sy = S°— 8’”, Ss’ <0, 

With these relationships it is possible to calculate the amplitude 
Sy of the completely reversed uniaxial stress which would have 
the same life as a given uniaxial state of stress which is not com- 
pletely reversed. 

Cumulative-Damage Concepts and Relationships. The states 
of stress represented by Equations [1] through [5] are assumed 
to be steady state. Many machine members are subjected to 
states of stress which consist of sequences of groups of steady- 
state cycles differing from each other with respect to amplitude. 
For example, during the flight of an aircraft, a given point in the 
propeller may be subjected to high amplitude stresses during 
take-off, moderate stresses during cruising, and low stresses dur- 
ing landing. 
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Several investigators, including Miner (1),* Richart and New- 
mark (2), Marco and Starkey (3), and Henry (4), have proposed 
concepts of cumulative damage. Most of these assume that 
cyclic stressing produces a gradually increasing accumulation of 
fatigue damage which ultimately causes failure. Associated with 
these various concepts are formulated relationships which at- 
tempt to correlate the variables: stress, cycles, and fatigue dam- 
age. These relationships at the present are restricted to uniaxial 
states of stress. 

Most of these formulations relate damage to state of stress by 
means of a term called “cycle ratio,’’ denoted by the symbol 
n;/N,, where n; refers to the number of cycles a machine member 
is subjected to the ith steady state of stress, and N, refers to the 
life which would be expected of the part if it were continuously 
subjected to the ith steady state of stress, based on the selected 
probability curve. If the machine member be subjected to a 
sequence of groups of steady-state stressing, a cycle ratio n;/N; 
may be calculated for each member of the sequence. Formula- 
tions of cumulative-damage theories then relate damage and 
stress sequence to the sum of the cycle ratio terms, 2(n,;/N;). 

Miner (1) suggested that failure might be expected to occur 
when 2(n,;/N;) reached unity. That is, when 


= 1 


Tests conducted by Marco and Starkey (3) indicate that the value 
of this sum at failure depends upon the stressing sequence. 
Thus 


Z(n,/N,;) = X.... 


where X is a determinable function of a given sequence. Henry 
(4) developed a relationship among dimensionless parameters 
including the cycle-ratio parameter n;/N;, and involving a defi- 
nition of damage which has physical as well as empirical, numeri- 
cal significance. 

Two basic design methods for complex stresses are proposed 
here; namely, (a) a half-wave method, and (6b) a peak-stress 
method. Each method has several ramifications dependent on 
the particular cumulative-damage theory or range-of-stress rela- 
tionship which is used. 

Basic Assumption of Half-Wave Design Method. The basic 
assumption of the proposed half-wave method asserts that any 
uniaxial complex stress can be resolved into a sequence of 
smoothed half waves each of which contributes a calculable 
amount of fatigue damage. Any stress-time pattern representing 
a given uniaxial state of stress will include numerous stationary 
values, or points at which dS/dt is 0. Such a wave pattern may 
be resolved into a sequence of half waves separated by these 
points of stationary value. It is asserted that the fatigue damage 
induced by one of these half waves will be exactly equal to one 
half the damage that would be induced by a complete wave hav- 
ing the same maximum and minimum points, or range of stress. 

For example, the portion of a complex-stress wave depicted in 
Fig. 3(a) contains five points of stationary value, identified as 
minimal or maximal points. Slight irregularities between the 
points of stationary value may be smoothed out as indicated in 
Fig. 3(b). The smooth curve of (b) may be resolved into four 
half waves defined between the points of stationary value. If 
it be assumed that the damage contributed by each of these half 
waves is one half the damage which would be produced by a 
complete wave having the same maximum and minimum points, 
it follows that the damage to be expected from the four com- 
plete waves of Fig. 3(c) would be twice the damage induced 
by the complex cycle of (a) or (b). The actual damage from the 
cycles of (c) may be calculated by converting these noncom- 


> Numbers in parentheses refer to the Bibliography at the end of 
the paper. 
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pletely reversed stress cycles into equivalent completely reversed 
cycles as indicated in (d). This conversion may be accomplished 
by application of the Gerber, modified Goodman, or other range- 
of-stress relationship. Finally, the completely reversed waves 
of (d) may be joined to form the transformed wave, (e). The 
amount of damage induced by the wave sequences of (e) may be 
calculated by the application of a selected cumulative-damage 
theory. The damage induced by a complex wave such as (a) 
would then be exactly one half the damage produced by the final 
transformed wave, (e). 

Half-Wave Design Method for Complex Stresses. The concept 
just described may be formulated into a usable relationship as 
follows: Let a given complex-stress wave be resolved into a 
sequence of half waves and let it be assumed that the completely 
reversed full waves associated with the half waves have been 
determined. If N,; represents the number of cycles of the ith 
full-wave component required to produce failure, then 1/N, 
would represent the fraction of damage incurred by one cycle of 
the ith wave. However, the 7th full wave incurs twice as much 
damage as its associated half wave of the original complex pattern. 
Consequently, the damage incurred by the ith half wave will be 
represented by 1/2N;. If the damage resulting from all half 
waves of a complete cycle of the complex wave be added to- 
gether, the total damage for one cycle of the original wave may 
be represented by 2(1/2N;). The fraction of total damage 
caused by m cycles of the complex-stress wave may be repre- 
sented by m2(1/2N,). If N, denotes the number of cycles of the 
complex wave required to cause complete failure, then, according 
to Miner’s hypotheses, when m becomes N, the total damage be- 
comes unity, that is 


N,2(1/2N,) = 1 


From this it follows that the number of cycles required to produce 
failure, measured in terms of the fundamental or first harmonic 
of the complex stress wave, becomes 


2 


Ni = 


An extension of this relationship which takes into account the 
fact that the cycle-ratio sum may be different from unity may be 
expressed as 


22(n/N) 
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where &(n/N) may be determined by the application of a different 
cumulative-damage relationship. 

Peak-Stress Design Method for Complex Stresses. A second 
method of design for complex stresses is based on a consideration of 
selected peak stresses only. This method ignores the effects 
of the secondary peaks; that is, the stationary values having 
lesser magnitude than the selected primary peaks. 

For example, referring to Fig. 1, a selected group of the maxi- 
mum peak stresses in tension and compression could be chosen 
and a relationship could be established among these peak stresses, 
cycles of stressing, and damage. This relationship may be based 
on some interpretation of range-of-stress data such as the Gerber 
or the modified Goudman equations. 

Both the half-wave method and the peak-stress method are 
applicable to states of stress of the form of Equation [4]. 


EXPERIMENTAL INVESTIGATION OF CoMPLEX STRESSES 


An experimental program involving complex stresses was con- 
ducted to investigate the validity of the design methods presented 
in the previous section. To perform such an investigation a test- 
ing machine was required which would produce complex stresses 
in its specimen. Since most testing machines which are com- 
mercially available are designed to produce stress patterns of the 
type represented by Equation [2] or [3], it was necessary to de- 
sign and construct a special testing machine to produce the de- 
sired complex stresses. A machine capable of producing stresses 
of the type represented by Equation [5] was designed and built, 
and used for this experimental investigation. A description of 
this machine was presented in an earlier paper (5). 

Testing Machine. The operating principle and important fea- 
tures of this machine are shown in the diagrammatic sketch of 
Fig. 4. The specimen is attached to a piston which is acted on 
by a static pressure on the one side and a cyclicly varying pressure 
on the other side. The varying pressure is produced by two cam- 
operated plungers, one of which reciprocates at twice the fre- 
quency of the other. All pressures, which may require adjust- 
ment due to leakage or temperature effects, are produced and 
accurately controlled by dead-weight comparators intermittently 
connected to the hydraulic chambers by synchronized rotary 
valves. Additional control is provided by intermittent adjust- 
ment of a compensating piston which controls the volume of the 
variable-pressure chamber. 
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Fig. 2 depicts several of the complex stress patterns which may 
be produced by this machine. Fig. 5 depicts a stress-time wave 
produced by the complex-stress testing machine recorded by 
electric strain gages attached to the specimen. 

As indicated in the foregoing, the complex-stress testing ma- 
chine is capable of producing stress-time patterns of the form 
represented by Equation [5]. In the actual testing program, 
however, the stress patterns were limited to those represented by 
the equation 


S, = A sin wt + B sin (2w!l — p) 


Material Properties and Control Tests. Two materials were 
used; namely, SAE 4340 steel, heat-treated to a hardness of Re 
30 + 2, and aluminum alloy 76S-T61. 

The steel specimens were machined from a single heat of SAE 
4340 steel, hot-rolled, annealed, and of aircraft quality. The 
steel was supplied in the form of bars */,-in. diam and of 14-ft 
length. The certified chemical analysis of this heat was as 
follows: 


Per cent 
0.32 silicon 
0.81 chromium 
1.80 nickel 
0.25 molybdenum 


Per cent 
0.41 carbon 
0.71 manganese 
0.024 phosphorous 
0.020 sulphur 


The aluminum specimens were made from a single heat of 
76S-T61 aluminum alloy. The specimens were machined from 
bars 7/, in. in diam, swaged in 3-ft lengths. 
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The control tests conducted on these materials included tests of 
yield point, ultimate strength, hardness, and reversed-bending 
S-N data. 

The reversed-bending data were reported in a previous paper 
(3). Average values for the other control tests were as recorded 
in Table 1. 


TABLE 1 
Yield point, 


AVERAGE TENSILE PROPERTIES 
Ultimate strength, 
psi 


158000 
80000 


In addition to these tests, simple completely reversed uniaxial 
tests were run with the complex-stress machine using the high- 
speed component only. The amplitude of the fundamental com- 
ponent was set at zero. This provided simple S-N information, 
free of machine effects, for interpreting the significance of the 
complex-stress tests. The results of these tests are plotted in 
Fig. 6. 

Results of Complex-Stress Tests. Fifteen complex-stress tests 
were completed, each differing from the others with respect to 
its particular combination of the variables: Maximum stress S’, 
amplitude ratio M = A/B, phase angle p, and material. Two 
values of phase angle were used, p = 0, and p = /27m radians. 
Five amplitude ratios were used, M = 1/10, 1/4, 2/3, 4/3, and 2. 
The second-harmonic frequency, 2w, was set at approximately 
200 radians per sec for all tests. For each combination of varia- 
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bles, several individual specimens were tested each having a 
different value of S’. The life of each specimen N was recorded. 

The results are plotted as points in Figs. 7 and 8. Each point 
represents one test specimen. The ordinate of each plot repre- 
sents the maximum stress of the complex-stress wave. The ab- 
scissa of each plot gives the corresponding life N in cycles of the 
fundamental component. The material, amplitude ratio, and 
phase angle are indicated on each plot. 


INTERPRETATION OF TEST RESULTS 


In Fig. 8(c) are shown four curves, two of which happen to 
coincide. These represent the predictions of four complex-stress 
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design methods. Curve 1 has been calculated on the basis of the 
half-wave theory discussed previously, using the Miner hypothe- 
sis that [n/N = 1. Curve 4 has been calculated on the basis of 
the half-wave theory but using the more accurate value for 
=n/N calculated on the basis of the cumulative-damage theory 
presented by the authors in a previous paper (3). Curve 2 has 
been calculated on the basis of the peak-stress method, which 
neglects the effects of the secondary peaks, using the modified 
Goodman relationship. Curve 3 has been calculated on the 
basis of the peak-stress method but using the Gerber relationship. 
It may be noted that fair agreement exists between the test points 
and the theory predictions. However, it is regrettable that the 
number of specimens tested was not great enough to permit con- 
clusive interpretation. 

The remaining plots of Fig. 7 and Fig. 8 record the predictions 
of these methods. Again, it is apparent that fair agreement exists 
between these test points and the curves based on the theoretical 
design methods. 

Comparison of Design Methods. In Figs. 7 and 8 both the ex- 
perimentally determined points and lines representing the various 
design methods for complex stresses are shown. On the basis of 
these plots several observations can be made relative to the 
applicability of these theories. 

It may be noted from Fig. 8(c) that, within the scope of the 


tests performed, little difference in life prediction results from 
the application of the two half-wave design methods. 

For values of the phase angle p = 0, the predictions of the two 
peak-stress theories, one based on the modified Goodman law and 
the other on the Gerber law, coincide. This follows from the fact 
that when the phase angle is zero, the resulting composite wave 
has completely reversed peak stresses. The cycle count used for 
the peak-stress theories was based on the number of cycles of the 
fundamental components. 

It may be observed that when the phase angle is zero, the half- 
wave theories agree better with the test points at high stress levels, 
but the peak-stress theories appear to give better agreement at 
the lower stress levels, 

When the phase relationship between the components is 4/2, 
the peak-stress theory based on the modified Goodman relation- 
ship and the half-wave theory based on the Miner hypothesis 
closely agree, but the peak-stress relationship based on the Gerber 
law deviates appreciably from these two. It may be observed 
that the test points appear to fall between the lines representing 
the peak-stress predictions based on the modified Goodman law 
and the peak-stress predictions based on the Gerber law. This 
is not surprising since there is considerable experimental evidence 
which seems to indicate that test points for most materials do 
fall between these two curves in single-harmonic tests. 
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It may be noted further that for the 4/2-angle the peak-stress 
theory based on the Gerber law appears to be in better agreement 
at high stress levels whereas the other two theories agree more 
closely with the test points at the lower stress levels. 

Finally, if one theory is to be chosen which at all stress levels 
is either realistic or conservative, it would be the peak-stress 
theory based on the modified Goodman relationship with cycles 
counted on the basis of the fundamental component. It may 
be conjectured that this theory could be applied to random com- 
plex stresses by selecting peak stresses and assuming that one 
cycle is to be associated with each adjacent pair of maximal and 
minimal peaks. 

Effect of Material. Fig. 9 has been prepared to facilitate the 
interpretation of the experimental investigation. The ordinates 
of the plots of this figure represent the ratio R, which is defined as 
follows 


Log, (measured cycles to failure) 


os Log, (computed cycles to failure. Half-wave, modified 
Goodman theory) 


R 


The abscissas of these plots represent the amplitude ratio M. 
Each of the four plots represents a particular combination of ma- 
terial and phase angle. Each point on these plots represents an 
average value for one entire stress-cycle curve of Fig. 7 or 8. 

Fig. 9 seems to indicate that the aluminum specimens survived 
a shorter life relative to theory predictions than did the steel. 
This result may reflect a variation in the accuracy of range-of- 
stress relationships for steel and aluminum. It also may reflect 
an actual material sensitivity to complex stresses. 

Effect of Phase Angle. Fig. 9 appears to indicate a pronounced 
effect of a phase angle. It may be noted that curves c and d, 
representing the phase angle p = w/2, have significantly higher 
values of the ratio R than curves a and b which represent the 
phase angle p = 0. This indicates that specimens subjected 
to the phase angle 2/2 lasted significantly longer relative to 
theory predictions than did the specimens having zero phase 
angle. 

Again, range-of-stress relationships are involved in this com- 
parison. It is conceivable that a portion of this effect is attribu- 
table to differential response to these relationships. On the other 
hand, it may be conjectured that the small secondary peak in the 
compressive region associated with the phase angle #/2 may 
significantly strengthen the specimen as compared with the 
completely reversed secondary peaks associated with the phase 
angle zero. This interpretation is somewhat strengthened by 
the fact that when the secondary peak of the 7/2 phase-angle 
pattern does extend into the tensile region, as when the amplitude 
ratio M is 2/3, a significant reduction in strength is observed. 

It may be observed further by reference to Figs. 7 and 8 that 
the steepness of the slope of the test points relative to theory 
prediction is significantly greater when the phase angle is 4/2 
than when it is zero. This might indicate that at high stress 
levels the secondary peaks in compressive regions are of relatively 
large magnitude and tend to strengthen, whereas at low stress 
levels their effect is negligible. It may be observed further 
that the steepness of this slope for the phase angle 2/2 is sig- 
nificantly lower for the two curves having the amplitude ratio 2/3 
than for the curves having greater values of amplitude ratio. 
The 2/2 tests having the 2/3 amplitude ratio appear to conform 
more closely to the values for zero phase angle than do the 
other curves having the 7/2 amplitude ratio. 

Again, referring to Figs. 7 and 8, it is interesting to note that 
the only extraordinarily long-lived specimens were tested with 
the 2/2 stress pattern and were stressed at a very low level. All 
of the plots of steel having the 1/2 angle and one of the plots for 
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aluminum having this angle indicate unusually long-lived speci- 
mens at low stress levels. This phenomenon is to be contrasted 
with the trends on these same plots of diminishing life with de- 
creased stress level until low levels are reached. It is interesting 
to conjecture that the explanation for this phenomenon might 
involve a coaxing effect due to the small secondary peak in the 
compressive region. 

Effect of Amplitude Ratio. The effect of the amplitude ratio is 
clearly evidenced by Fig. 9. For the phase angle p = 0, it ap- 
pears there is a gradual decrease in life as the amplitude ratio 
increases. For the phase angle p = 2/2 the effect of amplitude 
ratio appears to involve an optimum at approximately M = 1.3 
with diminishing life evidenced in either direction from this 
optimum. 

It is particularly interesting to note that with very low value of 
M, corresponding to high-magnitude secondary peaks, little 
damaging effect is in evidence. In fact, the tests for p = 0 and 
M = 1/10 involved secondary peaks 87 per cent as large as the 
primary peaks without measurable damage effect. 

A further study was made to investigate the effects of the ratio 
of the secondary peaks to the completely reversed endurance 
limit. No conclusive interpretations resulted from this study. 


ConcLusIONs 
It may be concluded that each of the four design methods gives 
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reasonable life predictions for complex stresses. For tle phase 
angle p = 0, the half-wave theory based on the Miner hypothesis 
gave the best predictions at high-stress levels, whereas the peak- 
stress theory based on the modified Goodman relationship gave 
the best predictions for low-stress levels. For the phase angle 
p = 1/2, the peak-stress method based on the Gerber relationship 
gave the best predictions at high-stress levels, whereas either the 
half-wave method based on the Miner hypothesis or the peak- 
stress method based on the modified Goodman law gave satis- 
factory results at low-stress levels. 

If it were necessary to select one method which gives either rea- 
sonable or conservative predictions at all stress levels, the peak- 
stress design method based on the modified Goodman relation- 
ship is recommended. 

In the application of these conclusions it must be appreciated 
fully that the number of specimens used in the experimental in- 
vestigation was small. Much more testing must be performed 
before these conclusions may be applied with a high degree of 
confidence. 
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Discussion 


H. T. Corren.‘ The authors are to be congratulated on 
their approach to the very difficult problem of estimating the 
fatigue life of members subjected to complex stress-time cycles. 

As the authors have noted, statistically planned and analyzed 
data will be required before the precision of the design methods 
can be evaluated. A glance at Figs. 7 and 8 of the paper, how- 
ever, gives the impression that the differences between the four 
methods are not very great. In fact, the scatter of the data 
appears to exceed the differences between the four methods in 
many instances. This situation is not new in studies of cumula- 
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tive fatigue damage and may indicate that, with the present range 
of variables, the four different design methods are not separable, 
even when numerous specimens and statistical analysis of data 
are employed. 

It is noted that only the fundamental and second-harmonic 
sine waves are employed in all the experiments. This means that 
there were approximately the same number of cycles of high and 
low stress. A study of the stress-time patterns in Fig. 1, and 
numerous other stress-time patterns for aircraft components**? 
indicates that the number of cycles of moderate and low stress 
far exceed the number of high stress cycles. Further, experi- 
mental results obtained at the University of Illinois, employing 
a two-stress-amplitude repeated block stress-time history, indi- 
cate that when the number of cycles at the high and low stresses 
are approximately equal, the influence of the cycles of low stress 
amplitude is quite small and difficult to measure. This is in agree- 
ment with the authors’ results. However, when 10 per cent or less 
of the cycles are applied at the high stress, a condition that is 
closer to most measurements of service load spectrum, the cycles 
of moderate and low stress (even below the virgin fatigue limit) 
have a more pronounced influence of fatigue life than is readily 
measured.§ 

These considerations suggest the desirability of adding a higher 
harmonic wave (5th to 10th harmonic) of smaller or comparable 
amplitude to the existing stress history (fundamental and second 
harmonic), or of substituting a higher harmonic (5th to 10th 
harmonic), for the second harmonic. It is believed that either 
procedure would bring the resulting stress-time history closer to 
patterns measured in service and also make it possible to measure 
the influence of low and moderate stress. 

A visual comparison of the S-N curves drawn in Fig. 6 and 
curves numbered 2 and 3 in Figs. 7 and 8 for p = 0 suggest that 
the fit of the data in Figs. 7 and 8 to the unaltered S-N curve 
would be as good as to curves numbered 2 and 3. This is simply 
another way of observing that the use of only the fundamental 
and second-harmonic stress-time pattern gives data from which 
it is impossible to differentiate between the different design 
methods. 

Some of the reasons for making the initial experiments with 
only the fundamental and second harmonic are evident to the 
writer. It has become clear since the inception of these experi- 
ments that the more conclusive data will be obtained by employ- 
ing the higher harmonic waves. It is to be hoped that future 
plans will include experiments with the higher harmonics present. 
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Fatigue of Metals Under Combinations 
of Stresses 


By W. N. FINDLEY,! PROVIDENCE, R. I. 


Analysis of available information suggests that the phe- 
nomenon of fatigue of materials results primarily from 
alternating shearing stress producing cracks along shear 
planes, and that the resistance to fatigue cracking is in- 
fluenced by other factors. Some of these factors are 
changes in structure of the material resulting from plastic 
and elastic stressing as well as heat-treatment; the mode 
of crack propagation and the complementary normal 
stress on planes of shear stress. Several theories of failure 
under combined stress are examined and modified to ac- 
count for observed facts. A genera] design expression is 
proposed. The influence of mean stress (including ex- 
treme compression), yielding, complementary normal 
stress, and anisotropy are considered. 


INTRODUCTION 


HE fatigue of metals (and other materials) is a fracturing 

process which begins and spreads progressively under re- 

peated stressing of much less severity than that required to 
cause fracture under a single load application. This phenomenon 
has been studied extensively during most of this century. 

While studies of many aspects of this phenomenon can be 
made under simple stressing, actual engineering applications 
often, if not usually, involve complex stressing. A study of the 
problems arising under complex stressing is the subject of this 


paper. 


MaAcHINE FoR ComBINED BENDING AND TORSION 
TEsTs 


Combined bending and torsion is a type of stressing which is 
frequently found in practice. It involves states of stress from a 
single principal stress for bending to two equal but opposite princi- 
pal stresses for torsion. In 1942 fatigue machines were con- 
structed (1)? for tests under combined bending and torsion with 
superimposed mean stress. One machine of this type is shown in 
Fig. 1. It consisted of a motor A and adjustable crank B driving 
a loading arm C attached to the specimen D. The specimen was 
attached at the other end to a moon-shaped bracket E and spring 
dynamometer F. A dial G mounted on a rigid arm measured the 
deflection of an arm H fastened to the dynamometer in such a 
way as to indicate the deflection of the dynamometer on the dial. 
The specimen was attached to the moon-shaped bracket at any 
one of six positions depending on whether the specimen was to be 
subjected to bending, torsion, or a combination of the two. In 
the position shown the specimen was subjected to torsion. The 
dynamometer mounting bracket I was adjustable vertically so as 
to provide any desired mean stress. 
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Definition of Failure. The most compelling reason for using the 
dynamometer was to provide a more consistent determination of 
the end point of the test (1). In certain tests, especially in tor- 
sion, the fatigue cracks developed in such a way that the two 
broken parts were dovetailed and held together like a hinge long 
after complete fracture was accomplished. A typical stress-time 
history of a specimen experiencing this effect is shown in Fig. 2. 
To surmount this difficulty failure was defined as having occurred 
when cracks had caused the stiffness of the specimen to decrease 
by a specified amount. 

In order to cause the machine to stop automatically when the 
stiffness of the specimen decreased a given amount, adjustable 
electric contacts were attached to the connecting rod at two 
points. When the stiffness of the specimen decreased a given 
amount the arm H no longer deflected as much as before and 
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contact was made with an extension of this arm, causing the 
machine to stop. The modification of this procedure required 
when a mean stress was employed is described in reference (1). 

Load-Deflection Relations. In order to obtain information on 
fatigue under as wide a range of the variables as possible the 
greatest loads employed were as large as possible. This resulted 
in stresses which extended into the plastic range. A typical load- 
deflection curve for torsion of a specimen of the shape of the 
fatigue specimen is shown in Fig. 3. On the unloading branch of 
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the stress cycle employed in the fatigue test, the possibility of the 
Bauschinger effect being encountered had to be considered. For 
most materials and stresses employed the Bauschinger effect was 
not important. 

Corrections for Yielding. Since yielding occurred in some of the 
tests, it was desirable to correct the nominal stresses for the non- 
linear stress distribution resulting from yielding. This was done 
for bending and for torsion. For bending, a semigraphical pro- 
cedure (2) was employed which involved making measurements 
from a stress-strain curve and constructing a moment-stress 
curve to obtain relationships between bending moment and 
stress. The corrections for torsion were based on the procedure 
outlined by Nadai (3) which employed a curve of torque versus 
angle of twist of a cylindrical bar of the material. 

The foregoing procedures permitted determination of the great- 
est stress applied during the first loading. On repeatedly loading 
the specimen to the same deflection the load remained the same 
or nearly so. Thus this procedure established the maximum stress 
in a cycle. Upon unloading, elastic behavior was encountered. 
Thus the change in stress (i.e., twice the alternating stress) could 
be determined by use of the formulas for elastic stresses. 

Effect of Mean Stress. The influence of mean stress is illustrated 
for 768-T61 aluminum alloy in Fig. 4 for bending and Fig. 5 for 
torsion. In both figures the nominal stresses are shown by black 
points and the corrected stresses by open circles. It was ob- 
served that the mean stress caused a greater reduction in fatigue 
strength (alternating stress) in bending than in torsion. 


Enercy THeorres ror Fatigue UnpeR ComBINED STREsS 


Energy theories of failure under combined stress, such as the 
total energy of deformation, involve the following considerations 
(4): (a) The strain energy must be calculated from the total 
stresses, not components, because energy is not a linear function 
of stress. When calculated in this way the alternating versus 
mean energy corresponding to Fig. 4 is as shown in Fig. 6. (6) 
As illustrated in Fig. 6, the strain energy is always positive. 
(c) Thus the energy cycle corresponding to a completely re- 
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Srate-or-Stress Vector ILLusTRATING THREE PRINCI- 
PAL STRESSES OF UNEQUAL TENSION 


Fie. 7(a) 


versed stress cycle is a pulsating cycle of twice the frequency 
of the stress cycle. (d) As illustrated in Fig. 6, the energy cycle 
corresponding to a sinusoidal stress cycle is not sinusoidal. (e) A 
zero value of mean strain energy is not possible. (f) The mean 
energy is equal to the alternating component of energy until the 
minimum stress is greater than zero. 

The foregoing considerations suggest that strain energy is 
probably not a quantity of fundamental significance in describing 
fatigue under combined stress. 

An experiment is presently being conducted to discriminate 

' between stress and energy theories of fatigue. In this experiment 
a disk is loaded along a diameter and the disk is rotated relative 
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to the loading while under a constant load. Thus the strain 
energy at the center of the disk remains constant but the stress 
on any given plane at the center of the disk fluctuates. If strain 
energy is a valid criterion fatigue failure should not occur in this 
experiment. 

State-of-Stress Vector. One method of defining the state of 
combined stress in terms of a single entity instead of the three 
principal stresses, for example, has been proposed (4). It con- 
sists of the vector representing the sum of the three principal 
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stresses as shown in Fig. 7(a). If the three principal stresses are 
related by o, > 03> 3, the possible orientations of the state-of- 
stress vector lie in the wedge defined by the two intersecting 
planes shown in Fig. 7(b). 

Fatigue Under Combined Bending and Torsion. Fatigue tests 
were performed on two aluminum alloys under several different 
states of stress achieved by combined bending and torsion. From 
the fatigue strength at given numbers of cycles for each series of 
tests, values of several different criteria of failure were com- 
puted. These criteria were obtained from previously considered 
theories such as the principal-shear-stress theory and distortion- 
energy theory and modified theories to be described later. The 
quantities computed are shown plotted as a function of one of the 
direction cosines of the state-of-stress vector in Fig. 8 for com- 
pletely reversed stresses in 25S-T6 aluminum alloy (5). In this 
diagram a straight horizontal line represents exact agreement 
with the theory. The direction cosine of zero corresponds to pure 
bending. It was observed that the principal shear stress cor- 
rected for anisotropy and octahedral shear stress agree most 
closely with the data. 

Similar diagrams were prepared for the same states of stress 
with superimposed static mean stresses (6). The results are 
shown in Fig. 9 for the principal-shear-stress theory corrected for 
anisotropy, as described later. Considering all stresses ap- 
plied, the principal shear stress corrected for anisotropy most 
closely represented all the data for 76S-T61 aluminum alloy and 
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represented all the data for the 258-T6 alloy almost as well as the 
octahedral-shear-stress theory. 


or FractuRING 


A study was made of the entire series of fractures of fatigue 
specimens of 76S-T61 aluminum alloy (4). It was observed that 
the initial cracks in any combination of bending or torsion lay in 
planes in or near planes of maximum shearing stress. Typical 
examples of the fractures from torsion and bending are shown in 
Figs. 10 and 11, respectively. The arrows in the figures indicate 
the origin of fracture. Fractured surfaces on which shear stresses 
had acted were blackened. In many of the bending specimens 
the original fractured surface was a shear plane at about 45 deg to 
the surface. An unusually large plane of this type is shown in 
view 11 of Fig. 11. The extent of the propagation of the shear 
crack was substantial at high stresses but at lower stresses the 
shear crack changed at an early stage to tensile separation. 

The study of fractures suggests the following sequence in forma- 
tion of fatigue cracks: Under repeated stressing, slip occurs in 
crystal grains favorably oriented in or near planes of principal 
shear stress and which have relations with neighboring grains 
(such as a free surface on one side) which permit slip under the 
applied stress, 

Repeated stressing causes repeated or reverse slip in some 
grains resulting first in a disruption of the ordered atomic array 
along planes of slip and finally in the formation of a crack. The 
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Fie. 10 Fractures or Faticue Specimens or 76S-T 
From Torsion Faticve 
High alternating stress on left, low on right 
Zero mean stress: 1, 8 
High mean stress: 3, 4, 5, 7 
Two views of same specimen: 5-7, 6-8 
w shows origin of fracture 
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removal of restraint resulting from the initial crack permits slip 
to occur more readily in adjacent crystals so that the crack tends 
to spread roughly in the plane of shear. 

As the crack becomes larger, the shearing displacement be- 
tween the faces of the crack increases with a consequent me- 
chanical interference between the irregularities left in the wake of 
the crack. The resulting abrasion causes fine particles of the 
material to be torn loose and exude from the crack as dust. 

As long as (a) the alternating principal shear stress and (b) the 
ratio of the alternating principal shear stress to the alternating 
plus mean principal stress are larger than certain values the 
crack propagates in shear. But if either becomes less than this 
value, the propagation changes soon to tensile separation. 

Ratio of Fatigue Strength in Bending and Torsion. Results re- 
ported in the literature give widely different values of the ratio of 
the fatigue strength in bending b, to that in torsion ¢, as shown in 
Fig. 12 (7). However, if different classes of materials are 
grouped together the range of values of b/t is much smaller for 
each group as shown. 

Most of the theories of fatigue under combined stress predict a 
constant value of the ratio of b/t. Thus the data support different 
theories—not just one. This may mean that there are differ- 


Fie. 11(a) Fracrures or Faticve Spectmens or 76S-T Atumi- 
nuM From Comuinep Benpinc anp Torsion Fatigue at ZERO 
MEAN STRESS 

High alternating stress: 9 
Low alternating stress: 10 
(Arrow shows origin of fracture) 


Fig. 11(0) Fracrures or Faticvs Specimens or 76S-T Atuminum 
From Benpine Faticve 
High alternating stresses on left, low on the right 
Zero mean stress: 11, 12 
High mean stress: 13, 14 
(Arrow shows origin of fracture.) 
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ent mechanisms of failure for different materials or perhaps it is 
more likely that the basic mechanism is the same but the effect 
produced by different influencing factors depends on the material. 


Moopirrep THEORIES oF FaILurE 


Anisotropy was suggested as one factor causing the variation in 
b/t and a method of correction to bring the theory into agreement 
with the results in bending and torsion was proposed (4). The 
correction consisted in multiplying the torsion stress 7 in any of 
the rational theories by a constant of such a magnitude as to 
cause the theory to predict the measured values of fatigue 
strength in pure bending and pure torsion. This constant was 
necessarily a function of b/t and could be considered to be a 
stress-concentration factor for the presence of inclusions, for ex- 
ample, 

The application of this theory reduced six of the eight theories 
considered to the same form, except for a coefficient and radical 
sign. These theories were the principal shear, shear strain, shear- 
strain energy, total energy, octahedral shear, and state-of-stresa 
vector (4). 

Modified Principal-Shear-Stress Theory. The form of the 
equation when applied to the principal-shear-stress theory was 


= 1/2x/[o* + (b/t)*r*] 


where 7; is the largest principal shear stress, o the bending stress, 
and 7 the torsional stress. Equation [1] may be rationalized to 
yield 


(a/b)? + (r/)* = 1 


which is an ellipse and identical with the empirical ellipse quad- 
rant proposed by Gough (8) which represented his data for com- 
bined bending and torsion of ductile metals very closely. 
Modified Principal-Strain Theory. Application of the foregoing 
principles to the principal-strain theory yields the following 


where €; is the principal strain, v is Poisson’s ratio, and £ is the 
elastic modulus. When rationalized this expression may be writ- 
ten as follows 


(b/t — 1)(@/b)* + (2 — b/f)o/b + (r/t)* = 1 
This equation is identical with the empirical ellipse arc proposed 
by Gough (8) to represent his data on cast iron and notched duc- 
tile metals. 
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Modified Principal-Stress Thecry. When applied to the princi- 
pal-stress theory the modification yields the following 


= 0/2 + 1/2y/[o* + 


where @; is the greatest principal stress, This equation may be 
rationalized to yield 


a/b + (r/t)? = 1 


Equation [6] is a parabola. 

The foregoing equations may be compared with available data as 
follows (7): Fig. 13 shows excellent agreement between data from 
ductile metals and Equation [2] and between data for notched 
steels and Equation [6]. Equation [4] does not represent these 
data as well as Equation [6]. 

Fig. 14 shows that Equation [6] represents the data for cast 
irons very well and better than Equation [4]. 


Fic. 13 Comparison or Compinep Stress WITH 
Fatieve Data UnpeR ComBINED BENDING ¢ AND TORSION + 
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(In Equation [4] [b/t — 1] has been replaced by Poisson's ratio ».) 
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Design Expression FOR COMBINED BENDING AND TORSION 


It was observed that Equation [6] (for which the exponent of 
the o/b-term was unity) represented cast-iron data for combined 
bending and torsion quite well. Also the principal-stress theory 
requires b/t = 1. From Fig. 12 it was observed that the value 
of b/t for cast iron (a brittle material) was approximately 1. On 
the other hand, the data for ductile metals under combined bend- 
ing and torsion were best described by Equation [2] for which the 
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exponent of the o/b-term was 2. The value of b/t required by the 
principal-shear-stress theory is 2. From Fig. 12 it was observed 
that some of the values of b/t for ductile metals were in the vicinity 
of 2. This suggested (7) that there might be a gradual transition 
from the brittle-type material and Equation [6] to the ductile 
type and Equation [2] which could be approximated for design 
purposes by an equation of the form 


(o/b)>/* + (r/t)? = 1 


This equation may be useful for design since it combines both 
forms of expression into one. It is only necessary to know the 
values of the fatigue strengths in bending and in torsion for the 
given material. If only the bending-fatigue strength is known the 
value of b/t may be estimated from Fig. 12. 

This design expression Equation [7] is in good agreement with 
the data representing both brittle and ductile metals and in 
better agreement than Equations [2] and [6] with the data of 
notched steels having a value of b/t greater than 1.3, Fig. 15. 
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Fie. 15 Comparison or Equation [7] With Faticue Data In 
BENDING ¢ AND TorsION OF NotcHep Streets Havine b/t GREATER 
THAN 1.3 


GENERAL Expressions FoR Fatigup UNDER CoMBINED STREss 

In order to extend Equations [2] and [6] to other states of 
stress than those represented by combined bending and torsion it 
is necessary to express the relationships in terms of principal 
stresses (7).. This was accomplished by using the following in- 
variants of stress J, J2, and J; where 


a 


J = 0102 + 0203 + O10: 


It may be shown that the principal shear stress in a biaxial-stress 
system can be expressed as '/2+/ (J: — 4/2), which is a function of 
J;* and Jz. The simplest general equation which can be written 
in terms of J;? and J? is 


J+ B=0 


After substituting Equations [8] and [9] for biaxial stress 
Equation [11] becomes 


o;\? 
(7) 
It can be shown that Equation [12] reduces to the modified 
principal-shear-stress theory, Equation [1], when a = (b/t)*— 2, 
and the distortion-energy theory when @ = 1, and the principal- 
shear-stress theory when a@ = 2. 
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Since for biaxial stress J; = 0 the simplest form of equation re- 
lating the invariants is 
i+ B=0 


from which the following may be obtained by substituting Equa- 
tions [8] and [9] and rearranging terms 


Equation [14] reduces to the modified principal-stress theory, 
Equation [5], when 8 = (b/t)* and reduces to the principal-stress 
theory for 8 = 1. 

Equations [12] and [14] may be employed to describe the rela- 
tions between principal stresses in any state of plane stress. 
These equations are plotted in Fig. 16 for several values of a and 
8, including a = 1 (distortion-energy theory), a = 2 (principal- 
shear-stress theory), and 8 = 1 (principal-stress theory). 
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Fie. 16 Equations [12] anp [14] ror BraxiaL Stresses 


Some of the presently available data from steels for tests pro- 
duced by other means than combined bending and torsion are 
also shown in Fig. 16. These data extend into the tension-ten- 
sion quadrant as well as the tension-compression quadrant. 
The method of plotting employed causes the test under uni- 
axial tension to agree perfectly with all theories, even though 
there may be no greater precision in this test than the others. 
The scatter of data shown probably does not warrant judging the 
relative merit of theories; however, it is evident that extrapola- 
tion of Equation [12] outside the range of values covered by 
combined bending and torsion will yield reasonably accurate re- 
sults for steels. The data shown are fairly well represented by the 
curve for a = 1 (which is the same as the distortion-energy 
theory). 

Extrapolation of Equation [14] into the tension-tension quad- 
rant more than a short distance (say o2/b > 0.2) is evidently 
dangerous as very large increases in strength are predicted. It 
should be observed that the co-ordinate axes shown in Fig. 16 are 
not consistent from one quadrant to another. Since the stresses 
shown are for biaxial states the third principal stress is zero. 
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Thus, using the notation a; > 02 > a; the stresses in the first 
quadrant are o; and g:2, those in the second, third, and fourth 
quadrants are o; and a3. 

It also should be noted that the range of stress for the tests 
shown in Fig. 16 was approximately from zero to a maximum 
while the tests illustrated in other figures were for completely re- 
versed stress cycles. 


INFLUENCE OF COMPLEMENTARY NORMAL STRESS 


The study of fractures under combined bending and torsion to- 
gether with the observed effect of static stresses on fractures and 
fatigue strength led to the conclusion that fatigue results from 
alternating shearing stress as the prime factor with complemen- 
tary normal stress as an important modifying factor, and possibly 
the orthogonal normal stress as a secondary modifying factor. 
The complementary normal stress is defined as the normal stress 
occurring on the shear plane, and the orthogonal normal stress is 
the normal stress which is orthogonal to the shear and comple- 
mentary normal stresses. 

For example, it was observed that the influence of static torsion 
on alternating torsion was small and there was no complementary 
normal stress on maximum shear planes in torsion. However, in 
bending, the influence of static bending was large and varied with 
material. Complementary normal stresses are present in bending 
and change with mean stress. All observations considered, it 
seems likely that the influence of static stresses may be caused by 
(a) a change in structure of the material by elastic or plastic 
deformation and (b) the complementary normal stress. 


Errect or Static STRESSES 


To evaluate the foregoing possibilities the following tests were 
made of a material, 75S-T6 aluminum alloy, for which the in- 
fluence of mean stress in axial-fatigue tests was pronounced (9). 
Both axial-load and torsion-fatigue tests were performed on 
specimens given some of the following preloadings: (a) None; 
(b) loaded well into the yield region, then unloaded as far as the 
minimum stress to be used in the fatigue test; (c) loaded well into 
the yield region, then unloaded to the minimum stress to be en- 
countered in a test at zero mean stress, then cycled twice between 
these two loads. 

Fatigue tests were then performed at zero mean stress and a 
high mean stress as shown in Figs. 17 and 18 for axial load and 
torsion, respectively. It was observed that the fatigue strength 
under axial load at 3 X 10° cycles was reduced by 30 per cent by 
the preloading alone and 60 per cent by the preloading and mean 
stress combined. The corresponding results at 5 X 10° from the 
torsion tests were 4 per cent reduction from preload alone and 11 
per cent by preload and mean stress combined. Thus it is evident 
that both the preload and the mean stress itself have an in- 
fluence on the fatigue strength, but the predominant effect is 
caused by the complementary normal stress present in the axial- 
load-fatigue tests. The effect of yielding on the fatigue strength 
is also greatly augmented in the presence of a complementary nor- 
mal stress. 

Programming Fatigue Testis. The procedure employed in con- 
ducting the fatigue tests shown in Figs. 17 and 18 was to es- 
tablish the slope of the S-N diagram approximately in the region 
of the desired number of cycles. Then three or more tests were 
performed at the same stress—a stress estimated to yield a mean 
log N equal to the desired log N. Tests were programmed in the 
same way for other test conditions and an attempt was made to 
obtain the same mean log N for each test condition. Since this 
was never possible the results were extrapolated slightly to a com- 
mon N by using the approximately known slope of the S-N dia- 
gram. 
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Errect or ExTREME COMPRESSION 

Axial-load fatigue tests were performed on a machine equipped 
with a device for detecting and correcting distortion of the speci- 
men due to clamping it in the machine (10), Fig. 19. 

To study the influence of the complementary normal stress 
further tests in axial loading were made of SAE 4340 steel at dif- 
ferent static mean stresses, including extremely high values in 
compression (9). A gradual increase 
in fatigue strength was noted as the © 
mean stress (and hence the complee | 
mentary normal stress) decreased from ¢ 
a tension of 40,000 psi to zero, toa 
compression of 25,000 psi, Fig. 20. 
Available data indicate that this change 
is probably due largely to the comple- 
mentary normal stress. 

Extreme compression-fatigue tests as 
also shown in Fig. 20 were performed 
in an attempt to determine whether 
cycles of stress in which the entire 
cycle was a compression stress of 20,000 
psi or greater would produce fatigue 
cracks. This test required alteration 
of the specimen shape as shown in 
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Fig. 20 because of local instability and yielding. The high elas- 
tic stresses shown could be achieved only by preyielding the 
material in stages. A cylinder of steel was compressed about 30 
per cent. Then the bulged material was removed and the cyl- 
inder compressed again. Finally the fatigue specimen was ma- 
chined from the cylinder. This process raised the yield point 
from about 120,000 to 220,000 psi as shown in Fig. 21. The 
stress concentration of the final fatigue specimen was 1.13. 

It was found that fatigue cracks were produced and propa- 
gated transverse to the section but progressed only to a certain 
depth. Thus the presence of high compressive normal stresses on 
planes of principal shear stress did not inhibit fracture. They 
may, however, have prevented cracks from progressing beneath 
a layer of surface weakness resulting from the unsupported free 
surface. 


Fie. 19(a) Axtat-Loap Faticvs Testine 
Macutne Wits Distortion DerecrTion 
Device 


Fie. 19(6) Distortion Detector anp Grips ror AxtAL-Loap FaticuE MAcHINE 


| Tyee of Mean stress 
A 
30000 
| 
0000 
10° 10° 10” 10° 
| 

iss 


AUGUST, 1957 


100 


10 psi. 


‘Alternoting Stress, 


-150 
3 

Meon Stress, 10 ps: 


Fie. 20 Errect or Mean Stress on EnpuRANCE Limit or SAE 
4340 Sree. (R, 25) 


2 3 4 
Strain in. per in. (approx) 


0/22 Dia 


Fic. 21 Srress-Srrarm Tests or SAE 4340 Steer Compression 


Errecr or Sratic Torsion ON ALTERNATING BENDING 


Data are available from three investigators showing the effect 
of static torsion on alternating bending. Tests by Gough (8) on 
nickel-chromium-molybdenum steel show a decrease in fatigue 
strength of 7 to 8 per cent for static stresses which did not produce 
yielding, whether the static stresses were bending or torsion. If 
the complementary normal stresses are computed from these data, 
it is observed that the reduction in the endurance limit corre- 
sponding to the complementary normal stress is in closely the 
same proportion whether the normal stress is produced by static 
bending or static torsion. 

The data of Lea and Budgen (11) and Ono (12) show that the 
addition of static torsion to reversed bending in soft steels caused 
no change or a slight increase in endurance limit (depending on 
hardness) for nominal twisting stresses up to about 50 per cent 
above the yield stress followed by a marked reduction at higher 
stresses. The softer the steel the greater the increase in en- 
durance limit resulting from static torsion. Examination of these 
data shows that the principal shear stress resulting from the 
combined loading was above the yield point for all values of 
static torsion employed, and at the highest static stresses em- 
ployed by Lea and Budgen the combined loading would have 
produced large strains. 

It also may be observed that the planes of the greatest principal 
shear stress resulting from the combination of bending and torsion 
loads, and hence the planes on which the greatest slip would occur 
during yielding, are different from the planes of principal shear 
stress resulting from the alternating bending. 

The following explanations are offered for these observations on 
soft steels: The static torsion produces an increase in the com- 
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plementary normal stress on planes of alternating principal shear 
stress. This probably produces a tendency toward a lower re- 
sistance to fatigue. However, in the tests on soft steels, yielding 
was produced on planes intersecting the planes of alternating 
principal shear stress as explained previously. This yielding may 
have a work-hardening effect for small strains whose strengthen- 
ing effect on fatigue of the material may exceed slightly the 
weakening effect of the tensile value of complementary normal 
stress. At the large twisting straims the material may have been 
damaged by microcracks, resulting in reduced fatigue resistance— 
especially under the influence of the higher normal stresses. 

A question arises as to why do not static bending stresses also 
produce an increase in bending endurance limit in soft steels? 
The reason may be that yielding on planes which intersect planes 
of alternating principal shear planes produces increased resistance 
to fatigue on the latter planes, whereas yielding on the same 
planes does not increase the resistance to fatigue, or at least not 
to the same degree. 


Errecr or Sratic BENDING ON ALTERNATING TORSION 


Gough’s data on nickel-chromium-molybdenum steel tested in 
torsion fatigue with superimposed static torsion or static bending 
show a decrease in endurance limit of about 8 per cent for static- 
torsion stresses producing stresses above and also just below the 
yield point in torsion (8). Static bending on the other hand pro- 
duced a decrease in endurance limit of as much as 23 per cent for 
combined stresses up to about */; the yield point. For the static 
torsion no complementary normal stresses were introduced. The 
effect observed may be attributed to the change in structure of 
the material resulting from the static stresses. For static bend- 
ing, however, the complementary normal stress was increased 
from zero to +69,000 psi. Thus most of the observed effect may 
be attributed to the tensile complementary normal stress. 


INFLUENCE OF ANISOTROPY 


To explore further the influence of anisotropy, fatigue tests 
were made in bending and in torsion on specimens having their 
axes parallel, normal, and at 45 deg to the direction of rolling of the 
parent bar stock. These tests were made on three alloys pre- 
viously tested in combined bending and torsion fatigue. The test- 
ing machine (13) employed miniature specimens */, in. long and a 
fixture for gripping the specimen for tests in either bending or 
torsion as shown in Fig. 22. 

The results of the tests of 76S-T61 and 25S-T6 aluminum 
alloy and SAE 4340 steel are shown in Fig. 23 together with results 
of static-tension tests of miniature specimens. The results showed 
a small anisotropy in torsion, with maximum strength at 45 deg 


Fig. 22 Muntature Specimen Faticute Testing 
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for two of the three materials and minimum at 90 deg, and a larger 
anisotropy in bending, with maximum strength parallel to the 
direction of rolling (direction of texture) and minimum at 90 deg 
(14). 

If alternating shear stress is the prime factor causing fatigue 
with complementary normal stress and anisotropy as modifying 
factors, then the following should be true because of similar 
orientation of stress and texture (see Fig. 24): (a) The fatigue 
strength in torsion parallel (R, Fig. 24) and 90 deg (7, Fig. 24) to 
the rolling direction should be equal (nearly true for two of the 
materials tested); (6) the shearing-fatigue strength in bending of 
diagonal specimens B should be less than the fatigue strength in 
torsion parallel R and at 90 deg T (as observed); (c) the shearing- 
fatigue strength in bending parallel A and at 90 deg C should be 
less than that of diagonal specimens in torsion S (as observed); 
and (d) the fact that the bending-fatigue strength is greater in 
parallel A than at 90 deg C may be explained as follows: In speci- 
mens of both orientations A and C the planes of principal shear 
are at 45 deg. In parallel specimens A the complementary nor- 
mal stress tends to open cracks between metal and elongated in- 
clusions (for example) while shear stresses tend to close such 
cracks, see Fig. 24. But in 90 deg specimens C both normal and 
shear stresses tend to open such cracks. Thus lower fatigue 


strength would be expected. 


EXPLANATIONS FOR VARIATIONS IN b/t 


If the principal-shear-stress theory is accepted (or any of five 
other theories for that matter) the ratio b/t must be constant; 
since it is not, as shown in Fig. 12, explanations are needed. The 
foregoing discussion suggests two sources of the variations; 
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anisotropy and the complementary normal stress, the influence of 
both varying with material. In Fig. 24 the difference between 
conditions in tests S and C are solely the tensile normal stress in 
C. Tt was found that the reduction in fatigue strength resulting 
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from this normal stress was 34, 24, and 31 per cent, respectively, 
for the 768-T61, 25S-T6 aluminum, and SAE 4340 steel tested 
(14). This is in accord with the results obtained by Gough, as 
described in the foregoing, in which a reduction of 23 per cent in 
endurance limit resulted from superimposing a static bending 
stress on alternating torsion. 

On the other hand, comparison of R and S or T and S (see Fig. 
24) shows that the only known difference lies in the orientation of 
shear stressing relative to texture. Thus the ratio of the corre- 
sponding fatigue strength represents the effect of anisotropy. 
Tests of the three materials mentioned showed the effect of 
anisotropy alone to be small, 

An examination of A, B, and C of Fig. 24 shows that the shear 
stress has progressed from an orientation of ‘‘down-grain’’ relative 
to the texture, to across-grain, to up-grain, as the fatigue strength 
has decreased. All this has been in the presence of a tensile 
complementary normal stress. On the other hand, during part 
of the cycle of stress of specimens represented by A the sense of 
all stresses was reversed. This yields the less favorable ‘“‘up- 
grain’ shear stressing of C. However, the complementary nor- 
mal stress in this condition is compression, so that failure under 
this more severe shear-stress condition is suppressed in favor of the 
less severe shear-stress condition present with tensile normal stress. 

The foregoing explanation seems satisfactory. However, it 
was observed that the orientation of shear stress relative to texture 
in diagram S of Fig. 24 was evidently less severe than that in R. 
Hence it would seem that the condition represented by C should 
be less severe than B instead of the reverse. It appears that the 
presence of the complementary normal stress inverts the effect of 
the texture. It is not clear why. Thus further study of this 
problem seems warranted. 


CONCLUSIONS 


Repeated shear stress seems to be the cause of fatigue fractures 
with other factors such as complementary normal stress and 
anisotropy as modifying influences which are operative under 
combined stressing. 

The phenomenological theories for fatigue under combined 
stress require correction for these influences, Modifications pro- 
posed yield expressions which are satisfactory for combined bend- 
ing and torsion. Additional data at other combinations of stress 
are needed to evaluate the theory, and a better understanding of 
the origin of fatigue at the atomic level of action is needed. 
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Discussion 


F. B. Sruten’ ano H. N. Cummines.‘ This excellent paper 
covers such a wide range of subject matter that a thorough and 
critical discussion could under no conditions be “brief.’’ As we 
look through the paper the following comments occur to us, on 
topics selected almost at random: 

In the introduction, the author does what perhaps always 
should be done by investigators who report quantitatively on 
fatigue tests—he defines “‘failure.’’ In this case he uses the term 
“a specified amount’’ of decrease in stiffness. We have found in 
testing SAE 4340 steel of 140,000 and of 190,000 psi ultimate ten- 
sile strength in R. R. Moore rotating bending machines, that at 
high stress levels some specimens became very hot and sagged, 
without breaking into two pieces.’ Obviously a report of life to 
failure, as determined under such conditions is meaningless un- 
less accompanied by a complete description of the conditions 
that determined the failure. Perhaps the author has some sug- 
gestions as to how to define failure in rotating bending specimens. 

We are inclined to agree with the author that the concept of 
strain energy—or distortion energy—is “probably not a quantity 
of fundamental significance’ in describing fatigue under com- 
bined stress. However, we would like to suggest that histori- 
cally the distortion-energy criterion was not proposed as an en- 
ergy criterion. Von Mises* proposed the formula as a mathe- 
matical modification to eliminate certain discontinuities in the 
maximum-shear theory of static failure. It is perhaps unfor- 
tunate that Hencky pointed out the exact correspondence of the 
von Mises criterion with the formula for distortion energy. If 
we can agree to put aside any consideration of energy and look 
on some form of the von Mises criterion as a possible empirical 
fatigue-failure criterion, we can avoid the difficulty, pointed out 
by the author, that arises because energy is not a linear function 
of stress. 

The brief discussion of the influence of complementary normal 
stress on the slip plane is of particular interest to us since we 
already have proposed’ a criterion for fatigue failure, under 
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‘Investigation of Materials Fatigue Problems Applicable to 
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Schulte, WADC Technical Report 54-531, May, 1955, p. 93. 

6 “Plasticity,”” by A. Nadai, McGraw-Hill Book Company, Inc., 
New York, N. Y., 1931, p. 72. 

7A Failure Criterion for Multi-Axial Fatigue Stresses,” by F. B. 
Stulen and H. N. Cummings, Proceedings of the American Society 
for Testing Materials, vol. 54, 1954, p. 822. 
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combined stresses, that we developed by assuming a linear rela- 
tion between the alternating shear stress, on the critical slip 
plane, and the normal component on that plane. Since writing 
that paper,’ we have found some evidence that a nonlinear rela- 
tion between the shear and normal stresses would improve the 
criterion with respect to its agreement with available test data. 
In summary, we find nothing with which to take serious issue in 
those parts of the paper not already referred to. The paper gives 
evidence of the author’s ability to report compactly the inter- 
esting results of a tremendous amount of fatigue investigation. 


AvuTHoR’s CLOSURE 


The kind remarks of Messrs. Stulen and Cummings are very 
much appreciated. The author has also encountered the heating 
problem in defining fatigue failure. This problem has been 
especially troublesome in tests of plastics. No thoroughly satis- 
factory solution is known to the author. The practice employed 
by the author was to retain the change-in-stiffness definition but 
increase the change from '/s for metals to '/, for plastics. The 
change in stiffness for rotating beam tests was based on measure- 
ments of deflection. Inasmuch as the fatigue strength is known 
to vary with temperature, the temperature was kept as nearly 
constant as possible by reducing the speed of testing, using as 
small specimens as permissible, and cooling the specimen with an 
air blast or other permissible means. If the specimen can be 


* “Fatigue Machines for Low Temperatures and for Miniature 
Specimens,” by W. N. Findley, P. G. Jones, W. I. Mitchell, and R. L. 
Sutherland, ASTM Bulletin, No. 184, September, 1952, pp. 53-55. 
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kept cool the softening difficulty will not be experienced. How- 
ever, if elevated temperatures are intentionally being employed 
the influence of creep may predominate so that a time-dependent 
deflection is the important characteristic to be observed rather 
than the number of cycles to produce progressive cracks. 

The writer would like to thank the discussers for presenting the 
difference between the von Mises criterion and the distortion 
energy formula. It is true that this eliminates some of the con- 
ceptual difficulties involved in using an isotropic (or scalar) 
theory such as an energy theory. However, the fact remains that 
the von Mises criterion is also isotropic, and also contains no hint 
on how to treat the mean stress problem. That is, to determine 
the alternating and mean values does one determine the alter- 
nating and mean value of the von Mises criterion from the two 
extremes of the cycle or does one resolve the stress cycle into 
alternating and mean stresses and compute a von Mises criterion 
from each separately? 

The writer also is enthusiastic about the development of a 
mathematical relation for the influence on the fatigue strength of 
the normal stress acting on planes of alternating shearing stress. 
Discussions of a linear and a nonlinear theory of this type are 
presented in recent papers.® 

* “Theory for Combined Bending and Torsion Fatigue With Data 
for SAE 4340 Steel,”” by W. N. Findley, J. J. Coleman, and B. C. 
Hanley, International Conference on Fatigue of Metals, London, 
England, September, 1956, Session 2, Paper No. 9. 

1 ‘‘A Theory of the Nonlinear Influence of Normal Stress on 
Fatigue Under Combined Stresses,”’ by W. N. Findley and J. J. Cole- 


man, Technical Report No. 4, Office of Ordnance Research, Contract 
DA-19-020-ORD-3520, November, 1956, 
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Power From Solar Energy 


By J. I. YELLOTT,' PHOENIX, ARIZ. 


Following a brief historical introduction, the paper 
points out the need for solar energy to supplement fossil 
fuels and nuclear power. The nature of solar radiation is 
described, and methods are given for estimating the 
amount available at any particular location. Flat-plate 
and concentrating collectors are discussed, and recent 
technical advances are reported, including selective sur- 
face coatings and new tube-in-sheet materials. Cycles and 
prime movers are considered. Need for water in vapor- 
cycle condensers indicates usefulness of hot-air engines. 
High thermal efficiency is advocated as a means for reduc- 
ing fixed charges by cutting size of collectors and rejectors. 


Historica, Nores 


RACTICAL utilization of solar energy has been sought by 

mankind for many centuries. A lens of finely polished 

quartz was used for lighting altar fires in ancient Nineveh, 
and a concave silver mirror was used by the Incas to kindle their 
sacred fires at the time of the solstice (1).2 No means existed to 
generate useful power from solar energy, however, until steam and 
hot-air engines were invented late in the eighteenth century. 

Between Napoleon’s conquest of Europe and World War I, 
many ingenious inventors worked on the problem of operating 
these prime movers with heat from the sun. August Mouchot of 
France and John Ericsson of Sweden and the United States (2, 3) 
were pioneers in the successful operation of solar engines. Mou- 
chot used conical reflectors in 1870 to concentrate the sun’s rays 
upon a glass-enclosed tubular boiler, thus generating enough 
steam to run a small engine. Abel Pifre built similar but larger 
boilers, and in 1882 he operated a solar powered press in Paris to 
print a paper appropriately named Soleil Journal. 

John Ericsson, born in Sweden in 1803, was a remarkably pro- 
lific engineer who invented a wide variety of mechanical devices. 
His caloric engine, invented in 1833, operated so successfully in 
low-power applications—pumping, printing, hoisting, grinding, 
sewing machines, telegraph instruments—that more than 6000 
units were sold. After coming to America in 1839, Ericsson turned 
his attention to naval architecture and built both the first prac- 
tical screw-propelled steamer and the first turret-type warship. 
The Monitor, designed by Ericsson and built under his super- 
vision, was launched late in 1861 with its propulsion equipment 
complete, just one hundred days after its keel was laid. This 
vessel completely altered the course of naval history and caused 
every nation to adopt iron-clad turreted warships. 

Ericsson’s first solar machine, shown in Fig. 1, used one of his 
caloric engines, with a curved reflector to concentrate the 
‘sun’s rays on the high-temperature cylinder. From this be- 
ginning in 1872, Ericsson devoted an increasing amount of his 
time to solar energy. He built a total of nine solar engines, the 
last of which, erected in 1883, was a formidable steam plant. Its 


1 Executive Director, Association for Applied Solar Energy. Mem. 
ASME. 

2? Numbers in parentheses refer to Bibliography at end of paper. 

Contributed by the Power Division and presented at the Fall 
Meeting, Denver Colo., September 10-12, 1956, of Taz American 
Socrery or MecHANICAL ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, July 2, 
1956. Paper 56—F-15. 
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reflector, 11 ft long and 16 ft wide, used straight wooden staves 
secured to parabolic iron ribs and covered with flat silvered glass 
mirrors. The radiation contained in “a sunbeam of 23,400-sq-in. 
cross section’ was concentrated upon a heater tube 6'/;-in. diam 
and 11 ft long. Steam was generated at 35 psia in sufficient 
quantity to operate a 6-in. by 8-in. condensing engine at 120 rpm. 
Ericsson devised several types of radiation-measuring devices 
and determined a value of the solar constant which was very close 
to that used today. His principal book was the 600-page volume, 
“Contributions to the Centennial Exhibition,’’ which he pub- 
lished at his own expense in 1876. A large collection of his ma- 
terial, including a model of the engine shown in Fig. 1, exists at the 
American-Swedish Historical Museum in Philadelphia. 

Other notable solar power plants were built in the United 
States and abroad. A. G. Eneas* used truncated conical reflectors 
up to 36-ft diam to focus the sun’s rays upon glass-enclosed copper 
tubes. Tests run in Tempe and Wilcox, Arizona, at midday on 
October 3, 1903, and October 9, 1904, resulted in generating 133 
and 144.5 lb of steam per hr at pressures ranging from 141 to 156 


7 1913, Frank Shuman of Philadelphia and Prof. C. V. Boys, a 
noted English physicist, constructed the largest of all solar power 
plants at Meadi, on the banks of the Nile near Cairo. As indi- 
cated in Fig. 2, parabolic reflector troughs, 14 ft wide by 205 ft 
long, were used to concentrate the sun’s rays upon glass-covered 
boiler tubes. Seven such troughs were used‘ with a total area of 


3 Reference (2), pp. 367-372. 
4 Reference (2), p. 377; reference (3), p. 88. 
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some 13,000 sq ft. This plant could produce between 50 and 60 
hp, but it was abandoned during World War I when other irriga- 
tion systems proved to be more economical. 

Between World Wars I and II, except for the work of Dr. C. G. 
Abbot, slight attention was paid to solar energy. Internal-com- 
bustion engines were developed for small and portable power 
needs, while steam turbines were universally adopted for large 
central stations. Convenient liquid and gaseous fuels became 
available everywhere in the United States, and electric trans- 
mission lines were extended to even the more remote areas. 
No field of usefulness remained for solar power in the industrial- 
ized nations and little attention was paid to the underdeveloped 
areas of the earth where men and animals supplied the only availa- 
ble forms of energy. 


New INTeREsT IN SOLAR ENERGY 


With the close of World War II, new forces began to exert un- 
foreseen influences upon the energy situation. The world demand 
for energy had begun to rise at an astounding rate. The per 
capita demand, nourished by increasing industrialization and ris- 
ing standards of living, has increased sharply, while the world 
population continues to grow at the rate of nearly 2 per cent per 
year. Estimated by the United Nations at 2,652,000,000 in 
1954, the earth’s inhabitants are increasing by nearly 4000 people 
per hour. The most rapid growth, nearly 3 per cent per year, is 
being experienced in the now unindustrialized nations such as 
Venezuela, Panama, Mexico, and Ceylon. 

In 1955, the United States alone used about 38.8 K 10" Btu. 
At the present rate of growth, at least 70 x 10% Btu will be 
needed in 1975. When the year 2000 AD arrives, the demand 
will be more than twice that amount. Conventional fuels now 
supply virtually the entire demand, and they will be supple- 
mented with nuclear power, but these use “capital energy.” 
Once drawn from the earth and expended, fossil fuels and uranium 
can never be replaced. The world’s only “income energy’’ is the 
sun’s radiation, which fortunately is both abundant and inex- 
haustible. 

The conclusion to be drawn from a study of our energy re- 
sources and demands is that, within this century, both fossil and 
nuclear fuels will become increasingly scarce and expensive. AlI- 
though atomic energy will be widely used, there are many ap- 
plications where nuclear power will be neither economically nor 
practically feasible. For such needs, we will have to turn to 


other energy sources, and the most important of these is the sun. 

The necessity for studying the problem of solar power genera- 
tion now is emphasized by two facts. The demands for improved 
living standards in underdeveloped nations throughout the world 
must be met. Many of these needs cannot be served by conven- 
tional power sources, including nuclear energy, and small, cheap, 
foolproof solar prime movers will be needed. In order to de- 


velop solar power equipment which can be used within a reasona- 
ble time, research should be undertaken now, since at least ten 
years are required to bring a new prime mover from the idea stage 


to commercial usefulness, even when every incentive is provided 
in the way of adequate financing and pressing economic demand. 

With the notable exception of the classic paper by Hottel and 
Woertz (6) on flat-plate collectors, the ASME Transactions con- 
tain very little information on solar energy. This paper is of- 
fered as an introduction to some of the basic problems in produc- 
ing useful power from the energy of the sun. 


RapiaTion—TueE ‘‘Fve.”’ or Soran Power 


Since nuclear power technology uses the term fuel for an energy 
source which is radiant rather than combustive, it may be appro- 
priate to use the same concept here. Unlike the intensely con- 
centrated and highly dangerous radiation from nuclear fission, 
the immense quantity of energy which comes through 92,330,000 
miles of space from the sun to the earth is diffuse and virtually 
harmless. 

Solar energy may be regarded as a vector quantity which is 
extremely variable in both amount and direction. The daily rota- 
tion of the earth causes an apparent movement of the sun across 
the sky at an angular velocity of 15 deg per hr. Inevitably, the 
capacity of any solar power plant varies from 0 at sunrise to 100 
per cent at noon, and back to 0 again at sunset. The annual 
journey of the earth in its orbit around the sun causes both the 
length of the day and the intensity of the energy reaching the 
earth to vary from a maximum in midsummer to a minimum in 
midwinter. 

Clouds and dust, rain and snow, being capricious and unpre- 
dictable, can reduce the influx of solar energy at any time. For 
applications where power is needed at night and during cloudy 
periods as well as when the sun is shining, some form of energy 
storage is essential. 

Solar energy reaches the earth’s atmosphere in the form of 
electromagnetic waves which range in length from the invisibly 
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short ultraviolet (0.25 micron) through the visible (0.39 u in the 
violet to 0.80 u in the red) to the equally invisible long infrared 
(up to 20 4). Ninety-nine per cent of the energy is contained in 
the band between 0.25 uw and 3.0 u, however. Ordinary window 
glass is transparent from 0.35 u in the ultraviolet to 2.5 u in the 
infrared, 

Solar energy intensity is determined by measuring the heat 
evolved when the radiation falling on a surface normal to the rays 
is completely absorbed. The unit of radiation, measured in 
gram-calories per square centimeter, is the langley (ly), named in 
honor of the Smithsonian Institution’s great astronomer. Con- 
verted to engineering units 


1 gram cal/em? min = 1 ly/min = 221.2 Btu/sq ft hr 
= 698 watts/m? 


] gram cal/em* day = 1 ly/day = 3.687 Btu/sq ft day 


The rate at which solar energy reaches the earth’s atmosphere is 
known as the “solar constant.’”’ Dr. C. G. Abbot,' after measuring 
radiation intensities at the various elevations shown in Table 1, 
concluded that a reliable mean value of the solar constant was 
1.94 ly/min (429 Btu/hr sq ft). 


TABLE 1 DIRECT RADIATION INTENSITY ON SURFACE 
NORMAL TO SUN’S RAYS? 


Place Washington Mt. Wilson Mt. Whitney 
$6... .. 40 5600 14,500 
Intensity, ly/min........... 1.15 to 1.45 1.45 to 1.62 to 1.75 
253 to 319 319 to 356 to 385 
Transmission of atmosphere. . 0.699 0.817 0.896 


Reference (2). 


The most probable value of the solar constant was raised 
slightly in 1954 by Johnson after studying data from spectro- 
graphic observations (7) made from rockets at altitudes up to 38 
miles; 2.0 ly/min or 442.4 Btu/sq ft hr (+2 per cent) is now the 
accepted value. 

The only man-made device which can receive the full solar con- 
stant is a satellite pursuing its lonely orbit beyond the atmosphere. 
All other applications must recognize the fact that the 442 Btu/sq 
ft which arrive during each daylight hour are materially reduced 
as the radiation passes through the 90-odd milesof air, water vapor, 
ozone, CO2, and dust which envelop the earth. The amount of 
useful energy which reaches a square foot of surface on the earth 
(8, 9, 10) depends upon: 


(a) The air-mass factor—a measure of the length of path 
through the atmosphere, controlled by latitude, time of year, and 
time of day. 

(b) The attitude factor—dependent upon the tilt and direction 
of the receiving surface. 

(c) The cloud-and-haze factor. 

(d) The diffuse-radiation factor 


The total energy reaching a collector surface is the sum of the 
direct radiation and the diffuse radiation which is scattered back 
to the earth from all parts of the sky. The direct radiation can be 
calculated as to direction and reasonably accurately as to amount. 
The diffuse radiation varies from 10 per cent of the total reaching 
a horizontal surface on a bright sunny day to 50 per cent in partly 
cloudy weather and 100 per cent on completely overcast days. 


Amount or Drrecr RADIATION 


In order to evaluate the amount and direction of the direct ra- 
diation from the sun, a brief excursion into elementary astronomy 
is needed, with short side trips into optics and trigonometry. 
Some terminology is needed which is familiar to astronomers, navi- 


5 Reference (2), pp. 296-307. 
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gators, and physicists, but relatively strange to engineers. In 
Fig. 3, the earth is seen by an imaginary observer on the sun as a 
small sphere which rotates once in 365'/, days around the sun’s 
ecliptic axis. The plane of the earth’s rotation is called the 
“plane of the ecliptic.’”’ The earth is also spinning about its own 
axis, but this “‘celestial axis’’ points to the ‘‘celestial pole,’’ and is 
tilted 23'/2 deg with respect to the sun’s ecliptic axis. A very 
minor secondary motion of the celestial axis makes some interest- 
ing contributions to astronomical history, but is not significant 
here. 

Turning to Fig. 4, the earth is shown as our poorly informed 
ancestors believed it to be, with the sun rotating about the world. 
The effect of the earth’s tilted axis is clearly seen by an observer 
who stands, for example, on the Tropic of Cancer. On June 21, 
at noon, he sees the sun directly overhead (zenith angle 0 deg). 
On December 21, however, the noon sun appears to him to be 
only 43 deg above the horizon. 

If this same observer proceeds north to Phoenix, Ariz., he can 
make the observations shown in Fig. 5. On the year’s longest 
day, June 21 (the summer solstice), the noon sun will have an al- 
titude a of 80 deg above the horizon and its zenith angle z will be 
10 deg (=90— a). He will have more than 14 hr of sunshine and 
the total radiation received on a horizontal square foot of surface 
will be about 2300 Btu/day. On September 23, he will find the 
noon sun at an altitude of 57 deg and the day will be 12 hr long. 
He can expect about 2100 Btu/sq ft of solar radiation. On 


1351 
. Pole Star 
4 
ff Py, \ 
1 Sur 
/ ‘ gly 
j | | | 2 


Fie. 5 Osservations From Paoenrx, Ariz., at Various SEASONS 
or THE YEAR 


December 21, the sun will reach only 33'/: deg at noon, he will 
have only 10 hr of possible sunshine, and his total insolation 
will be only 1100 Btu/sq ft. On March 21, he will experience 
the vernal equinox and the sun will rise exactly in the east, reach 
57 deg at noon, and set precisely in the west. He can again 
expect 2100 Btu/sq ft of insolation. 

The diminution of the sun’s rays in the earth’s atmosphere de- 
pends upon the length of their path, which in turn depends 
upon the height of the sun in the sky. The air-mass factor is 
usually expressed in terms of the relative air mass m, which is the 
ratio of the actual path length to the shortest possible path. 
Numerically, m = secant z, for zenith angles up to 80 deg. 
When the sun is only 10 deg above the horizon, the radiation is 
too small to have any practical value. 

Sea-level values of the intensity of solar radiation on horizontal 
surfaces for various values of air mass m, as given by Dr. Abbot, 
are contained in Table 2. 


TABLE 2 VARIATION OF RADIATION ON HORIZONTAL 
SURFACES AS MEASURED AT WASHINGTON, D. C.¢ 


Zenith angle 60° 70°30’ 75°32’ 
Solar altitude 30° 


Air mass 2 
Radiation, ly/min 1.081 0.903 
239 199 


Radiation, Btu/sq ft hr 
@ Reference (2), p. 288. 


The air-mass factor is obviously most important when the sun 
is low in the sky. The ability of the atmosphere to transmit the 
sun’s rays is measured in terms of its transmission coefficient q. 
In general 


where 


E, = radiant energy incident upon a surface normal to the 
sun’s rays 
Ey solar constant 
q transmission coefficient 
m relative air mass 
EZ; energy incident upon an inclined surface 


The attitude factor E;/E,, must be used when the receiving sur- 
ace is not normal to the sun’s rays 


E;/E, = cosine i 
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For horizontal surfaces, the angle of incidence i equals the zenith 
angle z, so the attitude factor becomes 


‘ 


Hence, horizontal surfaces become more effective as the sun rises 
higher in the sky. 

Heywood (10) shows how the radiation intensity can be esti- 
mated for any surface at any position, given the latitude, the tilt 
angle of the surface, and the position (altitude above the horizon 
and azimuth) of the sun. 

The cloud-and-haze factor and the diffuse-radiation factor are 
dependent upon meteorological conditions, and are thus statistical 
rather than exact quantities. Experience and local Weather 
Bureau records are the best source of information on these mat- 
ters. The U.S. Department of Commerce publishes the Monthly 
Weather Review, with charts showing percentage of sky cover and 
percentage of possible sunshine. A summary of these and many 
other climatic factors extending over a number of years is given in 
reference (12). 

Thus far we have discussed the rate and direction at which solar 
radiation reaches the earth and its intensity for given times and 
places. Equally important is the total amount of energy which 
reaches a particular collector during a day or a year. For the 
United States as a whole, on cloudless days in summer and 
winter, radiation values are shown in Figs. 6 and 7 (see reference 
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9). The cloudiness normally encountered reduces these values 
so that the radiation actually received in summer ranges from 
2580 to 1840 Btu/sq ft day. In winter, the effect of latitude is 
predominant, and radiation varies from 1110 Btu/sq ft day on the 
Gulf Coast and the Southwest to 500 or less near the Canadian 
border. 

In arid desert climates, 4000 or more hours of sunshine may be 
expected per year. In areas such as our Southwest, horizontal 
surfaces receive from 780,000 to 800,000 Btu/sq ft yr. Surfaces 
which track the sun can receive from 930,000 to 990,000 Btu/sq ft 
yr. 


CoLiecrors 


Solar radiation manifests itself as heat only when it is ab- 
sorbed by some material. Because solar energy is so diffuse, some 
means must be provided to collect enough of it to be useful. 
To accomplish this, two classes of devices are used; (a) flat-plate 
collectors and (b) concentrators. 

Flat-plate collectors function by absorbing the energy of solar 
radiation and transferring the resulting heat to a fluid. A 
blackened metal plate will absorb from 96 to 98 per cent of the 
solar radiation normally incident upon it. The absorptivity of 
the surface drops off as the angle of incidence increases, as shown 
in Table 3. 


TABLE 3 ABSORPTIVITY OF A BLACKENED SURFACE AT 
VARYING ANGLES OF INCIDENCE 


Angle of incidence, i....... o° 20° 40° 60° 80° 90° 
Per cent absorptivity 96 93 SN 65 0 


The irradiated plate will absorb energy until it reaches equi- 
librium temperature at which it loses heat by reradiation, con- 
ection, and conduction just as fast as it gains heat from the sun’s 
radiation. The reradiation at the relatively low equilibrium 
temperature occurs in the long wave length range (5 to 10 4) and 
ordinary glass, plastics such as Mylar, and so on, are opaque to 
these waves. Hence a black surface covered by one or more sheets 
-of glass will reach a higher equilibrium temperature than an un- 
covered surface. The glass also serves to reduce the heat loss by 
convection, and the loss is still further reduced if the space be- 
tween the collector and the glass is evacuated. 

The design of flat-plate collectors has been investigated with 
great care by Hotteil and Woertz, whose ASME paper (6) is the 
standard reference on this subject. The effects of increasing the 
number of glass covers, varying the angle of incidence, improving 
insulation, and so on, are reported in detail in their publication, 
from which the data in Table 3 are taken. 

The equilibrium temperature when no heat is being inten- 
tionally withdrawn from the collector will depend upon the inci- 
dent radiation rate, the ambient temperature, and the construc- 
tion of the collector. Fora particular collector, with 80 F ambient 
air, Heywood (10) gives the data in Table 4. 


TABLE 4 EQUILIBRIUM TEMPERATURES FOR A FLAT-PLATE 
COLLECTOR 


Ki, Incident radiation, 


One glass cover 
Two glass covers 
Three glass covers 


An interesting correlation of equilibrium temperatures is given 
in Fig. 8. Of the surfaces shown there, the flat-black paint had a 
reflectance of 5 to 7 per cent over the solar radiation spectrum, 
and the black therefore reached the highest temperature (13). 

The concept of efficiency must new be introduced, not because 
-of the cost of solar ‘“‘fuel,’’ but because the first cost of the neces- 
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sary collectors goes down as the collection efficiency goes up. The 
ability of a particular collector to absorb and transfer the incident 
radiant energy depends upon the construction of the apparatus 
and to a very marked degree upon the temperature of collection. 
As the collection temperature rises, the efficiency falls because of 
increased heat loss from the collector. When the collection tem- 
perature reaches the equilibrium value, no useful heat can be sent 
out, and the efficiency is zero. Fig. 9 shows how heat collection, 
and hence efficiency, varies for a particular setup, with collec- 
tion temperature for various numbers of cover plates. For 300 
Btu/sq-ft-hr incident radiation, 50 per cent efficiency cannot be 
attained for collection temperatures higher than 80 F above 
atmospheric. 

Flat-plate collectors become useful in power generation when 
means are provided to carry the collected heat away in a fluid. 
The simplest example of this is the conventional solar water 
heater, which is made by attaching tubing to the collector sheet. 
An endless variety of such heaters has been used throughout 
the world for domestic water heating. In the United States, gas 
and electricity have replaced most of the solar water-heating sys- 
tems. 

The flat-plate-collector situation has witnessed two major de- 
velopments during the past year. The first is the production, by 
several different processes, of collection surfaces in which the 
tubes are integral with the surface. The laborious and costly 
process of fastening tubes to sheets is thus avoided completely. 
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In one of these processes, tube patterns of any desired complexity 
can be produced. In the other, only straight tubes can be made. 
Copper, brass, and aluminum can be used in either process. 

The second of these developments is the achievement, again by 
several means, of selective radiation surfaces. The falling off of 
collection efficiency as the collector temperature rises is caused by 
the fact that the heat lost to the surroundings goes up (14) ac- 
cording to the following equation 


1 
1/E, + 1/E, — 1 


T 
17 —*- 
(so 


surface area, sq ft 
heat lost, Btu/hr 
convection constant 
surface temperature, deg R 
temperature of surroundings 

= emissivity of collector 

= emissivity of surroundings 

(Loss through the insulation is neglected) 


The conventional way to improve collection by reducing Q, is 
to use multiple sheets of glass, thus reducing the temperature of 
the outer sheet from which the heat is being lost. The convection 
part of Equation [3] also can be reduced by evacuating the space 
between the glass cover and the collector, or between two glass 
covers (15). Since the radiation term is usually the larger part ot 
the heat loss, a major reduction in Q; can be accomplished by re- 
ducing the emissivity of the collector £,. 

As we have seen earlier, solar radiation reaches the earth in the 
wave length range from 0.3 to 2.0 u, with an intensity peak at 0.5 
mu. The sun thus acts much like a “black body”’ radiating at a 
surface temperature of 5600 deg K, in accordance with Wien’s 
displacement law 


X,, 7 = 2898 microns: deg K 
where 


X,, = wave length of maximum energy radiation 
T = temperature of black body, deg K 


Thus a surface of 300 K (80 F) will radiate with peak intensity at 
a 10-u wave length, and at 600 K (440 F) will send out waves peak- 
ing at about 5 yu. 

There is noe appreciable overlapping between the spectrum of 
solar radiation and the heat radiation from bodies at tempera- 
tures below 1000 C (1832 F). The problem, therefore, is to pro- 
duce a surface which has a high absorptivity in the 0.3-2.0-u 
wave length, and a low emissivity in the 5-10-y region. Tabor 
(14) has succeeded in producing such a surface by depositing thin 
black metallic films on a copper surface. A collector using the 
Tabor surface was on display at the Solar Engineering Exhibit 
held in Phoenix in November, 1955. Steam was generated with- 
out difficulty in this collector, which used only a single glass cover 
plate. Tabor’s analysis of the heat-loss equation shows the value 


TABLE 5 FLAT-PLATE COLLECTOR, ONE COVER GLASS 


Nonselective Selective 
-——surface——. 
No Partial 
vacuum vacuum vacuum -—-vacuum—. 
Optimum operating temp, 
330 Btu/sq ft hr (deg F).. 164 184 256 386 508 
Optimum temp for whole 
year (deg F) 142 158 214 308 376 


Corres: 
sure, psi 3.04 4.52 15.29 75.4 186.5 
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of reducing the convection component by evacuating the space 
between the glass and the plate. Table 6, from reference (14), 
shows how effective the selective surface can be in raising the 
collector operating temperature (Table 5, herewith). 

To summarize the flat-plate-collector situation, the cost of 
gathering solar energy will be reduced materially in future applica- 
tions through the use of selective surfaces applied to sheet ma- 
terial with integral tubes. 


CONCENTRATING COLLECTORS 


Where high temperatures are needed, some form of concentrat- 
ing collectors must be used. This fact has been known for so 
many centuries that virtually every possible combination of 
mirrors and lenses has been used. Fig. 10 shows many of the im- 
portant combinations. The addition of wings (Fig. 10 E) to a flat- 
plate collector can readily double its effective area and raise its 
operating temperature materially. A multiplicity of flat seg- 
ments also can concentrate to a marked extent, as shown in Fig. 
10 F. 

The concentration power of a collection system is the ratio of 
the original collection area to the actual absorption area. By 
making the mirror area large and the absorption area small, the 


_ heat flux on the latter can be multiplied tremendously. When the 


cones and cylinders of Figs. 10 A—D are used, concentrations of 6 
to 15 times normal insolation are obtained. Where very high 
temperatures are needed, precise parabolic mirrors are used as 
in the Mont Louis solar furnace (20). 

In general the collection efficiency of concentrators is higher 
than for flat plates, since the area of the absorption surface is 
relatively small, and it can be protected effectively against heat 
loss. The efficiency of the Eneas boiler was estimated at 75 per 
cent, and Dr. Abbot has attained even higher values by using an 
evacuated glass shield around the collecting tube. 


Fixed Reflectors 
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Steam generation at useful pressures requires at least a simple 
low-ratio concentrator unless a selective absorbing surface is 
used. Vapors with lower boiling points (4, Fig. 14), such as the 
Freons, SQ2, NHs, ethyl ether, and methy! chloride, have been 
used frequently with flat-plate collectors. 

Concentrating collectors must track the sun in order to function 
properly. In the case of the single conical or parabolic-mirror 
types, Figs. 10 A and B, the whole mirror must be able to move 
over the entire range shown in Fig. 5. Fig. 1 shows how Ericsson 
accomplished this with an equatorial mounting. When long 
parabolic mirrors are used as in the Shuman-Boys plant at Meadi 
(Fig. 2) a north-south axial alignment makes an acceptable com- 
promise if the troughs are arranged to rotate daily, east to west. 

Various forms of thermostats, photocells, clocks, and so on, 


have been used to control the tracking movement. The usual 


solution is to drive the rotational mechanism at 15 deg per hr, 
with a simple manual adjustment to take care of the annual 


variation. 

Tracking also can be done with an auxiliary mirror (Figs. 10, 
G, H) called a “‘heliostat,’’ which follows the sun’s motion and re- 
flects the sunlight upon a stationary concentrating mirror. This 
arrangement has the advantage of avoiding the necessity for 
flexible joints, and the like, on the heat-absorbing device, but it 
loses perhaps 15 per cent of the radiant energy through absorption 
in the glass of the heliostat mirror. 

To summarize the concentrator situation, a wide variety of 
curved shapes can be used to focus rays from a large area onto a 
smaller absorption area. Heat then can be carried away from this 
area by a gas, as in the Ericsson hot-air engine of Fig. 1, or an 
evaporating fluid as the Shuman-Boys Meadi installation, Fig. 3. 
A liquid of very high boiling point also may be used, such as 
the Dowtherm (boiling point 600 F) used by Dr. Abbot (15). 
Dowtherm can flow by natural convection to transport the ab- 
sorbed heat to a boiler located above the collector, or a pump 
can be used to circulate the fluid to any desired location. 

Reflecting materials of many types have been used in the past, 
ranging from the polished silver of the ancients to glass mirrors of 
the highest quality. Front-surfaced mirrors possess the advantage 
of avoiding the double absorption which occurs when the rays 
pass twice through the glass of a black-surface mirror. Dust, 
erosion, and corrosion, however, combine to diminish the reflecting 
power of front-surfaced mirrors to such an extent that they have 
been used rarely. 

Highly polished aluminum is a widely used mirror material 
which avoids any absorption in glass, since none need be used. 
A material which has become available recently is metallized 
Mylar, on which a very thin coating of highly reflective aluminum 
is deposited by high-vacuum evaporation. This material may be 
obtained in sheets of varying width up to 54 in., with an adhesive 
coating on the under side of the aluminum. The reflectance of 
this combination is high, and the thin layer of Mylar protects the 
aluminum from oxidation, scratching, and soon. Tests are being 
run at several laboratories to determine Mylar’s resistance to 
weathering. 

To conclude this brief summary of the collectors which can be 
used to accumulate useful quantities of solar energy, each type 
has its advantages as well as its disadvantages. Flat-plate col- 
lectors, using the new tube-in-sheet materials with selective sur- 
face coatings, show excellent promise of achieving temperatures 
well above 200 F with good efficiency and reasonable cost. A 
south-facing collector, inclined at an angle equal to the latitude of 
its location, constitutes a good compromise arrangement. It has 
the added advantage of being able to collect diffuse as well as direct 
radiation. For vapor cycles, water heating, absorption refrigera- 
tion and heat-pump applications, the flat-plate collector wil! find 
increasing use. 
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Collectors of the concentrator type must be used where tem- 
peratures above 300 F are needed. The efficiency of concentrat- 
ing collectors is usually higher than for the flat-plate type, which 
means that less total surface is required. In addition, the higher 
temperatures which can be attained enable high-efficiency cycles 
to be used, thus further reducing the necessary collecting area. 
Collectors must track the sun, which is not too difficult in the 
smaller sizes, but becomes complicated when larger reflecting 
surfaces must be used. 

With the newly available integral tube-sheet materials it would 
appear that combinations can be devised in which the flat helio- 
stat surface is used as a feedwater heater, while the concentrator 
serves as a steam generator and superheater. Concentrators 
working with rotary air heaters also should be considered for gas- 
turbine applications. 


Tue Heat Resecrors 


Since any thermal engine operates by taking in heat at an 
elevated temperature and exhausting the unused heat at a lower 
temperature, consideration must be given to the rejectors which 
accomplish this function. The direct generation of electricity by 
means of photocells is accomplished by using the light from the 
sun, rather than converting the radiant energy into heat. Photo- 
electric conversion, therefore, requires no rejection of heat. 

In general, the rejection of heat for vapor cycles has been ac- 
complished by means of water-cooled or air-cooled condensers. 
Since one of the most widely used solar-energy applications is the 
pumping of water for irrigation purposes, use can often be made 
of the pumped water for cooling the condenser. This system is 
used by the Somor pump, Fig. 11. Where water in abundant 
quantities is not available, a situation which usually prevails in 
desert locations, an evaporative condenser or an air-cooled con- 
denser must be used. Since a considerable area of shade neces- 
sarily must exist behind the collector, this space is well adapted 
for use as a location for the condenser. Loss of heat is accom- 
plished by radiation to the sky, and by convection to the sur- 
rounding atmosphere. 

Since the surface temperature of the heat rejector must neces- 
sarily be low, the radiation from its surface will be in the long- 
wave length region, where the atmosphere transmissivity is low. 
This means that the size of the heat rejector is comparable to that 
of the collector. Since first cost of equipment is the primary 
economic factor in determining whether solar power generation is 
financially desirable, any steps which can reduce the size of the 
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rejector are likely to be as effective as steps taken to reduce the 
size of the collector. 

With open-cycle hot-air engines or turbines, the problem of the 
heat sink is greatly simplified. Atmospheric air, taken into the 
system as working fluid, is discharged again to the atmosphere 
after it has done its work, thus eliminating need for a heat rejec- 
tor. 

The possibility of using absorption refrigeration to lower the 
discharge temperature in a prime mover is interesting, and worth 
some analysis. In this case, the rejection of heat can be carried 
out at a considerably higher temperature, while more work can be 
done by the prime mover. The over-all balance, however, is 
likely to be unfavorable because of the larger amount of collector 
surface which such an arrangement would require. In general, 
the problem of rejecting the low-temperature heat from a vapor 
cycle powered by solar energy is no less imposing than the prob- 
lem of collecting the higher-temperature heat in the first place. 


Soiar Prime Movers 


Steam engines were the first prime movers used with solar 
energy, and they continue to be a favorite device for inventors. 
The relatively high freezing and boiling temperatures of water, 
however, makes it less desirable than certain other fluids for this 
purpose. Since a solar power plant is necessarily idle at night, 
the danger of freezing is great when water is used as the working 
fluid. In addition, it is difficult to achieve sufficiently high tem- 
peratures with flat-plate absorbers to permit water to be evapo- 
rated at atmospheric or higher pressures. For this reason, other 
liquids with considerably lower freezing and boiling temperatures 
often have been used. Relatively little attention has been given 
to the engine itself since most inventors have operated on the 
theory that the steam engine cares little about the source of the 
vapor on which it operates. 

Steam plants using parabolic concentrators have been built in 
sizes up to 10 hp. A plant similar to the Eneas installation (16) 
has been built at the Tashkent Heliotechnical Laboratory of the 
U. 8.8. R. In this application, a 33-ft-diam parabolic mirror is 
used to generate steam at 7-atm pressure. Vastly larger plants 
also have been proposed by Dr. V. A. Baum, director of the Tash- 
kent Laboratory. 

In the United States, Dr. C. G. Abbot has been an active pro- 
ponent of concentrator reflectors for power generation. He has 
built several boilers in which Arochlor is used as a heat-transfer 
medium to carry heat from the absorber tube in a reflector system 
to a heat exchanger where steam is generated. The largest of his 
boilers is now being prepared for tests at the University of 
Arizona at Tucson. This consists of two 7-ft-square parabolic 
mirrors, across which, at the focal region, glass-enclosed copper 
tubes are mounted. 

The capabilities and limitations of vapor cycles for solar power 
generation are well established. Dr. Abbot estimates that ap- 
proximately 50 sq ft of parabolic concentrator will be needed for 
each horsepower of useful work which can be delivered by the 
engine. Obviously relatively large collectors are necessary, a 
fact which imposes limitations upon the size of individual solar 
prime movers. It appears likely that the application of such de- 
vices will be restricted to relatively small installations, where in- 
termittent operation is not an insuperable handicap. 

The idea of using hot-air engines for solar power generation is at 
least 100 years old. The American pioneer in this field was John 
Ericsson. The first prime mover which he used was the hot-air 
engine, in which a transfer piston is used to move the air, at 
constant volume, from the cold or heat-rejecting end of a cylinder 
to the hot or heat-collecting end. Fig. 12A shows a simplified 
cross section of an Ericsson engine. 

Although Ericsson was well versed in the facts of solar energy, 
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Fic. 13 Proposep Soran Power Puant (Circa 1908) 


most of his contemporaries were not so well informed, and many 
proposals were made for solar power plants which were inherently 
doomed to failure. The major error which was made by many 
early enthusiasts was in overestimating the amount of solar 
energy which could be collected or concentrated by a given amount 
of surface. Since it is virtually impossible for more than 200 to- 
300 Btu of radiant energy to reach a square foot of surface per 
hour, it is obvious that, regardless of the details of the collector, 
large areas are essential for large outputs. The illustration, 
Fig. 13, shows a proposed solar power plant which was to have been 
built in Phoenix in 1908. The idea of using a concentrating 
mirror and a hot-air engine was sound, but it is apparent that the 
designer did not appreciate the fact that he would have to supply 
at least 50 sq ft of concentrating surface for each horsepower which. 
he hoped that his engine could produce. 

In analyzing the possibilities of solar prime movers for present- 
day needs, it would appear that the hot-air engine is worthy of 
much additional research. Its simplicity and foolproof operating 
characteristics make it very desirable for use in those nations 
where solar energy alone is abundant and where conventional 
fuels are either expensive or totally absent. The modern version 
of the hot-air engine, as developed in Holland, Fig. 12 B, has al- 
ready been used by Khanna in India, Fig. 14. 

The use of gas turbines with solar energy has not yet received 
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Fic. 14 Mopern Version or Hot-Air Enorne as Usep 1n 


any serious attention, but plans are now being made to study this 
problem. The use of a solar air heater in conjunction with a draw- 
through windmill of the aerodynamic type (18) also has been 
proposed. In this case the compression work is supplied by the 
wind, and the power is generated by a depression-type turbine. 
Adding a hundred or more degrees to the temperature of the in- 
coming air would make a marked improvement in the capacity of 
the turbine. 

In summary, small steam engines and turbines are the logical 
prime movers to be considered for low-power solar plants where 
condensing water is available. Hot-air engines and turbines will 
be preferable for desert locations. 

Direct generation of electricity from solar energy can be done 
with several types of photocells (17). The most efficient of these is 
the silicon cell developed within the past 2 years by the Bell 
Laboratories (17). This cell can produce 0.6 volt, with the cur- 
rent depending upon the light intensity. A battery of 432 cells 
can produce enough power to keep a storage battery charged and 
operate a rural telephone line at 22.5 volts. 

The principal drawback to photocells is their low efficiency, and 
the fact that only the visible and ultraviolet radiation can be used. 
Their cost is also too high at the present time to make their use 
feasible in any but very specialized applications. The earth 
satellite, for example, can draw enough power from silicon cells to 
operate a transistorized radio transmitter. 


CONCLUSIONS 


Generation of useful amounts of power from solar energy is a 
goal which has been sought by engineers for at least a century. 
Thus far, the goal has not been attained commercially as far as 
power is concerned, although heating of water is readily and 
economically accomplished. 

This paper has been prepared with the intention of setting forth 
some of the principal factors which control the design of solar 
power equipment. It will be realized that thermal efficiency of 
solar apparatus is important because of its effect on the size, and 
hence the first cost of the heat collectors and rejectors, rather than 
on the more usual aspect of fuel-cost reduction. 

The combination of selective surfaces, tube-in-sheet materials, 
and ingenious arrangement of concentrator elements gives prom- 


ise of raising both the temperature and the efficiency at which 
collection systems will operate. If the engineer can develop 
small prime movers of good efficiency, the over-all result will be 
the building of small solar plants at reasonable cost. 

The use of such plants for irrigation, refrigeration, and gen- 
eration of small amounts of power for village lighting, communi- 
cation, and light industry can have an important effect upon the 
standard of living in many parts of the world. 
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Discussion 


FarrRINGTON This paper gives an excellent his™ 
torical summary of the field and points out well the potentialities 
and the limitations in the direct use of solar energy. The data on 
solar radiation and energy collectors are important. 

It is hoped that discussions of this paper will be directed 
toward challenges for the mechanical engineers in the utilization 
of solar energy. 

At least for the present solar engines will have to be limited to 
small sizes of a few horsepower because the collecting areas have 
to be so large that they create structural problems, particularly if 
they have to track the sun. Fifty to one hundred square feet of 
solar radiation are required for a 1-hp engine. New materials of 
plastics introduce possibilities for solar collectors. Large reflec- 
tors may be cheaper than heat-absorbing water heaters. There 
is a lively difference in opinion regarding the relative merits of 
flat-plate collectors and concentrators. It may turn out that the 
focusing-collector type will be better for climates with much direct 
sunshine because of the higher boiler temperatures available and 
the smaller boiler surfaces with smaller heat losses. The flat- 
plate collectors on the other hand probably will be better in 
cloudy climates which render focusing impossible for much of 
the time. There is a good chance for improving both types of 
heaters through research to minimize radiation losses from the 
boilers. 

Research on hot-air engines should be encouraged as suggested 
by the author. 

The economic challenge is great, not for use in the United 
States now, but for the nonindustrialized countries where elec- 
tricity, fuel oil, and coal are expensive and difficult to transport. 
Small units for irrigation, lighting, and village industry are 
needed in such areas. A 1-hp gasoline engine costs less than $50 
but a 1-hp steam engine costs five times as much. Is this dif- 
ference chiefly a matter of mass production—or is there not a 
chance that someone can invent a simple, perhaps inefficient but 
rugged l-hp steam engine of new type which can sell for $50? 


E. A. Farser,’? J. D. Bennert,* J. C. Reep.2 We wish 
to congratulate the author for his excellent presention of many of 
the problems underlying the practical utilization of solar energy. 
It is especially gratifying to see that the Society, which has just 
formed a Committee on Solar Energy Application, is sponsoring 
papers on this very important subject. 

Also we wish to add a few comments covering some of our ex- 
periences and results relating to a number of the points discussed 
in the paper. 

We have found that the curves presented in Fig. 8 of the paper 
can be shifted considerably with surface condition and composition 
of the paint (pigment material, pigment grain size, binder, and so 
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on) and hope soon to be in a position to extend the data given here. 

In attempting to improve the flat-plate absorber for solar water 
heating we experimented with tubeless designs, operated at at- 
mospheric pressure. These absorbers consisted of two thin metal 
sheets fastened together along the edges forming a thin space for 
the liquid to pass through while picking up the heat. This design 
exhibits two very important advantages in addition to a slight in- 
crease in conversion efficiency. The operation at atmospheric 
pressure allows a very light and inexpensive construction. The 
heat exchanger necessary to transfer the absorbed heat from the 
atmospheric closed cycle to the hot-water storage tank (at city 
water pressure) consists of a thin sheet-metal shell partially around 
the tank. The use of antifreeze solution in the absorber circuit 
prevents damage that might be caused by freezing temperatures. 
This damage caused by freezing is one of the reasons why ordinary 
solar hot-water systems are not very popular in Northern Florida. 
They have to be drained during cold nights. 

We also have attempted to combine some of the advantages of 
the flat-plate absorber with those of the concentration absorber. 
The result of our efforts is the high-temperature absorber, Fig. 15, 
which consists of small glass-covered tubes at the focus of small 
parabolic troughs under a single sheet of glass. This arrange- 
ment, having about the same dimensions as a flat-plate absorber, 
is set up at the proper angle, facing south and with the troughs 
running east-west. It is stationary, thus much simpler and less 
expensive and gives temperatures higher than those obtainable 
with the ordinary flat-plate absorbers. The actual temperature 
obtained is a function of the trough as well as pipe size and can 
be designed for use in steam generation or solar refrigeration. 

In closing we again thank the author and the Society for bring- 
ing this material to the attention of our membership. 


AuTHOR’s CLOSURE 


Dr. Daniels’ comments are particularly appreciated since it was 
his thought-provoking analysis of the solar energy situation 
which first turned the author’s thoughts to this challenging sub- 
ject. A report has just come to his attention in which reference 
is made to a district in India where 700 villages exist with no 
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electricity, refrigeration, water supply, or sanitary facilities for 
more than 21,000 inhabitants. Such conditions, utterly unknown 
in the United States, can be ameliorated materially by small 
solar power plants for water pumping and generation of electric- 
ity. It is toward this goal, rather than large central stations, 


that solar power research should be directed today. 

Dr. Farber and his colleagues have called attention to several 
useful improvements in flat-plate collectors which have resulted 
from their wide experience in the development of water-heating 
The high-temperature absorber shown in their 


equipment. 
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illustration should be particularly useful as a source of heat for 
solar refrigeration. 

Since the preparation of the paper, a new cover material for 
flat-plate collectors has become available in the form of thin, ex- 
truded films of completely fluorinated hydrocarbons. This 
material has the same optical properties as glass in that it trans- 
mits the short solar radiation, but is virtually opaque to the long 
rays emitted from low-temperature surfaces. It is also unaf- 
fected by ultra-violet and does not deteriorate when exposed to 
the elements for periods of at least ten years. 
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Estimating Partial-Load Performance ot 
Large Reheat Turbine-Generator Units 


By S. D. FULTON! ann D. W. R. MORGAN, JR.,* LESTER, PA. 


This paper presents a short method for estimating par- 
tial-load heat rates of large reheat steam turbine-genera- 
tor units from data at the guaranteed capability point. 


NOMENCLATURE 
The following nomenclature is used in the paper: 


total exhaust-annulus area, sq ft 

corrected exhaust loss, Btu/lb at capability 

corrected exhaust loss, Btu/Ib at partial load 

expansion-line end point, Btu/Ib 

basic partial-load correction factor 

electrical and mechanical-loss correction factor 

ratio of partial-load exhaust flow, lb/kwhr to capabil- 
ity exhaust flow, lb/kwhr 

exhaust flow, lb/kwhr at capability 

heat rejected to condenser, Btu/Ib of exhaust flow at 
capability 

turbine heat rate, Btu/kwhr at capability 

turbine heat rate, Btu/kwhr at partial load 

turbine guaranteed capability at 3'/2 in. Hg abs 
exhaust pressure and 3 per cent make-up 

boiler feed-pump power, per cent of kw output at 
generator terminals. Table 4 

equivalent exhaust-annulus velocity, fps at capability 

corrected equivalent exhaust-annulus velocity, fps at 
capability 

increment of exhaust-annulus velocity, fps, Fig. 4. 

specific volume of steam at ELEP enthalpy and tur- 
bine exhaust-flange pressure, in. Hg abs 


INTRODUCTION 


The electric utility industry today is faced with the problem of 
selecting the most economical generating unit from an increasing 
number of available types and steam conditions. Study of long- 
term and seasonal operating conditions further complicates the 
problem and necessitates preparation of considerable full and 
partial-load performance data on alternative propositions which 
merit consideration. To conserve time and manpower without 
sacrificing adequate study of reasonable alternatives, means must 
be provided for facilitating the selection through the use of esti- 
mating procedures which give truly comparable data. 

As a step in the direction of making information more readily 
available, the authors have developed a short method of deter- 
mining partial-load, reheat-cycle heat rates with an accuracy well 
within that required to make a selection between two or more 
specific units. The only data required are the heat rate at capa- 
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bility, the turbine type, last blade-row annulus area, the 
mean diameter velocity of the last-row blade, and the steam con- 
ditions. 

The data in this paper are applicable to single reheat turbines 
manufactured by the authors’ company in ratings from 100 to 500 
mw, for steam conditions from 1800 psig, 1000/1000 F to 2400 
psig, 1100/1050 F and of the following types: TCDF (3600), 
TCTF (3600), CCDF (3600/1800), CCQF (3600/3600), CC6F 
(3600/3600). (fee Turbine Types for explanation of these 
symbols.) 

While the range of pressures from 1800 to 2400 psig may seem 
rather restricted, it is believed that it will cover most of the 
units above 100 mw except those in the supercritical-pressure 
range. Therefore, it did not seem necessary to include data for 
lower pressures where the criteria may differ from those on which 
this paper is based. 

While the information is based on turbines as manufactured by 
the authors’ company, it is believed that it will be applicable to 
similar turbine types of other manufacture. 


Basis OF THE METHOD 


It has been found by computations that the ratio F, of a 
specific partial-load heat rate of a single reheat turbine to the 
heat rate at the turbine capability is essentially independent of 
the rating, type, initial and reheat steam conditions and feed- 
heating cycle, other than for the effect of the exhaust, electrical 
and mechanical losses, and provided the initial and reheat steam 
temperatures and exhaust pressure do not change with load. It 
is then only necessary to provide a means of determining the effect 
of the exhaust, electrical, and mechanical lesses to compute the 
ratio of the partial-load heat rates to the capability heat rate. 
Fig. 1 shows the relationship F', for various vacuums for a ratio 
of cold reheat pressure (usually also the high-pressure turbine- 
exhaust pressure) to the initial throttle pressure of 0.225. Varia- 
tions from this ratio in the range customarily used will have only 
a minor effect and can be neglected for all practical purposes. 
This basic partial-load correction-factor curve is based on heat 
rates at the locus of the full valve points. 

Mathematically, the relationship between a partial-load heat 
rate and the heat rate at the turbine capability can be expressed 
by 


3413 + | 
3413 + (GEL,) 


3413 + (FgGEL,) 
3413 + (GEL,) 


HR, = ar, | 


The term 


represents the ratio of the effect on the heat rate of the difference 
in exhaust loss at capability and at partial load. The foregoing 
symbols are defined under Nomenclature. 

The values of Fg used are given in Table 1. The effect of 
deviations from these values due to steam conditions, cycles, 
and so on, is negligible. 

The evaluation of Term [2] for the 23 and 25-in. 3600-rpm and 
the 40 and 44-in. 1800-rpm last-row blades of the authors’ com- 
pany has been handled in the following manner: The difference 
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1.09 


Por co TURBINES WITH 1800 
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80 .0006 
2007 


40 .0008 


BASIC PARTIAL LOAD CORRECTION FACTOR (Fg) 


55 60 65 70 75 80 
PERCENT OF CAPABILITY INTERNAL WORK 


Fie. 1 Basic Partiat-Loap Correction Factor 


TABLE 1 VALUES OF Fe 
Per cent capability 
100 
80 


60 
40 


TABLE 2 EXHAUST-ANNULUS VELOCITIES 
Ratio of equivalent 
exhaust-annulus 
velocities 
1.000 
0.810 
0.625 
0.445 


in corrected exhaust loss between capability and partial loads was 
determined from design data at various equivalent exhaust- 
annulus velocities at capability, for each of the four last-row 
blades. For this purpose, the exhaust-annulus velocities at par- 
tial loads were taken as percentages of the velocity at capability 
as shown in Table 2. 

These values have been found to be very consistent regardless 
of the steam conditions, cycles, and so on, and any variation will 
have a negligible influence. 

These correlated corrected exhaust-loss differences ‘were then 
plotted in Fig. 2 against corrected capability exhaust-annulus 
velocity V, 


where AV is obtained from Fig. 3 using the velocity in feet per 
second at the mean diameter of the last-row blade. The exhaust- 


TABLE 3 EXHAUST-ANNULUS AREA AND VELOCITY AT MEAN 
DIAMETER 


Total exhaust- Mean diameter 
Turbine type annulus area, sqft velocity, fps 


annulus area and the velocity at the mean diameter for the various 
turbine types of the authors’ company are given in Table 3. 

From the data in Fig. 2, the partial-load exhaust-loss correction 
factors, Fig. 4, were computed using Term [2] at an exhaust flow 
of 4.0 lb/kwhr. The exhaust flow in lb/kwhr has an appreciable 
effect on partial-load exhaust-loss correction factors; therefore 
Fig. 5 was prepared to provide a correction factor for other 
exhaust-flow rates. 

The correlated electrical and mechanical-loss correction factor 
Fr-« was computed from design data and plotted in Figs. 6(a) 
and 6(b). Capability and partial-load generator losses were com- 
puted at constant gas pressure. 

To compute the equivalent exhaust-annulus velocity V, it is 
necessary to know the specific volume at the expansion-line end 
point and the exhaust mass flow. Figs. 7(a), 7(b), 8, and 9 are 
therefore required. Figs. 7(a@) and 7(b) give the approximate 
capability ELEP enthalpy at 1, 1'/2, 2, 2'/2, 3, and 3'/; in. Hg 
abs and for 1000 and 1050 F reheat temperature plotted against 
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1.020 


+ 


FACTOR 


PARTIAL LOAD EXHAUST LOSS CORRECTION 


EQUIVALENT ANNULUS VELOCITY - FEET PER SECOND (V,) 


Fig.4 Partiat-Loap Exuavst-Loss Correction Factor 


reheat-turbine-inlet pressure. For use with Figs. 7(a) and 7(6) 
the reheat-turbine-inlet pressure psia at capability equals 0.2025 
times the initial throttle pressure psia, thus allowing 10 per cent 
loss through the reheat system. The specific volumes at various 
vacua and ELEP enthalpies are obtained from Fig. 9 using the 
ELEP enthalpy from Fig. 7(a) or 7(6). 

The capability exhaust flow, pounds per hour, may be taken 
from a heat balance or, if one is not available, the exhaust flow 
may be approximated closely from the gross or net turbine heat 
rate. If HR, is the gross turbine heat rate use the following 
equation 


HR, + (84.13 0.95L,) — (3413 1.02) 
H, 


HR, + (32.421) — 3481 


G 


If the capability heat rate HR, is a net turbine heat rate, use 


HR, — (34.13 X 0.05L,) — (3413 X 1.02) 

H. 

HR, — (1.70L,) — 
H, 


lb/kwhr 


G 
The term 34.13 X 0.95, in Equation [4] accounts approximately 
for the heat added in the boiler feed pump and not charged to the 
cycle in the gross turbine heat-rate equation. The term 34.13 X 
0.05L, in Equation [5] accounts approximately for the boiler 
feed-pump-motor electrical loss. Correction for electrical and 
mechanical losses is taken care of by the factor 1.02. H, is the 
heat rejected to the condenser and equals the ELEP enthalpy 
plus the corrected exhaust loss minus the saturated liquid enthalpy 
at the exhaust pressure. The exhaust loss may be obtained with 
sufficient accuracy from Fig. 8 by estimating the equivalent ex- 
haust-annulus velocity V. If the estimate of V is considerably 
in error, it should be re-estimated after an approximate value for 
G has been obtained. 
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EXHAUST FLOW AT CAPABILITY LB/KWHR (G) 


Fic. 5 Correction Factor ror Capasitiry Exsavust Flow 


The values of Z, are given in Table 4. 


TABLE 4 VALUES OF Ib 
Approximate boiler feed-pump power, 
per cent of kw output at — terminals, La 
per cent 
1800 


2000 
2400 


APPLICATION OF METHOD 


The following steps should be followed for deriving partial-load 
heat rates from a capability heat rate: 

(a) From a capability heat balance determine the exhaust flow 
in lb/hr, and the ELEP enthalpy. If the condenser end point is 
given, the ELEP enthalpy can be estimated by the use of Fig. 8. 
An estimate of the exhaust velocity V may be used in obtaining 
a tentative value for the approximate corrected exhaust loss from 
Fig. 8. If a heat balance is not available, determine the exhaust 
flow from Equation [4] or [5] using values from Figs. 7(a) or 
7(b), 8, and Tables 4 and 5. 


TABLE 5 LIQUID ENTHALPY 


Li enthal, 
Pressure, in. Hg abs tu/Ib 


ith 
21/2 
3 


(b) Determine the equivalent exhaust-annulus velocity by the 
following equation 


Determine corrected equivalent exhaust-annulus velocity from 
Equation [3]. 

(c) From Fig. 4, determine partial-load exhaust-loss correction 
factors at V,. 

(d) From Fig. 2, at V,, determine the parameter on Fig. 5. 

(e) From Fig. 5, at G and (d), determine correction factors for 
capability exhaust-mass flow. 

(f) From Figs. 6(a) and 6(6) at KW, determine partial-load 
electrical and mechanical-loss correction factors. 

(g) Find the products of exhaust-loss correction factors (c) and 
(e), the electrical and mechanical-loss correction factors (f) for 80, 
60, and 40 per cent load. 

(h) From Fig. 1, at (g) and at the exhaust pressure, determine 
the basic partial-load correction factors for 80, 60, and 40 per cent 
capability. 

(i) Partial-load heat-rate factors are the product of (c), (e), (f), 
and (h). 

(j) Partial-load heat rates equal the capability heat rate times 
the products of the factors from (4). 


CONCLUSION 
It is believed that this method of obtaining partial-load heat 
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rates from a capability heat rate will be of value to the industry in 
obtaining necessary data expeditiously and will permit more 
thorough studies of alternative propositions. While it is not in- 
tended to produce partial-load heat rates which will be guaran- 
teed by the manufacturer, the values obtained will be sufficiently 
accurate to permit valid comparisons of alternatives. 


TuRBINE TyPEs 


CCDF (3600/1800)—cross-compound, double-flow; double- 
flow exhaust elements on a separate shaft. 

CCQF (3600/3600)—cross-compound, quadruple-flow; double- 
flow exhaust element on each shaft. 

CC6F (3600/3600)—cross-compound, sextuple-flow; 
flow exhaust element on each shaft. 

TCDF (3600)—tandem-compound, double-flow; double-flow 
exhaust element. 

TCTF (3600)—tandem-compound, triple-flow; triple-flow ex- 
haust element. 


triple- 


DEFINITIONS 
Capability. Turbine guaranteed capability at 3'/2 in. Hg abs 
exhaust pressure and 3 per cent make-up KW,. 
Per cent capability. Per cent of turbine capability KW.. 
Equivalent exhaust-annulus velocity. Velocity in fps at ELEP 
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REHEAT TURBINE INLET PRESSURE - PSIA 
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ReHEAT-INLET TEMPERATURE 


Fia. 7(b) 


enthalpy, Btu/lb and specific volume, cu ft/lb at the turbine- 
exhaust flange. 

Internal work. KW at generator terminals plus electrical, 
mechanical, and exhaust losses. 


EXAMPLE OF Use oF METHOD 


Basic Assumptions: 

Turbine guaranteed capability: 200 mw. 

Turbine type: TCTF, 3600 rpm, 25-in. last-row blade, 123.9-sq 
ft total exhaust-annulus area. 

Steam conditions: 2400 psig, 1050 F, reheat 1000 F, exhaust 
pressure, 1.5 in. Hg abs. 

Reheat inlet pressure: 2415 X 0.2025 = 489 psia. 

Capability heat rate: 7635 Btu/kwhr gross at locus full of 
valve points. 


Method of Calculation: 


(a) ELEP enthalpy from Fig. 7(a) at 489 psia and 1.5 in. Hg 
abs = 1009.3 Btu/Ib 

EL,, approximate corrected exhaust loss from Fig. 8 at esti- 
mated V, 830 fps = 13.6 Btu/lb 

v, specific volume from Fig. 9 at 1009.3 Btu/Ib and 1.5 in. Hg 
abs = 405.7 cu ft/lb 
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7635 + 32.42 x 2.6 — 3481 


L,, from Table 4 = 2.6 percent Equation [4] G = 


200,000 x 4.40 X 405.7 
123.9 X 3600 


(b) Equation [6] V = 


(c) Partial-load exhaust correction factor from Fig. 4 at V, = 
807 fps 

(d) Approximate corrected exhaust-loss difference from Fig. 2 
at V, = 807 fps 

(e) Correction factor for capability exhaust flow from Fig. 5 at 
G = 4.40 lb/kwhr and (d) 

(f) Electrical and mechanical-loss factors from Figs. 6(a) and 
6(b) Fe—M, at KW, = 200 mw and TCTF 

(g) Product of (c), (e), (f), and per cent load 

(h) Basic partial-load correction factors F', from Fig. 1 at (g) 

(i) Partial-load heat-rate factors; product of (c), (e), (f), and (h). 

(j) Partial-load heat rates = 7635 X (i), Btu/kwhr 
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Discussion 


H. HecetscuweiLer.* The authors of this paper are pre- 
senting a valuable tool for conveniently estimating partial-load 
heat rates of large steam turbine-generator units. It will enable 
those concerned with the performance of large steam turbine- 
generator units to obtain promptly good estimating partial- 
load heat-rate data. It will allow purchasers and consulting 
engineers to study the performance of various turbine types and 
steam conditions more exhaustively. 

Partial-load heat rates obtained by using this paper appear 
to line up nicely with heat balances that were calculated long- 
hand across the load range. By the way, for quite some time, 
we have been using a similar if less systematic calculating 
method in order to obtain quick-estimating, partial-load heat 
rates. 

As far as the presentation of the estimating method goes, we 
like the “how-to-do-it” phase, including example and curves. 
We would have enjoyed some more detailed discussion of the 
theory underlying the method. 

The performance data obtained from this paper are at full 
valve points. In the early stages of design, it is often difficult 
to predict where the valve-intercept points will occur. For an 
unbiased study of relative performance it has been customary 
to discuss performance on the basis of the mean-of-the-valve 
loop. Mean-of-the-valve-loop performance becomes relatively 
poorer with decreasing load than full valve-point performance. 


* Large Steam Turbine-Generator Department, General Electric 
Company, Schenectady, N. Y. Mem. ASME. 


= 4.40 lb/kwhr 


1009.3 + 13.6 — 59.7 


= 800fps Equation [3] V, = 800 + 7 = 807 fps 


Per cent of capability 
100 80 


1.0000 0.9958 


Fifty per cent load-heat rates may run on the order of '/; per 
cent poorer. The exact mean-of-the-valve-loop curve depends 
primarily on the number of independent first-stage admissions 
or control valves and the distribution of the intercept points 
over the load range. We believe it would have been desirable 
to have mean-of-the-valve-loop corrections included in this 
paper. 

To pick a detail: Figs. 6(a) and 6(b), Electrical and Mechani- 
cal-Loss Correction Factors, imply the feasibility of the design 
of 500,000-kw cross-compound units at 1800 to 2400 psig initial 
pressures. Owing to initial-volume-flow limitations it appears 
almost certain to us that, at 500,000 kw, supercritical initial 
steam pressures should be contemplated. 

We would like to add a comment on an associated subject. 
The purchasers of large steam turbine-generator units may want 
to know the relative importance of full-load versus partial-load 
performance. We have made an economic evaluation of “‘steam- 
turbine partial-load performance” on the basis of loading data 
estimated by the AEIC. In general, improved partial-load 
performance is worth relatively little compared to improved 
full-load performance. For example, an improvement of 
25 per cent load performance is worth only '/ to '/s of an 
equal improvement at full load for the average loading condi- 
tions studied. Our economic evaluation considers average load- 
ing schedules of large modern steam turbine-generator units, in- 
stalled or to be installed across the United States, and projected 
over the useful life of these units. 


G. A. Henpricxson.‘ The method presented in this paper 
fills a need of long standing. The authors are to be congratu- 
lated on a good job well done. 

The writer has applied the method in a situation which amounts 
to a severe test; namely, to a turbine with a large heating load 
by extracted steam in addition to the normal feed heating by 
extraction. A part of this extraneous heating load is for com- 
bustion-air heating, which varies roughly in proportion to the 
turbine-generator output, and a part is for building heating which 
is assumed to be constant. The results of this application are 
shown in the accompanying diagram, Fig. 10. 

It may be observed that the estimate by the method of this 
paper is about 0.4 per cent high at 0.60 capability and about 
1.6 per cent high at 0.40 capability when compared to heat rates 
by heat-balance computation at partial loads. By estimates on 
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4 

40 
0.9946 0.9975 
3.5 4.7 2.4 
aa 1.0000 0.9996 0.9995 0.9997 
1.000 1.0011 1.0037 1.0105 
100 79.72 59.87 40.30 
100 1.0118 1.0336 1.0710 
ey 1.0000 1.0083 1.0313 1.0729 
a 7635 7698 7874 8240 
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PREDICTION OF PARTIAL LOAD HEAT RATES FOR 
LARGE REHEAT TURBINE - GENERATORS 
METHOD OF FULTON & MORGAN - 1956 PAPER 


BY FULTON-MORGAN PAPER 


HEAT RATE, BTU/ KWHR 


+ COMPUTED BY FULTON- MORGAN PAPER 
® COMPUTED BY HEAT BAL ANCE 


0.5 
CAPABILITY 


10 


the effect of the constant extraction heating load, it appears 
that the two methods would be in fair agreement if the heat 
rates by heat balance had been calculated for a cycle omitting 
the constant heating load or letting it vary proportionately to 
the load. 

The authors make a statement at many points in the paper 
to the effect that, “results are valid regardless of steam condi- 
tions, cycles, etc.”” It must be inferred that all constant factors 
such as the constant heating load here mentioned must be ex- 
cluded and that the term “‘cycles’”’ includes only those processes 
which are load-dependent. 


J. Y. Parce.' The authors have presented a useful analysis 
which very conveniently supplements their previous paper.® 
The present paper continues the general procedures and nomen- 
clature of the previous paper. 

As stated in the authors’ introduction, the problem of selecting 
the most economic unit from the considerable variety of units 
available becomes rather involved. Perhaps this problem is 
slightly more involved in this part of the country than else- 
where. In general, our systems are smaller in total capacity, 
cover larger areas with less rigid transmission systems and inter- 
connections than those in other regions. This condition requires 
that the larger units must operate at reduced rating during the 
daily system load valleys as well as being influenced by seasonal 
load characteristics, even when new and the most efficient unit 
on the system. These larger, high-temperature, reheat ma- 
chines are not as readily started and shut down as are smaller 
lower-temperature units. The evaluation of loads, fuel costs, 
and related factors over the life of the unit involves considering a 
great deal of partial-load operation of such a unit. 

The estimating method for determining partial-load perform- 
ance of large reheat turbines as presented in this paper enables 
this information to be developed rather quickly. This facili- 
tates the determination of similar information for the other ele- 
ments of the plant, such as boiler performance, auxiliary power, 
and so on, which all combine to affect the net plant performance. 

The following comments or suggestions are made for the 
authors’ consideration: 


1 This method is based on guaranteed capability at 3'/, 
in. Hg abs exhaust and 3 per cent make-up. In actual service 
the unit may be operated at exhaust pressures of 1'/; or even 1 
in. Hg abs exhaust and much lower make-up, which will result 


‘Engineer, Power Department, Stearns-Roger Manufacturing 
Company, Denver, Colo. Mem. ASME. 
* Reference (2) of the paper. 
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in increased capability. Also, we all like to make use of the 
manufacturer’s design margins included over and above guar- 
anteed performance, at least for peaking and emergency duty. 
Thus it is believed that the inclusion of factors and curves for 
110 per cent capability would be useful. 

2 It is believed that the usefulness of this method would 
be increased by the inclusion of factors for 1450 psi 1000/1000- 
deg units for the lower range of machine sizes; also that this 
steam condition may be economic, because of the reduction in 
boiler-feed-pump power and investment costs, for applications 
where fuel costs are still low and load factors cannot be improved 
materially. 

3 Possibly Table 3 of the paper covering variations in last 
row blade length could be expanded to cover the shorter (20-in.) 
blades available on some of the machines, to evaluate the reduced 
investment involved. 

4 It is assumed that partial-load performance resulting from 
this method is based on constant initial and reheat tempera- 
tures. The range of steam-temperature control affects boiler 
costs materially and usually is limited to about 60 per cent of 
full-load rating. The inclusion of factors for temperature re- 
duction would facilitate the evaluation of this boiler item, and 
actual low-load performance. 


The judgment and interest of the writer in this subject is, no 
doubt, principally in the smaller units of the study, as the 
considerations in his territory, for tie immediate future at least, 
are restricted to the lower range of sizes and the use of lower-cost 
fuel than the national average. 

The method and scope of the analysis as presented in this 
paper can be very useful, and the authors are to be complimented 
on the simplicity of the analysis they have presented. Many 
assumptions have been made to accomplish this result; however, 
the writer believes that these assumptions are well within the 
limits of the data and assumptions which must be made to 
obtain the evaluations involved; that is, the anticipated system 
load growth, load factor, fuel costs, and other items over the ex- 
pected life of the unit are probably not determined with any 
more precision than the assumptions which the authors have 
made in developing this workable estimating procedure. 


AuTuors’ CLOSURE 

The authors wish to thank Messrs. Hegetschweiler, Hendrick- 
son, and Parce for their kind and pertinent discussion which con- 
tributes materially to clarification of some points which the au- 
thors did not cover. 

Mr. Hegetschweiler states, "or an unbiased study of relative 
performance it has been customary to discuss performance on the 
basis of the mean-of-the-valve-loops.’’ The authors agree that 
this will give a more accurate picture of the over-all unit perform- 
ance but did not feel that the added complication of providing 
data for different numbers of control valves was justified by the 
small loss in accuracy when comparing performance for units op- 
erating under different conditions or for different size units. Mr. 
Hegetschweiler correctly points out that partial load performance 
has a much smaller effect on the over-all evaluation than the full 
load point. 

Mr. Hegetschweiler questions the feasibility of a 500,000-kw 
turbine with initial steam pressure of 1800 to 2400 psig and states 
that at 500,000 kw supercritical initial steam pressures should be 
contemplated. 

The authors wish to point out that turbines for nuclear pow- 
ered plants are now being designed for initial steam volumetric 
flows in excess of two and one half times that required for a 
500,000-kw turbine in the 1800 to 2400-psig range. This indi- 
cates that such a turbine is feasible although not necessarily 
economic. 
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Mr. Hendrickson correctly points out that the data in this pa- 
per will not give correct absolute partial load values if steam is 
extracted for any purpose which is not load dependent. How- 
ever, the partial load values obtained in such cases should give a 
substantially accurate comparison with other units for economic 
evaluation. 

Mr. Parce has suggested four points on which the usefulness of 
the paper might be extended. First, that provision be made for 
heat rate determination at 110 per cent of capability. It is not 
believed that the heat rate at any load above the manufacturers’ 
guaranteed capability for peaking or emergency duty is of sub- 
stantial consequence for evaluation purposes. Provision for such 


calculations in the paper would have greatly complicated an oth- 
erwise simple method. 

Second, that the usefulness would be increased by the inclusion 
of factors for 1450 psig 100/1000 deg units. Calculations made 
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since the completion of the paper indicate that the data can be 
used satisfactorily for these conditions. 

Third, that data on the 20-inch last row blade be included. 
Since 20-inch last row blades have not, to the authors’ knowledge, 
been used for ratings of 100,000 kw or larger, they were excluded. 

Fourth, Mr. Parce’s assumption that the partial load perform- 
ance resulting from this method is based on constant initial and 
reheat temperatures is correct. For the purpose intended, the 
authors did not consider that provision for the effect of steam 
temperature reduction at light loads would add to the usefulness 
of the data obtained. It is again pointed out that the paper is 
intended to provide comparative performance and not to predict 
manufacturers’ guarantees. Furthermore, steam generator 
characteristics are seldom if ever known at the time studies are 
being made to determine the turbine-generator rating, type, and 
steam conditions. 
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Eight Years of Experience With Austenitic 
Steel Piping Materials at Elevated 
Steam Conditions 


By F. P. FAIRCHILD,' NEWARK, N. J. 


In order to give perspective to the present status of the 
development of the art, the author presents a factual rec- 
ord of experience with austenitic, heavy-wall, steel pip- 
ing materials, some of which have been in service since 
1948, at elevated steam conditions, in the electric generat - 
ing stations of Public Service Electric and Gas Company 
in New Jersey. He describes some of the welding tech- 
niques which have been developed over this period and 
points out some of the areas in which there is need of 
further development. 


INTRODUCTION 


HE purpose of this paper is to give perspective to the 

problems incurred with the use of heavy wall, austenitic 

steel piping for service at elevated steam conditions, from 
the standpoint of the user. 

Austenitic steel has been manufactured in the United States 
for many years, and the problems of joining it by welding have 
been the subject of many publications. “The Bibliography on 
the Welding of Stainless Steels’’* lists 1112 references to this sub- 


ject for the period 1926-1955. This is a fair indication that 
there has been a great deal of interest in the use of this material. 
In three generating stations of Public Service Electric and Gas 
Company, austenitic steel pipe is in service in the main steam 
systems of seven turbine-generator units, the first of which has 


been operating at elevated steam conditions since 1948. In all, 
there are now about 280 tons of this material in service in these 
stations. The record shows that there has been practically no 
trouble with this material, except at those locations where it is 
joined to other pieces of pipe, or attachments, by welding. In 
total, 517 principal shop and field welds were made in piping be- 
tween boilers and turbines to put these systems together. Of 
these 43 rewelds and 17 repairs were made in the first 174 joints; 
only one reweld and 4 repairs have been made in the last 343 
joints. In the light of present knowledge, many of the 44 re- 
placed joints could have been restored to soundness by repairing 
rather than complete rewelding. Of the fourteen stop valves in- 
stalled, two forged valves have been replaced because of crack- 
sensitivity of the material. Except for some short spool pieces 
in the turbine leads of one unit, no other austenitic material has 
been replaced. 

1 Chief Engineer, Electric Engineering Department, Public Service 
Electric and Gas Company. Fellow ASME. 

? “Bibliography on the Welding of Stainless Steels, 1926-1955,”’ by 
Katherine Janis, Assistant Librarian, D & R Library, The Inter- 
national Nickel Company, Inc., No. 25, March, 1956, Welding Re- 
search Council Bulletin Series. 

Contributed by the Power Division and presented at a joint session 
of the Power and Metals Engineering Divisions at the Annual Meet- 
ing, New York, N. Y., November 25-30, 1956, of Tae American 
SocreTy oF MECHANICAL ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, July 9, 
1956. Paper No. 56—A-181. 


In this paper the stated number of joints rewelded (rewelds) 
refers only to those joints which were replaced because of cracking. 
A number of sound joints have been cut out and rewelded for var- 
ious reasons, such as removal of pieces for investigation, re- 
stelliting of turbine-casing sleeves, checking piping-system flexi- 
bility, and replacing throttle valves. The rewelds of the sound 
joints are not included as rewelds in the statistics, 


Basis For Use or Type 347 Austenitic STEEL 


When the decision was made to increase the throttle steam 
temperature of turbine-generators from 1000 to 1050 F, it was 
considered necessary to use materials with high temperature 
properties superior to those of the low chromium, ferritic alloys 
then in use for turbine valves and piping, and for some parts of 
the turbine. The turbine manufacturers chose one of the grades 
of austenitic steel, AISI Type 347, 18 per cent chromium, 8 per 
cent nickel, stabilized with columbium. This material offered 
superior creep and stress-to-rupture properties. Also, it offered 
better resistance to oxidation. As specified by ASTM, it was 
commercially available on account of its wide use by the chemi- 
cal process industry, for which it was developed originally as 
a corrosion-resistant material. Since the codes assigned it a 
relatively high allowable stress value, it enabled the designer to 
use thinner pipe walls which made it possible to provide greater 
flexibility in the piping system than could be attained with fer- 
ritic steels, and therefore lower end reactions at equipment. 


No. 1 Unrr—SeWareEn GENERATING STATION 


From the time No. 1 Turbine-generator at Sewaren Generating 
Station commenced operation in December, 1948, to the end of 
June, 1956, it has been in service 55,413 hr under throttle steam 
conditions of 1500 psig and 1050 F, with occasional temperature 
swings to 1100 F. In the turbine of this installation the throttle 
valves, the control valve steam chests, and the piping from the 
control valves to the turbine were all made of Type 347 austenitic 
steel. The nozzle chambers of the high pressure element of the 
turbine were made of a special cast austenitic steel (chromium 
16'/: per cent, nickel 13'/: per cent, molybdenum 2 per cent) 
similar to Type 316, but with a columbium addition. 

The arrangement of the steam piping at the turbine is shown in 
Fig. 1. Steam from the boiler enters the two throttle valves and 
is conveyed to the contro] valves through two 10%/,-in-OD by 
1'/,-in-wall seamless drawn pipes. From the two control valves, 
the steam flows to the turbine through eight 6°/;-in. by 0.718-in. 
wall seamless drawn pipes, four to the top, and four to the bottom 
nozzles. The throttle valves and the steam chests are forgings. 
Cast bimetallic transition pieces join the inlet of each throttle 
valve to its ferritic (3 per cent chromium, 1 per cent molybde- 
num) main steam piping. It is interesting to note that for an 
8'/:-in. ID, the ferritic pipe has a wall thickness of 2'/s in. in 
contrast to 1'/sin. for the austenitic pipe. The calculated weight 
of the ferritic pipe is about 240 lb per running foot versus about 
118 lb for the austenitic. The original shop and field welds in 
the austenitic pipe were made with backing rings and mostly 
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Fic. 1 ARRANGEMENT OF Steam Pipinc; SewareN No. 1 Unit 


without preheat. Stress-relief temperatures generally were 1600 
F for shop welds and 1350 F for field welds. 

In March, 1950, fifteen months (9169 service hours) after the 
start of commercial operation, 64 of the original 70 welds involv- 
ing austenitic steel were inspected. The fourteen field welds 
were found to be free of defects, and no repairs nor rewelds were 
made. Of the 50 shop welds inspected, six were repaired on ac- 
count of cracks which occurred at sudden changes in section 
which were believed to be the cause of the stress concentrations. 
After this condition was corrected by filling in and contouring the 
surface of the welds, no further difficulties have been encoun- 
tered to date. Type 347 high ferrite electrodes then available 
(5-10 per cent ferrite) were used; there was no post-heat-treat- 
ment. 

Eleven of the original 56 shop welds were made with electrodes 
depositing metal containing 19 per cent chromium, 9 per cent 
nickel with tungsten and molybdenum. Inspection of some of 
these in 1952 revealed that the weld metal of these joints had 
lower impact strength than the other welds, and to improve this 
condition, six joints were given a solution heat-treatment at 
1950 F to restore ductility. The other five were left as originally 
fabricated, and there has been no trouble with them to date. 
The remaining shop welds were made with Type 347 high ferrite 
electrodes. They were not solution heat-treated. The field 
welds were made with these electrodes in the same manner. 

Cracking difficulties were encountered with both forged throttle 
valves (mostly in the parent metal near the weld) at their inlet 
and outlet weld connections, both prior to and following service. 
Cracking in service also occurred at heavy fillet welds joining 
steam-splitter ribs to the interior of the valves. Both throttle 
valves, which were made from the same heat of steel, were re- 
placed, one in 1953 and the other in 1956. The properties of 
this particular valve-body material were considered unsatis- 
factory in respect to crack-sensitivity. 


In April, 1956, after seven and a half years (55,174 service . 


hours), all the joints were again inspected and found satisfactory 
except one field weld which was repaired. 

Over the eight-year period, cracking trouble on this unit has 
been responsible for only three complete rewelds which were made 
on two joints involving the throttle valves, one having been re- 
welded twice. This was believed to be due to depositing new 
weld metal upon questionable material remaining from the pre- 
vious weld. One piece of 65/,-in-OD by 0.718-in. pipe cracked 
on account of copper diffusion resulting from the effects of braz- 
ing a thermocouple to it. The affected section was cut out and 
replaced by a short, forged ‘““(Dutchman.’’ 
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Nos. 2 anp 3 Untrs—SEWAREN GENERATING STATION 


Nos. 2 and 3 Units at Sewaren began service in November, 1948, 
and October, 1949, and have been in operation 58,770 hr and 
51,792 hr, respectively, up to the end of June, 1956, at throttle 
steam conditions of 1500 psig and 1050 F, with occasional swings 
to 1100 F. 

Fig. 2 is a diagram of the turbine piping of these twin units. 
There are bimetallic transition pieces to join the 3 per cent chro- 
mim, 1 per cent molybdenum main steam pipes to the stop 
valves which are mounted on the ends of the single admission- 
valve chest. Since the valve chest is not anchored, the turbine 
leads are affected by the movements of the entire main steam- 
piping system from the superheater outlet to the turbine casing. 
As originally installed, all six of the 65/s-in. by 0.718-in. turbine 
leads were in the same horizontal plane in the run from the con- 
trol valves to the turbine. The vertical legs of the two center 
leads, which were the shortest and stiffest, have been lengthened 
on both machines in order to Jower the expansion forces which, 
together with temperature differential expansion between leads, 
were believed to have been responsible for cracking at the joints 
between the turbine-casing nozzles and the ends of the turbine 
leads. The calculations of the expansion stresses in these leads 
showed them to be within commonly accepted limits. Estimates 
based on forces and deflections, measured when the leads were 
disconnected from the turbine, indicated that the stresses in the 
turbine leads, imposed by the system as a whole, were actually 
higher than originally calculated. This situation was improved 
by lengthening hanger rods under the vertical main steam riser. 
Later, drains were installed to maintain uniform temperature of 
the turbine leads. 

In No. 2 Unit, the admission-valve chest and the stop valves 
were made of a special cast austenitic steel (chromium 16'/: per 
cent, nickel 14 per cent, molybdenum 2 per cent) similar to Type 
316, but with a columbium addition. The columbium is sus- 
pected of being partly responsible for cracking difficulties in 
making the original welded joints, as well as in subsequent 
service. The turbine leads are made of Type 347 seamless drawn 
austenitic steel. All welds were made with backing rings. Pre- 
heat was not used. Type 347 shop welds were stress-relieved at 
1600 F. Most of the welds in the special cast steel were not 
stress-relieved. Field welds were not stress-relieved. The 
welding process called for Type 347 electrodes, the same as for 
No. 1 Unit. 

Early in 1954, after 55,530 service hours, all of the welded 
joints in the turbine leads of No. 2 Unit were inspected, and par- 
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ent-metal cracking adjacent to the weld-heat-affected zones was 
found to such an extent that the decision was made to cut out and 
reweld 50 of the 55 joints inspected in spite of the fact that 20 of 
these were sound. As previously stated, today, most of the 
cracked joints would be restored by repair techniques rather 
than complete rewelding. The photomicrograph (100 magni- 
fication), Fig. 3, is an example of the parent metal cracking. In 
a few instances, minor cracking was found in the weld metal 
alone. Some cracks progressed back and forth between parent 
and weld metal. A penetrating oil-red dye technique was used 
to locate the cracks, most of which appeared to some extent, at 
the surface. Inspection by x-ray frequently failed to show the 
cracks. Ultrasonic inspection yielded results that were difficult 
to interpret mainly on account of irregularities in wall thickness 
and in grain size. 


Fic. 3 PHoromicroGrapH or Parent-Metart Crackina; X 100 

In No. 3 Unit at Sewaren, the admission-valve chest and the 
stop valves are made of forged Type 347 austenitic steel. The 
turbine leads are Type 347 seamless-drawn austenitic steel, the 
same as No. 2 Unit. In the case of No. 3 unit, cracking occurred 
in the two central turbine leads which were subsequently length- 
ened to increase flexibility. In April, 1951, after about 18 months 
of operation, a crack developed in one joint at the turbine-casing 
entrance sleeve. Two sections of the pipes were removed for 
laboratory investigation and were replaced with spool pieces. In 
November, 1951, a crack was found in the other stiff lead, and at 
that time the spool pieces were replaced with two new spool pieces. 
The cracking occurred in the parent metal. 

During the outage of the machine in April, 1952, lengthening 
pieces were installed in the two central, stiff leads and the tur- 
bine-casing sleeves were refaced with stellite. This involved 
cutting out and rewelding 19 joints. Sixteen of these were found 
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to be in good condition; three had cracks. Two other joints 
were repaired on account of cracks. Five joints at the turbine 
connections were given a 1950 F solution-heat-treatment when 
the piping system was put together again. All joints were made 
without preheat. 

At that time two important changes were made in the welding- 
process specification. A controlled, low ferrite (3 to 6 per cent) 
Type 347 electrode was specified, and used on all the joints 
involved. A 1950 F solution-heat-treatment was specified for 
post-heating, and this was applied to the five joints just men- 
tioned. These two new techniques have been used in most of the 
subsequent welds made with Type 347 electrodes. 

In September, 1954, 32 welds were examined and two joints 
were repaired. In March, 1955, a crack was found in one of the 
repaired joints. It was cut out and rewelded. In April, 1955, 
another repaired joint developed a crack. It was cut out and 
rewelded. Both of these joints were in the stiffer leads. At the 
same time repairs were made on four joints previously rewelded 
in the stiff leads. Two of these repair jobs were made with a new 
Babcock & Wilcox 16-8-2 electrode (16 per cent chromium, 8 per 
cent nickel, 2 per cent molybdenum) which will be discussed 
later. 

There were 49 original welds on the austenitic piping of No. 3 
Unit, including the eight joints involved in lengthening the two 
central leads. Of these, 34 required no attention; nine joints 


were cut out and rewelded (some more than once) and six joints 
were repaired. 

Cracking difficulties during the initial fabrication are usually a 
signal that the joint must be observed carefully for cracking after 
service. 


No. 4 Untr—Sewaren GENERATING STATION 


No. 4 Unit at Sewaren Generating Station began operation in 
July, 1951, and, by the end of June; 1956, had a record of 38,236 
service hours. In respect to the.general arrangement and ma- 
terials of construction of the turbine piping, this unit is similar to 
No. 1 at Sewaren, with the exception that the two 10-in. connec- 
tions between the throttle valves and control-valve steam chests 
are forged and bored. The welding process for the piping of 
this unit was the same as that used for the original welds of Nos. 
2 and 3 Units; namely, Type 347 high ferrite electrodes, no pre- 
heat, and 1600 F stress-relief. 

The forged and bored elbows in the connections between throt- 
tle and control valves were made in octagonal outside contour 
with heavy knuckle ends as shown in Fig. 4. (For No. 1 Unit, 
seamless-drawn pipe and elbows were used.) Some cracking oc- 
curred during the original shop welding of the knuckle-end fit- 
tings. There was some cracking in these same welds after the tur- 
bine was in service. 

In July, 1954, after 23,750 service hours, 32 joints were inspected 
with the result that one was cut out and rewelded on account 
of cracking, and repairs were made on one pipe-to-pipe joint and 
two welds involving the knuckle-end fittings. The cracking of 
the joints involving the fittings with heavy knuckle ends was 
attributed to the notch effect of this unusual shape, although the 
stress analysis did not indicate any undue concentration. In 
order to determine whether or not this was the cause of the trou- 
ble, two of the forged 45-deg elbows (made from the same heat of 
steel) having a weld between them, were sent to the fabricator’s 
shop for repairs. One of these forgings had been prone to crack- 
ing. After the joint between them was removed, the knuckles 
were machined off to form smooth, tubular 45-deg elbows, and 
they were then shop-welded together again. When the weld was 
almost complete, severe cracking occurred on the piece which pre- 
viously had been crack-sensitive, while the connecting piece on 
the opposite side of the weld was sound, as evidenced by the ab- 
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Fie.4 From VALve TO TURBINE CONTROL VALVE; 
Sewaren No. 4 Unit 


sence of cracks. This leads to the conclusion that ordinary 
room-temperature tests and chemical analysis cannot be relied 
upon to determine whether or not an austenitic steel will prove to 
be crack-sensitive during welding and/or in steam service. 


Nos. 7 anp 8 Untrs—KEARNY GENERATING STATION 


In March and November, 1953, Nos. 7 and 8 Units were placed 
in service at Kearny Generating Station, operating at 2350 psig 
and 1100 F, with swings to 1150 F. At the end of June, 1956, 
these twin units had accumulated 23,632 and 18,909 service hours, 
respectively. In these installations the main steam leads from 
the superheater-outlet headers to the turbine stop valves, as well 
as the turbine leads, were made of austenitic steel. The general 
arrangement is shown in Fig. 5. Two forged and bored, 9*/;-in- 
OD by 1'/:-in-wall, Type 347 leads were used for the main steam 
piping. Two 6.625-in-OD by 0.960-in-wall, and four 5.563-in- 
OD by 0.817-in-wall, seamless-drawn Type 347 pipes were used 
for the turbine leads. The admission-valve chest and stop valves 
were made of forged, Type 347 material. No difficulty was en- 
countered in either shop or field welding, using the controlled 
low ferrite Type 347 electrode previously mentioned, although 
parent-metal grain size varied widely from No. 1 to No. 7. 
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Welds were made without preheat, using an inert-gas, first pass 
technique without backing rings. All welds received a 1950 F 
solution-heat-treatment. 

An inspection was made of 70 welds in the piping of No. 8 unit 
alter 13,306 hr of operation. Only one weld showed any crack- 
ing, and this was a shop weld which had been repaired without 
post-heat-treatment during initial fabrication. An inspection of 
24 welds selected at random from the 70 joints in the piping at 
No. 7 Unit, after 21,959 hr, showed them all to be sound. 


No. 7 Unir—Bvurwineton GENERATING STATION 


No. 7 Unit at Burlington Generating Station was placed in 
service in November, 1955, operating under the same conditions as 
Nos. 7 and 8 Units at Kearny. The materials of main steam and 
turbine steam piping are the same as for Nos. 7 and 8 Units at 
Kearny, with the exception that the main steam leads, 10'/2-in. 
OD by 15/s-in. wall, are seamless-drawn instead of forged and 
bored. The general arrangement of the turbine piping is shown 
in Fig. 6. The microstructure of this material was uniform, and 
no difficulty at all was encountered during initial welding. The 
welding process was the same as that used at Kearny. 
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Toward the completion of the job, 23 welds were made with 
the new 16-8-2 electrode (16 per cent chromium, 8 per cent nickel, 
2 per cent molybdenum), previously mentioned. This electrode 
does not contain columbium. Tests had indicated that difficult 
field repairs could be made more readily with this electrode, with 
its greater hot ductility, than with the low ferrite Type 347 elec- 
trode, and as it had been used successfully by the turbine manu- 
facturer in shop welds for this unit, it was decided to use it on the 
remainder of the field welds on this job. Subsequent tests made 
by others support this decision. In this procedure a 300 F pre- 
heat is used; field welds are not given any heat-treatment after 
welding; and all shop welds are given a 1950 F furnace solution- 
heat-treatment. 


No. 2 Unit—LinpvEN GENERATING STATION 


No. 2 Unit at Linden Generating Station will operate at 2350 
psig and 1100 F. After a considerable amount of discussion with 
metallurgical authorities and mechanical engineers interested in 
this work, it was decided to make the main steam piping of AISI 
Type 316 (16 per cent chromium, 13 per cent nickel, 2 per cent 
molybdenum, no columbium) hollow forgings. The seamless- 
drawn turbine leads and forged valve chests will be made of Type 
347 material. Test data show that Type 316 is a stronger mate- 
rial, and in the form of heavy-wall pipe it is not subject to the 
variations in structure found in Type 347, the occasional hot 
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shortness of which is believed by many to be influenced by its 
columbium content. The weldability of Type 316 with the new 
16-8-2 electrodes is good. In respect to hot ductility, Type 316 
is expected to stay within a considerably narrower range than 
Type 347. 


Nos. 1 anp 2 Units—BeErGEN GENERATING STATION 


It is expected that the design of the steam piping for Nos. 1 
and 2 Units, Bergen Generating Station, will follow the practice 
adopted for No. 2 Unit at Linden, with the exception that Type 
316 steel will be used for the high temperature parts of the two 
steam turbines, as well as the main steam piping. 


Wuat Has Been LEARNED 


The experience of eight years has proved the importance of the 
following techniques, which were available in 1948 when welding 
commenced on No. 1 Unit at Sewaren Generating Station: 


1 Complete avoidance of stress-raisers in the design of piping 
system components, including general shape, hanger attachments, 
thermocouples, and any item which is to be welded to the piping- 
system component. 

2 Provision of ample flexibility in the design of the piping 
system and its supports. 

3 Competent supervision to select, train, and oversee the 
welding operators. 

4 Careful inspection of the welds during the progress of the 
original welding. 


During the eight years, these new techniques have been de- 
veloped by industry to improve the art of welding austenitic 
steels: 


1 A first pass welding technique that avoids use of a backing 
ring and results in a smooth contour on the inside of the pipe, free 
of cracks and stress-raisers. 

2 Closer control of chemical composition of the deposited 
weld metal with respect to ferrite. 

3 The solution-heat-treatment of certain types of welded 
joints in order to provide maximum ductility in the weld and heat- 
affected zones. 


Some Areas FurRTHER Stupy 
At the present stage of the development of austenitic steels for 
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service at elevated steam conditions there are at least four areas 
in which improvements are needed: 


(a) Better Weld Inspection Techniques. Surer and less expen- 
sive inspection methods than are available today are required. 

(b) Matching Properties of Deposited Metal and Base Metal. 
Means are required to match the properties of weld and base 
metal under all conditions of welding and operation. 

(c) Test to Identify Crack-Sensitive Material. A reliable test is 
required to show at an early stage of manufacture whether 
austenitic steel will or will not be crack-sensitive as finished pipe. 
Progress is being made in this direction in the hot ductility test 
program and other programs sponsored by the Joint ASTM- 
ASME Committee on the Effect of Temperature on the Properties 
of Metals. 

(d) Manufacture of Noncrack-Sensitive Material. After the 
foregoing work has been completed the next obvious step is the 
development of manufacturing techniques to produce noncrack- 
sensitive material economically. 


CONCLUSIONS 


Basically, austenitic steels are good materials for heavy-wall 
steam piping operating at high pressure and temperature. Much 
has heen learned about them since they were first used for this 
service in 1948. The troubles have been analyzed, and many of 
them have been brought under control; others are under active 
study. The statistics as shown in Fig. 7 indicate that most of the 
welds that gave trouble were made by the early techniques, which 
since have been greatly improved. 

Writing about the failure of two turbine-generators in Canada, 
Sir Claude Gibb* said, ‘‘Progress is made by solving the problems 
resulting from the making of progress.’”” This expresses, quite 
accurately, our experience with austenitic materials for main 
steam piping at elevated steam conditions. We believe that most 
of the difficulties are in the past. 
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Discussion 


O. R. Carpenter‘ anp R. D. Wruie.' The author of this 
paper is to be congratulated for the excellent summary of the 
problems encountered by Public Service of New Jersey in 
austenitic steel steam piping operating at elevated temperature 
and pressure. We have followed the progress of this program 
with great interest, because of the pioneering efforts of the author 
and H. M. Soldan of Public Service in the use of stainless mate- 
rials. It is particularly encouraging to find that progress has been 
made in reducing the number of failures of welded joints in recent 
units. We, of course, hope that this trend continues so that the 
cracking of austenitic steam-piping materials does not become a 
limiting factor in the design of high-pressure high-temperature 
boilers. 

We are indebted to the authors for their encouragement of the 
work which has been done by the writers’ company in conjunc- 


4 Executive Assistant, Quality Control Department, The Babcock 
& Wilcox Company, Barberton, Ohio. Mem. ASME. 

5 Chief Metallurgist, Quality Control Department, The Babcock & 
Wilcox Company, Barberton, Ohio. 
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tion with the Navy Department, Bureau of Ships, Code 537 in 
the development of the Croloy 16-8-2 welding electrode which 
was discussed in the paper. 

The field-test results seem to confirm the laboratory analysis 
of the problem. We feel that, in answer to the author’s desire for 
a less crack-sensitive material, Croloy 16-8-2 wrought piping, 
which has been developed, might be a very suitable answer to 
this problem in the future. We recently have furnished Public 
Service with a piece of this material in hollow-forging form, to be 
installed in a test bottle at Sewaren Station. We hope that the 
results of these tests, plus a future exploration of the properties 
of this material in the laboratory, will show that the piping will 
have the same excellent welding characteristics that we attributed 
to the welding electrode, and that it may be used safely without 
cracking in properly designed high-temperature steam piping. 

AuTuHoR’s CLOSURE 


With reference to the comments of Messrs. Carpenter and 
Wylie, we appreciate their interest in this subject as evidenced 
by their efforts in developing new materials to overcome the spo- 
radic difficulties described. Results from the use of their recently 
developed 16-8-2 welding electrodes are most encouraging. 
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Metallurgical Considerations of Main Steam 
Piping for High-Temperature, 
High-Pressure Service 


By H. S. BLUMBERG,’ NEW YORK, N. Y. 


The paper presents a broad approach to the selection and 
behavior aspects of materials for modern high-tempera- 
ture, high-pressure, steam power-plant piping. The 
author summarizes the steels currently used and analyzes 
the possibilities of superstrength alloys for high-tempera- 
ture steam piping. He also presents a progress report of 
a program for selecting materials for the Eddystone Unit 
of the Philadelphia Electric Company (1200 F, 5600 psi 
design conditions). 


‘ , J ITH the continual trend to steadily increasing tempera- 

tures and pressures in steam-generating units of in- 

creased capacities (1),? resulting in economic advan- 

tages in the cost of power, the primary need for suitable metals is 

apparent. This fundamental, well expressed in 1951 by Rankin 

and Clark (2), is even more pertinent today and is quoted in the 
following: 

“The basic engineering factor which makes practicable the 
higher operating temperatures and which dictates when further 
advances are possible is the development of a steel which will op- 
erate reliably at the desired temperature level. In the experience 
of the authors, the development of a satisfactory high-tempera- 
ture steel which can be cast and forged in large sizes transcends 
all other engineering factors in importance and the lack of a satis- 
factory steel can reduce engineering calculations to a level of 
mere academic interest.’’ 

The subject is extremely broad and controversial and it would 
be highly presumptuous indeed for one to imply that all aspects of 
materials selection and performance could be dealt with in a single 
paper. However, periodic reviews and restatements of the 
broad phases of the steam-piping problem should be made, for 
the purpose of continually re-establishing a sounder basis for an 
understanding of the approach to the problem. Such reviews are 
particularly necessary in the light of new knowledge which is 
steadily being gained from experimental data as well as from re- 
sults in actual service. 

A continual need for a dynamic and expanding science of met- 
als exists in all industries which utilize metals and this includes 
the steam-power industry. Such knowledge is being developed 
steadily so there is available at present considerable technical and 
scientific background for a number of compositions upon which 
the selection of steam-piping alloy steels can be based with excel- 
lent prediction of their service behavior. However, while much 


1 Consulting Metallurgist; formerly, Chief Metallurgist, The M. W. 
Kellogg Company. 

2 Numbers in parentheses refer to the Bibliography at the end of the 
paper. 

Contributed by the Power Division and presented at a joint ses- 
sion of the Power and Metals Engineering Divisions at the Annual 
Meeting, New York, N. Y., November 25-30, 1956, of Tae Ameri- 
can Sociery oF MECHANICAL ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, 
August 30, 1956. Paper No. 56—A-157. 


has been achieved, it must be recognized that many gaps still ex- 
ist in the data required for a completely scientific treatment of 
the subject. 

In the continual development of a more advanced basis of 
knowledge of metals with the specific aim of reducing the data to 
practical significance, the steam-power industry depends largely 
on two engineering professions, mechanical and metallurgical. 
In these two branches, three areas of specialization exist, i.e., (a) 
design, (b) application metallurgy in manufacture and fabrica- 
tion, and (c) service operation, in all of which there is the com- 
mon goal, control of the behavior of metals. 

Mechanical design (3) requires the development of a statement 
of design conditions (pressure, temperature, and design philoso- 
phy) with an evaluation of reasonable allowances for heating-up 
procedures, control swings, and other operating variables; it also 
appraises the number of cycles of pressure and temperature 
variations as associated with rates of change which establish re- 
petitive transient stresses for fatigue life and resistance to shock. 
Design philosophy defines a degree of quality as related to accepta- 
ble risk and life expectancy of the unit. Such development lies 
within the sphere of the mechanical engineer in his translation of 
the thermodynamic concept of the unit into specific terms. 

The mechanical engineer is thus concerned with materials be- 
havior, but primarily from the standpoint of the effects resulting 
from externally applied forces. In stress-analysis studies the 
piping and other structural parts, although known to be heteroge- 
neous as shown by examination under the microscope, are consid- 
ered as statistical unitary objects. In the main, the mechanical 
engineer aims at establishing those design conditions for metals of 
known strength which will insure resistance to deformation for an 
expected time in service. 

The metallurgical engineer bases his considerations upon a de- 
tailed statement of design conditions. One of his main responsi- 
bilities is the selection of a suitable and economical composition 
which will possess the required characteristics for withstanding 
the stated conditions of service (i.e., time resistance to flow and 
fracture); the composition recommended must be available in pip- 
ing form and it must lend itself to satisfactory fabrication. The 
viewpoint of the metallurgist is, however, basically in terms of the 
so-called “‘internality’’ of metals, which is defined by composi- 
tion, atomic arrangements, and appearance of metals under high- 
power microscopes, as related to the properties and characteristics 
shown in laboratory and pilot-plant tests. His interest extends to 
the significance of such test results for predicting and controlling 
the behavior of materials in service. Unless experimental metal- 
lurgical data can be translated into dependable criteria for service, 
they must be viewed as “laboratory curiosities.’’ 

The steam-plant mechanical engineer follows the behavior of 
material during actual use in specific installations. He is prima- 
rily concerned with continuous functioning, so that expensive 
shutdowns can be avoided. He establishes contacts with metal 
manufacturing and fabrication metallurgists whom he consults for 
history of metals during manufacture, conversion to pipe and fab- 
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rication, so that he may relate such history to the per- 
formance of steam piping in particular installations. One 
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TaBLe 2 TECHNICAL REQUIREMENTS OF MATERIAL FOR HiGH-TEM- 


PERATURE, HiGH-PRESSURE STEAM-PoWER-PLANT SERVICE 


of his main responsibilities is in setting up maintenance 


REQUIREMENTS 


procedures, particularly when metal failures occur. An 
important factor is assurance that steam piping is not sub- 
jected to operating conditions beyond those for which they 
were designed. He acts as a consultant for his organiza- 
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tion in making available to producers and fabricators the 
results of actual service operation. The importance of 
the contribution of the steam-plant mechanical engineer 
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to expanding the knowledge of the behavior of metals 
cannot be overemphasized because of the primary need for 
service performance information. 

The behavior of steam-piping materials is thus in the 
domain of engineers responsible for design, metal manu- 
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facture, fabrication (including welding), and plant opera- 
tion. Co-operation between these groups is of first im- 
portance for continually developing the fullest possible 
basis for a better understanding of the behavior of metals 
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used by the steam-power industry. 

This paper has been prepared from the viewpoint of the 
application metallurgist and is organized into four main topics. 
It presents the views of the author regarding a broad approach 
to the selection and behavior aspects of metals for modern steam- 
power-plant piping, it summarizes the steels currently used in the 
United States, it analyzes the possibilities of superstrength alloys 
for high-temperature, high-pressure steam piping, and it presents 
a program designed to select materials for the Eddystone Unit 
of the Philadeiphia Electric Company (1200 F, 5600 psi design 
conditions. ) 


METALLURGICAL APPROACH TO PROBLEM OF SELECTING MAIN 
SreamM-Pripinc MATERIAL 

Requirements of Materials. The approach to the problem re- 
quires a consideration of metals in the complete cycle through 
which piping materials pass from their origin in the steel-melting 
operation to the final phase in steam-plant service. Table I shows 
the four phases which compose the useful cycle (or “‘life’’) of ma- 
terials, and the processing operations performed in the manufac- 
turing phases. 

The first three of these, steel manufacture, conversion to piping, 
and fabrication, are materials-processing phases, in which there are 
two objectives: 


(a) To produce piping material of the dimensions and configu- 
ration required by the design of the steam-power plant. 

(b) To provide adequate materials properties and metallurgical 
quality which will insure long-time, continuous, safe and eco- 
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nomical service at the specific operating conditions of tempera- 
ture, pressure, and rate of steam flow. 


There are certain technical requirements which piping materials 
must meet in each of these four phases of the useful cycle, through 
which these materials are processed and used. These are shown 
in Table 2. Basically, these requirements are of two types: 


1 A metal must possess satisfactory properties for withstand- 
ing the conditions of service; i.e., in the power plant. 

2 A metal also must have satisfactory properties for with- 
standing the conditions of manufacture and fabrication, so that 
from a practical and economic basis the composition chosen can be 
furnished with the properties necessary for service. 


Because of the dependence of piping construction on welding, it 
becomes necessary to consider the capability of weld joints as well 
as parent piping metal to meet these requirements in fabrication 
and service. Weld-deposit compositions are not always identical 
with base metal; analyses selected often represent compromises in 
which an aim is to insure sound welds and freedom from cracking 
in fabrication (welding and heat-treatment) and in service opera- 
tion. Weld deposits are primarily cast structures produced un- 
der conditions involving the extremely rapid heating of a solid 
metal (electrode or filler wire and base metal adjacent to the weld 
groove) to the highly superheated liquid state in carefully con- 
trolled atmospheres with subsequent rapid cooling; beads suc- 
cessively deposited during welding also cause rapid heating and 
cooling effects on previously deposited metal as well as on wrought 
pipe metal adjacent to the weld proper, the latter composing the 
so-called heat-affected zone, which at all times has been below its. 
melting range during the welding operation. 

A piping weldment in general thus consists of zones possessing 
three different types of metallurgical structures; by far the largest 
part of the length of pipe consists of wrought and heat-treated 
stock (original base metal), with cast and successive bead, heat- 
affected structures in the weld, and a narrow parent-metal, 
heat-affected zone adjacent to the weld. A consideration of steam 
piping thus requires knowledge of the behavior of these three types 
of structures in specific metals which compose integral piping sys- 
tems. 

Each phase shown in Table 2 involves subjecting materials to 
temperature, time, rates of heating and cooling, hot or cold work, 
and other conditions, each of which has an effect on the “internal- 
ity’’ of materials, that is, structure and properties, which define 
the qualities of materials and are related ta behavior in steam- 
piping service. 
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Figs. 1 and 2 have been prepared on a simplified basis as a guide 
for the mechanical engineer, to illustrate some of these effects for 
ferritic and austenitic steels, respectively, in relation to tempera- 
ture. Each of these two figures shows the four phases and the 
processing steps through which materials pass in relation to proc- 
essing temperatures. At the left-hand side of each figure, grain- 
size effects are depicted in a simplified manner. Under the phase 
and processing headings, temperature ranges are indicated, heat- 
treatment and certain other terms are related to temperatures and, 
finally, service temperatures are shown. 

In selecting materials for steam piping, the first of the two types 
of requirements, i.e., adequate properties for service, constitutes 
the primary basis in material consideration, since, unless a metal 
has sufficient long-time high-temperature strength to permit the 
use of reasonable wall thicknesses and unless it also possesses 
freedom from dangerous embrittlement, it cannot be considered; 
heavy-walled pipes enhance stiffness, tridimensiona! stress, the 
possibility of severe thermal stresses across the wall with rapid 
temperature changes; cracking and failure are often promoted 
from these factors. However, even though a composition meets 
fully the foregoing requirements, it also must fulfill the second 
type of requirement relating to metal manufacture, conversion to 
piping, and pipe fabrication. 

If industry had to await the completion of full investigations to 
develop all desired technical data and experience, power plants 
would indeed be built slowly. Accordingly, some compromises 
with the current gaps in knowledge are necessary. A logical ap- 
proach is to determine which requirements are of primary impor- 
tance, such that there must be definite knowledge for specific 
metals regarding these requirements before a materials recom- 
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mendation can be made. On this basis, a classification has 
been made of the previously mentioned requirements and these 
are given in Table 3. 

As previously stated, knowledge in this field is far from com- 
plete. However, there is increasing investigation of this subject 
in an effort to develop a logical and more scientific basis for the 
selection of materials. Service-behavior data of material are of ut- 
most importance in consideration, since it is actual service which ul- 
timately determines the suitability of materials. The selection of a 
metal for a specific installation at any time is thus based on the 
then available data, both from the laboratory and from actual 
operating experience. 


MATERIALS CURRENTLY Usep 
Currently, several steels with backgrounds of from 5 to 30 years 
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of high-temperature service are available. Fortunately for the 
steam-power industry which did not require materials for opera- 
tion above 900 F until about 1940, the development of most of 
these piping steels began about 30 years ago (about 1925), as a 
result of earlier needs for high-temperature metals for oil-refin- 
ery and chemical-process applications. The result was that by 
about 1935 much laboratory study and service experience by 
these industries had been developed. Consequently, when steam 
temperatures were raised to above 900 F in the late 1930’s, the ex- 
tensive process-plant background provided during the previous 10 
or more years was utilized for selecting steels for steam service. 
The laboratory and service data developed were of great economic 
value since the behavior of new compositions in manufacture, 
fabrication, and service cannot be predicted with final certainty 
from laboratory tests alone. For new compositions the steel 
mill and foundry must solve melting and casting problems, pre- 
vent incurable defects and determine proper heating and cooling 
cycles. The steel mill and pipe producer must develop hot-work- 
ing procedures and heat-treatments to insure sound, uniform 
product with adequate strength, ductility, and shock resistance to 
withstand fabrication operations. The fabrication shop must de- 
velop procedures for bending, forging, machining, welding, and 
heat-treatment. 

The importance of service history for new materials under spe- 
cific operating conditions was exemplified by two outstanding ex- 
periences. In the early 1930’s, the oil industry introduced a 5 
per cent chromium-steel grade for piping. Originally developed to 
withstand severe sulphur corrosion at elevated temperature 
(around 1000 F), the steel was designed based on chromium as the 
only alloying element and was indicated to be satisfactory in 


manufacture, conversion to piping, and after fabrication, with 
sound, strong, ductile parts available for service as determined by 
the known laboratory tests in use at that time. However, after 
several thousand hours in operation at elevated temperature with 
the desired corrosion resistance obtained, “temper embrittle- 
ment’’ (4) in the 5 per cent chromium steel occurred, which was 
manifested by extreme brittleness upon cooling to ambient tem- 
peratures for cleaning operations. Metallurgists soon thereafter 
discovered that the addition of approximately 0.5 per cent molyb- 
denum to the low and medium-alloy ferritic steels could be relied 
upon to reduce ‘‘temper embrittlement’’ to a negligible degree, 
with the consequence that all low and medium-alloy ferritic steels 
used today for high-temperature service contain molybdenum to 
counteract temper embrittlement. Fortunately, this addition of 
molybdenum also increases long-time high-temperature strength 
at certain elevated temperatures so that, by a single element addi- 
tion, two beneficial effects were introduced. 

A second noteworthy experience which required service data to 
show a limitation of material indicated to be satisfactory by the 
then standard laboratory tests revolved about carbon-molybde- 
num steel, with which the power industry is thoroughly familiar. 
Reference is to graphitization (4a). Both of these examples em- 
phasize that service experience was required to develop fully the 
behavior of compositions under specific operating conditions. 

The metallurgist has taken advantage of the materials-behavior 
apsects of these experiences and has developed laboratory tests to 
determine the temper embrittlement and graphitization tenden- 
cies of new ferritic compositions before recommending their use. 
Similarly, certain difficulties experienced with microcracking in 
welding and in service performance of the austenitic stainless 
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steels are being studied intensively; a weld-thermal cycle hot- 
ductility test (5,6) has been developed recently which appears ex- 
tremely promising in becoming a valuable laboratory technique 
for predicting the degree of crack sensitivity of austenitic steels. 

While oil-refinery and chemical-process experience was of 
great value in making available a background for piping steels for 
steam plants, there are certain requirements in the latter service 
which differ from oil-refinery conditions; specifically, the steam 
plant requires longer life and can allow lesser deformation of pip- 
ing; also, although air and steam attack of metals may occur, the 
severity of such corrosion is considerably less in steam service than 
that due to sulphur compounds and other media at elevated tem- 
peratures in oil units. The power industry, using the ferritic low 
chromium-molybdenum steels as a base has, therefore, further de- 
veloped and modified these steels in relation to steam-plant re- 
quirements, so that today the industry has standardized on fer- 
ritic and austenitic compositions, as shown in Table 4. 

The ferritic steels have an excellent record in steam-piping serv- 
ice during more than a decade of modern high-temperature condi- 
tions, which includes 1050 F, as shown in Table 5. A marked 
metallurgical advantage of these steels is grain refining response to 
heat-treatments above the critical range, as illustrated in Fig. 1, 
so that weld-joint microstructures can be produced which are 
nearly similar to that of parent piping, with attendant general 
uniformity of properties. 

Austenitic stainless steel was first used (7) for steam piping ap- 
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proximately 8 years ago with the selection of Type 347 by turbine 
manufacturers when Sewaren No. 1 Unit of Public Service Elec- 
tric & Gas Company was being designed. The choice of Type 347 
was logical. At the time, the ASME Boiler Code had recognized 
four austenitic Cr, Ni base stainless steels for elevated-tempera- 
ture service, Types 304 (18 Cr, 10 Ni), 347 (18 Cr, 10 Ni, Cb), 321 
(18 Cr, 10 Ni, Ti), and 316 (16 Cr, 13 Ni, Mo), with the first three 
rated equally at 8000 psi, at 1050 F, and the latter at 9000 psi. The 
selection of Type 347 for the turbine piping was based on the 
fundamental considerations that there was evidence to show 
Types 321, 347, and 316 possessed greater creep-rupture strength 
at 1050 F than Type 304, that Type 321 had the potentiality of 
containing the greater degree of nonmetallic inclusions, and that 
Type 316 was difficult to obtain in piping form because of hot- 
conversion difficulties at that time. The Boiler Code subsequently 
acted favorably on the first of these considerations when it re- 
viewed creep-rupture data for these four stee!s and set new “‘maxi- 
mum allowable stresses’’ in 1951; at 1050 F Types 347 and 321 
are now rated at 13,100 psi, with 10,000 psi for Type 304, and 
12,200 psi for Type 316. 

Although the columbium (niobium) bearing Type 347 analysis 
was originally developed for its outstanding corrosion resistance 
at ordinary and elevated temperatures in the chemical industry 
during the 1930’s, the alloy also possesses excellent high-tempera- 
ture strength as well as oxidation resistance. Weldability of the 
steel] was known to be satisfactory based on a large amount of 

laboratory test and service performance data with piping 
in wall thicknesses (up to about 1 in.) commonly used in 
chemical-process and oil-refinery service up to the time 
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when Sewaren No. 1 Unit was being designed. Although 
the industry at that time adopted an alloy composition 
which was not originally developed for main steam piping, 
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there was again, as in the case of the ferritic steels, the 
economic advantage that the Type 347 alloy represented a 
metal with which there was considerable practical back- 
ground in steel manufacture, conversion to piping and fab- 
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rication, as well as in service. 
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Some cracking difficulties have been experienced with 
Type 347 composition in fabrication and in service; the 
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1000 F 


cracking has been localized wholly in some weld joints 
only, during welding and heat-treatment, and in service. 


1050 F 


Service experience is given in a companion paper pre- 
sented before the 1956 Annual ASME Meeting (7). 
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Austenitic steels, since they possess no critica] range, as 
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shown in Fig. 2, cannot be “grain refined’’ in a manner 
similar to carbon steels; further, these steels are subject to 
potentially embrittling phase changes which tend to lower 
some properties. However, certain advantages of the 
austenitic high-temperature steels are so outstanding 
that the steam industry must use such materials if 
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operating temperatures and pressures continue to in- 


crease and also, for possible advantages at current 


operating temperatures at which austenitic steels com- 


pete with heavier-walled ferritic compositions. For 
the elevated temperatures now contemplated, ferritic 
steels are deficient in surface stability (oxidation re- 
sistance), and rupture strength. The advantages of 
the lighter-wall thicknesses attendant to the use of 
higher-strength austenitic metals result in some easing 


of difficulties in welding and in fabrication; and finally, 
perhaps most important, in service. The elimination 
of the cracking difficulties associated with the welded 
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joint in the currently used Type 347 austenitic steel] 
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appears imminent, based on the most recent develop- 


(3) STOP VALVES STATION PIPING GETWEEN 
TURBINE SOLER & STOP VALVES 


ments, which are now being tested under actual service 
conditions. 
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For temperatures of 1050 F and above, there are currently 
24 stations either operating or in design, fabrication, and con- 
struction stages (8). Of these stations 15 were designed for 1050 
F, 7 for 1100 F, one for 1150 F, and one for 1200 F. The 
latter unit is discussed in detail in the next section. A list of 
the 24 stations is given in Table 5. 

The steam-power industry is currently, for the first time, giving 
consideration to new compositions designed especially for high- 
temperature, high-pressure steam-flow conditions. Foley and 
Wilson (9) have recently given a general analyis of the probable 
effects of certain metallic elements in the development of metals 
best suited for these conditions. A specifically “new’’ piping 
composition for high-temperature steam service is the 16 Cr, 8 Ni, 
2 Mo analysis proposed by Carpenter (10). This material is simi- 
lar in analysis to the weld-deposit composition recently devel- 
oped (10), which has been shown in extensive laboratory tests to 
possess considerably more satisfactory hot ductility in stress-rup- 
ture tests than the conventional austenitic chromium-nickel-co- 
lumbium alloy, with a number of welded joints in Type 347 base 
metal currently being tested in actual service (7). A develop- 
ment program for this steel in wrought-piping form is currently 
under way. 

Other new compositions which appear to have good potentiali- 
ties for use as main-steam piping are currently being developed. 
These materials contain very roughly the same chromium, nickel, 
and molybdenum contents as Type 316, but with other elements 
present as well. Of these materials, which are discussed in more 
detail in the next section, the following compositions appear 
promising (Table 6). 


TABLE 6 
In addition to Cr, Ni, and Mo, contains approxi- 


mately the following elements, per cent—— 
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MavTerIALs FoR Recent HicH-PREsSURE 
Stations (Asove 1050 ro 1200 F) 

With the improved efficiency resulting from the use of higher 
operating temperatures including supercritical conditions, the 
power industry now is challenged by materials-selection and be- 
havior problems which differ substantially from steam plants op- 
erating up to approximately 1050 F. The latter represents a 
“peak range’’ of temperature at which, until recently, the most 
modern steam plants in the United States have been operating 
for approximately the past 8 years. The latter temperature is 
chosen kere arbitrarily as a basis for the present discussion only, 
and should not be interpreted to mark a temperature range above 
which any sudden or critical changes in materials characteristics 
or performance occur. Three general effects with increasing tem- 
perature must be noted: 


1 Accelerated downward slope of creep and rupture curves. 

2 Acceleration of internal atomic movements, resulting in the 
formation of potentially embrittling phases, such as carbiavs and 
sigma. 

3 Accelerated surface deterioration, such as conventional and 
catastrophic oxidation, nitriding. 

In addition, it also must be observed that in the United States 
there is no actual steam-plant experience at temperatures beyond 
1100 F, and only very limited service data for the latter tempera- 
ture. 
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As temperatures and pressures increase there is need for 
stronger materials than those given the highest allowable stress 
rating by the ASME Boiler Code, since the use of even these steels 
results in very heavy wall thicknesses. For perhaps the “first 
time’ a relatively new class of materials, the so-called super- 
strength alloys, must be considered for steam-piping potentiali- 
ties. 

The Eddystone Station of the Philadelphia Electric Company, 
which is currently in the final stages of design, with fabrication to 
begin shortly, represents the most severe temperature and pres- 
sure conditions (1200 F, 5600 psi) yet contemplated for utility 
service. This unit may be viewed as the forerunner of other high- 
temperature installations and it serves as a basis for the discus- 
sion which is presented in this section and which applies in genera! 
also to other modern high-temperature, high-pressure stations. 

In the approach to the selection of a suitable metal for main- 
steam piping at Eddystone, the planned program consisted of the 
following phases: 


Review of technical requirements for 1200 F, 5600 psi service. 

Review of criteria to be used for evaluation of metals. 

Review of literature. 

Consultations with authorities. 

Selection of potential material-composition groups. 

Review of potential materials in terms of load-carrying capac- 
ity and stability; elimination of unpromising materials and 
those for which insufficient data are available. 

Review of remaining metals for weldability in heavy sections; 
elimination of further materials. 

Review of remaining metals for steel manufacture, conversion 
to piping, fabrication factors. 

Selection of most promising compositions. 

Review of gaps in knowledge. 

Organization of metallurgical investigation program. 

Carrying out program. 

Selection of recommended composition for main steam piping at 
Eddystone. 


A full discussion of the detailed status and conclusions drawn 
thus far from each of these phases would extend this paper to too 
great alength. Nevertheless, a summary presentation of the sta- 
tus of most of these phases is given in the following, which should 
be considered as a progress report, since it is planned to present a 
detailed report at a future meeting. 

Technical Requirements of Metals for 1200 F Service. Technical 
requirements are generally those given in Table 2, with specific 
consideration of 1200 F, 5600 psi service. No discussion of the 
general requirements is necessary here. Specifically, however, cer- 
tain requirements will differ in degree at least as stronger and new 
materials are used. Thus, higher strength at operating tempera- 
tures automatically introduces also greater resistance to deforma- 
tion during hot-working in steel-mill processing, conversion to 
piping and fabrication. Increased possibilities thus exist for the 
introduction of defects. Accordingly, processing steps must be 
controlled more carefully than in the manufacture of conventional 
piping compositions and the need is strong for adequate inspec- 
tion techniques and frequent inspection during metals-processing. 
As temperatures increase, the tendency will be toward the use of 
metals with higher alloy contents. One requirement for new ma- 
terials is data for the short-time properties over the entire tem- 
perature range utilized in manufacturing and fabricating piping; 
in particular, temperature ranges in which metals show low duc- 
tilities must be avoided in operations where substantial deforma- 
tions are necessary. 

Criteria Used for Materials Evaluation. A basic consideration 
in the evaluation of materials is the selection of suitable test pro- 
cedures. 
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Table 7 lists the major criteria which are of value in determin- 
ing the capabilities of specific metals to meet the so-called primary 
requirements of steam-piping alloys. Seven criteria are given of 
which only one, creep-rupture data, has quantitative significance. 
All the other tests listed yield information which can be applied 
only qualitatively and, hence, these data can be utilized only 
generally as a guide (11, 12). 

The recently developed weld-thermal cycle, hot-ductility test 
(6) appears highly promising for use as a control in separating 
steels which have been found crack sensitive in welding from those 
which are relatively free from fissuring. The test shows differ- 
ences in characteristics of heat-to-heat variations in specific com- 
positions, such as Types 347 and 316; most encouraging is the 
excellent correlation between the results in this test and the serv- 
ice performance of a limited number of specimens tested thus far. 

Literature Review. In a review of the literature those technical 
papers were considered which deal with high-temperature metals 
having a possible relation to utilization in steam piping; the type 
of data sought essentially pertained to the criteria listed in Table 
7. Consideration also was given to cyclic-heating and stressing 
data, and fatigue data, and reports of behavior of materials in 
manufacture and fabrication. Recently, a number of important 
papers pertaining to welded joints in Type 347 austenitic steels 
have been presented. No attempt is made to give the results of 
the literature survey here as this should be the subject matter of 
an entire paper or series of papers. 
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It was found from the literature survey that the metals which 
possess outstanding resistance to long-time flow at 1200 F may be 
classified into the two groups; namely austenitic chromium- 
nickel steels and the superstrength alloys. Four ASTM publica- 
tions are excellent sources of data; two of these (13, 14) consist of 
résumés of contributions from a large number of producers, fab- 
ricators, and users, the other two (15, 16) being Symposium re- 
ports. 

Consultations With Authorities. Meetings were held with a 
number of well-known authorities in the high-temperature field 
in the United States, England, and Germany, representing pro- 
ducers of austenitic stainless and superstrength alloys, and also 
electrode manufacturers specializing in high-temperature compo- 
sitions. With each organization visited, the Eddystone Station 


operating conditions were reviewed, together with the behavior of 
potential alloys in manufacture and conversion to piping. Heat- 
treatments and fabrication requirements were discussed and rec- 
ommendations obtained. These conferences were of considerable 
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value in determining the potentialities of specific compositions. 

Materials Potentially Suitable for 1200 F Service. A first ap- 
proach consisted of a survey of the metals currently approved for 
1200 F service by the ASME Boiler Code. These materials and 
the allowable stresses are given in Table 8. 


TaBLeE 8 MaTerRIAts For 1200 F Service 
Allowable stress 


Type Material Grade at 1200 F, psi 
1 Cr, '/2 Mo P12 1000 
Cr, Mo Pll 1200 
2'/, Cr, 1 Mo P22 2000 
Ferritic 3 Cr, 1 Mo P21 1500 
5 Cr, '/2 Mo P5 1500 
7 Cr, '/2 Mo P7 1200 
9 Cr, 1 Mo P9 1500 
19 Cr, 9 Ni T304 4500 
Austenitic 18 Cr, 10 Ni, Ti T321 5000 
. 18 Cr, 11 Ni, Cb T347 5000 
17 Cr, 12 Ni, 2 Mo T316 6800 


It is apparent from Table 8 that the long-time load-carrying 
capacities of the ferritic compositions at 1200 F are extremely low, 
so that among the Boiler Code approved steels only the austenitic 
types appeared promising. It became further apparent that even 
the strongest austenitic steels (Types 321, 347, and 316) would re- 
quire heavy-walled piping, in degree depending inversely on the 
number of pipes used from the boiler. A need for materials with 
higher rupture and creep strengths than now obtainable in the 
Boiler Code steels was thus indicated, in order that thinner walled 
piping might be used at Eddystone with concurrent advantages 
in fabrication and service performance. 

An excellent summary of superstrength alloys which possess 
good strengths at elevated temperatures has been mentioned al- 
ready (14) in which are listed 109 compositions in five groups 
which consist of 72 American, 20 British, 8 German, and 9 Rus- 
sian materials.* All of these analyses containing substantial quan- 
tities of chromium and nickel and, in addition, the majority in- 
cludes one or more of the following elements: 


Molybdenum 0.5 to 28 
Columbium 0.5to 4 
Cobalt 3 to 60 
Tungsten 0.5 to 15 
Titanium 0.2to 3 
Aluminum 0.1to 8 


In general, the foreign compositions contain the same elements 
as do the United States materials and differ only in limited degree 
in amounts of these elements. This fact when considered, to- 
gether with the better availability of American materials, led to a 
review of the latter compositions only, with the single exception 
of one British superalloy, G18B, which has a background of con- 
siderable experience in the jet engines of that country. 

The American superstrength alloys are logically classified in the 
ASTM Report into four groups: 


Group I Chromium-nickel-iron alloys 
Group II Chromium-nickel-cobalt-iron alloys 
Group IIT Nickel-base alloys 

Group IV Cobalt-base alloys 


A list of these groups by element range compositions is given in 
Table 9. 

The potential materials thus initially were considered to be the 
austenitic Cr-Ni steels and certain superstrength alloys. From 
the four austenitic steels recognized by the ASME Code, only 
Types 347 and 316 were included in the study. Type 304 was 
eliminated because it is rated weakest at 1200 F; Type 321, as 
previously stated, has the potentiality of containing a greater de- 
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TaBLe 11 Summary or Types 347 


316 STEELS 
(From ASTM Special Technical Publication No. 124) 


TEST DURATION AND % OUCTILITY-TO-RUPTURE (1200 F DATA) 


Appr 


501 HRS. TO) 100! HRS, TO | 200) HAS.TO 
1000 HRS.OATA) 2000 HRS DATA 


© = 100 HRS. | 101 HRS. TO 
DATA 500 HRS.DATA 


5s 


Real? 


Sn / BSS | 


SER 


gree of nonmetallic inclusions and, in addition, there is 


considerably less steam-piping background than with 


Type 347. 

Summary Review of Potential Materials Load-Carrying 
Capacity. Types 347 and 316 are currently approved by the 
ASME Boiler Code as follows: 

Maximum allowable 
stress, psi at 1200 F 
347 5000 
316 6800 

Certain authorities are of the opinion that the two types should 
be rated equally, with both at somewhat higher values than now 
allowed for Type 316, but with grain-size requirements which 
would not permit the use of the weaker, fine-grained structures. 
This item was recently considered by the ASME Code, with the 
proposal not «pproved, with an expression that more data should 
be developed. 

None of the superstrength-alloy compositions is currently ap- 
proved by the ASME Boiler Code. Until recently there has been 
no urgent need to use such high-alloy compositions as steam-plant 
piping; these materials are of relatively recent development and 
their cost is high. 

Calculations for the probable maximum allowable stresses of a 
number of superstrength alloys, based on criteria used by the 
ASME Boiler Code are given in Table 10(17). These estimates, 
it must be noted, are based on relatively limited data; super- 
strength alloys were originally developed for relatively short-time 
service periods, so that the test results now available for most al- 
loys give rupture life of a few thousand hours’ duration only. 
Hence, these data must be considered as first approximations and 
they should not yet be used for design purposes. Table 10 gives 
results for thirteen selected compositions 


Material type 


TasBLe 10 Data For THIRTEEN SUPERSTRENGTH ALLOYS 


Estimated probable allow- 
able stresses based on limited 


Group No. 
data, psi at 1200 F (17) 


type composition 
I—(Cr, Ni, Fe alloys) 
19-9DL 


15-15N 
17-14 Cu Mo 
16-25-6 
Discaloy 24 
II—(Cr, Ni, Co, Fe alloys) 
N155 


$590 
$816 
Refractoloy 26 
G18B 
IlI—( Ni-base alloys) 
Inconel X 
IV—(Co-base alloys) 
Haynes 
Haynes 31 


It is apparent that there is currently available a number of 
alloys which appear to be potentially superior in long-time high- 
temperature strength to Types 347 and 316 compositions. It 
again must be emphasized that longer time data are required for 
assurance that the values given in Table 10 are realistic for long- 
time use of these materials. 

Stability. The test data considered, i.e., rupture ductility, 
rupture-test surface appearance, oxidation tests, notched-bar im- 
pact tests, hot-ductility tests, and metallographic examinations, 
yield results which are not based on exact conditions of service. 
Nevertheless, such information must be considered of value as a 
guide in materials selection, and as Dr. C. L. Clark (11) notes for 
rupture-ductility data “ to insure against brittle type of 
fracture.’’ A brief summary of the data reviewed is given in the 
following: 

For steel Types 347 and 316 there are considerable laboratory 
data. A large number of investigators have reported rupture- 
ductility values (13) covering a wide range of elevated tempera- 
tures but, unfortunately, the majority of these values are for pe- 
riods of relatively short test times. Thus, seventeen contribu- 
tors reported test results at 1200 F for Type 347 and nineteen con- 
tributors for Type 316; of these results, only five Type 347 and 
six Type 316 test groups contained information for more than 
4000 hr. A résumé of the latter data is given in Table 11, from 
which it may be concluded that both types show generally similar 
behavior; namely, decreasing rupture ductility with time. 

Notched-bar Charpy impact values considered typical for 
wrought material Types 347 and 316 at room temperature after 
long-time aging at 1200 F are given in Table 12. 


Tasie 12 Cuarpy Va.vgs, 
As solution —After exposure at 1200 F— 
Metal type heat-treated 1000 hr 10000 hr 
347 64 65 35 
316 83 65 44 


Stability of weld deposits in Type 347 alloy has been discussed 
by several investigators. A great many data have been presented, 
particularly in the past three years, which require a separate 
paper for a thorough reviewing (18 to 35). 

Data on the stability of superstrength alloys are limited. For 
Group I, reference (14) lists rupture-ductility values for 19-9-DL, 
i6-25-6, Discaloy 24, and A286. Eleven groups of tests for 
19-9DL are given for which the data in Table 13 represent the 
shortest and longest testing times from two reported sources. 

Two groups of tests each for Discaloy 24 and A286 are reported 
with ductility to rupture typically in Table 14. 
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Resutts oF Tests ON SUPERSTRENGTH ALLOYS 


_ 19-9 DL 
Rupture ductility, 1200 F 
Shortest test-——. ——Longest 


Time, hr 


6000 
6000 


TABLE 13 


Time, hr Per cent 


46 5 
28 2 


- 16-25-6 
Rupture Ductility, 1200 F 

—Shortest test—~ ——Longest test— 

28 6434 3 

27 20 8881 7 


TasLe 14 Rupture Tests on Discatoy 24 anp A286 
Rupture ductility, 1200 F 
—Shortest test— —Longest 

er 
Time, hr Percent Time, hr cent 
1 59 6 
4 20 1 
1 1200 - 
2 250 1 


AST 
Material ref. 


Notched-bar impact values have been found only for 19-9DL, 
15-15N, 17-14 Cu Mo, and 16-25-6 in Group I, and the data are 
very limited. For 19-9DL a reported value of 23 ft-lb after 
solution heat-treatment compares with 5 ft-lb after 10,000 hr ag- 
ing at 1200 F. 15-15N and 17-14 Cu Mo with 32 and 23 ft-lb, 
respectively, after heat-treatment compare with 10 ft-lb for each 
(half-sized bar values) after more than 11,500 hr in the range 
1100-1200 F. The 16-25-6 alloy with 36 ft-lb as heat-treated has 
been reported to drop to 3 ft-lb after 11,500 (plus) hr at 1100- 
1200 F. 

Rupture-ductility data for four Group II superstrength alloys 
are reported (14), of which the values in Table 15 are considered 


representative. 


TaB_e 15 Rvuprure-Ducruzty Data ror Group II ALLoys 


———Rupture ductility at 1200 F——~ 
ASTM —Shortest test. —-Longest test— 


Alloy ref.no. Time, hr Per cent Time, hr Per cent 


N155.... 
N155.... 
N155.... 
N155.... 
Refractoloy 26 
S590 


G18B has been reported abroad to show 14 per cent rupture 
ductility in 35,000 hr (36). 

Very limited long-time aged, notched-bar impact values are 
available for this group. In 1948 Franks (37) reported Charpy 
values for N155 heat-treated at four temperatures in the range 
2000 to 2336 F; ‘as heat-treated’’ values obtained were from 61 
to 73 ft-lb, whereas after one week at 1200 F, results varied from 
7 to 16 ft-lb. 

Of Group III superstrength alloys, only Inconel X has been re- 
viewed thus far. Ductility-to-rupture values considered typical 
are given in Table 16 (14). 

No notched-bar impact data after aging have been found in a 
first review. The alloy is reported notch sensitive at 1200 F. 

No data were found for 1200 F rupture ductility or notched- 
bar impact values for Group IV alloys since practically all inves- 
tigations have reported values at temperatures significantly 
higher than 1200 F. 

The foregoing data on rupture life and stability of super- 


Taste 16 Ruprure Data ror INcoNEL X 
——Rupture ductility at 1200 F—— 
—Shortest test—. —Longest test— 


Time, hr Percent Time, hr Per cent 
127 0.5 3850 1 


ASTM ref. no. 


strength alloys have not been related to heat-treatment in this 
presentation, since in this first review of these metals, only a 
general index of stability was sought. 

Weldability. The data and experience sought in this phase per- 
tain to the joining of heavy sections, preferably for steam-piping 
service. 

Type 347 material was first used as main steam piping in the 
United States in 1948 when Public Service Electric and Gas Com- 
pany began to operate Sewaren No. 1. In this 1050 F, 1500 psi 
unit, the austenitic steel was used for turbine leads only. Eight- 
een power plants have utilized Type 347 since that time (Table 5). 
These installations required considerable development and re- 
search in the welding of heavy-walled Type 347 steel, as well as 
actual fabrication experience. In the first phase of these devel- 
opments, some weld-cracking was encountered but this behavior 
was corrected by development of electrode deposits of controlled 
composition and metallographic structure (percentage limits of 
ferrite). More recently, cracking in some joints in some stations 
after service has been discovered at weld junctions and heat-af- 
fected zones; no cracking of Type 347 materials has been reported 
in the body of any piping in service; i.e., away from the weld 
joints (7). The intensive amount of development, which has been 
performed in an attempt to solve these difficulties, has been re- 
ported in a large number of published papers which give the re- 
sults of investigations and recommendations (6, 18, 35). The 
subject is still controversial, but considerable progress has been 
made by the introduction of the following four procedures: (a) 
Control of chemical composition, element balance, and amount of 
ferrite in deposits; (b) control of heating and cooling rates during 
heat-treatment; (c) solution heat-treatment of welds; and (d) 
development of a weld-deposit composition (16 Cr, 8 Ni, 2 Mo) 
which has superior hot-ductility characteristics in the elevated- 
temperature range in which presently used deposits are known to 
be crack sensitive. 

Type 316 austenitic stainless steel has not been used as main 
steam piping in actual power-plant service, although it has een 
selected for five new stations being designed and fabricated for 
operation at 1100 F and above (Table 5). While considerable 
tonnage of this composition has been welded and used, relatively 
little has been fabricated in heavy-walled piping construction. 
Pressure vessels up to about 1 in. thick have been manufactured 
with no reported difficulties in welding. Such vessels have mainly 
gone into corrosive services at temperatures below 1000 F; hence 
there are limited data regarding service on the material which 
would be of value for steam service. 

A search for weldability information for the superstrength al- 
loys in heavy-wall thickness disclosed very limited data; only 
three materials, 15-15N, 17-14 Cu Mo, G18B, were found with 
sufficient investigational background to warrant further consid- 
eration. 

15-15N (38) material has not yet been used commercially in any 
service. The alloy producer has reported weldability data for 
this composition, on 2-in-OD superheater tubes (35), which had 
been exposed to steam conditions consisting of 14,281 hr of 
operating service, of which 50 per cent (approximately 7100 hr) 
had been with steam-outlet temperatures in excess of 1200 F, 
31 per cent (approximately 4400 hr) had been at 1100 to 1200 F, 
with the remainder below 1100 F. Mechanical testing and metal- 
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reference Per 
10 : 217 8 324 4 
4 18 0.8 350 1.5 
ASTM 
reference 
Dise 
Dise 
A286 
1 123 12 411 
1 19 2 1142 
6 88 22 719 
16 261 22 536 ; 
4 127 0.5 3853 
: 5 22 23 3602 
§590..... 4 45 19 10314 
$816..... 3 37 4761 
S816..... 1 79 ll 6473 
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lographic examination of materials have been completed, includ- 
ing weld-joint data. Stress-rupture testing of the weldments and 
tube materials is reported to have been initiated. It was sum- 
marized that “‘in general,”’ the results are encouraging in that the 
material held up satisfactorily throughout the test. More re- 
cently, Wylie reported on the progress of a study of welding 
15-15N in 3-in-thick sections. Generally satisfactory results 
were indicated. 

The 17-14 Cu Mo (39) composition has not been used in any 
commercial steam application. The producer states that the ma- 
terial has been welded by all conventional processes and that 
“sound joints are obtained without difficulty.” Eberle (35) re- 
ports weldability test results for the composition in the form of 
2-in-OD superheater tubes which were subjected to the operat- 
ing conditions stated previously for 15-15N; it was concluded 
that the 17-14 Cu Mo weld deposit “had quite low impact resist- 
ance after service,” which parallels recent experience of the 
author in a limited test program. 

No reported weldability data for G18B have been found in 
the United States. English experience has been disclosed by 
Bishop and Bailey (40). Considerable electrode development 
has been done with apparent satisfaction for rotor service. Cur- 
rently, investigation of welding G18B heavy-walled tubular sec- 
tions is being performed abroad and in the United States. 

The following may be stated in summary of weldability data: 

Type 347 material. There is a great deal of laboratory data 
and service experience regarding weldability of heavy sections 
from which an evaluation of the possibilities of the material can 
be made. 

Type 316 material. Considerable welding background exists 
for this composition but information is limited to lighter wall 
sections; service data are restricted to temperatures lower than 
1200 F. Based on present knowledge, no greater problems are 
anticipated with the use of wrought Type 316 piping proper, or 
in the welding operation than with 347. Some authorities are 
of the opinion that Type 316 steel is weldable with less cracking 
difficulties than Type 347. 

15-15N and 17-14 Cu Mo. Weldability and behavior of weld 
joints in heavy-walled sections need thorough testing and 
evaluation, since almost no background is available. 

G18B material. Also needs testing for evaluation of welda- 
bility and weld properties. 
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Based on a review of the available information for creep-rup- 
ture and stability properties and weldability data for the cur- 
rently recognized austenitic steels and the superstrength alloys, 
it was recommended that only the following five compositions be 
considered: Type 347, Type 316, 15-15N, 17-14 Cu Mo, and 
G18B. 

A further consideration of the three superstrength alloys dis- 
closes that none of the compositions is currently recognized by the 
ASME Boiler Code, that none has been used commercially in the 
United States, that available data which might be translated into 
steam-piping application are limited, and that no heavy-walled 
pipe weldability data are yet available. Preferred solution heat- 
treatments for superstrength alloys are generally a few hundred 
degrees above those used for Types 347 and 316; there is currently 
some question about the availability of furnaces for attaining 
these high temperatures. Accordingly, it was further recom- 
mended that selection for Eddystone main steam piping should 
be made from two possibilities; i.e., Type 347 or Type 316. 

It also was decided to perform further investigation on the five 
alloys listed in the foregoing as described in the next section. The 
selection of the three superstrength alloys should not be inter- 
preted to indicate that only these are considered to have ultimate 
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potentialities. The inclusion of 15-15N, 17-14 Cu Mo, and G18B 
in the program represented a compromise choice based in part 
on the present availability of more primary requirement data for 
these materials than for the other compositions reviewed. 

Metallurgical Program. In order to develop information re- 
quired to fill certain important gaps in knowledge, a metallurgical 
testing program was formulated in the Metallurgical Engineering 
Division of the company with which the author was associated. 

The program had two purposes: It already had been concluded 
that selection of steam-piping metal for Eddystone should be 
made from Type 347 and Type 316 austenitic steels, since there is 
insufficient background to warrant recommending a composition 
from the superstrength-alloy groups. One purpose of the pro- 
gram (Phase A) was, therefore, to develop data for Type 347 and 
316 compositions in piping sections comparable in dimensions to 
those required for Eddystone. Welding difficulties increase with 
heavier walls; laboratory and service data are available for Type 
347 piping in thicknesses up to about 15/; in. Eddystone unit, 
however, will require piping wall thicknesses of approximately 
2'/, in. and no extensive welding and testing data have been re- 
ported for pipe walls of this order. A second purpose of the pro- 
gram (Phase B) was to develop primary-requirement information 
for a limited number of superstrength alloys which at present ap- 
pear to hold the greatest promise for use in the future as steam 
piping. 

The five materials selected for these studies and representative 
chemical compositions are shown in Table 17, together with ap- 
proved Code ratings for Types 347 and 316 and estimated values 
for the superstrength alloys. It again must be emphasized that 
values given for the latter are not intended for use in design. 
N153 and N155 have been included in Table 17 for comparison 
purposes only. 

In Phase A of the investigation, Types 347 and 316 are used, 
with piping dimensions, 11'/, in. OD, 5*/2 in. ID, 3 in. wall thick- 
ness. Three superstrength alloys, 15-15N, 17-14 Cu Mo, and G18B 
are being investigated in Phase B, each 10'/; in. OD, 5'/2 in. ID, 
2'/, in. wall. All piping has been made by “forged-and-bored’’ 
practice, with each material having been given a solution heat- 
treatment by the producer. Typical pipe sections of Types 347 
and 316 are shown in Fig. 3. 

A summary of the metallurgical program is given in Table 18, 
the major variables in which are piping material, electrode type, 
and heat-treatment. Seven welds were prepared for the Phase A 
study. Each pipe metal has been welded with a matching com- 
position electrode and also with the new and highly promising 16 
Cr, 8 Ni, 2 Mo electrode. For each of the four combinations of 
piping metal and type of electrode, sections were prepared for the 
as-welded and the solution-treated conditions, except for the 
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Fig. 3 


Type 347 piping welded with a similar type electrode which was 
given a solution treatment only. A single weld of this type was 
considered sufficient for the program, in view of the extensive 
laboratory and service background with Type 347 composition. 
Three Phase B welds are scheduled, each with a matching elec- 
trode. Heat-treatments will be decided upon, following recom- 
mendations of manufacturers of these materials. The right-hand 
side of Table 18 shows the laboratory test data which were sched- 
uled to be obtained in three conditions: 

No aging to stimulate the ‘“‘as-fabricated’’ condition. 

After 1000 hr aging at 1300 F, which is roughly equivalent to 
approximately 15,000 hr at 1200 F. 

After 10,000 hr aging at 1300 F, roughly equivalent to ap- 
proximately 150,000 hr at 1200 F. 


Currently, all Phase A welds have been completed, each accord- 
ing to the procedure shown in Fig. 4. Welds were made without 


TaBLe 18 METALLURGICAL PROGRAM 


| DATA TO BE OBTAINED IN THREE CONDITIONS 
A\ AS WELDED AND HEAT TREA 


MATERIALS | ELECTRODES { -@) PLUS 1,000 nee at 
3-8 PLUS 10,000 WR. AGE aT 


- AS WELOED omy) 


2. T 
MORAY EXAMINATIONS 
+ SHRINKAGE MEASUREMENTS 


TYPE 347 


TYPE 316 


SE ME 
7. HARDNESS EXPLORATIONS 
Ouc- 
TILITY TESTS CONDITION A 


9. WELO JOINT STRESS RUPTURE 
TESTS CONDITIONS (A) (B) iC) 


17-16 Cu uo 


Typicat Pire Sections Usep ror INVESTIGATION 


external restraint, since a severe degree of restraint is present in 
welds of these thicknesses when only a portion of the wall thick- 
ness is joined, as is shown in shrinkage measurement data (Table 
19). The 1000-hr aging of all specimens in Phase A (except one 
weld) has been completed, as has the testing of specimens, except 
for the stress-rupture and metallographic data. The 10,000-hr 
aging of specimens is proceeding and test results should be availa- 
ble in 1957 at which time it is planned to prepare a complete 
report of this investigation. 

The following is given as a brief progress report of some of the 
Phase A results currently available: 

Weldability Tests. Excellent weldability was obtained in all 
seven welds, Visual examination of each bead at 5X, penetrant- 
dye examination of alternate beads and x-ray examinations after 
the root pass and at weld thickness of /s, 1'/2, 2'/2 in., and the 
completed weld showed no defects, except for one slag inclusion in 
one weld, which was repaired satisfactorily. A typical etched 
cross section is shown in Fig. 5. 

Shrinkage Measurements. Data are given in Table 19. It is 
apparent that extremely high restraints were already present 
when less than one half the full weld thickness had been de- 
posited. These data will be evaluated quantitatively in the 
final report. 

Hardness Values. Results to date are given in Table 20. 
Hardness values are within the range expected for these ma- 
terials. Parent pipe metals show the lowest values. Except 
for solution-treated weld No. 1, solution-treated base metal and 
heat-affected zones are generally softer than weld zones. 

Notched-Bar Charpy Values. Data are given in Table 21. 
The values shown for each weld in each condition represent 
the outside, middle, and inside of the cross sections. Currently, 
additional specimens are being machined, so that ultimately 
five test values will be available for the cross section, each test 
representing a different portion, with a traverse of the entire 
cross section. 

Side-Bend Test Results. Table 22 gives the results of dupli- 
cate bend tests in which the 3-in. cross sections of the welds 
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TaB_e 20 Harvness Test Data—RockweE.i B 
QUENCES IN EXPERIMENTAL WELDIN 


AGED 10,000 WR, 
AT 1500 F 
WELO| HAZ| BASE 


TESTS JULY-57 


TESTS MARCH-57 


@- Kk WELD ROOT, THEN HAND 
WELD To £" THICK, ORESS 
AND X RAY, 
@®- HAND WELD UP TO 14” THICK, 
NOTE: EACH BEAD ORESS AND X RAY. 
OBSERVED FOR @- HAND WELD UP TO 2 ¢ “THICK, 


DRESS AND X RAY, 
CRACKS BY EYE ©- 
AND PENETRANT COMPLETE WELD BY HAND, 


DYE INSPECTION, ORESS AND X RAY. 


METALLURGICAL DEPARTMENT, M.W. KELLOGG COMPANY 


TESTS SEPT-57 


TESTS FEB-57 


TESTS SEPT-57 


TESTS MAY-57 


4 


TESTS SEPT-57 
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TeO PUNCH MARKS 4° APART OW 0.9. SURFACE 
USED AS REFERENCE WARKS 

AGED 10,000 HR. 
| SHRIKKAGE IN THIRTY SECOMDS OF AN INCH AT WELD BASE 
THICKNESSES BELOW TRODE | TREAT; NO. 


WELD | HAZ | BASE 


TESIS JULY-57 


TESTS MARCH=57 


use [ons 


TESTS SEPT-57 


~ 


TESTS FEB-57 


TESTS SEPT-57 


TESTS MAY-57 


west 


| SER | 


TESTS SEPT-57 


1388 
GASE AT 1300 F 
ut @ = 
7 
T 
ce 
| 83 
ro 
6 
66 | 80 
SOL. 
uo | % | 
a 95 | 7 | 95 
72 
ak 
inpe 
ELEC- | WELD 
YPE = 
ee 5 6 8 8 8 7 | ' i 4 
23 
4 
16-8-2 | 7 ° 10 


AUGUST, 1957 


TABLE 22 Srpe-BEND Room-TEeMPERATURE TEST 
ATA 


AGED 10,000 HRS. 
AT 1300 F at 


TESTS WULY-57 


UMA GEO 
TREAT SPECIMENS 


BENT TO 160° - | BENT TO 120° - 
OPENED CRACKED - 
ELONG.17 TO 268) ELome.i4 TO 15% 


BENT To 180° - 
OPENED SLIGHTLY 
ELONG.21 TO 29% 


TESTS MARCH-57 


TESTS SEPT.-57 


GENT TO 180° = | BENT TO 
OPENED Si IGHTLY~| OPENE! 
ELONG.12 TO 22% | ELONG.17 TO 20% 


TESTS FEB.-57 


BENT To 180° - 
OPENED SL IGHTLY- 
ELOnG.19 TO 228 


TESTS SEPT.-57 


BENT To 180° - | BENT TO 160° ~ 
OPENED SLIGHTLY~ 


NEO SL TESTS MAY-57 
ELONG.21 TO 41% | ELONG.20 TO 245 


TESTS SEPT.-57 


were made the outer fiber of the specimen. Specimens from all 
seven unaged welds have been tested with similar results for both 
Types 347 and 316 base-metal welds made with both electrodes 
and the two types of heat-treatments. A total of four welds has 
been tested to date after 1000 hr aging at 1300 F with results 
given in Table 23. 


TaBLe 23 WeELp Tests 


Electrode 
T347 


Heat-treatment hr 
Solution 1000 
As welded 1000 
As welded 1000 
As welded 1000 


Pipe metal 


Summary of Test Results Thus Far. Certain trends are evident 
from the work thus far. Thus it is shown that Types 347 and 316 
can be welded satisfactorily under restraint in 3-in. pipe walls 
with either a matching electrode or the 16-8-2 composition, as 
judged by visual, penetrant dye and x-ray examinations per- 
formed at several stages during welding. The Type 16-8-2 de- 
posit shows distinctly higher notched-bar impact values in both 
Types 347 and 316 piping metals than welds made in each with a 
matching electrode. The 16-8-2 deposit (in both base metals) 
appears to have been less deteriorated by 1000-hr aging at 1300 F 
than the matching welds. Of the matching-electrode deposits, 
Type 316 weld deposit notched-bar impact values were definitely 
higher than the Type 347 welds. 

It appears thus far that, of all the combinations of pipe metal 
and electrode, the Type 316 base-metal joints welded with 16-8-2 
deposit possess the most satisfactory properties. 


Sevection or Stream Pipinc MarTERIAL FoR Eppystone No. 1 
Unit 


A valuable activity organized during the early consideration of 
Eddystone unit is the co-operative effort of those companies 
which will furnish the various portions of the final unit and the 
Philadelphia Electric Company. As a part of the activity, an 
Eddystone Metallurgical Committee was formed during the early 
design period, consisting of metallurgical personnel representing 
the boiler manufacturer, piping fabricator, turbine manufacturer, 
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and the power-plant operator, with a number of committee meet- 
ings held during the past year. During 1956, time and power 
requirements dictated a need for an early choice of a materials 
composition for main steam piping for Eddystone No. 1 Unit. 
After a careful review of the available data it was concluded by 
the Eddystone Metallurgical Committee that a sound basis 
existed for selecting Type 316 austenitic steel. The following 
résumé is given for this selection, which is based on the experience 
of the individual members of the committee and their organiza- 
tions, and the results available thus far from the Kellogg Pro- 
gram, part of which has been summarily presented in this paper. 


1 The material which is currently given the highest allowable 
stress rating by the ASME Boiler Code at 1200 F is Type 316 
austenitic chromium-nickel-molybdenum steel. The selection of 
Type 316 piping would result in lighter wall thicknesses, with 
attendant advantages in easing of fabrication operations, par- 
ticularly weldability and in definite advantages in service opera- 
tion. 

2 A broad background involving the metallurgical aspects of 
Type 316 is available from which an austenitic chemical composi- 
tion can be specified with some tendency toward the formation of 
sigma phase in service but in amounts considered inconsequen- 
tial. 

3 There is no unsolved major problem in the welding phase 
of Type 316. 

4 Type 316 alloy steel, while somewhat more resistant to hot 
deformation than Type 347, is available in seamless piping up to 
certain maximum dimensions, beyond which piping can be pro- 
duced from forgings, turned and bored. 

5 There is background of over 20 years pertaining to the heat- 
treatment phase of Type 316 material. 

6 In fabrication there appear to be no problems in hot bend- 
ing and machining heavy-walled Type 316 beyond those for 
Type 347, which has been processed successfully through these 
operations in heavy-walled pipe for the past 8 years. 

7 It is the experience of many that Type 316 material welds 
with less tendency to cracking than Type 347. 

Type 316 steel is commonly welded with a matching electrode 
or can be welded with the newly developed 16-8-2 composition. 
There is considerable evidence in the United States and abroad 
to show that the latter deposit can produce practically crack-free 
weld joints. 

The weldability results available from the M. W. Kellogg 
Metallurgical Program on very heavy-walled pipe show that weld 
joints made by joining Type 316 piping with 16-8-2 deposit ap- 
pear to be insensitive to microcracking under the conditions of 
the test. 

8 A great deal of Type 316 material is reported to be in service 
in moderately heavy-wall thicknesses. While temperatures and 
pressures in these services are not as high as at Eddystone, no 
difficulties in fabrication or service have been reported. 

9 Recent weld-thermal-cycle hot-ductility test data, although 
quite limited, indicate that wrought Type 316 material is con- 
siderably less susceptible to the weld cracking tendencies ex- 
perienced with Type 347. 


Purchase specifications for Eddystone main-steam piping in- 
clude references to control of hot-working temperatures, grain 
size, and weld-thermal-cycle hot-ductility tests. Although these 
will not constitute a basis for rejection, it is expected that they 
will result in additional controls in steel manufacturing and con- 
version to piping, from which an improvement in materials quality 
will result. 


SuMMARY 
In this paper the author has dealt broadly with a complex and 
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controversial subject in which three main aspects were con- 
sidered from the viewpoint of the application metallurgist. 

An approach to the problem of materials behavior and selection 
of main-steam piping has been presented in which it is emphasized 
that detailed metallurgical consideration must be given to metals 
in all phases of processing, as well as in service, for fullest assur- 
ance of satisfactory performance. The importance of the role of 
the steam-power-plant engineer in making available service per- 
formance data has been stressed. 

The historical and technical background of development of the 
currently used power-piping steels is reviewed broadly, with a 
summary of steels now generally specified for services up to 1050 
F and of some promising compositions for higher temperatures. 

Piping materials for power plants in which temperatures up to 
1200 F are contemplated have been discussed specifically with 
what is believed to be a first technical paper review and discussion 
of the potentialities of superstrength alloys for main-steam piping. 
It is concluded that, although a great many of these alloys are in- 
dicated to possess substantially greater long-time stress-rupture 
strength in the vicinity of 1200 F and higher than Types 347 and 
316, considerably more data are required regarding stability and 
weldability of these higher alloy compositions. Of the four classes 
of superstrength alloys (Cr-Ni-Fe, Cr-Ni-Co-Fe, Ni base, Co 
base) the first two classes appear worth investigating further. 
Studies of selected compositions from these two groups are 
currently being pursued actively. 

In this paper the author has summarized available data for 
Types 347 and 316 and the superstrength alloys for an evalua- 
tion of their potentialities for 1200 F service; the technical basis 
for the selection of Type 316 for the Eddystone unit has been 
stated. At present, for contemplated service temperatures at 
which the austenitic steels are considered, selection is made from 
Types 347 and 316, with the latter preferred; two important fac- 
tors are that at higher temperatures Type 316 has received highest 
ASME allowable stress ratings and that the material appears to 
possess better hot-ductility properties. 

The recent development of a weld-thermal-cycle hot-ductility 
test technique for evaluating the hot-cracking tendencies of 
austenitic steels represents an outstanding metallurgical achieve- 
ment. This test method gives promise of ultimate control of steel 
quality to a degree which will eliminate the weld joint-cracking 
difficulties experienced in the past. 

The control of grain size of the austenitic steels is receiving in- 
creased attention. Although at present no steel producer appears 
willing to guarantee unqualifiedly grain size of such piping, studies 
are being continued which it is expected will result ultimately in 
the incorporation of this requirement into specifications. Piping 
material purchase specifications for the Linden 2, Bergen 1, and 
Bergen 2 Stations of the Public Service Electric & Gas Com- 
pany, and the Eddystone Unit of the Philadelphia Electric 
Company (see Table 5), all of which are being fabricated in 
the shops of the company with which the author was asso- 
ciated, contain references to grain-size requirements and weld- 
thermal-cycle hot-diktility tests. 

In a single paper presentation of a complex and controversial 
subject from a broad viewpoint, certain compromises obviously 
must be made. Primarily, in the interest of reasonable length of 
this paper, it was necessary to discuss only briefly or omit en- 
tirely a number of important phases of the subject, examples of 
which are variations in chemistry limits, metallurgical aspects of 
welding, effects of grain size, metallographic structure, heat- 
treatment, and many others. It will be noted that no information 
was presented regarding dissimilar-metal welding, which is fre- 
quently required as part of main steam-piping systems (42, 43). 
A need also exists for a critical discussion of the significance of 
available cyclic-heating data, and of pilot-plant test results. 
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Detailed treatment of these aspects was considered beyond the 
scope of the present paper in which a primary aim has been a 
broad presentation. 

In order to develop significant relationships between laboratory 
criteria currently used and actual service performance, it would 
be of considerable value if, during the procurement of piping, 
sufficient material from specific heats of steel used in particular 
installations was made available for thorough testing beyond 
specification requirements. With the availability of such infor- 
mation, creep-rupture, stability, hot-ductility, and metallographic 
data on the actual material used in a unit could be compared 
directly with material performance under specific operating con- 
ditions. 

Co-operation between the several engineering groups responsi- 
ble for materials production, fabrication, and actual use is of 
paramount importance in advancing knowledge. Currently, 
great deal of development work is being performed by producers 
and fabricators which should enable the steam-power industry 
to extend still further the frontiers of temperature, pressure, and 
rate of steam flow with resulting economic advantages. 
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Discussion 


F. Epere.* This paper fills a need which is felt by all who are 
concerned with materials for steam-plant application. The 
increases in steam temperatures and pressures which have taken 
place in recent years demand new materials, materials stronger 
than those standardized in the Boiler Code. In anticipation of 
this need, the writer’s company undertook the development of a 
“Jean superstrength alloy,’’ an alloy as low as possible in chro- 
mium and nickel, and in strategic elements, yet about twice as 
strong in load-carrying ability as the 18Cr, 8Ni type alloys. 
This alloy is Croloy 15-15N. 

In the development of this alloy, the same considerations were 
observed which the author has described for steam-piping ma- 
terials. Before the material was considered as possibly suitable 
for steam-plant applications, it was studied thoroughly in 100-lb- 
size laboratory heats and subjected to hot and cold-working 
tests, tube manufacturing and shop-fabrication tests, embrittle- 
ment and weldability studies, and creep-rupture tests of over 
10,000 hr duration at temperatures up to 1500 F. Furthermore, 
a tube length produced from such a laboratory heat was installed 
in an experimental superheater which operated for over 7000 
hr at 1200 F steam of 2000 psi in a PC-fired boiler of the Ameri- 
can Gas & Electric Company (reference 34 of the paper). After 
all these tests had given favorable results, the alloy was made as a 
24-ton commercial heat and the entire investigation repeated on 
this commercial material. Creep tests and creep-rupture tests 
of up to 27,000 hr duration and embrittlement tests up to 10,000 
hr duration, summarized in Tables 24 and 25 and graphically 
illustrated in Figs. 6 to 8 have shown very satisfactory rupture 
ductility and retained hot and cold notch ductility. This 
commercial Croloy 15-15N material also is being tried out in 
superheater and steam-line service. An investigation of heavy- 
section properties has been planned, but here the author has 
“grabbed the ball and run away with it.’’ The steam-power 
industry will be indebted to The M. W. Kellogg Company and 
to the author for the study described in this paper which, in 
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pany, Alliance, Ohio. 


. 
| 


STRESS, 1'000 PSi 


TRANSACTIONS OF THE ASME 


|} WROUGHT MATERIAL 
~f- AL. WELD METAL 


NOTE - FIGURES TO TRE RUPTURE POINTS REPRESENT PER- 
CENT OF ELONGATION AT FRACTURE 


001 100 1000 1000 100000 
CREEP RATE ~ % PER 1000 HOURS RUPTURE TIME - HOURS 


Creep Properties or Crovoy 15-15N Fic. 7 Srress-Ruprure Properties or Croioy 15-15N 


TaBLE 24 Creep Stress-Ruprure ProrerTIEs OF FoRGED AND SOLUTION-TREATED 
(2250 Bars From a 24-Ton CommerctaL Heat or Crotoy 15-15N 


Stress-Rupture Properties 


Test temp, Stress, Time to rupture, Elong.in2in., Red. of area, 
deg F psi hr per cent per cent 
1200 11.4 


ERE 
aocac 


24.0 
12.5 
8.0 
5.0 


© 


Creep Properties 


Stress, Creep rate, 
i %/100,000 hr 


Ne oe 

ons 


Nes 


5400 


COM 


TaBLe 25 Hor anp Norcu-Impact EMBRITTLEMENT TENDENCY OF FORGED AND 
SoLuTION-TREATED (2250 A 24-Ton CommerctaL HeaT oF 
ROLOY 15) 


—Avg Charpy-V impact, ft-lb, after exposure of— 
1000 hr 5000 hr 


Exposure Testing temp, 
F 10000 hr 


temp,degF d Oh 


1250 
1350 
1450 


23.6 
21.1 
20.1 
19.0 
15.6 
19.8 


12.3 
15.8 
11.0 
15.0 


1392 
100 100 

| = | 

ai | | | ag | 

| | 

| 

0001 

Fic, 6 

30000 6045.0 

28000 7723.0 

25000 13500.0 

1350 22000 86.9 

20000 344.4 

19000 824.8 

16000 3966.0 

10795 35800-+ (Un 

1500 12000 176.1 

9000 1106.0 

7500 3844.7 

6000 20834. 0 

ee deg F creep in 100,000 hr 

1200 30000 

20000 15000 

17500 ) 
4 1350 10000 

a 8500 9000 

7500 

1500 6500 

4000 

Room 55.5 15.9 

ae 1250 33.4 18.0 

a Room 55.5 12.9 

1350 29.8 16.5 

Room 55.5 12.6 
1450 30.0 17.5 

| 


AUGUST, 1957 


NOTCH 
OF CROLOY 
40 9 i350F 


CHARPY - 
FT LB 
50 


- IMPACT DUCTILITY| 
1S N 
1450F 


HOT NOTCH - IMPACT DUCTILITY | 
OF CROLOY !5-!I5 N 
O'250F 1350F 4 1450F_ 


aia 


10000 


4000 6000 8000 


EXPOSURE TIME - HOURS 


Fic, 8 anp Hor Norcu-Impact TENDENCY 
or Cro.oy 15-15N 


view of his competence, experience, and known thoroughness, 
promises to be outstanding. 


C. T. Evans, Jr.‘ In reviewing this interesting paper the 
writer was somewhat surprised to note that N155 alloy was not 
selected as one of the three superstrength alloys warranting 
further consideration. Another major interest in this field has 
selected this grade as the most generally promising of all these 
types and has undertaken a substantial development program 
on welding of heavy thicknesses and investigating the properties 
of large sections from about 12-in. round down, made from a 
25-in. ingot weighing about 8000 lb. To the best of the writer’s 
knowledge, these investigations have been encouraging to date. 

This alloy is widely used by the aircraft industry in the form 
of sheet and light plate, for jet-engine afterburners and tailpipes, 
and for turbo compound casings. 

Numerous heavy-duty diesel-engine turbosuperchargers have 
also had disks and buckets made from this composition. Thus 
N155 has an extensive production background. 

Admittedly, welding background on heavy sections is not 
extensive, other than the experience just mentioned which has 
not yet been reported. However, about 10 years ago, at Elliott 
Company, a multistage gas-turbine rotor was constructed by 
welding together several disks, the largest being about 21 in. 
diam X 3 in. thick. The finished welds were about */, in. 
deep. This type of welding inherently produces great restraint 
in the joint. The rotor was run on test for the Bureau of Ships 
and gave excellent performance for several hundred hours. 
Part of the background for the welding of this rotor consisted 
of stress-rupture tests on butt welds of N155 bar stock. To 
make the welds, two pieces of bar stock about 1 in. diam were 
clamped in a fixture with double-V preparation, 60 deg included 
angle. Metallic-arc welding with coated N155 electrodes was 
employed. A partial stress relief at 1200 F was given the speci- 
mens after welding. Standard 0.505-in-diam stress-rupture 
samples were then machined from the welded samples and 
tested at 1200 F at the Battelle Memorial Institute. The re- 
sults are noted in Table 26, all failures occurring in the weld: 
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When these values are plotted on log-log co-ordinates, a line can 
be drawn to compare the weldment strength with the base metal proper- 
ties given in reference (14) used by the author. 
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Nore: It can be seen that the rupture strength of the weldments com- 
pe quite favorably with the base-metal properties, especially for the 
onger time periods in which the author is particularly interested. 


W. L. Fietscumann.’ It is not often that one can find a 
paper considering alloy selection for a specific application based 
on such thorough knowledge of the subject as the author possesses. 
It is also rare, that a paper is so well organized and written that 
the reading is made enjoyable. Hence the remarks which 
follow, are not made from the point of view of discussing the 
paper but to encourage the author to expand the paper to cover 
some aspects of material application which appear to be impor- 
tant factors for the successful use of materials in applications 
requiring a high degree of reliability. 

It is the opinion of the writer that part of present-day prog- 
ress in the design of reliable equipment can be traced to improved 
nondestructive test methods. It is idle to conjecture what 
would happen if these nondestructive tests were not available. 
But the statement that cracking has been localized wholly in 
some weld joints should be expanded by a brief review of the 
methods of inspection for this type of piping prior to fabrication 
to assure sound pipes. 

As the power industry is working on a new source of energy 
(nuclear energy) it is suggested that the author expand Table 
7, Major Laboratory Test Criteria, by including the operating 
variables which have been shown to be adequately covered by 
the listed laboratory tests. Data on number of cycles in regard 
to temperature swings and cooling rates experienced in public- 
utility service would be helpful so as to determine at what 
point the allowable stresses, now based on the static properties 
supplied by the rupture tests, need to take into account fatigue- 
test data. 

These two questions are asked in the hope that the author 
sees fit to write a sequel to this paper to cover the broader as- 
pects of material selection—not only metallurgical considerations. 


G. T. Harris* anp W. H. Barmzy.’? In the summary of his 
paper, the author suggests that in order to compare service 
performance with laboratory tests it would be helpful if, in the 
procurement of piping, sufficient additional material was made 
available for extensive testing. Such tests could then be run 
in parallel with the material in service and valuable comparisons 
ultimately would be made. It will, therefore, be of interest to 
record that this form of comparison was in fact started some nine 
years ago on Jessop G18B, one of the “superstrength alloys’ 
selected for more detailed consideration in the paper. 


5 Specialist, Reactor Metallurgy, Knolls Atomic Power Labora- 


tory, Schenectady, N. Y¥. Mem. ASME. 

* Research Director, William Jessop & Sons Ltd., Brightside Works, 
Sheffield, England. 

7 High Temperature Materials Manager, William Jessop & Sons 
Ltd., Brightside Works, Sheffield, England. 
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In 1946/47, G18B blanks for the construction of a welded 
rotor and G18B bar for turbine blades were supplied to Sulzer 
Bros., Switzerland, and test material was retained. At a later 
date G18B disks were supplied for the rotor of the Sulzer, Wein- 
felden gas-turbine plant. This rotor was built up by welding 
together 7 disks, each approximately 27 in. diam X 5 in. to 6 in. 
thick, together with shaft ends, making a total over-all length of 
15 ft. G18B wire, which was coated by Sulzer Bros., was used 
for the welding, and the weld-joint design was the result of prior 
experimental work. Creep and tensile properties of G18B 
welds were determined (reference 40 of the paper). 

The welding of the Weinfelden rotor shows that G18B can be 
welded in large masses successfully, although experience ad- 
mittedly is restricted. The evidence to date, however, does 
suggest that the welding of G18B should not present any prob- 
lems that would make its use as a steam-pipe material too diffi- 
cult. 

From the turbine-blade material, excess bar was made available 
for extensive creep testing. Tests, which in some cases are 
still running, were undertaken in 1947, and Figs. 9 and 19 show a 
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number of strain/time curves covering long-time tests. This 
means that, today, accurate creep data are available for G18B 
for periods up to 80,000 hr, Fig. 11. It is probably true to say 
that this is longer than the data that exist for most of the es- 
tablished steam-plant materials. Certainly long period tests 
of this order do not seem to be available on steels of the 347 
and 316 type, and the availability of such accurate long-time 
creep figures should be a point of major consideration in the 
selection of an austenitic alloy for high-temperature steam pipes. 

Rupture-ductility figures also have been determined for 
G18B from tests up to rupture times of 35,000 hr. The results 
for temperatures of 600/750 C are shown in Fig. 12. The im- 
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portant feature of these is the steady increase in rupture ductility 
with increase in life—a very desirable feature for any long-life 
application. This increase in ductility is in strong contrast 
with the steady embrittlement that seems to take place on types 
347 and 316. Table 11 in the paper shows the maximum dura- 
tion recorded is only 9000 hr with an elongation of 3 per cent on 
type 316, and the following conclusion is made: “Both types show 
generally similar behavior; namely, decreasing ductility-to- 
rupture with time.’’ 

With reference to the notched-bar impact tests in the solution- 
treated condition, and also after exposure at 1200 F, such infor- 
mation previously has been published for G18B.* Helpful as 
they are however, these tests do not give the full story. Im- 
pact and tensile tests taken from actual creep specimens after 
testing, which then show the effect of combined stress and 
temperature, are of more value, in that they are more representa- 
tive of service conditions. Such tests have been taken from 
G18B creep specimens and the room-temperature results are given 
in Table 27. These figures, with the exception of reduction of 
area, which was omitted in the interests of clarity of the graph, 
are also plotted in Fig. 13. A fairly rapid decrease in ductility 
is shown as a result of exposure at 700 C for the first 10,000 to 
15,000 hr under both stressed and nonstressed conditions. 
After this period the impact strength reaches a minimum and 
stays constant at a satisfactory level of 10 to 12 ft-lb Izod up to 
72,000 hr. Elongation in the unstressed condition shows a steady 
decline but it is still as high as 17 per cent after 72,000 hr, whereas 
in the stressed condition a minimum of 14 per cent is reached 
after 15,000 hr, beyond which there is a marked increase. The 
UTS figures remain fairly constant throughout. Hence it can be 


*“High Creep Strength Austenitic Gas Turbine Forgings,” by 
D. A. Oliver and G. T. Harris, Transactions of the Institution of 
Marine Engineers, vol. 59, 1947, p. 1. 
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A factor of 2.45 was used to convert the Hounsfield balanced impact results to izod. 
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concluded that G18B in either the stressed or unstressed condi- 
tion, when exposed to a temperature of 700 C for prolonged 
periods, will not suffer any serious embrittlement and that the 
minimum ductility and impact figures recorded for periods up to 
72,000 hr are of a satisfactorily high level. 

It is true that the preferred solution-treated temperature for 
most of the superstrength alloys is higher than that for the 347 
type. To develop maximum creep strength, G18B is normally 
solution-treated from 1300 C but there is no reason why this 
should be regarded as a serious disadvantage. G18B turbine 
disks of different sizes up to 27 in. diam have been in large-scale 
production since 1944, and also G18B nozzle guide vanes. All 
these forgings have been given the full 1300 C solution-treatment 
which is a straightforward production proposition, providing 
careful and adequate metallurgical control is applied. Lower 
treatment temperatures however can be employed at the expense 
of some sacrifice of creep strength. It is estimated that G18B 
solution-treated 1100 C has a creep strength approximately 80 
per cent of that of material solution-treated at 1300 C.° This 
would mean, therefore, that in certain cases where 1300 C fur- 
naces were not available that lower solution-treatment tempera- 
ture might be permissible and that G18B would still show ad- 
vantages over the 347 type alloys. When heat-treated at 1300 C 
the estimated allowable stresses at 1200 F on the basis of 60 per 
cent of the rupture strength for 100,000 hr is incidentally 11,800 
psi and not 10,500 psi as suggested by the author and it is ob- 
tained from data which are far from limited. This should be 
compared with the 5000 psi and 6800 psi for 347 and 316. In the 
light of the foregoing, one can therefore put forward a strong 
argument in favor of the selection of G18B rather than the 347 
or 316 alloys for high-temperature steam piping. 

Notable advantages are: 


1 


*“The Development of a High Creep Strength Austenitic Steel 
for Gas Turbines,” by D. A. Oliver and G. T. Harris, West of Scot- 
land Iron & Steel Institute, vol. 54, 1946-1947. 


Longer time creep data available. 


2 Higher ductility to rupture, which increases rather than de- 
creases with time. 

3 Considerably higher permissible working stress at 1200 F. 
On the basis of 60 per cent of rupture strength for 100,000 hr 
GI18B gives 11,800 psi against 6800 psi for type 316. 

4 Prolonged heating at 700 C in both stressed and unstressed 
conditions for periods up to 72,000 hr shows no serious embrittle- 
ment at room temperature. 


G. E. Linnert.” The author gives a fine summation of the 
factors to be considered in selecting promising materials for high- 
temperature, high-pressure steam piping. This paper clearly 
reflects his long experience in this field and his ability to recog- 
nize the important elements of a complex practical problem. 
For reasons that are completely understandable, he has been 
forced to avoid detail in reviewing the properties of particular 
materials. Yet, a few further comments on one grade may pre- 
vent a possible misunderstanding and should contribute to the 
general knowledge of welded steam piping. 

In discussing the 17-14 Cu-Mo composition, Eberle is re- 
ported to have concluded from tests on welded piping exposed at 
1250 F for 7000 hr that the 17-14 Cu-Mo weld deposit had quite 
low impact resistance after service. If the details of Eberle’s 
work are examined, the 17-14 Cu-Mo electrodes employed in his 
test joints would be found to have been prepared in 1948. At 
that time, the belief was widespread that a practicable method of 
avoiding microfissures or hot-cracking in an austenitic colum- 
bium-containing high-alloy-steel weld metal was to balance the 
weld composition so as to retain a small percentage of delta or 
free ferrite (possibly 4 to 8 per cent) in the microstructure. Of 
course, subsequent work has shown that, while the delta ferrite 
effectively suppresses hot-cracking in weld metal, this constituent 
lowers strength at elevated temperatures, and through trans- 
formation to sigma phase seriously reduces ductility and impact 
strength upon return to room temperature. 

The 17-14 Cu-Mo electrodes initially used by Eberle in his 
work actually deposited metal of 19 Cr, 13 Ni, Cu, Mo composi- 
tion and with this Cr-Ni ratio of 1.5 the weld structure contained 
approximately 4 per cent of delta ferrite. This constituent trans- 
formed to sigma phase during the 7000-hr exposure at 1250 F and 
caused a marked reduction in impact strength. 

Shortly after Eberle’s tests were under way, an improved 17-14 
Cu-Mo electrode was made available commercially. Deposits 
from this electrode represented a 16.5 Cr, 14 Ni, Cu, Mo composi- 
tion (Cr-Ni ratio 1.2) which produced a weld structure free of 
delta ferrite. Of equal importance was the fact that the weld 
metal was not sensitive to hot-cracking. Electrodes of the new 
17-14 Cu-Mo variety were supplied to Eberle early in 1952 for 
general testing and any further joining that might be required in 
his experimental superheater for steam at 2000 psi and 1250 F. 


Research Welding Metallurgist, Armco Steel Corporation, 


Research Laboratories, Baltimore, Md. 
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In a private communication, Eberle recently reported that pre- 
liminary stress-rupture and impact data for the new 17-14 Cu-Mo 
weld metal after long-time exposure at 1200 and at 1350 F are 
quite satisfactory for a superstrength high-alloy steel. 

This experience, along with others in development work on the 
17-14 Cu-Mo welding electrode, lends support to the growing 
opinion that embrittlement of austenitic high-alloy-steel weld 
metal through sigma-phase formation is an important phe- 
nomenon which requires consideration in steam-power service at 
1050 F and higher. At the moment, efforts appear to be directed 
toward either (a) a special wholly austenitic deposited weld 
metal which is less prone to form sigma during service, but where 
resistance to weld-metal hot-cracking in heavy welded pipe joints 
is yet to be established, or (b) a deposit containing only a very 
small amount of delta ferrite (possibly 2 to 4 per cent) which is 
regulated by close composition control or through a post-weld 
annealing treatment. In the latter type of deposit the resistance 
to hot-cracking is dependent upon the control of ferrite content 
in the initially deposited structure, while the rate and degree of 
embrittlement are dependent upon the amount and distribution 
of ferrite in the final heat-treated microstructure, chemical 
composition, and service temperature. 


A. W. Ranxin.!! This paper provides an excellent summary of 
the metallurgical problems which the power-generation industry 
is facing in its moves to the higher pressure and temperature 
levels required for more economical power generation. In the 
throttle and reheat conditions of the Philo and Eddystone units, 
we are pushing the more common austenitic materials significantly 
close to their economic limits, but to obtain improvements in 
high-temperature strength it is necessary to go to the superalloys 
of the families given in Table 9 of this paper. This is very sig- 
nificant since it means that the power-generation industry, for 
the first time in its long history, is demanding materials in forms 
and sizes in which they have never been produced before, and on 
which there is consequently no operating or fabricating ex- 
perience available. When we moved into the 347 stainless steels, 
the operating experience of the chemical and petroleum fields was 
available for evaluation, but there is no such experience available 
on the superalloys in the forms and weldment sizes which must be 
used for power generation. Accordingly, all concerned must take 
cognizance of the evaluation problems and programs which we 
face. 

To some extent, the industry as a whole must review its past 
actions critically in preparing, or failing to prepare for this 
step. In specifying the materials for steam-power piping, there is 
a quite understandable reluctance to select materials on which 
there is little if any producing, fabricating, or operating ex- 
perience available, and it also would be most unwise to specify 
such materials simply in the hope that the producing and 
fabricating problems will be solved in time for the installation. 
Nevertheless, if the industry desires to move deeply into super- 
pressures and temperatures, bold steps must be taken to get repre- 
sentative operating experience on the superalloys, or we will al- 
ways be faced with the problems attendant on the lack of such 
operating experience. 

It is appreciated that a number of individual evaluation 
projects such as the excellent one described in the paper are being 
carried on by individual companies, but the writer suggests that 
such programs should be more closely co-ordinated so that when 
the step to the superalloys is taken the industry will have the 
maximum number of data available. In this respect it should be 
appreciated that an expert, or committee of experts, is no better 

11 Supervisor, Turbine Structural Engineering, Large Steam 


Turbine-Generator Department, General Electric Company, Sche- 
nectady, N. Y. Mem. ASME. 
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than the data available to them at the time of decision making. 

It perhaps would be well at this time to summarize our own 
activities along these lines. We have selected N155 as being 
representative of the class of alloys which will probably be needed 
in the future, and with this composition we have purchased 
several 10-ft-long rounds with different forging reductions to 
evaluate the required working; we also have purchased an N155 
valve body made as a closed-die forging, and, in addition, have 
obtained one length of N155 tubing made by hot extrusion. We 
also have similar sections of other superalloys. This gives some 
idea of the magnitude of effort required to evaluate these alloys 
prior to committing them to even experimental service. 

With respect now to a direct discussion of the paper, we feel 
that he has laid out a broad and excellent evaluation program. 
In particular, we will be much interested in seeing the results of 
his long-time aging programs. The operating experience as 
presented at this meeting on the Type 347 steels, however, sug- 
gests that until we have specific quantitative knowledge of the 
metallurgical causes of the fabrication and service-cracking on 
that class of steels, it is difficult to be certain that the proposed pro- 
gram is adequate to evaluate the suitability of the proposed 
alloys for steam-plant service. In accordance with this philoso- 
phy, the writer’s company is continuing to investigate the basic 
phenomena which may have been responsible for the early dif- 
ficulties with 347. 


I. A. Rouric.'"* The author has made an excellent and 
scholarly review of a subject of paramount importance to the 
power industry. The paper presents a logical attack upon 
the “materials barrier’ that designers face in attempting to 
use the advantageous heat rate that can be obtained by mov- 
ing into supercritical pressures as well as temperatures above 
1050 F. 

The service history of the 347 stainless steels used in heavy-wall 
large-diameter pipe for the past 8 years has been worrisome and 
disappointing due to the cracking that has occurred at welded 
joints. Apparently the 18 Cr, 8 Ni type of steel, but different than 
347, still remains as the logical choice without having determined 
the reasons for the unsatisfactory performance of the 347 ma- 
terial. The information given in the paper, however, shows no 
conclusive proof that the 316 analysis when used in heavy-wall 
pipe is proof against the weld failures that have plagued the 347 
analysis. The proof may be forthcoming from tests described 
by the author and present installations undergoing trial. 

All of the materials examined in the search are quite costly; the 
316 steel, which was the material selected, may be among the 
least costly of the rather highly alloyed steels that were con- 
sidered. The problem of costs logically might be a part of the 
paper. It would be interesting to have information on the ratio 
of costs of the materials that were considered. 

It is encouraging to witness this new expedition against a 
problem that must be and ultimately will be solved. 


A. B. Witper."* The three alloys, 15-15N, 17-14 Cu Mo, and 
G18B being investigated are of interest to producers of tubular 
products, and it is our plan to conduct stability tests at elevated 
temperatures of these materials. The suitability of these special 
materials for production of tubular products by extrusion, rotary 
piercing, cupping and drawing, or forging and boring will require 
further evaluation by individual producers. 

In addition to the alloys discussed, we have several promising 
alloys in the development stage. When essential information is 
available, the composition and properties of these alloys will be 
made available. 

12 Detroit Edison Company, Detroit, Mich. 

18 Chief Metallurgist, National Tube Division, United States Steel 
Corporation, Pittsburgh, Pa. 
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We are very pleased with the paper; it represents a thorough 
and careful analysis of the metallurgical requirements of the 
steam power industry. 


R. D. Wyuie.'* The author has done a thorough job of survey- 
ing the field of high-temperature metallurgy, particularly with 
respect to steam-piping systems. The writer’s company for 
several years has been very much interested in developments of 
high-temperature materials for this service. Two of these, 
Croloy 16-8-2 and'Croloy 15-15N have been investigated ex- 
tensively by many different laboratories. Needless to say, before 
a material can be accepted for application in a steam-piping sys- 
tem, exhaustive investigation of mechanical properties at room 
and elevated temperatures as well as of fabricating properties 
must be made in order to insure the safety of such a piping 
system. In such cases test vessels of the new alloy are installed 
in parallel with a main steam line in order to allow the operators 
to isolate the test section in case of failure. Test sections of each 
of these materials are being installed at the present time. Croloy 
15-15N will be tested at the Philo Station Unit 6 which is the 
first of the American Gas and Electric System central station 
supercritical boilers installed in this country. Croloy 16-8-2 will 
be installed in a cyclic-heating test vessel being operated by 
Public Service Electric & Gas Company of New Jersey at its 
Sewaren Station. These tests together with the extensive in- 
vestigation of properties and fabrication should provide confidence 
in the materials which will make it possible to obtain Code ap- 
proval. 

We would like at this time again to point out that the Croloy 
16-8-2 material was developed in co-operation with the U. S. 
Navy Bureau of Ships Code 537. The writer’s company is in- 
debted to Mr. T. J. Griffin for his interest in this development. 


Avutuor’s CLOSURE 


The nine discussions and data contributions by individuais 
who are among the foremost authorities in the metailurgical 
field in U. S. A. and England add considerably to the scope of 
the paper. 

The creep, stress rupture, and stablility data furnished by 
Dr. Eberle for the 15-15N composition developed by his company 
will be welcomed by power plant engineers and users of metals at 
high temperatures. The detailed information on properties and 
the results of pilot plant operation which he has made available 
will serve as an engineering basis for the use of 15-15N at the 
higher temperatures now contemplated by the steam power and 
other industries. Dr. Eberle properly emphasizes the careful 
consideration and the Jong time period required in the develop- 
ment of new alloys for increasingly severe conditions of service. 

The author wishes to thank Mr. Evans for contributing data 
and background on the N155 alloy. It is of course regretted that 
this composition (and others) could not be included in the 
Kellogg program which had to be limited because of practical 
necessities. As stated in the paper, “the selection of three 
superstrength alloys (15-15N, 17-14 Cu-Mo, and G18B) should 
not be interpreted to indicate that only these are considered to 
have ultimate possibilities.’’ 

Mr. Fleischman’s remarks are indeed pertinent because of the 


4 Chief Metallurgist, Quality Control Department, The Babcock 
& Wilcox Company, Barberton, Ohio. 
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importance of inspection techniques in proving the quality of 
specific lots of material. The author agrees that separate 
papers are needed to deal with aspects of materials other than so- 
called “metallurgical.’’ 

Messrs. Harris and Bailey in their detailed discussion con- 
tribute extensively from their research and background of more 
than ten years with GI8B. This data is valuable, since, until 
the time when Eddystone No. 1 Unit of the Philadelphia Electric 
Company was designed, the G18B alloy was probably little known 
among steam power plant engineers. The author wishes to 
thank these discussers for their important contribution. 

Mr. Linnert’s summary of more recent data than the author 
quoted regarding the properties of welded 17-14 Cu-Mo is wel- 
comed. It is encouraging to learn that, using known metal- 
lurgical techniques for minimizing austenitic weld metal “em- 
brittlement’’ after long time aging, he has developed a compo- 
sition which is “quite satisfactory for a superstrength high alloy 
steel.’’ As work progresses in the Kellogg investigation, it is 
expected that the recommendations of Mr. Linnert in welding 
the 17-14 Cu-Mo material will be followed. 

The broad viewpoint expressed in the discussion presented by 
Mr. Rankin reflects his long background and experience. In- 
dustry will await with strong interest the results of investigations 
which his company is presently conducting on N155 and other 
compositions, aimed toward “the class of alloys which will be 
probably needed in the future.’’ The author believes that Mr. 
Rankin’s recommendation of closer co-ordination of research and 
development programs is of paramount importance and that 
formation of a group should be initiated soon. 

Mr. Rohrig in his discussion raises some questions with which 
the author has already dealt in the paper based on information 
available. Mr. Rohrig properly introduces the element of cost. 


Although, as he states, that phase logically might have been 
part of the paper, the author feels that it should be treated in 


detail in separate presentations. Economics are obviously of 
the first consideration in the contemplation of proposed specific 
Units. 

It is of considerable interest to learn from Dr. Wilder’s dis- 
cussion that his organization is planning to conduct stability 
tests at elevated temperatures on the three superstrength alloys 
being investigated in the Kellogg program. The stated de- 
velopment of several promising alloys and the publication at a 
future date of compositions and their properties should consti- 
tute an important addition to materials availability and knowl- 
edge in this field. 

Mr. Wylie has presented pertinent information regarding pilot 
plant testing of 15-15N and 16-8-2 piping which is now in progress. 
The results of these tests will make available data of considerable 
value. 

It is apparent from the contributions of the discussers to the 
paper that much development activity is now in progress. 
Accordingly for the next several years at least the steam power 
industry may look forward to much new technical information 
on currently known and newly developed alloy compositions. 
A problem which now exists is the arrangement of the great 
amount of increasingly available data in a form which will make 
the information of the most practical value to designers. 

In conclusion, the author wishes to thank the discussers for 
their interest, their constructive comments, and the considerable 
data submitted. 


Austenitic Steels in High-Temperature 
Steam Piping 


By R. M. CURRAN! anp A. W. RANKIN,? SCHENECTADY, N. Y. 


A review is presented of the operating experience and 
service difficulties with austenitic steel turbine piping at 
the 1050 F and 1100 F temperature levels. Reasons are 
advanced for the difficulties encountered and recommenda- 
tions are made to prevent recurrence of these difficulties 
in future installations. 


INTRODUCTION 


URING the decades of progress of the power generation 
L)isaisey, the most potent factor in the establishment of 
higher levels of generation efficiency has been the in- 
creased steam-turbine throttle temperatures. With increasing 
throttle temperature has come an increase in the alloy content of 
the steels needed for piping, valves, casings, and so on; but, in 
general, these steels have been of the ferritic family with only 
occasional usages of the austenitic alloys. Although these 
ferritic steels are less expensive, easier to fabricate, and, thus 
far, have a better reputation for service reliability than the 
available austenitic steels, it will be necessary to utilize alloys 
of the latter family if the industry is to continue with its tradi- 
tional advances to higher pressure and temperature levels and 
higher turbine ratings. This is clear from the fact that even the 
foreseeable improvements in the ferritic steels will not make 
them competitive with reliable austenitic steels for the proposed 
advanced throttle conditions, or even adequate for such service. 
The superior high-temperature properties of the available 
austenitic steels have been recognized for some time, but, un- 
fortunately, the cracking which has occurred in and adjacent to 
welded joints in these austenitic steels has deterred their more 
widespread application, and, to some extent, has impeded the 
industry’s advance to still higher operating temperatures. 
Much effort has been expended by the industry to develop a 
solution to this cracking problem, and from this effort have come 
new electrodes such as the vacuum-melted low-ferrite 347 (1) 
and the 16-8-2 compositions (2), new postweld treating proce- 
dures such as the 1925 F temperature, new welding techniques 
such as the various ringless welds in current use, and new tools of 
materials evaluation such as the hot-ductility test (3) which in 
turn has suggested the introduction of the 316 class of austenitic 
steels (4) for steam-turbine operation at elevated temperatures. 
That significant progress is being made in the solution to 
this cracking problem is indicated by the most recent experience 
of the authors’ company. Up to this time, none of the piping 
welds made with the low-ferrite 347 electrode and subjected to the 


1 Large Steam Turbine-Generator Department, General Electric 
Company. 

2? Large Steam Turbine-Generator Department, General Electric 
Company. Mem. ASME. 

3 Numbers in parentheses refer to the Bibliography at the end of 
the paper. 

Contributed by the Power Division and presented at a joint 
session of the Power and Metals Engineering Divisions at the Annual 
Meeting, New York, N. Y., November 25-30, 1956, of Tae AMERICAN 
Society or MECHANICAL ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, 
November 2, 1956. Paper No. 56—A-217. 


1925 F postweld treatment have been found cracked after 
service periods of up to four years at 1050 F and approximately 
three years at 1100 F. A continuation of this record, coupled 
with further possibilities of improvement due to either new weld- 
deposit compositions or base-material evaluations through the 
hot-ductility test, would indicate that welded joints in the 
austenitic steels, as made with the newest welding procedures, 
should possess reliabilities equal to those of the ferritic steels. 

It is appreciated, however, that four years of service is a 
relatively short period compared to the expected useful life of 
large steam-turbine installations, and it is further appreciated 
that a thorough understanding of the basic causes of weld 
cracking in austenitic steels is important to the development and 
application ‘of the still more highly alloyed steels needed for 
future steam turbines. For these reasons a great deal of research 
and development still must be expended on the austenitic steels 
and their processing and fabrication characteristics. To pro- 
vide a general background upon which these current and future 
research and development programs can be oriented, this paper 
presents a number of specific representative examples of crack- 
ing—in and adjacent to welds in austenitic-piping systems of 
steam turbines manufactured by the authors’ company. These 
representative examples illustrate the location of the cracking with 
respect to the weld deposits and base materials, the cracking paths 
within the grain structures, the orientation of the cracking 
with respect to the pipe axis, and the possible sources of the 
cracking stresses. It is believed that representative examples 
such as these will be of benefit in establishing the objectives of 
research and development programs as well as emphasizing the 
design and fabrication tenets which must be followed in using 
these austenitic materials. 

In order to present adequately the representative examples of 
the paper, it is necessary to refer to specific turbines and power- 
generation stations. The authors appreciate greatly the co- 
operation and support received from the particular turbine 
owners mentioned in this paper as well as their permission to use 
specific names. 


GENERAL 


Since 1948 the authors’ company has used austenitic piping on 
ten large steam turbine-generator units operating at the 1050 F 


level, and two units operating at the 1100 F level. A general 
description of these units, with their locations and initial service 
dates, is given in Table 1. Outline of the piping between the 
emergency stop valves and the turbine high-pressure shells is 
given in Figs. 1, 2, 3, and 4. Méill-test reports of the turbine 
piping used for these units are presented in Table 1. 

All the original turbine piping for the ten 1050 F units was 
welded with a Type 347 electrode without preheat, and, except 
where specifically noted otherwise, no postweld heat-treatment 
was used. The ferrite content of the Type 347 weld metal for 
these 1050 F units was in the range between 5 and 12 per cent. 

The turbine piping for the two 1100 F units was welded with a 
special low-ferrite Type 347 electrode and these welds were 
given a 1925 F postweld heat-treatment. The development of 
this electrode and postweld heat-treatment has been described 
previously (1). 
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Scuematic Drawine or TurBINE Matin STeaM Pipine ror SEWAREN No. 2 anv No. 3 Units SHow1ne ApproxiMaTEe Loca- 


TION OF WELDS 


TaBLe 1 Tursine Data 


Unit 
Sewaren No. 2.. 
Sewaren No. 3.. 


Owner 


Sporn No. 2...... 10 Power? 
Ss 10 Power 
anners Creek No. 1 

Tanners Creek No. 2 
Twin Branch No. 5. 
Ridgeland No. 1.... 
Kearny No.7... 
Kearny No. 8 


* American Gas and Electric Company System. 


To simplify the presentation of the cracking difficulties with 
the piping systems in question, the information is presented in a 


series of case histories. It may be noted that these cases are 
not arranged in strict chronological order, and in many instances 
involve more than one machine. In general, the chronology is not 
of particular significance since the machines were installed at 
different times over a period of several years, and in many cases 
the cracking difficulties on two separate machines had more in 
common than two instances of cracking on the same machine. 


Public Service Electric and Gas TCTF 
Public Service Electric and Gas TCTF 
Sporn No. i........ Electric Power* 


Sporn No. 3....... Electric Power 


Indiana and Michigan Electrics CCDF 
Indiana and Michigan Electric 
Indiana and Michigan Electric 
Commonwealth Edison 

Public Service Electric and Gas TCTF 
Public Service Electric and Gas TCTF 


Steam conditions Service 
Psi Deg F date 
1500 11/19/48 
1500 10/5/49 

11/24/49 
6/4/50 
7/15/51 
1/28/52 
2/26/51 
11/3/52 
7/31/49 
6/9/51 
3/13/53 
10/26/53 


Type 


CCDF 
CCDF 
CCDF 
CCDF 


CCDF 
CCDF 
CCDF 


Case Histories 


Case 1. In March, 1951, the lower left slip joint on the 
Sporn No. 1 unit blew steam after 16 months of service. The 
joint details for this slip joint are shown in Fig. 5(a) with a section 
through the fracture shown in Fig. 6. The cracking was inter- 
granular in nature, starting from the outside of the pipe and pro- 
gressing inward. It appeared that the cracking was due to 
bending stresses plus the notch created by the particular joint 
design used. The joint design was modified as shown in Fig. 5(b), 


TABLE 1 (continued) 
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CHEMISTRY AND ProprerTIES OF AUSTENITIC STEEL PIPING 


Heat Number 


Type 


Sewaren No. 2 
Sewaren No. 3 
Sporn No. 1 

Sporn No. 2 

Sporn No. 3 

Sporn No. 4 

Tanners Creek No. 1 
Tanners Creek No. 2 
Twin Branch No. 5 
Ridgeland No. 1 
Kearny No. 7 


Kearny No. 8 


14701, 14703 
14701, 14703 

M-815, M-372 

M-370, M-815 

3X 9890, 5X 2047 
X-19587, X-19588, x-19589 
5X 2047, M-1815 
X-19587, X-19589 
M-815, M-370, M-372 
H-5713, H-5715, H-5716 
N-2344, N-2345 


N-2344, N-2345 


347 
347 
347 


347 
347 


347 


347 
347 
347 


347 


6 in. - 0.718 in. wall 
6 in. - 0.718 in. wall 
6 in. - 0.940 in. wall 
6 in. - 0.940 in. wall 
6 in. - 0.940 in. wall 
6 in. - 0.940 in. wall 
6 in. - 0.940 in. wall 
6 in. - 0.940 in. wall 
6 in. - 0.940 in. wall 
8 in. - 1.1 in. wall 


5 in. - 0.817 in. wall 
. - 0.960 in. wall 


6 in 
5 in. - 0.817 in. wall 
6 in. - 0.960 in. wall 


Heat No. Cc 


Cbor Ti 


Percent 


T.S. Y.S.__ Elongation 


14701 0.05 


14703 0. 06 
M-815 0.055 
M-372 0.065 


M-370 =0. 065 


0.88 Cb 
0.67 Cb 
0.80 Cb 
0.78 Cb 
0.83 Cb 


79,000 43,500 63.5 


81,000 48,000 58.5 


82,000 39,000 62.0 


82,000 39,000 62.0 


82,000 39,000 62.0 


3X 9890 0.03 


5X 2047 0.05 
X 19587 0.05 
X.19588 0.06 


X 19589 0.08 


0.48 Cb 
0.69 Cb 
0.48 Ti 
0.39 Ti 
0.40 Ti 


83,000 53,000 56.0 


85,000 48,000 51.0 


80,000 45,000 56.5 


88,000 48,000 50.5 


84,000 44,000 


H5713 390.06 
H 5715 
H 5716 
N 2344 


N 2345 


0.85 Cb 
0.71 Cb+Ta 
0.62 Cb+Ta 


0.45 Cb 


0.60 Cb | 


80,000 52,000 


83,000 49,500 
46, 500 


47, 500 


83, 700 
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and the slip joints on this machine and others with similar 
construction were replaced with joints of the new design. No 
further difficulties of this type have been encountered. 

Case 2. In April, 1951, after 17 months of service, a steam 
leak occurred near the turbine end of the No. 2 steam lead on the 


Sewarer No. 3 unit at weld No. 28, Fig. 1. The cracking 
occurred on the boiler side of the steam lead starting through a 
weld overlay bead at the lower side of the circumferential butt 
weld. The crack progressed through the pipe material to the 
inner wall as shown in Fig. 7. The crack was approximately 8 
in. long on the outside of the pipe, and about 2 in. long on the 


inner wall. It also may be seen in Fig. 7 that a second crack 
was present, starting from the juncture between the backing 
ring and the pipe. Examination showed the main fracture to be 
intergranular in nature, indicating a high-temperature rupture 
failure. Examination of the failed section showed its structure 
and chemical composition to be normal in every respect. 

The corresponding welds on the No. 3 lead of the Sewaren 
No. 3 unit and the No. 2 léad of the Sewaren No. 2 unit were 
removed and found free of indications of cracking. Spool 
pieces (between welds 27 and 28, and 37 and 38, Fig. 1) were 
inserted to replace the pipe lengths removed in these investiga- 
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Fic. 3, Scuematic Drawinc or TursBine Marin Stream Pipinc ror No. 1 Unir SHow1nG 
LocaTION or WELDS 


tions. The welds on these spool inserts were made by the 
original procedure with a conventional Type 347 electrode and no 
postweld heat-treatment. 

On November 1, 1951, a steam leak occurred adjacent to 
weld No. 38 on the No. 3 lead of the Sewaren No. 3 unit and 
examination of the No. 2 lead of the same unit showed cracking in 


a similar location. Both cracks were similar in nature to the 
original cracking in the No. 2 lead discussed previously. The 
cracking was intergranular in nature and was located in the 
replacement stub material immediately adjacent to the weld 
which had been made six months previously. New replacement 


stubs were again inserted in the steam leads using the procedure 
previously described. 

In March, 1952, examination of the steam leads under the 
Sewaren No. 3 turbine showed additional cracking on the boiler 
side of the Nos. 37, 44, and 64 welds. As indicated in reference 
(5), measurements on the piping system at this time showed the 
stresses imposed on the steam leads to be higher than calculated. 
In reinstalling the piping, the vertical runs of the Nos. 2 and 3 
leads were extended to increase the piping flexibility, and changes 
were made in the hanger arrangement to reduce the imposed 
forces. All welds were made using conventional Type 347 elec- 
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Fic. 4 Drawine or Tursine Marin Steam Pipina ror Kearny Nos. 7 anp 8 Units SHowinc APPROXIMATE LOCATION OF 
WELps 


Fic. 5(a) Scuemartic Sketcu or WELD PREPARATION FOR ORIGINAL «Fic. 5(6) ScuemaTic Sketch or Preparation Usep on 
Sup Joints Usep on Sporn No. 1 Macuine REPLACEMENT Jornts 
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trodes but the welds in the turbine end of leads Nos. 2, 3, 4, 
and 5 were stress-relieved at 1925 F after welding. 

Case 8. On March 1, 1952, after 28 months of service, cracks 
were detected on the turbine end of the upper left-hand steam 
lead of the Sporn No. 1 unit (weld No. 18, see Fig. 2). This 
turbine had been removed from service in order to replace the 
slip joints as discussed in Case 1. The cracks occurred on the 
forged-elbow side of a weld between the elbow and the pipe end 
of the new slip joint. The weld between the elbow and the 


original slip joint had been cut and the elbow machined to 


ag 


Fic. 6 SHowina LocaTIOoN OF FRACTURE IN 
Sporn No. 1 Surp Jornt; X 11/4 
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its original dimensions for joining to the new slip joint. The 
cracking was discovered during the fluorescent-penetrate test on 
a newly completed weld. 

A graphical presentation of the developed crack pattern is 
shown in Fig. 8. Metallographic examination showed the 
cracking to be intergranular in nature indicating a high-tempera- 
ture rupture failure. Since the crack pattern does not appear 
to be directly associated with welding stresses, it appears reasona- 
ble to assume that some high external forces were imposed 
which, added to the residual welding stresses, resulted in the 
rupture failure prior to removal of the previous weld. The 
nature and magnitude of these external forces was not deter- 
mined. 

The slip-joint-elbow assembly was replaced with a new assem- 
bly and no further difficulty has been encountered. 

Case 4. In May, 1952, after 17 months of service, cracking 
was reported on the elbow side of weld No. 18, Fig. 2, to the slip 
joint on the upper left-hand lead of the Tanners Creek No. 1 
unit during welding of the replacement of this slip joint. The 
indications shown by fluorescent-penetrant test were located at 
the weld-fusion line in the elbow. The indications were widely 
scattered and of such a nature that they seemed to be the result 
of porosity or fine particles of entrapped slag rather than crack- 
ing. Since the indications were considered harmless, the weld 
joint was completed without attempting to remove all indications 
completely. 

In April, 1954, during an inspection of this machine, a con- 
tinuous crack was detected on the inner radius of this elbow 
running parallel to this weld and approximately 8 in. in length. 
Exploration of the crack by grinding indicated that it had 
proceeded approximately 5/, in. through the 0.918-in. wall. 
Metallographic examination of boat samples removed from the 
cracked area showed that the main crack was located approxi- 
mately '/;9 in. from the weld-fusion line at the pipe surface as 
shown in Fig. 9(a). Fig. 9(b) shows the main crack to be inter- 
granular. In addition to the main crack, smaller cracks, Fig. 
9(c), were noted perpendicular to the weld-fusion line. There 
was no indication that these latter cracks contributed to the 
main crack. 

It appears that the cracks shown in Fig. 9(c) occurred during 
the earlier welding of the slip joint in 1952, and that the larger of 
these were responsible for the indications detected at that 
time. Since cracking of this type had not been noted previously, 
it was concluded that the prior stress and thermal history had 
made the material sensitive to cracking during welding. 

The similarity of the location of this cracking and that which 
occurred in the unit at Sporn No. 1 indicated that unexpectedly 
large externally applied forces were responsible for the main 
cracking. 
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EXPANSION JOINT 


Fic. 8 Scuematic SketcH SHowine THE CRACK APPEARANCE ON INNER Rapivus oF Upper-Lert Joint Tro ELpow 
on Sporn No. 1 Macuine 


This assembly was returned to the factory and the weld was 
removed. Both parts of the assembly were solution-treated at 
1925 F prior to rewelding in an attempt to eliminate the damage 
which has resulted from the service history. The assembly was 
rewelded using a special low-ferrite Type 347 electrode and a 
postweld heat-treatment at 1925 F was applied. The assembly 
was returned to service and has performed satisfactorily. 

In July, 1954, after 20 months of operation, similar cracking 
was detected adjacent to weld No. 17, Fig. 2, in the turbine end 
of the upper left-hand lead of the Tanners Creek No. 2 unit. 
This cracking was located in a forged elbow adjacent and paral- 
lel to a weld between the elbow and the flange. The crack was 
intergranular in nature and had progressed to a depth of 5/, in. 
An additional crack was detected on the inner radius of the elbow 
along the fusion line of weld No. 18, Fig. 2, to the slip joint. 
This assembly was repaired using the same procedure just 
discussed and returned to service. 

Case 5. In November, 1952, after 40 months of service, a 
steam leak occurred adjacent to weld No. 13, Fig. 2, near the 
valve end of the left-hand outlet of the left valve on the Twin 
Branch No. 5 machine. After removal of the lagging, exami- 
nation of the weld showed the crack to be immediately adjacent to 
the weld and approximately 2'/2 in. long. A section of pipe 
including the weld was removed and cut open for examination. 
The fracture appearance, Fig. 10, showed that the cracking had 
initiated at the juncture between the pipe and the unwelded side 
of the backing ring and that the crack had proceeded for its 
main length through the base metal close to the weld-fusion line, 
Fig. 11. Since the cracking appeared to be due to high external 
forces, and since the other three stop-valve outlets would be 
expected to be subjected to the same forces, sections were re- 


moved from these leads at a subsequent outage. Examination 
of the welds in these sections showed a crack extending halfway 
through the pipe on weld No. 23, slight cracking on weld No. 33, 
and no cracking on weld No. 43 (all shown in Fig. 2). 

The removed sections were replaced with new pipe sections 
which were welded into the system using conventional backing 
rings with a special low-ferrite Type 347 electrode and a post- 
weld heat-treatment at 1925 F. 

A thorough examination of the station piping on this machine 
and the Sporn and Tanners Creek machines which had cracking 
difficulties at the opposite end of this same lead showed evidence 
of very large unexpected movements which would be expected to 
cause high tensile loads at the points of failure. Tie rods were 
located at strategic points in the station piping and turbine 
leads to guide the piping movements in proper channels. 

Case 6. In January, 1954, after 62 months of operation, 
extensive cracking was detected, during a routine outage, in and 
adjacent to many welds in the Sewaren No. 2 unit. Twenty- 
two of the forty-seven welds in the turbine leads showed crack 
indications of sufficient magnitude to require rewelding. 

While there were instances of cracking within weld deposits, 
the major portion of the serious cracking occurred in base metal 
immediately adjacent to welds. In most instances the cracking 
occurred for the entire circumference of the weld—contrary to 
previous experience where the cracking appeared to be confined 
to the portion of the piping subject to bending stresses. Typical 
photomicrographs showing the cracking are presented in Fig. 12. 

Mechanical tests across the welded joints showed no serious 
reduction in strength. Parameter rupture tests taken across the 
welded joints showed the rupture strength to be well within the 
normal scatter band expected for Type 347 material. 
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(c) Showing nature of cracking immediately below weld; X50 
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(Darker area shows extent of cracking in service.) 


1406 
vy (a) Showing location of main crack with respect to weld; 5 3 ' . 
ax Fig. 9 (6) Showing intergranular nature of main crack; «25 
é * Se je 
¢ 


AUGUST, 1957 


Fig. 11 SHowinc Location or CRACKING IN 


Steam Leap or Twin Brancu No. 5 Macuine; X 4 


Fig. 12 (a) X 25 


The rupture tests indicated that the stress required to cause 
failure in the operating life of the turbine would be of the order of 
20,000 psi. This compares with the stress across the joint from 
internal steam pressure of 2700 psi. It is apparent therefore 
that stresses from other sources must have been present to cause 
the cracking. While external bending forces might be a factor, 
the fact that the cracking occurred at 360 deg of the circum- 


Fics. 12 SHowina TypicaL Examples oF 


CRACKING IN SEWAREN No. 2 MacuINE 


ference of the pipe eliminates bending stresses as the predominant 
factor. 

The only other reasonable source for the high level of stress 
necessary to cause cracking is the residual stresses set up by the 
welding operation. Since the creep strength of the Type 347 
material is high compared to the ferritic steels, the residual 
stresses could be expected to be maintained at a high level even 
after extended service. The welds in this piping which had been 
stress-relieved at 1600 F in the fabricator’s shop were less prone 
to cracking than the field welds which were not stress-relieved. 
This tends to support the contention that residual stresses 
played a major role in the cracking encountered. 

Because of the extensive nature of the cracking, all of the 
welds in the turbine leads were removed and rewelded using the 
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‘special low-ferrite Type 347 electrode and the postweld heat- 
treatment at 1925 F. As pointed out in reference (5), if the 
16-8-2 electrode (3) and the present service experience had been 
available when the foregoing difficulties were encountered in the 
Sewaren No. 2 unit, the cost and outage time required to return 
this unit to service would have been reduced markedly. 

Case 7. In May, 1954, after 34 months of service, exami- 
nation of the steam leads on the Ridgeland No. 1 unit disclosed a 
longitudinal crack through weld No. 35, Fig. 3, in the vertical 
run of pipe to the right-hand inlet of the lower turbine casing. 
The crack was removed by grinding to a depth of '/: in. and was 
rewelded using a low-ferrite Type 347 electrode. In order to 
determine if piping flaws were responsible for the cracking, a 
boat sample was removed at a short distance from the initial 
crack. This area also was welded with the low-ferrite Type 347 
electrode. Because of the urgent need for the machine and the 
possibility that the outage might be extended by cracking during 
heat-treatment, no heat-treatment was applied. 

In June, 1955, after 47 months of service, the repaired lead 
blew steam through a longitudinal crack between the two re- 
pair welds made in the previous year, Fig. 13. In this instance it 
is obvious that bending stresses did not contribute to the cracking 
and it appears that the high residual stress present in the section 
between the two welds caused a crack which progressed to a 
point where the stress from internal steam pressure was sufficient 
to propagate the crack through the pipe wall. 

A section of the pipe containing the cracked weld was replaced 
by a new pipe section using an inert-are procedure for the first 
pass and the low-ferrite-coated Type 347 electrode for the 
remainder. Both welds were given a postweld heat-treatment 
of 1925 F after welding. 


Recent INSPECTIONS 


In the inspections of the subject machines subsequent to the 
difficulties described, additional instances of cracking have been 
reported in the Sewaren No. 3, Twin Branch No. 5, and Ridgeland 
No. 1 units. None of the welds which had received the 1925 F 
postweld heat-treatment, however, has had cracking. It is 
interesting to note that of all the pipe welds which have been 
examined on the 1100 F Kearny Nos. 7 and 8 units, cracking was 
encountered in one weld which had been repaired and not heat- 
treated after the repair weld. No cracking was reported in the 
remaining pipe welds which had been postweld heat-treated 
properly. 

Discussion 


The major causes of the cracking in the austenitic weldments 
of the representative examples given in this paper seem to be 
notch concentrations, high bending stresses, and residual welding 
stresses. Accordingly, it is important to review the differences 
between austenitic and ferritic piping materials in these signifi- 
cant areas. 

The joint designs used on the austenitic slip joints which 
cracked in the Sporn No. 1 unit had been used extensively and 
without troubles on ferritic materials prior to the failures on 
these Sporn units. Although notch-rupture tests have not 
shown the Type 347 material to be significantly notch-sensitive 
in rupture (notched-bar life generally exceeds smooth-bar life 
at a constant stress), the cracking which has occurred would 
indicate that the behavior of large austenitic structures is not 
predicted accurately by the small bars used in the rupture tests. 
In the case of the cracking in the Twin Branch No. 5 unit, it is 
difficult to visualize a loading condition that would not cause the 
nominal stresses on the outside pipe wall to be higher than those 
at the inner wall where the cracking initiated. The steps being 
taken to eliminate notches in areas of high stress in the austenitic 
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Fie. 13 View Location oF CRACKING IN RIDGELAND 
No. 1 Macuine 
(In this view, the pipe axis is vertical, original butt weld is horizontal.) 


steels, such as the use of the inert-arc-welding procedures for the 
first pass in pipe joints, should be effective in reducing the 
incidence of cracking in austenitic piping at areas of stress 
concentrations. 

While a number of the difficulties encountered in the austenitic 
materials can be attributed directly to high stresses imposed by 
the piping system, inspections of a number of the ferritic piping 
systems have shown essentially the same deviation from the 
predicted movement as the austenitic piping systems discussed 
in this report. It should be appreciated, however, that the 
stresses resulting from a given degree of immobility of the piping 
system would be approximately 30:per cent higher in the austen- 
itic steels than in the ferritic steels because of the higher co- 
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efficient of expansion of the former materials. At these elevated 
temperatures, an increase of 30 per cent in the stress level could 
result in decreasing the rupture life from 100,000 to 10,000 hr. 
In addition, the rate of relaxation of stress is much slower in the 
austenitic grades so that stresses induced by bending would be 
maintained at a higher level than in the ferritic piping. It is 
obvious on the basis of the foregoing considerations that more 
attention must be given to the design of station and turbine 
piping with the austenitic steels than has been necessary with the 
ferritic steels. 

Since the main steam-piping systems of low-alloy steels are 
generally stress-relieved prior to service, there is no general 
experience available through which the role of residual stresses 
in ferritic piping can be compared with the difficulties in the 
austenitic systems. It has been the authors’ experience, however, 
that heavily restrained welds in the low-alloy steels are prone to 
cracking during service at elevated temperatures if not stress- 
relieved properly. In view of the fact that the rate of relaxation 
of residual stresses is slower in the austenitic grades of steel, 
they would be expected to be more prone to cracking from this 
cause than the ferritic steels, which emphasizes the need for post- 
weld treatment of the austenitic steels where this is practicable. 


CoNCLUSIONS 


As pointed out in the Introduction, the austenitic steels are 
required for further advances in throttle temperature or pressure, 
and even these ultimately must be supplanted by the super- 
alloys if continuous progress in power generation by the current 
conventional means is desired. The difficult role assigned to 
metallurgy in introducing the highly alloyed austenitic steels 
concomitant with the long lives required for power-generation 
equipment is difficult to underestimate, but that significant 


progress has been made is evident from the context and con- 


clusion of reference (5). The developments now available in 
welding procedures, electrode compositions, and postweld treat- 
ments already have resulted in major improvements in the 
reliability of the austenitic weldments as is evident from the 
service records of the welds made with the latest techniques. A 
study of the illustrative examples of this paper indicates that 
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the difficulties encountered with the austenitic piping materials 
can be minimized greatly by: 

1 Avoiding notches or sharp changes in section especially 
in the vicinity of welded joints. 

2 Ensuring that the piping systems move in accordance with 
design to prevent the imposition of excessively high bending 
stresses. 

3 Providing a proper postweld heat-treatment of all welded 
joints. 


Still further improvements in fabrication and/or operating 
reliability will be available if the early results on developments 
such as the 16-8-2 electrode and the hot-ductility test bear out 
their early promises. The 16-8-2 electrode has demonstrated 
somewhat greater ease of fabrication than the 347 electrode, 
particularly for difficult repair welds, and operating experience 
with weldments of this electrode, both with and without a 
postweld treatment, will soon be available for evaluations 
of prolonged service reliability. In addition, direct evaluations of 
the worth of the hot-ductility test in distinguishing crack sen- 
sitivity of the austenitic materials will soon be available, and, if 
successful, this test will, at the least, minimize the fabrication 
difficulties and should contribute also to still further improve- 
ments in the operating records of these austenitic weldments. 
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Engineering the Eddystone Plant 
for 5000-Lb 1200-Deg Steam 


By J. H. HARLOW,! PHILADELPHIA, PA. 


This paper presents a report on the problems encountered 
and the solutions developed in engineering a power plant 
with a single boiler supplying a turbogenerator set of 325,- 
000 kw rating with throttle steam conditions of 5000 psi and 
1200 F. A brief discussion is given of the co-operative 
method used, a short history of the supercritical pressure 
idea, and an abbreviated review of the significance of 
supercritical conditions. The paper is concerned with the 
problems of water conditioning and quality control, of 
piping materials and design requirements, of heat-cycle 
development, of pumping feedwater to the very high 
levels required, and of other miscellaneous plant-design 
situations. Companion papers discuss in great detail the 
boiler and turbine-design considerations. 


INTRODUCTION 


HE STORY of the engineering of Eddystone No. 1 unit is 

basically one of co-operation and mutual assistance among 

all of the parties involved. It is doubtful if there has ever 
been a project in which this has been more evident. Skills and 
knowledge have been shared by manufacturers with each other 
and with the power company. The power company has supplied 
to all manufacturers alike any knowledge which it may have re- 
garding operating problems and successes. Candor and the 
willingness to place the facts on the conference table so that the 
light of the broadest possible experience will be brought to bear 
have been the outstanding characteristics of the job to date and 
will continue to characterize this job well beyond the time when 
it is regarded as a successful dependable load-carrying unit. 

The mere magnitude of this job alone demands that this be so. 
A boiler and turbine-generator set with all the auxiliary equip- 
ment, property, building, and transmission facilities with a 
name-plate rating of 325,000 kw, with steam conditions of 5000 psi 
and 1200 F, with two reheats to 1050 F, and costing well over 
$60,000,000, is a development too far beyond any existing practice 
to be accomplished in any other way. 

From the very beginning there has been a Committee of Project 
Engineers composed of the men assigned to this project by the 
several manufacturers and the power company. As progress has 
been made and additional problems encountered, this committee 
has been supplemented by other committees such as a metal- 
lurgical committee, a control committee, an operating practices 
committee, and a chemical committee. Some say that the way to 
prolong a job is to give it to a committee. This has not been so 
in this case. In fact, it does not appear that in any other way 
the great amount of talent needed could have been brought to 
bear on this job. In addition to these working groups, at intervals 
of about 6 months, progress meetings have been held to which 
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have been invited the management and the top engineering officers 
of the several participating companies. These progress meetings 
have served two very valuable purposes: (1) They have provided 
a device by which all vitally interested persons are kept up to 
date regarding the progress of the job; and (2) they have provided 
a series of date lines to which the engineers have had to work. 
This paper, together with the companion papers, comprise a 
similar project report to the interested public. 


SUPERCRITICAL PRESSURE 


The design pressure of the Eddystone unit establishes a new 
high mark in the development of the steam-plant cycle. A 
pressure of 5000 psi is supercritical. That is to say, it is above the 
critical pressure for water; namely, 3206 psia. The idea of em- 
ploying supercritical pressures is an old one, dating back at least 
to DeLaval, who in 1896 made such a proposal. At the writing 
of this paper, several large units are being designed to operate 
with supercritical-pressure steam. Nevertheless, the subject is 
sufficiently new in its actual consideration and application to 
justify a brief discussion of its significance in power-plant design. 

In physics, the critical temperature of a gas is the temperature 
above which the gas cannot be liquefied by compression alone. 
The saturation pressure corresponding to this temperature is the 
critical pressure. At the critical state the specific volume of the 
gas and the liquid are identical and at temperatures in excess of 
the critical it is impossible to have a mixture of vapor and liquid. 
Each substance has such a critical temperature and pressure. A 


. few values for familiar substances are given in Table 1. 


CriticAL TEMPERATURE AND PRESSURE OF SEVERAL 
SUBSTANCES 


Critical temp, 
deg F 


TABLe 1 


Critical pressure, 
psia 
546 
1118 
1072 
3206 


Two curves, Figs. 1 and 2, show interesting relationships which 
are extremely important to a consideration of steam generators 
and turbines designed to operate in the supercritical-pressure range. 
Fig. 1 shows the relationship between specific volume and tem- 
perature for water. The heavy line is the saturation-temperature 
line and shows how the specific volume of saturation-pressure 
water increases as the temperature increases and, similarly, how 
the specific volume of steam at saturation pressure decreases as 
the temperature increases and that at the critical pressure the 
specific volume for each is identical. In subcritical-pressure 
steam-generator design the differential in specific volume of water 
and steam has been depended upon to accomplish a number of 
results as follows: 


1 To cause circulation in the boiler circuits. 

2 To make possible the operation of water separators and 
scrubbers to produce steam purity and vapor-free water in the 
downcomer circuits. 

3 To result in leaving most of the dissolved solids behind in 
the water remaining in the steam generator during boiling. This 
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liquid phase to vapor phase and the complete 
absence of a latent-heat zone. This figure de- 
serves considerable study. It reveals several 
facts which are of great consequence in the 
supercritical state. Among these facts are the 
following: 


1 Expansion from a supercritical pressure 
will result in a very substantial reduction in 
temperature. 

2 Unless the initial temperature is almost as 
high as, has until recently, been considered the 
ceiling, there is a possibility of passing into a 
wet-steam phase during expansion at constant 
enthalpy such as through a valve or a nozzle. 


This emphasizes the need for high temperatures 
and for reheat in supercritical-pressure turbines. 

3 The higher the pressure is, the more the 
importance which must be attached to these 
facts. 
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Speciric Vo_ume Versus TEMPERATURE RELATIONSHIP FOR WATER 


History oF SUPERCRITICAL-PRESSURE IDEA 


Without belaboring the point, it is worthy of 
mention that in about the 1920’s there was an 
abortive attempt made to use supercritical-pres- 
sure steam in Europe. After a great deal of trial 

and effort, this attempt was abandoned. The 
reason for the abandonment appears to have been 
the consequence of conditions just discussed; 
namely, that the water purity was not equal to the 
needs of a nonblowable boiler and that materials 
were not available to make it possible to attain the 
steam temperature needed to avoid the wet-steam 
phase during expansion by a suitable operating 
margin. So far as is known, no additional at- 
tempts were undertaken to build a full-scale plant 
until recently. Now there are reports that a super- 
critical-pressure turbine is about to go into opera- 
tion near Cologne, Germany. This is understood 
to be a 16,000-kw topper turbogenerator with steam 
conditions of approximately 4500 psi and 1200 F. 
One development of great significance, however, did 
go on in Europe through the years since the 1920’s; 
namely, the production of very satisfactory large- 
size once-through subcritical-pressure boilers incor- 
porating principles important to the solution of 


ENTHALPY - BTU PER POUND 


Fic. 2. Entaatpy Versus TEMPERATURE RELATIONSHIP FoR WATER 


provides an increase in solids concentration in the boiler water and 
an effective blowdown. 

4 To make effective a drum water level in the control of 
feedwater and in the use of a water gage glass. 


In supercritical-pressure design other procedures or devices 
must be developed. 

Fig. 2 shows the relation for water between temperatures and 
enthalpy. Again, the heavy line is the saturation line and the fine 
lines show the conditions for several pressures. In this case the 
phenomenon of latent heat at a subcritical pressure is shown by a 
constant-temperature line drawn at an arbitrary level between 
the saturated-water phase on the curve and the saturated-steam 
phase on the curve. The 5000-psi line in the figure is of great 
interest in that it is always over the saturation line and has 
no horizontal section. This indicates a smooth transition from 


many supercritical problems. 

In the United States the first supercritical-pres- 
sure power plant has been designed, built, and soon 
will be placed in operation by the American Gas 
and Electric Company at the Philo Station. This 
is a 120,000-kw turbogenerator with steam conditions of 4500 
psi and 1150 F. Two stages of reheat are employed. This 
installation was very ably described in the excellent papers 
which were delivered at the Annual Meeting of the Society in 
Chicago a year ago by 8S. N. Fiala (1)? of the American Gas & 
Electric Company, W. H. Rowand (2) of The Babcock & 
Wilcox Company, and C. W. Elston (3) of the General Electric 
Company. 

Somewhat over two years ago an agreement was reached among 
Combustion Engineering, Inc., Westinghouse Electric Corpora- 
tion, and Philadelphia Electric Company to co-operate in the 
building of a supercritical-pressure unit of 275,000-kw capacity 
with throttle steam conditions of 5000 psi and 1150 F and with 


2? Numbers in parentheses refer to the Bibliography at the end of 
the paper. 
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two reheats to 1050 Feach. It was further agreed that the design 
would contemplate operation with a throttle steam temperature 
of 1200 F and that this temperature would be actually attained 
after successful operation at the lower level. The plant is being 
built on a new site at Eddystone, Pa., midway between Chester, 
Pa., and Philadelphia. 

In rapid order other suppliers of equipment requiring greatly 
advanced technology were added. They were: (1) Ingersoll Rand 
for the boiler feed pumps; (2) Leeds & Northrup for the com- 
bustion control; and (3) M. W. Kellogg for the high-pressure 
piping. 

Cuoice or Size, Steam Conpitions, AND Heat Cycie 


In selecting the size, steam conditions, and heat cycle for this 
unit, which is called Eddystone No. 1, the criterion was to take 
the maximum advantage of the most recent technological ad- 
vances in so far as they could be supported reasonably and eco- 
nomically. 

It has been universally acknowledged that these very advanced 
steam conditions require large-capacity turbines if full advantage 
is to be realized. Otherwise the highest pressure blading is so 
small that bypassing is a significant quantity. This factor in- 
dicated a desirable minimum size in the order of 250 to 300 mw. 
On the other hand, the maximum satisfactory size for the genera- 
tor had to be considered in so far as the original concept comprised 
a tandem-compound 3600-rpm set. With a supercharged rotor 
and stator, a generator of 275,000 kw was felt to be entirely 
feasible. This, therefore, was the size decided upon. 

An analysis of the improvements in efficiency to be obtained by 
increasing steam pressure, even at a temperature of 1200 F as 
shown in Fig. 3, indicates that there is little to be gained by ex- 
ceeding 5000 psi, and the problems to be faced at this pressure 
appeared to be sufficient for the time being. Thus this 
pressure was chosen. In regard to temperature, it was recognized 
that materials in use at this time had been limited to about 1150 F 
in power-plant service. However, it was the opinion that materials 
were available which would permit a 1200 F design in the critical 
highly stressed zones of the superheater and turbine rotor and 
that there was a code material which could be used for piping. 

Considerable care was exercised in choosing the reheat-pressure 
zones. The result was that, considering efficiency, effect of 
pressure drop, cost of pipe, and so on, the best reheat pressure 
appeared to be from 20 to 25 per cent of the throttle pressure. 
The first reheat was selected at about 1150 psi and the second at 
about 275 psi. Reheat temperature was set at 1050 F, the prac- 
tical limit for ferritic steels, the very large reheat piping being too 
costly if made of austenitic material. Further, it was felt that 
1050 F was as high as should be considered for the highly stressed 
spindles at the reheat-return points. 

Almost immediately after the decision to proceed had been 
settled, it was realized that substantially better performance (in 
the order of 150 Btu/kwhr) could be obtained by cross-compound- 
ing the set and using an 1800-rpm low-pressure turbine with long 
blades and greatly increased exhaust areas. This also provided 
a possibility of reconsidering the capacity of the unit. A review 
of the situation on Philadelphia Electric Company’s system and its 
interconnections indicated that a size of about 325,000 kw would 
be appropriate, and a study of the costs indicated that the 50,000- 
kw increment in capacity could be obtained at substantially less 
than the average cost. All of these factcrs together led to the 
choice of a 325,000-kw cross-compound turbogenerator and a 
steam generator with a design output of 2,000,000 lb of steam per 
hr. 


ANTICIPATED PERFORMANCE 
In addition to the supercritical pressure, the very high tempera- 
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ture, the two reheats, and the large last stage 1800-rpm blading, 
a great deal of attention has been directed to the other parts of 
the cycle in an attempt to capture all available heat units. To 
this end the pressure level of each feedwater heater, the use of 
drain coolers and heater desuperheater zones, the location of heater 
drains, and the disposition of pump and turbine shaft-seal drains, 
among many other items, have been studied carefully. Also, a 
number of new and venturesome ideas to be described later have 
been incorporated. Among these are arrangements for using 
lowest pressure bleed steam to temper combustion air and for 
using a low-level economizer to heat condensate and thus lower 
the stack temperature to about 200 F. 

The end result has been to produce a calculated heat rate at 
nominal rating of load and steam conditions and with one inch 
back pressure of 8016 Btu per net kwhr. 


DESCRIPTION OF Mason EQUIPMENT 

Detailed descriptions of the steam generator (4) and of the 
turbogenerator unit (5) are the subjects of two companion papers. 
The care used in selecting material and perfecting welding pro- 
cedures for the high-pressure steam pipe is the subject of another 
paper of this group (6). Therefore any further reference in this 
paper to these subjects will be incidental to other matters being 
discussed. However, there are included a section through the 
boiler, Fig. 4, and sections through the two turbines, Figs. 5 and 6. 

Condenser. There being only about 4000 Btu per net kwhr 
generated heat in the exhaust, the condenser for the Eddystone 
No. 1 unit is probably one of the smallest on the basis of sq ft, 
per kw of capacity. It is, nevertheless, a very large condenser 
containing 150,000 sq ft, which is made up of 25,730 tubes 30 ft 
long and */, in. diam in a single-pass arrangement. Two cir- 
culating pumps will deliver water from the Delaware River at the 
rate of 200,000 gpm. The water boxes will be divided, and will 
be fabricated of steel plate. Tubes will be of Admiralty A, which 
has given most satisfactory performance heretofore in Delaware 
River water. Tube sheets will be of Muntz metal. Tubes will be 
rolled with an electric-limit type of tube roller. The condenser 
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will be solidly supported with a rubber expansion joint at the 
turbine-exhaust connection. The two circulating water pumps 
turn at 250 rpm, and each being driven by a 900-hp motor. They 
are vertical mixed-flow pumps 72 in. diam. The circulating pump 
will be installed at the intake house some 1000 ft from the con- 
denser. Trash racks, revolving screens, and intermittent chlorina- 
tion will be provided. The two precast-concrete intake pipes 
are 78 in. diam. The hot well of the condenser will be compart- 
mentalized and the desirability of coating the tube sheet is being 
studied for reasons to be discussed later. 

Feedwater Heaters. With the exception of the deaerator, all 
of the feedwater heaters are of the closed type. All high-pressure 
heaters have integral drain coolers and those receiving high- 
temperature steam are provided with desuperheating zones to 
obtain the maximum rise of feedwater temperature. The heater 
shells are flanged in such a way as to be removable without dis- 
connecting ary major water or steam lines. Tubes will be rolled 
in. The high-pressure-heater-channel covers are of quadrant 


design and of the pressure-sealed manhole type. There are two’ 


independent lines of heaters, each line being capable of carrying 
about two thirds of the full load of the turbine. All heaters are 
arranged horizontally. 

Philadelphia Electric design practice in recent years has opposed 
the use of deaerators, it having been found by long experience that 
satisfactory deaeration could be obtained in the condenser. How- 
ever, the urgency in this supercritical job for pure, oxygen-free 
water with an absolute minimum of chemical treatment dictated 
the use of a deaerator. It is installed at the 55-psia bleed point 
with an additional connection to the second cold-reheat line to 
provide a floor of 3 psig at flows below 30 per cent. Each 
deaerator is a single unit of the tray type. It is equipped with a 


storage tank of three-minute capacity and is located 100 feet 
above the pump suction. 

Fig. 7 shows the feedwater-heater arrangement schematically. 
The first heater is a unique arrangement containing two sets of 
tubes for reasons of plant efficiency to be discussed at a later point. 

Boiler Feed Pumps. The boiler feed pumps are arranged in 
a series of three; low, intermediate, and high pressure. Each 
develops somewhat more than 2000 psi at full load. At shutoff 
and at loads up to about one third of full load the low and inter- 
mediate-pressure pumps, operating without the high-pressure 
pump, will develop more than 5500 psi. The low and inter- 
mediate-pressure pumps are driven at constant speed by two- 
pole induction motors, respectively, sized 4000 hp and 4500 hp. 
The high-pressure pump is steam-turbine driven and therefore is 
capable of variable speed to satisfy the system requirements at 
above one third rating. The feedwater pumps are in duplicate, 
each series of pumps being installed in one of the two lines of 
heaters as discussed previously. Thus a set of feed pumps and a 
line of feedwater heaters comprise a unit, any component of which 
could cause loss of half the feedwater cycle. However, the re- 
maining unit will be capable of carrying feedwater flow adequate 
for about two thirds plant capability. The sum of the horsepower 
required by the six pumps at full load on the main unit is about 
23,000 hp. 

The low-pressure boiler feed pump is installed directly under 
the deaerator. It is a five-stage pump, employing double-suction 
first-stage impellers. At full load the available suction pressure 
is 75 psia and the discharge pressure is 2250 psi. A unique feature 
of this pump is a small booster impeller mounted after the final 
main-pump impeller. This is to provide a small additional head 
needed for satisfactory operation of the shaft seals, which are of the 
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leakoff type, on this and succeeding on higher-pressure pumps. 

The intermediate-pressure pump is a six-stage pump receiving 
its suction from the low-pressure-pump discharge by way of the 
high-pressure feedwater heaters. Its suction pressure at full load 
will be about 2150 psia and its discharge pressure about 4400 
psia. 

The high-pressure pump, a cross section of which is shown in 
Fig. 8, is a four-stage pump receiving its suction directly from the 
intermediate-pressure pump and delivering feedwater to the boiler 
at the required pressure. It is so designed that, at less than one 
third plant load, the feedwater may be pumped through it with- 
out danger to the pump or the pump drive. This pump is turbine 
driven. The turbine receives steam from the first cold reheat and 
exhausts to the second cold reheat. Thus it is in parallel with the 
intermediate-pressure component of the main turbine and the 
pressure available for its operation is the pressure drop through 
this component of the main turbine. 

The schematic arrangement of the boiler feed pumps is as 
shown in Fig. 7. 

The condensate pumps are vertical tank-type pumps of four 
stages, which pump through the gland condenser and the first 
three stages of feedwater heating to the deaerator. The dis- 
charge pressure at full load is about 150 psi. 

Reciprocating dry vacuum pumps will be used for air removal 
from the condensers. These pumps will have a capacity of 8.05 
cfm of free air at 29.0 in. Hg. This sort of pump has excellent 
characteristics with very high capacity at start-up conditions and, 
therefore, can evacuate the condenser very quickly. On the 
other hand, they are capable of creating very high vacuum at 
the low flows normally associated with full-speed operation of the 
main unit. 


Tue or WATER PurRItTy 


There are many areas and ways in which engineers today are 
better prepared to face the problems associated with power-plant 
operation in the supercritical-pressure range than were the de- 
signers and engineers of 30-odd years ago. A very great deal has 


been learned in this interval in the realm of applied mechanics, 
in the fields of electronics and controls, in the size and precision 
of our machine tools, in the advances in our steelmaking practices 
and the uniformity of their product. But the two technologies 
which more than others defeated the attempts of the past were 
those of water conditioning and of high-temperature metallurgy. 
It is primarily because of the great recent advances in those two 
fields that today there is the incentive and the ample promise of 
success needed to justify the current large-scale projects. 

In the field of water conditioning it is the demineralizer which 
has turned the trick. The demineralizer works on the principle of 
ion exchange. A number of very remarkable synthetic resins 
have been developed. Some of these have the ability to substitute 
a hydrogen ion for each of the cations in solution in the water to 
be purified. After they have been exhausted of their hydrogen 
ions, they can be revived by regenerating with an acid such as 
hydrochloric or sulphuric. Similarly, other of these resins can 
substitute the hydroxyl radical for the anions in the solution. 
This type can be regenerated with a caustic such as sodium or 
potassium hydroxide. Thus the minerals which were originally in 
solution in the water are replaced by H on the one hand and OH on 
the other. 

The earlier demineralizers were of the two-bed type which com- 
prised two tanks, one for each of the two types of resins. This 
arrangement produces water with a purity in the order of 1/2 to 1 
ppm of dissolved solids. Such purity is quite adequate for most 
boiler requirements and most installations, particularly those 
where very large make-up, such as 50 to 100 per cent is required, 
are of this type. 

However, an even better job can be done if the resins are mixed 
in one tank, so that the water in passing through the device is 
exposed to first one and then the other type of resin many times. 
In such a manner a scrubbing action is produced which can im- 
prove the effluent in the ratio of 10 to 1. Demineralizers of this 
type have been successfully used for power plant make-up. 

Philadelphia Electric experience has encompassed a number of 
demineralizer installations, all of which have been quite satis- 
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factory in their performance, but all of which have required a 
considerable amount of experiment and empirical adjustment be- 
fore they could be considered satisfactory. Some of the difficulties 
have been due to suspended material in the water, and other diffi- 
culties seem to have resulted from dissolved material which 
tended to poison the resins. In each case a different solution has 
been required. At Eddystone, therefore, owing to the need for 
optimum performance of the demineralizer from the start, a pilot 
plant has been established and will be operated until adequate re- 
sults are obtained to assure the chemists and engineers that the 
best arrangement has been found. Two-bed demineralizers, 
mixed-bed demineralizers, activated charcoal filters, and various 
types of water softeners, singly and in combination, are being 
studied in a comprehensive attempt to be prepared for the opera- 
tion of the supercritical plant. 

In a power plant there are two obvious locations at which im- 
purities can be expected to get into the feedwater. The first is 
by way of the make-up and the second is through condenser 
leakage. In the make-up system at Eddystone it is proposed to 
use a two-bed demineralizer and a mixed-bed demineralizer in 
series. The mixed bed will be located in the downstream posi- 
tion in order to polish the effluent from the two-bed unit. At 
Cromby Station of Philadelphia Electric Company this same 
combination has been in operation for over a year. The Cromby 
installation has demonstrated that consistent water purity in the 
order of 0.05 ppm is readily obtainable. At Eddystone, con- 
centrations in the make-up water of this magnitude would result 
in less than 50 Ib of solids entering the system in this way in a 
year. This would seem to be a tolerable amount. 

In addition to making full use of demineralizers for ridding the 
supercritical station make-up of solids, the make-up quantity has 
been reduced to the vanishing point by the installation of a set 
of separate house-service boilers. These boilers will supply steam 
for building heating, soot-blower operation, and any other low- 
pressure steam requirements which may be encountered. There 
are three such boilers each rated at 40,000 Ib per hr and producing 
steam at 500 psi. 

The condenser-leakage problem is more difficult of solution than 
the make-up. This results from the problem of detection as well as 
the problems of building a tight condenser and of providing a 
means for removing any contaminants which might get into the 
condensate stream. In regard to tightness, it is necessary to 
produce leakproof joints at the tube seats. A number of sugges- 
tions have been advanced for accomplishing this result, such as 
using double tube sheets, welding the tubes to the sheets, or coat- 
ing the tube sheet and tube ends with a rubberlike material which 
will seal any leaks. In view of successful past experience, it 
has been decided to roll the tubes into the sheet with a load- 
controlled type of roller and to consider the additional insurance 
of the rubberlike coating. It is not felt that welding has been per- 
fected to the desired degree as of this time. At Cromby, as recited 
earlier, a very high-grade make-up has been provided, and the 
condensers have been treated in the manner just described. Asa 
consequence there has been virtually no build-up in solids content 
of the boiler water beyond that accounted for by the water treat- 
ment. This obviously provides a considerable degree of confi- 
dence that the selected procedure is proper. 

A more likely cause of condenser leakage will result from 
tube failures. These may happen because of imperfections in tube 
manufacture, pitting, or damage for one reason or another. 
Nothing much can be done about these conditions in advance 
other than careful inspection, adequate instrumentation, and 
provision of demineralizer equipment for removing contaminants 
from the condensate. To provide such demineralizers is a rela- 
tively simple though rather costly answer. Simple because it is 
only a matter of providing a means for bypassing some of the 
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condensate through the demineralizer on its return from the con- 
denser, but expensive because it is felt that the demineralizer 
should have a capacity equal to at least one third the total con- 
densate flow. Fig 9 is a schematic diagram of the proposed 
arrangement of make-up and condensate demineralizers. In 
operation it is proposed to maintain a full sweet-water tank and 
an empty bitter-water tank. In so far as the tanks will contain 
about two hours’ capacity, ample time will be available to drop 
load to the capacity of the demineralizer or to make other 
arrangements. 

The problem of leakage detection, however, is more difficult. 
First, conductivity detectors have a sensitivity which, in the 
course of a year, would permit the undetected addition of about 
'/2 ton of solids to the boiler. This would appear to be teo much. 
Also there is the problem of distinguishing between increased 
conductivity due to leakage and that due to the chemical added 
for feedwater conditioning. This latter probably will be a 
volatile such as hydrazine or ammonia which are expected to follow 
through the entire plant cycle and, therefore, will have a con- 
siderable effect on the condensate conductivity. To overcome 
these problems it is proposed to install a tray under the tubes 
which will be baffled into about 20 compartments, and to provide 
troughs on the inside of each tube sheet. Each of the compart- 
ments and each trough will return to the hot well through a pipe 
in which will be installed an individual conductivity cell. Thus 
any tube leakage will be concentrated by a factor of 20 as it flows 
into just one compartment and any leakage at the tube roll should 
course down the inside of the sheet into the trough. This arrange- 
ment also should provide a means of distinguishing leaks be- 
cause, if variations in conductivity are due to chemical water 
treatment, all cells should indicate simultaneous changes, whereas 
a leak should show up in one or possibly two compartments 
only. Compartmentalizing the condenser hot well also has made 
it possible to arrange the condensate pumping in such a way that 
one pump can be set to pump all the water in one third of the 
condenser. Thus, if a leak occurs, it would be possible to pump 
the affected third through the condensate scrubber deminer alizer 
and not decrease load, in so far as the other two thirds would be 
pumped directly to the heat cycle. 

In addition to the consideration of the problems of preventing 
contamination of the boiler feedwater, it is important to learn 
the disposition of any of the solids which do escape the demineral- 
izer and, therefore, enter the plant cycle, and to learn the effect, 
if any, that steam at these advanced pressures and temperatures 
may have on the metals used. Two very complete research 
studies are being conducted in this field. One is being undertaken 
by Sulzer Brothers in Winterthur, Switzerland, and is directed to- 
ward learning the likely area of deposition of the varioussalts which 
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may be in the feedwater. A pilot boiler has been in operation at 
supercritical conditions for about two years and has been supplied 
with feedwater containing controlled amounts of known salts 
singly and in combination. It has been learned that some 
salts deposit quite readily on the boiler tubes in the vicinity of 
the transition zone or the superheater. Other salts seem scarcely 
to deposit at all. Rather, it would appear that they pass through 
the boiler and leave with the steam. This boiler consists of a 
continuous coil heated by an oil fire to which are attached pressure 
and temperature-indicating devices at frequent intervals along its 
length. The pressure drop and temperature rise in the various 
increments of the length of the coil provide a sensitive measure of 
the deposition rate during operation. By means of an ingenious 
method of inert-gas plugging it has been possible to dissolve the 
solids deposited in a given increment of the coil for analysis and 
weighing. A photograph of this boiler and its array of pressure 
gages is shown in Fig. 10. 

The second research along this line is under way at the labora- 
tories of Combustion Engineering, Inc., Chattanooga, Tenn. 
Here a pilot boiler has been built to develop steam at 5000 psi 
and 1200 F. This steam can be passed through a contaminating 
chamber in which can be placed chips or filings of various metals, 
and then will enter a simulated turbine. Demineralizers in the 
same arrangement as is proposed for the station, sampling points, 
and points for the application of feedwater treatment are included. 
Thus it is possible to simulate all conceivable plant conditions 
and hazards and to develop suitable and adequate means for 
control. The results of these two tests will make an extremely 
valuable contribution to the technology of plant feedwater con- 
ditioning when they are finally available. Fig. 11 shows this setup 
schematically. 


Tue or METALS 


The second area of technological advance which has made it 
possible to undertake a power plant to operate in the supercritical 
range is that of high-temperature metallurgy. An inspection of 
the temperature-enthalpy chart, Fig. 2, reveals that at 5000 psi 
the steam temperature must exceed about 875 F in order that a 


steam-moisture phase will not be encountered during expansion. 
If any work is to be done as in the case of a turbine, a higher tem- 
perature in the order of at least 1000 F will be required to avoid 
exposure of the turbine blading to wet steam. A simplified 
Mollier diagram, Fig. 12, reveals this very clearly, 

The subject of the choice of materials for the 5000-psi, 1200-F 
conditions at Eddystone as applied to the steam generator, turbo- 
generator, and piping will not be belabored in this paper because 
it is the burden of considerable discussion in the two companion 
papers and that on pipe materials (4, 5, 6). 

Suffice it to say that the 5000-psi, 1200-F piping will be made of 
Type 316 stainless steel using the allowable stresses included in 
the 1952 ASME Boiler Code, and that it is expected the finishing 
superheater and supercritical turbine rotor will be made of the so- 
called superalloys. 


PROBLEM 


Having selected a material of which to fabricate the high- 
temperature steam piping, the next step was to set certain design 
criteria for determining the number and size of the pipes required 
and the fabrication procedure. 

The number of main steam pipes was largely determined by the 
fact that the C.E.-Sulzer boiler employs eight parallel circuits 
through the superheater zones and is therefore equipped with eight 
stop valves. Thus from the superheater outlet to the stop 
valves eight lines have been provided. From each of the 
stop valves a line (eight in all) leads to a mixing header which was 
deemed to be needed in order to average any inequalities in steam 
temperature. Four lines carry the steam from the mixing header 
to the turbine which is equipped with four sets of throttle and 
stop valves. 

In deciding upon the size of the pipes to be used, the designer is 
faced with a desire, on the one hand, to keep pressure drop down 
and thus lower boiler pressure so as to aid in the problems incident 
to pressure in the boiler, and also to reduce boiler-feed-pump dis- 
charge pressure with a resulting saving in pump power. On the 
other hand, the designer is faced with the fact that each time the 
pipe size is increased, the pipe costs rise at a most fantastic rate. 
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Another fact, not obvious to the uninitiated, is that pressure drops 
corresponding to steam velocities, which in conventional plant 
design would be considered normal, are excessive due to the great 
density of supercritical-pressure steam. 

When caught on the horns of such a dilemma, the designer 
applies such economic data as he can muster and a large amount 
of judgment. In this case the superheater-outlet pressure at plant 
capability was selected to be 5300 psi allowing 300-lb drop through 
the piping and valves to the turbine throttle. At 5300 psi the 
superheater-outlet steam temperature would be 1210 F in order 
to attain 1200 F at 5000 psi at the throttle. 

To conserve material the pipe run from the 
superheater outlet to the turbine was divided 
into two zones. That portion to the boiler 
stop valves will be designed for 5300 psi and 
1210 F. That portion downstream from the 
stop valves will be designed for 5150 psi and 
1205 F. Under these conditions the straight 
pipe in the eight-pipe portion will be 8.75 in. 
OD with a 2.344-in. wall. In the four-pipe 
portion the OD will be 10.312 in. and the wall 
2.656 in. thick. These values do not provide 
allowances for scaling under heat-treatment 
nor for thickness needed to be added for bends. 
The pipe will be made by the forged-and-bored 
process and will be produced in lengths aver- 
aging about 20 ft. Altogether, about 2400 
ft of Type 316 stainless-steel main steam 
pipe is involved weighing in the order of 200 
tons. 

Fig. 13 is an isometric view of the main 
steam-piping system. It is readily apparent 
that such a system is extremely complicated 
and that the size and number of the pipes 
involved will create considerable force under 
expansions corresponding to 1200 F. Stresses 
and moments, therefore, will be computed on 
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IBM computers and a model test of the system will be made. 
The development of welding techniques, of choice of heat-treat- 
ment, of supplemental requirements in the materials specifications, 
and of the kind of follow-up testing being considered is a paper in 
itself and is one of the subjects considered in another paper (6). 
The problem of the reheat lines is characterized primarily by 
the size and therefore the stiffness of the pipes. The choice of 
material for 1050 F is the usual 2'/, chrome, 1 moly pipe material. 
In the first hot reheat, two lines each 16 in. OD and 1.562 in. wall 
will be used. These pipes will be of the hollow-forged type. In 


’ the second hot reheat, two lines will be employed. They will be 


28 in. OD and 0.875 in. wall thickness. They will be made of 
plate, rolled and welded into pipe. 


SELECTION oF FEEDWATER PuMPING ARRANGEMENT 


In the development of a suitable pumping scheme for this plant 
certain basic factors early became evident which, to a large ex- 
tent, shaped the design philosophy. They were due to the size of 
the unit and the station parameters of high pressure and tempera- 
ture. The more important of these factors are enumerated as 
follows: 

1 The very high pressure of the feedwater needed in order to 
enter the economizer necessitated that the pumping be done in 
two or more steps with the heaters which follow the deaerators 
located between the pumping steps. The heaters would thus be 
subjected to pressures within the range of present experience. 

2 This arrangement means that the high-pressure pumps 
would be handling water at very elevated temperatures. While 
this increased the total pumping power substantially, most of this 
energy is returned to the feedwater in the form of heat. At full 
load the added enthalpy amounts to 18 Btu which results in a 
substantial gain of cycle economy, more than overcoming the 
higher power requirement associated with pumping the hot 
water. 

3 At full load the high-pressure pump, being located after the 
heaters, handles high-temperature, low-specific-gravity water. 
As flow drops off, the pressure developed by a constant-speed 
pump under these conditions becomes rapidly higher owing to the 
accumulative effects of increase in specific gravity, drop in pipe 
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loads, will be adequate to circulate water 
through the boiler at more than one third 
rating during the firing-up period. The third 
pump, to be driven by a turbine which receives 


its steam from the first cold reheat of the main 
unit and exhausts to the second cold reheat, 
will come on after the main unit is synchro- 


nized and operating at about one third load. 
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At such time the inlet and exhaust pressure of 
the boiler-feed turbine will be in the order of 
380 and 85 psia, respectively. As the load on 
the main unit is increased, both the inlet and 
exhaust pressure of the high-pressure-pump 
turbine will rise in proportion. Hence the 
turbine will operate at a constant pressure ratio 
with the available pressure differential increas- 
ing as the load increases. The speed of the 
turbine will be controlled to provide the needed 
difference between the pressure developed by 
the two motor pumps and that required by 


4 6 8 10 12 14 16 18 20 
THROTTLE FLOW 10° 
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and heater friction, and rising pump characteristic. Thus the 
piping and valves between the high-pressure pump and the econ- 
omizer would have to be designed for much greater pressure 
than normal maximum full-load requirement unless some arrange- 
ment were made to reduce pump speed at the lower loads. It is 
evident, therefore, that some form of speed variation should be 
incorporated in the feedwater-pump drive. 

4 Bearing in mind that this station should operate at close 
to maximum load, the variable-speed feature should be of 
a type which would not adversely affect efficiency at normal full- 
load operation. Any type of speed-varying equipment used with 
constant-speed motors has an appreciable loss at full load; while 
at less than full load, the loss becomes quite considerable. More- 
over, if higher-speed pumps were indicated, gears would have to 
be used with consequent additional loss. These considerations 
lead to the conclusion that turbines with their simple variable- 
speed characteristics and wide choice of speed for optimum pump 
design would be the ideal drive to use for the high-pressure 
pumps. 

5 This presents a complex problem. In a supercritical plant 
there must be a system for bypassing the main turbine when 
putting the steam generator into operation. In this station the 
bypass will be used until the boiler is producing steam at approxi- 
mately one third capacity. Throughout the time that the boiler 
is being brought up to temperature, the main turbine will not be 
in operation and, therefore, no suitable steam will be available to 
start a turbine-driven feed pump. This same condition would 
exist if the main unit were to trip off. The problem then was: 
How to provide for starting the boiler at above critical pressure, 
develop one third flow, and still to provide for turbine drive of the 
pump. 

The solution was to divide the feedwater-pump duty into three 
separate pumps in series with the high-pressure heaters between 
the first and second pumps. The low and intermediate-pressure 
pumps will have motor drives, while the highest pressure pump 
will be driven by a steam turbine. With this arrangement the 


first two pumps can and will be designed for direct 3600-rpm . 


motor drive, thus eliminating speed-increasing gears. These 
two pumps have been selected so that the pressure they will 
develop in series, when taking advantage of the rising pump 
characteristic and the higher specific gravity of the water at light 


the system as shown in Fig. 14. If the main 
unit trips off, the bypass system will function, 
the combustion control will reduce the boiler 
output to one third load, at which point the 
two motor pumps can handle the system requirement. 

The foregoing points were the main criteria which shaped the 
selection and arrangement of the feedwater-pumping system. 

An interesting feature of these pumps is the system of break- 
down devices which will enable them to operate without any 
packing. These are shown diagrammatically in Fig. 15. For 
simplicity, only the suction end is shown. The discharge end is 
similar except that it has a balancing device with a leak-off to the 
suction side, to equalize the trust. 

Starting with the suction of the high-pressure pump, water at 
approximately 4400 psi and 570 F leaks through the first break- 
down sleeve and mixes with much cooler water (288 F at full 
load) from a booster impeller, which is mounted on the low-pres- 
sure feed-pump shaft after the final main-pump impeller. This 
booster develops an additional pressure of 50 psi or a total of 
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about 2300 psi, which is adequate to provide for positive flow to 
the mixing chamber. The mixture is discharged to the main 
feedwater line between the 8th and 9th heaters where the pressure 
is roughly 2200 psi. This provides for heating the mixture to 
that of the high-pressure-pump suction and avoids any cooling 
of the water handled by this pump. Part of the injected water 
flows out through a second breakdown sleeve, mixes with cold 
water from the condensate-pump discharge, and is piped back to 
the deaerators. A small amount of the cold condensate flows out 
of the pump through a third breakdown sleeve to a collecting 
tank and is pumped back into the system. The injection and 
leak-off system of the intermediate and the low-pressure pumps 
are identical in principle, but somewhat less complicated owing 
to the lower pressure involved. A system similar to the one de- 
scribed has been used successfully in other company plants. 


SELECTION OF FEEDWATER HEATING CYCLE 


In selecting the feedwater heating system to be associated with 
this extremely efficient turbogenerator, the general policy was to 
search in all directions for the attainment of the best reasonably 
justifiable efficiency. Many items were envisioned such as 
grossly large steam and bleed lines and feedwater heaters and all 
water sealing of the main turbine shafts, which, for one reason or 
another, were patently unreasonable or undesirable. However, 
the challenge of this job was so great as to result in much creative 
thinking in the more conventional areas of the plant cycle. One 
in particular has just been discussed wherein it would be normal 
to return a shaft-seal discharge to the pump suction but in this 
case it was returned ahead of the last heater. Thus the amount 
of cool water used for shaft sealing did not completely bypass the 
heating cycle and thus create a thermodynamic loss. 

These decisions of vital importance were reached at the start 
of this design: 

1 Owing to the extreme importance of obtaining oxygen-free 
feedwater, a separate deaerating-type heater will be used. 

2 Owing to the large quantity of feedwater to be handled, two 
rows of feedwater heaters in parallel will be provided. One row 
will thus be a bypass for the other of about two thirds capacity. 
In this way many valves, much piping, and considerable compli- 
cation of controls will be eliminated. 

3 The boiler feed pumps also will be in pairs and will be 
arranged to comprise two rows with the feedwater heaters. A 
spare rotor will be provided for each pump but no spare pump 
and drive will be installed. This dual line of feedwater heaters 
and feed pumps has been incorporated in the design of the larger 
Philadelphia Electric Company units for a number of years with 
proved satisfactory results. 


In Fig. 16 there is shown in a simplified way how these heaters 
and pumps are installed in two independent systems. 

There are two interesting features in connection with the low- 
pressure portion of the heat cycle. Recent Philadelphia Electric 
plants have been designed with large air preheaters which cool the 
stack gases to the range of from 250 to 275 F. In order to protect 
the cold end of the preheater during periods of low outdoor tem- 
peratures, it has been necessary to install steam-tempering coils 
to preheat the incoming air to 100 or 125 F. The steam used for 
this purpose must be at a pressure which is higher than the air 
pressure at all loads in order to prevent leakage of air into the 
steam in case of coil failure. Cold reheat steam has been used 
for this service. At Eddystone this would have been at 250 psia. 
Steam used for this purpose results in a power reduction in the 
turbine-generator because of the loss of its potential work. By 
the use of a separate closed-circuit heat-transfer loop with its own 
circulating pump it is feasible to utilize subatmospheric steam for 
this purpose, thereby gaining the work obtainable by employing 
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a lower point of extraction. The water used for the closed circuit 
will be taken from the condensate-storage system. This scheme 
is shown in Fig. 17. 

At Eddystone this closed circuit has been applied to the first 
bleed-extraction point at approximately six pounds absolute. 
For simplicity in handling the bleed steam and the drains, an 
additional and distinct set of tubes has been incorporated in the 
first heater shell. Thus there is one set of tubes for the regular 
feedwater system and a second set for the closed-circuit air-tem- 
pering system. This results in quite a saving in steam and drain 
piping as well as the elimination of a possible troublesome drain- 
handling situation. 

As shown in Fig. 17, there is a temperature-actuated valve at 
the discharge of the circulator pump. As the outdoor tempera- 
ture changes, this valve will permit the rate of water flow to 
change so as to maintain an approximately constant air tempera- 
ture to the main air preheater. It will be noted that the maxi- 
mum temperature to which the circulating water is raised is not 
affected by outdoor-temperature variations, but rather by 
changes in load on the turbine. The amount of heat to be trans- 
ferred, however, is a function of the weather and it can be changed 
by varying the flow of the water in the circulating system. This 
method of air-temperature control should be more responsive to 
changing conditions than the earlier system of throttling the 
quantity of steam to the tempering coils or of bypassing the air. 

An innovation at the Eddystone Station, and one which can be 
traced in considerable degree to the creative thinking inspired by 
this project, is a scheme for utilization of the heat in the stack 
gases and the heat added by the induced-draft fans to raise the 
main feedwater temperature as shown in Fig. 17. The feedwater, 
after passing through the separate drain cooler serving the third 
heater, enters a low-level economizer where it extracts heat from 
the stack gases, thereby cooling them to approximately 200 F. 

The two schemes just described, when combined, result in a 
material gain in cycle efficiency. The heating effect on the feed- 
water is such that the entire second level of extraction is elimi- 
nated and the third level is substantially reduced. Thus the 
second feedwater heater can be omitted. In effect, when this 
scheme is coupled with the closed-circuit air-tempering system, 
the bleed which normally would be extracted at the second and 
third level is extracted at the lowest level. To anyone familiar 
with power-plant cycles this gain in turbine plant performance is 
obvious. 

Courage to attempt a 200-F stack-gas temperature in this way 
results from the following considerations: 


1 The low-level economizer will be installed downstream from 
the dust collectors in the gas circuit. 

2 The cold-end temperature of this economizer depends on 
turbine load, not on outdoor temperature. In other words, the 
temperature of the feedwater entering this economizer will be 
about 170 F. Thus at no peint will the gases come in contact 
with metal cooler than this value, and it is felt that this fact will 
be instrumental in prolonging the life of the tubes by eliminating 
extreme variations in the cold-end temperature. 

3 The low-level economizer operates at modest pressure and 
can be built readily into several sections which can be isolated or 
completely bypassed in case of trouble. 


Tue Over-Aut Piant Crcie 

The over-all plant cycle can be described best by referring to a 
much simplified diagram shown in Fig. 18. This figure shows the 
various components of the boiler in rectangular blocks to the left 
and the various components of the turbine represented by tri- 
angular blocks to the right. The pumps are circles. 

Starting at the condensate pump, the feedwater is pumped 
through heaters to the deaerator. From the deaerator the low- 
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pressure feedwater pump picks up the water and delivers it 
through the high-pressure feedwater heaters to the intermediate- 
pressure and high-pressure feedwater pumps. After leaving the 
high-pressure pump the feedwater passes through an excess- 
pressure control valve and a feedwater regulating valve. Be- 
tween the two valves a portion of the water is tapped for desuper- 
heater use. The excess-pressure valve is installed to provide a 
constant differential of about 30 psi across the feedwater valve. 
This will reduce substantially the amount of adjustment required 
of the feedwater control valve and of the desuperheater-spray 
control valves. 

After passing the feedwater valve the water enters first, the 
economizer, second, the waterwall portion of the boiler in the 
lower part of the furnace, and third, the transition section which 
is located in one of the zones of lower temperature. Steam leav- 
ing the transition section will be slightly superheated, being at a 
temperature of about 900 F. A temperature-measuring device 
at this point provides for feedwater flow regulation. 

Because there is no drum in the once-through boiler there is no 
level to use for feedwater control. Therefore the feedwater 
regulation is obtained by adjusting water flow to steam flow in a 
manner similar to that used in the conventional three-element 
feedwater regulator but with a bias control depending upon the 
temperature at the outlet of the transition section. This part of 
the boiler, therefore, acts as a calorimeter to proportion water flow 
to firing rate. 

From the transition section the steam passes through two super- 
heater zones, the first being radiant surface in the walls of the 
furnace, and the second being a finishing superheater made up of 
platens in the upper furnace cavity. The output temperature of 
each zone is separately controlled by desuperheater spray. 

Between the boiler and the turbine the steam passes through 
boiler stop valves. The primary function of these valves is asso- 
ciated with starting the boiler, but secondarily they are equipped 
with pressure and temperature-sensitive controls to close in the 
event of too low steam temperature or too low steam pressure, 
thus providing protection for the turbine. 


TRANSACTIONS OF THE ASME 


In starting a once-through boiler the scheme is to pump water 
through the system at the rate of about one third maximum flow. 
This is the minimum flow considered adequate for insuring suffi- 
cient circulation through all tubes in heated surfaces. The tur- 
bine, obviously, will not be in operation, so in order to make this 
possible, bypass valves are installed as shown. The valves dis- 
charge into a bypass separator. In starting, the one third flow is 
first established using the bypass and then the fire is lighted. As 
the temperature increases some of the water flashes in the separa- 
tor and is conveyed through the high and low-pressure turbine 
bypasses and the reheaters to the condenser by way of a con- 
denser-injection cooler. Thus the reheaters are prevented from 
overheating. The hot water which does not flash drains from the 
separator to the condenser. When a suitable temperature has 
been attained, there will be no drain and only steam will leave 
the separator. The stop valves may then be opened and the 
turbine started. As the turbine comes up in load, the pressures 
at various points in the turbine are increased. This automatically 
closes the various turbine bypass valves. In the event of tripping 
these bypass valves will open automatically. Thus a considerable 
measure of excess pressure protection will be provided and the 
burden on the safety valves will be greatly reduced. 

It will be noted from Fig. 18 that a bypass is installed from the 
outlet of the transition section directly to the condenser. Any 
water flowing in this circuit bypasses all superheater and reheater 
surface while providing cooling in the lower furnace. This device 
may be used during the start-up cycle to increase steam tempera- 
ture by altering the normal balance in the requirements of water 
heating and steam heating. It also can be used during hot starts 
when it would be dangerous to circulate water through hot super- 
heaters and main steam piping. 


Tue Prosiem or ConTROLS 


With the exception of the combustion control, the boiler manu- 
facturer, in this case, will supply all of the controls for the boiler. 
This being a once-through boiler this is important, because the 
control requirements are quite different from those used on a 
conventional drum-type boiler. These controls, their function, 
and their operation are described in the companion paper on the 
boiler (4). The combustion control, that is, the control of firing 
rate and fuel-air ratio, will be of the pneumatic-electric type. 

Although the combustion control will follow well-established 
principles and will be typical of such control, this job is receiving 
the benefit of extremely careful analysis. It is recognized that 
the once-through principle, the absence of a drum and its ac- 
cumulator effect, the very dense nature of the steam, and the fact 
that there is no latent heat to provide flywheel effect will probably 
impose additional and more severe requirements on the combus- 
tion control. As soon as data relative to these factors are more 
thoroughly analyzed and understood, it is proposed to perform a 
series of calculations on an analog computer which will be set up 
by the combustion-control manufacturer for the purpose. These 
results, when available, will be worthy of a paper. 

The turbine controls and supervisory instruments will be 
generally similar to those customarily used on a large cross- 
compound unit. They are described in the companion paper on 
the turbogenerator (5). 

All of the controls for the plant, including boiler, combustion, 
turbogenerator, auxiliary power, and outgoing transmission lines 
will be gathered together in a single air-conditioned control room. 
A plan of this room is shown in Fig. 19. Adjacent to the room are 
a rest room, a utility room including refrigerator, hot plate, 
and the like, and the supervisors’ offices. This control room is 
designed to fit the requirements of two units. Owing to the great 
numbers of control devices, indicators, gages, and recorders, it is 
proposed to use a bench board. In general, this has not been 
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favored by Philadelphia Electric practice, but, in this case, has 
been preferred to the very long vertical board which is the alter- 
nate. 


Prosiems AssociaTep CopEs AND OTHER JURISDICTIONS 

Although in all of the design of the Eddystone unit the attempt 
has been to conform to the letter of existing codes, particularly 
the ASME Boiler Code and the State Regulations, it is obvious 
to anyone considering the problem that there are some areas 
where it is impossible to do so exactly. In such areas the spirit of 
the Code has been followed, and with the very helpful co-opera- 
tion of the Chief of the Boiler Division of the Pennsylvania De- 
partment of Labor and Industry a basis has been developed for 
answering these variances. The main areas of concern have been 
the following: 


1 In a once-through boiler the pressure in the various zones 
of the boiler will be dependent upon their location in the flow 
path from the economizer to the superheater outlet. It is also 
recognized that excess tube-wall thickness is not desirable from 
the point of view of thermal gradients. Therefore it has been 
decided to select materials and dimensions corresponding to the 
pressure by zones. 

2 With different design pressures at the several zones, the 
hydrostatic test pressure cannot be made equal to one and one 
half times the design pressure on all zones. A test pressure of 
8000 psi has been agreed upon as being satisfactory, being slightly 
more than one and one half times the outlet pressure. For person- 
nel safety, it has further been agreed that the test pressure will 
be lowered to 1500 psi during internal leak inspection. 

3 Since there is no drum, all safety valves will be placed at 
the superheater outlet. They will be set approximately 5 per cent 
over the bypass-valve setting and will close above the pressure 
necessary to operate the bypass valves. The bypass valve will 
be set to open about 5 per cent over the turbine throttle pressure. 

4 Special material may be required in the finishing super- 
heater which is not a code material. Stress allowances to be used 
for this material will be determined in a manner similar to that 
used by the Boiler Code, after accumulation of data suitable for 
the purpose, and approval by the proper State authority. 


Tue Pvant Evecrric Systems 

The two generators of the cross-compound set will aggregate 
416,000 kva and will generate at 20,000 volts. They will be 
solidly connected electrically to each other and to two 200,000-kva 
step-up transformers with an output potential of 132,000 volts. 
The generators also will be connected to two auxiliary trans- 
formers rated at 16,000 kva each with output at 4000 volts. Fig. 
20 shows these connections by a simplified single line diagram 
representing the condition with two units installed. 

The two main step-up transformers on each unit will be con- 
nected to the 132,000-volt bus through one breaker. The 
132,000-volt bus for each unit will supply three outgoing lines 
and a 132,000/4000-volt station-service transformer. The two 
132,000-volt buses are tied together through a reactor. This is a 
very simple, clean-cut arrangement and will provide ample means 
for transmitting the great output of this unit to the load. 

The auxiliary power system is basically a 4000-volt system. 
One half of the auxiliaries are connected to one unit auxiliary 
power transformer and the other half to the other unit 
auxiliary power transformer. The station-service starting trans- 
formers provide emergency auxiliary power in the event of 
trouble on a unit auxiliary power transformer. 

The load normally served by the unit auxiliary power trans- 
formers is made up of the so-called essential auxiliaries, such as the 
circulating water pumps, the condensate and boiler feed pumps, 
the forced and induced-draft fans, the coal pulverizers, the fuel- 


1A TRANS. 
~-132-20KV 
200 MVA 


Fic. 20 Exvecrric Piant Sinaie-Line Diacram 


oil pumps, and the combustion control. In allocating specific 
motors between the two unit auxiliary power transformers, great 
care has been exercised to keep sets of motors together. For ex- 
ample, all the motors in one line of feedwater heaters are on one 
transformer, and half the fan or pulverizer motors serving each 
furnace of the boiler are on one transformer. 

The station-service transformers are the normal power source 
for the so-called nonessential auxiliary load such as coal unload- 
ing and transport equipment, make-up water pumps, fuel-oil 
transport pumps, elevators, and building lighting. 


MISCELLANEOUS ITEMS 


Thus far in the paper essentially all of the material which has 
been discussed has been involved with the unique problems asso- 
ciated with the size, the pressure, or the temperature of this unit. 
Although hardly any phase of the design of a unit as large as 
325,000 kw can rightly be called conventional, there are a num- 
ber of considerations in the more normal part of the plant which 
deserve some brief discussion. 

Plant Location and Site Problems. The plant is located on a 
100-acre tract of land with about 1400 ft frontage on the Dela- 
ware River in Eddystone Borough. Eddystone Borough is just 
to the east of the City of Chester and is somewhat to the west and 
south of Philadelphia. This site is about three miles from the 
end of and about 2000 ft from the extended center line of the 
principal instrument runway of the Philadelphia International 
Airport. This was the cause for some concern, but the local air- 
port authorities and the C.A.A. authorities have been very co- 
operative, and a final approval has been received to erect stacks 
249 ft above airport grade. In so far as the Eddystone grade will 
be one foot higher than the airport, this means the stacks will be 
248 ft high, somewhat less than 50 ft over the plant. 

The property is largely underlaid with river silt and in this way 
is similar to most of the Delaware shore line in this vicinity. How- 
ever, there is good rock about 50 ft below grade. This will per- 
mit the plant to be built on H-piles driven to refusal. The upriver 
or east property line borders a small creek. The creek will be 
used as part of the circulating water-discharge system. The 
property line along the creek inshore from the circulating water- 
discharge connection will be contained by a row of sheet piling 
tied back to dead men. The part of the property line on the creek 
from the circulating water-discharge connection to the river and 
the river front will be formed by a cellular-type bulkhead. Fig. 
21 is a plot plan of the site as it is expected to appear with two 
units installed. 
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The Building. An architect's conception of the plant is shown 
in Fig. 22., In the foreground are the offices, wash and locker 
rooms, shops, and water-conditioning buildings. To the right is 
the turbine plant. The turbine plant will be enclosed in hollow 
Speed-Tile and glass sash. In this case a return is being made to 
adjustable sash as a result of experience over several years with 
glass block. The operators have objected to not being able to see 
out where glass block has been used and ventilation is more 
readily obtained by sash. The boiler plant is to the left of the 
turbine plant. It will be enclosed, using for the most part, un- 
insulated corrugated-aluminum siding. This type material has 
been found to be quite satisfactory and reasonable in cost in 
recent plants where it has been used. The decision to enclose the 
boiler plant has resulted from an analysis of experience in building 
two semioutdoor boiler plants in the recent past. The evidence 
is that the cost of totally enclosing the boiler plant with uninsu- 
lated siding of this type will be offset by the cost of building and 
removing temporary enclosures required during construction, 
the cost of providing devices to prevent freezing, and the cost of 
nonproductive man-hours due to working outdoors. Further, a 
once-through boiler of the type being used has many undrainable 
tubes. Although most of these tubes are at the burner and hopper 
levels which would normally be enclosed under any circumstances 
and arrangements could be made to prevent the possibility of 


freezing of other parts during shutdown, this fact provided all the 
incentive needed to tip the balance in favor of an enclosed plant. 

Coal Delivery. The normal fuel for this station will be bitumi- 
nous coal. It will be received by rail. Thaw pits and a car 
dumper will be used. A system of conveyor belts, crushers, and 
trippers will deliver the coal to the bunkers or to a “live” storage 
pile. Enough coal can be retained in the live storage pile to oper- 
ate the two-unit plant at full load for three days. In so far as this 
storage is located over hoppers, it can be reclaimed by the plant 
crew without additional help or equipment. The total storage 
area on the property will be adequate for a coal reserve equivalent 
to 70 days’ operation. This will be made by moving coal from the 
live storage pile with carryalls and bulldozers. If and when this 
plant is enlarged to include more than two units, it will be neces- 
sary to provide for barge delivery of the coal and unloading from 
the river. The bulkheading is being designed to allow for such 
an arrangement but no coal-handling facilities for this purpose 
are being installed as of this time. 

The boiler will be provided with two bunkers, one on each side, 
with an aggregate capacity equivalent to 24 hr. Directly beneath 
each bunker will be the four pulverizers serving the furnace on 
that side of the boiler. With the two-furnace arrangement and 
tangential firing this works out very well and simplifies the fuel 
piping. It also opens up the front of the boiler toward the turbine 
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to provide space for the many main steam and hot and cold 
reheat lines. 

Ash-Handling System. The boiler will be provided with both 
centrifugal and electrostatic types of fly-ash collectors. This ma- 
terial will be transported from the collectors to receiver tanks 
which will be located a distance from the plant in an attempt to 
prevent dusting the plant and its equipment. 

Furnace-bottom slag will be accumulated in wet hoppers and 
the slag will be transported hydraulically. Fly ash and slag can 
be removed from the property either by rail or by barge. 


CoNCLUSION 


In concluding this paper it is fitting to close in somewhat the 
same manner as the opening and to reiterate that this is not a 
one-man or a one-company job. Co-operation on the part of all 
parties has been the keynote. This co-operation has been essen- 
tial and has been voluntarily and enthusiastically given. At this 
point, therefore, it is appropriate to express to all who have 
participated in this project and in the preparation of this paper a 
huge debt of gratitude. 
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Discussion 


G. B. Warren.** The writer wishes to compliment this group 
of authors on three outstanding papers describing in great detail 
a very significant development. More particularly, however, 
their associates and companies are to be congratulated in the 
way in which they have carried out this most difficult job with 
such great thoroughness and attention to detail. 

Perfection is made up and is the result of infinite attention in 
such a development to thousands of details each of which by 
itself might appear to be of minor importance or a trifle but each 
of which if not carried out to perfection would destroy the whole. 
It appears that in this case such attention has been paid to these 
thousands of details, and although it is quite probable that still 
other details which have yet been overlooked may cause trouble, 
these in turn will be taken in stride and corrected. 


3 Consulting Engineer, Turbine Division, Vice-President, General 
Electric Company, Schenectady, N. Y. Fellow ASME. 

4This discussion also applies to two companion papers on the 
Eddystone Plant, published elsewhere in this issue of the Transac- 
tions. 
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The writer is particularly impressed, of course, with the de- 
scription which the author has given of the co-operative direction 
which this job has had from the several engineering organizations 
responsible for it. 

This whole development is typical of the step-by-step progress 
made, first by one company and then by another, in this never- 
ending search for a better and more efficient means of producing 
power. This one is a major step as is the similar Philo unit of the 
American Gas and Electric Company described last year. 

As with the pioneers in the past—for example, in connection 
with the 1000 F temperature first installed at Atlantic City in 
1936 and the 2400 psi at Twin Branch in the same period, from 
which the industry stepped back for several years to somewhat 
lower temperatures and pressures while we were all consolidating 
our experience at these higher pressures, following which the 
whole industry as a result went forward—so here it will be wise 
if we do not follow too quickly on a general widespread basis with 
temperatures that require extensive use of austenitic materials, 

The power industry, probably more than all other industries, 
must never get too far away from the economics of the situation. 
Each 50 deg F increase in temperature in these plants is costing 
us more and gaining us less so that the point of diminishing re- 
turns inevitably will lie ahead. It will be a mistake to assume 
that the progress of the past 50 years, during which we have in- 
creased initial temperatures on the average of 12 deg F per year, 
will continue indefinitely into the future or even accelerate. 
These new high-temperature superalloys are very costly. 

This is particularly important in connection with initial tem- 
perature where resuperheat and particularly where double re- 
superheat is used, although, of course, at very high pressures the 
gain resulting from higher temperatures is appreciably greater 
than at lower pressures. In the case of resuperheat machines, 
irrespective of the pressure, the gain with increased initial tem- 
perature is only half as great as with a nonresuperheat machine 
and costs the same, and in the case of a double-resuperheat 
machine the gain from a given increment of initial temperature 
is only one third as great as with a nonresuperheat machine and 
again costs the same approximately. 

Another factor which we became painfully aware of during the 
Korea episode and which we must not lose sight of is that these 
special high-temperature alloys require the use of quite large 
amounts of scarce metals, which become particularly scarce and 
precious for such use in time of national emergency. We must 
not run the risk of a major national emergency jeopardizing the 
completion of any appreciable number of important power sta- 
tions. 

In connection with this whole project as described, the writer 
wishes to point out particularly the healthiness of the American 
form of competition as exemplified in this power industry. Some 
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time ago he tabulated some 100 major advances which had been 
made in the power industry and which had been made, in turn, 
by some 30 to 40 different utility companies participating and, 
of course, with many different manufacturing companies. Each 
of these operating companies and manufacturing companies is 
eager to take a step that will surpass the last one taken by his 
neighbor or competitor, and, in the case of the operating com- 
panies, this is true even though they are not, as a result of the 
inherent nature of the business, direct competitors for customers. 
The machinery builders, of course, have aided and abetted and 
it may be said have sometimes ‘‘egged on’’ the operating com- 
panies to take these progressive steps. As a result, a healthy 
competition has been engendered and this has made for progress. 

The writer realizes that this project probably will set a real 
new target that will be hard to beat, but he is sure that some of 
us in the power industry will “‘see their bet and raise them one.”’ 


F. F. Ross.* It is doubtful whether the conditions necessary 
for supercritical operation will differ much from those involved 
in the successful operation of Benson boilers at pressures of 2000 
to 2500 psi. Such boilers have given satisfactory performance in 
Germany for many years, and two important features have been 
the extraordinary lengths to which the designers went to eliminate 
and exclude oxygen from the system, and to provide tight con- 
densers. The writer visited Germany in 1951 but was unable to 
interest any utilities in a fluorescein technique for finding con- 
denser leaks. At one plant in Hamburg the consequences of a 
condenser leak would have been serious because there was no 
chemical treatment of the water at all; the only contaminant 
seemed to be a trace of carbon dioxide, bringing the pH down to 
about 6.5, and this plant had been operating without trouble for 
over six years. 

The new supercritical plant at the Huls Chemical Works has 
been mentioned. The old installation of natural-circulation 
boilers at this plant operated with up to 100 per cent make-up, 
prepared as follows: The raw water was passed through dolo- 
mitic limestone to remove silica and it was then softened in a 
base-exchange unit which put in two atoms of sodium for each 
atom of calcium removed; next, sulphur dioxide was added to 
react with the oxygen, and finally ammonia was added to neutral- 
ize the sulphuric acid so made. The boiler water was such a 
strong salt solution that the blowdown was controlled with 
hydrometers. This would not have been remarkable at low pres- 
sure, but the steam pressure in these boilers was 1800 psi, and 
they provided a good example of what becomes possible if the 
boiler is regarded as a chemical plant rather than as a piece of 
mechanical equipment. 


5 Department of Scientific and Industrial Research, Overseas Liai- 
son Division, Africa House, Kingsway, London, England. 
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The Eddystone Superpressure Unit 


By C. B. CAMPBELL,' C. C. FRANCK, SR..,’ anv J. C. SPAHR,*? PHILADELPHIA, PA. 


INTRODUCTION 


‘ , y HEN the Philadelphia Electric Company announced the 
premises under which its new Eddystone Station was 
projected, another milestone was reached in the de- 
velopment of the steam-power plant of the future. The step, 
taken after much study, is expected to provide a bench mark in 
thermal performance which may well stand unchallenged for some 
years to come. 

Turbine supply steam pressure was selected as 5000 psig, well 
above the “critical pressure barrier’’ and a new peak value for use 
in electric power generation. This pressure is slightly more than 
double the maximum in use domestically at this writing; it ex- 
ceeds that of other supercritical pressure plants now under de- 
velopment by 500 psi, and in most instances by 1500 psi. 

Starting with this pressure and any presently feasible initial 
steam temperature, reheat is essential in order to avoid excessive 
exhaust-stage moisture with undue blade erosion and impinge- 
ment losses. In this case, in fact, two stages of reheat became 
rather attractive from a thermodynamic standpoint, and were 
adopted. In passing through the cycle at Eddystone, steam will 
be reheated twice to 1050 F, corresponding turbine stage pressures 
at full load being 1133 and 283 psia. 

Limited but satisfactory experience now exists in operation 
with 1100 F steam temperature at the turbine stop valve. In 
accordance with past practice, it would no doubt have appeared 
logical to advance in this case to 1150 F. This temperature will, 


in fact, be maintained during shakedown operation. However, all 
components are being developed on the basis of 1200 F service 
thereafter. 

Needless to say, this factor has presented many problems, 


which we feel confident are being solved adequately. From the 
turbine standpoint, this confidence is based in large degree on the 
unique arrangement selected for the highest temperature turbine 
element, which renders it particularly appropriate to an extreme 
operating temperature. 


GeNERAL THERMAL CYCLE 


This turbine is rated at 325,000 kw and is designed for inlet 
steam conditions of 5015 psia at 1200 F, with two stages of reheat 
to 1050 F. It will exhaust at 1 in. Hg abs. Initially, nine stages 
of extraction feedheat were contemplated and corresponding ex- 
traction connections are provided in the turbine design. How- 
ever, only eight extraction stages actually are used, since a stack- 
gas cooler has been interposed. The system will heat feedwater 
regeneratively to 551 F at rated output, this temperature increas- 
ing to about 563 F at the discharge of the high pressure boiler 
feed pump. 


1 Chief Engineer, South Philadelphia Works, Westinghouse Electric 
Corporation, Steam Division, Lester Branch P.O. Fellow ASME. 

? Consulting Engineer, South Philadelphia Works, Westinghouse 
Electric Corporation, Steam Division, Lester Branch P. O. Fellow 
ASME. 

- § Manager, Large Turbine Engineering, South Philadelphia Works, 
Westinghouse Electric Corporation, Steam Division, Lester Branch 
P.O. Mem. ASME. 

Contributed by the Power Division and presented at the Annual 
Meeting, New York, N. Y., November 25-30, 1956, of Tae AMerican 
Society or MECHANICAL ENGINEERS. 

Norte: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those of 
the Society. Manuscript received at ASME Headquarters, Novem- 
ber 22, 1956. Paper No. 56—A-156. 


Fig. 1 shows the Eddystone Station heat balance for the maxi- 
mum steam flow of 2 million lb/hr at the turbine stop valves. 
Steam pressures and temperatures are shown for the various ex- 
traction points; i.e., cardinal pressure points, and their location 
relative to the individual elements of the turbine are indicated. 
This illustration shows all of the components of the turbine cycle 
normally in use. The main flow of steam from the turbine stop 
valves is, in series, through the superpressure (SP) and the very 
high pressure (VHP) elements, the first reheat stage, the high 
pressure (HP) turbine stages, the second reheat stage, and finally 
through the intermediate (IP) and low pressure (LP) turbines to 
the condenser. 


GENERAL ARRANGEMENT OF THE TURBINE 


Among the numerous problems imposed by the design premises, 
one has to do with the rather small volumetric steam flow at the 
turbine-inlet stage, and another is concerned with the relatively 
very large flow volume at the exhaust blade. In spite of the fact 
that 39 per cent of the admitted steam is extracted at intermediate 
points for feed heating, the ratio of the terminal volumetric flows 
is two thousand fold. Of course, there was no question but that 
the higher pressure elements should operate at 3600 rpm. How- 
ever, there was some question with regard to the optimum speed 
of the low pressure turbine. 

An 1800-rpm double flow low pressure element was chosen to 
reduce exhaust leaving losses to a minimum and to obtain opti- 
mum over-all station heat rate. The unit is therefore of the cross- 
compound type with 3600-rpm and 1800-rpm sections. Fig. 2 
shows a plan view of the combined unit. The smaller view in 
the lower portion of Fig. 2 represents the 3600-rpm section; the 
right-hand element is the SP turbine, and the second component in 
tandem is the VHP-HP turbine, combining, in one casing, the 
VHP and the HP stages for series steam flow. The upper view 
represents the 1800-rpm section, and consists of the IP turbine to 
the right, coupled to the LP elements in tandem. At rating, the 
high-speed section develops 45 per cent of the combined unit 
output. 

In the following description of detail turbine design, particular 
attention will be devoted to the 3600-rpm elements, for they in- 
volve most of the unique features dictated by the unusual condi- 
tions of service. 


SUPERPRESSURE ELEMENT 


Alternative constructions were studied for that portion of the 
turbine expanding steam from inlet pressure to the first reheat 
point; in other words, to approximately 25 per cent of initial 
steam pressure. The conclusion was to split this expansion be- 
tween two elements for the purpose of securing the smallest prac- 
tical element which would then be subjected to steam pressure or 
temperature beyond the limit of present operating experience. 
This decision aggravated the problem of shaft seals, for which a 
solution appeared available. Advantages include: 

(a) Greater latitude in selection of high-temperature alloys, 
some of which are not available in large sizes. 

(b) Permits the use of conventional casing design principles. 

(c) The rotor is relatively short and of small diameter, in- 
dividually located which makes it particularly favorable for the 
sustained control of leakage losses under all conditions of service. 

Fig. 3 is a longitudinal section of this SP turbine. Steam at 
5015 psia and 1200 F is supplied through four inlet lines, each 
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having its own stop and governing valve. Each of these inlets is 
connected to one of the four nozzle chambers which provide full 
circumferential admission to the first of a total of five impulse 
stages. The first stage only is velocity compounded. This type 
of stage is used in order to extract the maximum possible energy, 
thereby effecting a maximum reduction in steam temperature. 
In spite of this, the temperature encountered at the exit of the 
first stage is approximately 1120 F at maximum steam flow. 
From the final SP turbine stage, steam exhausts at 2500 psia at 
which point the temperature is 1000 F. 

The first stage of this turbine element is designed for operation 
with complete admission at all loads. Partial load operation with 
sectional valve control was considered, but it was found that the 
partial admission forces resulted in excessive deflection of the 
relatively light rotor, and blade shock loading was high enough to 
be of some concern. As a result, all governor valves will operate 
in unison. 

It will be noted, from Fig. 3, that the shape of the outer casing of 
the SP element approaches that of a sphere. It is a casting of 
ferritic steel (2'/, Cr, 1 Mo, !/, V) horizontally split and flanged, 
and is center line supported on the adjacent pedestals. In turn, 
it provides center-line support and key guidance for an inner cas- 
ing of cast austenitic steel, type 316, which contains the working 
steam until its pressure has been lowered to 2500 psi. The inner 
casing is also horizontally split and flanged, and supports the in- 
terstage diaphragms and the four 90-deg cast austenitic steel 
nozzle chambers, type 316, the latter through welded connection 
at their steam inlet necks. 

Two steam inlets are provided in both the inner and outer cas- 
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ing, covers and bases, with details as shown in Fig. 3, view (A). 
These pipes, which are of austenitic, type 316, alloy are connected 


to the outer casing through transition pieces and welds. Prolon- 
gations of the inlet pipes extend into the nozzle chambers through 
slip joints, which are sealed by stacked type sealing rings. This 
construction provides rings which are alternately fitted with very 
small clearance to the turn of the inlet pipe and the bore of the 
nozzle chamber. Thus relative motion of the component parts is 
provided in all directions, 

These pipe extensions are for some distance parallel and in close 
proximity to the outer casing, the transition piece and its welds. 
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In order to shield the latter from 1200 F inlet piping radiation, 
particularly in the zone where dissimilar metals are joined by 
welding, baffles are placed between the inner pipe and the outer- 
casing snout. They consist essentially of spirally surfaced cylin- 
ders surrounding the pipes, supplemented by orificed steam leak- 
offs from the casing end of the transition pieces and terminating 
in the VHP turbine. Consequently, SP turbine-exhaust steam at 
1000 F flows outward and then inward along the cylindrical baffle 
to the VHP unit, with an insignificant over-all loss in thermal 
availability while still providing adequate cooling. Further, to 
assure that radiation from the inlet portions of the inner casing 
will not cause excessive heating of stagnant steam and too high 
a temperature in the ferritic outer casing in this vicinity, an 
auxiliary exhaust pipe has been provided on both the outer casing 
cover and base at this end of the SP turbine element. These pipes 
connect back into the main exhaust pipes from the SP turbine 
element. Thus, the entire outer casing is bathed internally by 
exhaust steam. 

Consideration of the probable relatively large differential ex- 
pansion of rotors and casings, due to high operating temperature, 
along with the necessity of accurate control of leakage passages in 
view of the dense operating medium, indicated the desirability of 
providing individual longitudinal positioning bearings for each of 
the 3600-rpm rotors. The SP and VHP-HP rotors are therefore 
connected through a longitudinally elastic coupling, and each ro- 
tor has its own thrust bearing of Kingsbury type. 

Also, because of the high steam pressure and density involved, 
the problem of sealing the steam at the casing ends becomes very 
important. If sufficient conventional radial step type labyrinth 
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seals were applied to keep the leakage within reasonable limits, 
they would require an extremely long turbine rotor. Such a long 
rotor presents difficult forging and thermal expansion problems. 
These problems are reduced materially by the application of a 
nested type radial seal as shown in Fig. 3, view(B). By this means, 
a satisfactory number of individual throttlings can be obtained 
within reasonable axial spacing. This type of construction is 
used in the seal between the first stage and the outlet of the for- 
ward end of the inner casing, and again at both ends of the SP 
element from the exhaust pressure to the leakoff of the steam seal 
outer glands. These glands comprise a series of alternately 
stacked complete ring stationary and rotating members, each of 
which carries a number of ribbon type seal strips on its inter- 
spaced lands. Siemens Schuckert in Germany, with whom we 
have reciprocal technical relations, have used this construction 
successfully for some time at comparable leakage-steam tem- 
perature. 

No long time practical experience is available with respect to 
high speed rotors subjected to within 140 F of the first-stage 
operating temperature expected at Eddystone. This is perhaps 
the most important consideration which led to splitting off the 
SP element into one of small over-all dimensions. Perhaps a 
little feeling for the situaticn can be obtained from consideration 
that the SP rotor will weigh only about 3500 lb, while this element 
will produce 44,000 kw output. As a result, particularly of its 
small diameter rotor, operating stress levels will be quite con- 
servative for some of the well-known high-temperature alloy 
forgings. However, although the rotor has been reduced to a 
small component, for single piece construction, it requires an in- 
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got and rough forging which is well beyond prior experience in 
the production of these high-temperature alloys. 

At this writing, it is not possible to say definitely which of 
several alternate SP rotor alloys or constructions will first be 
proved adequate and accepted for use. 

Westinghouse Discaloy has been used extensively for gas- 
turbine and jet engine disk forgings of the diameter required 
here, but without the thickness (or body length) and without 
integral shaft ends. However, Bethlehem Steel Company has 
worked diligently on the matter and has produced single-piece 
Discaloy forgings of suitable dimensions which are, at this 
writing, under metallurgical processing and examination. 

Concurrently, Jessup Company in England undertook to sup- 
ply a single piece forging of GI8B. Here, also, the forging is large 
with respect to those which have been produced to date of this 
popular European gas-turbine alloy. The first Jessup Company 
forging for this job ws lost but a second is well along in manu- 
facture. 

Either of the foregoing alloys would be expected to provide a 
normal long life rotor. To assure that an operable rotor will be 
available, single piece forgings have been ordered of the following 
compositions: (1) A “souped-up’’ 12 per cent chrome, this is 
AISI type 422; and (2) a chrome-molybdenum-vanadium forging 
commonly used in steam-turbine rotors. This chrome-molyb- 
denum-vanadium forging will be produced by the “vacuum- 
poured” method. These are being provided purely as insurance 
against any possible delay resulting from an unexpectedly long 
period of development for the Discaloy or G18B forgings. Our 
present knowledge indicates these backup rotors would have a 
reasonable but limited service life under full temperature opera- 
tion. 

Further, a shaft and separate disk rotor of unique detail but 
assembled in conventional manner is being studied. It has not 
progressed to the point of discussion in this paper. Jt is our belief 
that this construction has great promise in that it provides for 
the ultimate in reduction of component forging size, and thus 
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permits use of optimum high temperature, high strength alloys. 
Satisfactory conelusion of such development is a most promising 
avenue for such further steam temperature elevation as the future 
may make desirable. 

It is our expectation that several of the foregoing rotor material 
and design programs will be brought to a satisfactory conclusion. 
In addition, we hope that service experience will be obtained on 
the more promising of the alternate rotors. 

Steam is supplied to the SP turbine through four main leads of 
5-in. ID by 10%/;-in. OD. Each lead is field welded to a special 
connector just ahead of the stop valves, which reduces the inlets 
to 4°/,-in. ID by 9°/,-in. OD. Each inlet is provided with a stop 
valve and a governing valve, close coupled as illustrated in Fig. 4. 
Each set of stop and governing valves is supported within a steel 
framework, or “sled,” which in turn is fixed rigidly to the turbine 
foundation. Initial adjustment of sled position is made with 
spacer blocks to provide for cold spring, such that at full load the 
leads connecting to the turbine are theoretically free of bending 
stress. 

The position of the governing valve is fixed completely within 
the sled. However, the stop valve is supported by flexplates 
which fix it vertically, but allow and control the direction of its 
thermal expansion in a horizontal plane with respect to the 
governing valve, This anchorage, shown in Fig. 4 view (A), al- 
lows the station main steam-inlet piping to be designed as 
economically as possible since practically full code piping stresses 
can be developed at the purchaser’s connections. 

The stop valve is provided with a rugged permanent strainer. 
The valve is designed also with provision for a temporary strainer 
to be used only in the preliminary operating stages. The details of 
this strainer are shown in Fig. 4 view(B). The temporary strainer 
uses the laminar flow principle and will prevent foreign particles 
of 0.040 in. or greater from entering the machine. 

Details of valve construction are shown in Fig. 4 view (C). 
Each valve has special antivibration and antispin features. Valve 
stems back seut in the full open position against their inner-guide 
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bushings, thus permitting use of larger than normal clearance be- 
tween stem and bushing. Valve-body closure is effected by a 
combination of threaded plug and pressure sealing devices, with 
reduced pressure steam leakoff. Thus, the flange cover and its 
bolting become relatively light, the valve is rendered quite easily 
accessible, and the body is relieved of a massive flange projection, 
which is desirable from forging and thermal standpoints. Each 
valve body is a closed die forging, of type 316 alley, and of as high 
order of symmetry as is possible. 

The servomotors for operating both the stop valve and governor 
valve are shown in Fig. 4 view (D). It is to be noted that each 
servomotor is attached directly to the bonnet of the valve, so as 
to lock-in the forces required to move the valve. This eliminates 
operating bending moments on the joint between the valve body 
and bonnet leaving only the direct forces due to internal pressure 
and servomotor operating loads on the valve stem. 

Fig. 5 is a perspective view of the steam inlet piping from 
the governor valves to the four turbine casing connections, two 
in the cover and two in the base. Flexibility is provided individ- 
ually by loops for the thermal expansion between the fixed govern- 
ing valves and the turbine casing. One pair of bolted flanges with 
flexitalic gasket is provided in each inlet line; those in connec- 
tions to the cover are required to permit dismantling the unit for 
inspection; those in connections to the base are for the purpose 
of reducing the number of field welds in heavy austenitic piping. 
These pipes are of type 316 alloy, forged and bored. 

The turbine control system provides means for testing any pair 
of stop and governing valves at any time during normal opera- 
tion. An essential feature for such individual valve “exercising” 
is shown in Fig. 5. It will be noted that the pair of inlets on 
each side of the turbine serve nozzle-chamber quadrants which are 
diametrically opposite with respect to the axis of turbine rotation. 
Attention is called also to the fact that there is an equalizer pipe 
connection between the pair of inlet lines leading from the control 
valves on each side of the turbine. When any one governing 
valve and/or the companion stop valve is closed, its nozzle 
chamber nevertheless will receive substantially normal steam flow 
and pressure through the equalizer. Excessive shaft deflection 
and blade stress which would result from a partially admitted 
first stage wheel are thereby avoided. It is of course essential 
that proper procedure be followed in closing valves. An auto- 
matic trip is provided as a safeguard against maloperation. 

Regarding alloy selection for SP turbine construction, Type 316 
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Cr-Ni-Mo steel has been used for all components in contact with 
substantially initial steam temperature or pressure. It is worth 
noting, however, that new metallurgical specifications have been 
prepared for this basic alloy, whereby components are made sub- 
ject to unique searching inspection before application. In addi- 
tion to the normal chemical and physical-property tests, deter- 
minations will be made of hot ductility and creep rupture values, 
and of grain size, and soundness will be determined by dye pene- 
trant and ultrasonic testing. It has been our aim to take every 
feasible precaution to insure the long life dependability of these 
high temperature components, commensurate with that of the 
more orthodox elements of the complete machine. 


Very Hic Pressure-Hicu PressuRE CoMPONENT 


The next main turbine component in series is that designated 
as VHP-HP illustrated in Fig. 6. This unit in reality houses two 
complete and independent elements. At maximum flow, SP ex- 
haust into the VHP element is at about 2500 psiaand 1000 F. In 
turn, the VHP stages exhaust to the first reheater at 1133 psia and 
790 F. Incidentally, this is also the point at which steam is ex- 
tracted to supply the 9th or top regenerative feedwater heater, 
and also the turbine which drives the high pressure boiler feed 
pump. Steam returning from the first reheater at 8 per cent re- 
duced pressure but at 1050 F, then expands through the HP 
turbine stages to the second reheater system, at maximum flow 
pressure of 283 psia. 

Referring to Fig. 6, the VHP element is located in the center of 
the turbine; steam flow is away from the SP unit and its thrust is 
completely balanced by a labyrinth piston. This casing is con- 
structed of 2'/, Cr, 1 Mo, '/, V, and in addition to housing the 
VHP element, it also includes the first portion of the HP element. 
The HP element is split to provide opposed direction series flow 
through turbine stages located at each end of the combined unit. 
One purpose of splitting the HP flow path is to obtain self balanc- 
ing in so far as thrust is concerned; further, it provides steam 
flow at intermediate pressure and temperature between the inner 
and outer casings to absorb inlet packing leakage and perform a 
mass flow cooling function for the outer casing which is con- 
structed of 1 Cr, !/2 Mo material. 

The method of providing for steam admission into the VHP 
element is shown in Fig. 6 view (A). Steam leakage from the 
VHP turbine inlet packing seals enters the intermediate zone of 
the HP turbine. Steam is exhausted from the VHP element 
through four pipes, sealed by slip joints provided between the 
inner and outer casings. Details of this construction are shown 
in Fig. 6 view (B). 

Steam returns from the first reheater through two 16-in. leads, 
each of which is equipped with a stop valve. These leads are then 
split to supply four 10-in. interceptor valves which are located on 
the turbine casing. The inlet features and a section through the 
conventional interceptor valves are shown in Fig. 6 view (C). 
The interceptor valves are provided with back seating valve 
stems to shut off leakage steam when the valve is in the normal 
operating position; i.e., wide open. These valves are operated by 
servomotors which are located on the turbine pedestal. 

One of the critical features of design of the HP element is the 
rotor carrying the blades which take the reheated steam. Blade 
loading, accompanied by the high temperature level, has been 
given careful consideration with regard to the rotor material for 
satisfactory operation under such conditions. Fig. 6 view (D) 
shows the construction of the rotor at this particular point. It 
will be noted that the blade fastenings for the first four rotating 
rows are of the side entry type which eliminates, to the greatest 
extent, load concentrations at any particular point on the rotor. 
The maximum steam temperature at the exit of these four stages 
is 935 F where standard blade grooves are entirely adequate. 
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Tlic. 7 Sream Pipinc—VHP-HP Tursine Component 


Fig. 7 shows a perspective view of the VHP-HP turbine and its 
associated piping. This is presented to illustrate the complexity 
of the piping problem to the power plant and turbine designers. 
This emphasizes the necessity for close co-operation in sizing, 
locating, and providing the necessary flexibility for a satisfactory 
installation. 

The design complexity of this turbine is further emphasized by 
the fact that the two 8*/,-in-ID inlet pipes to the VHP, the four 
12-in. nominal cold-reheat pipes, the four 10-in. nominal hot- 
reheat pipes and the extraction line to the 8th or next to top feed- 
water heater are connected to the inner casing through slip 
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Section—VHP-HP Tursine Component 


joints. To complicate the outer-casing design provision must be 
made for an additional extraction point which supplies steam 
to the 7th feedwater heater, and two 24-in. pipes to the second re- 


heater. Steam from this point is also utilized in the 6th 
feedwater heater. Thus, there are fourteen major steam pipe 
connections to the VHP-HP turbine casing not to mention the 
usual drain lines, gland-leakoff lines and sealing steam connections. 

Referring to Fig. 7, it will be noted that the hot reheat steam 
line is anchored by a “sled arrangement’’ using the same princi- 
ples of anchorage design previously described for the SP turbine. 


INTERMEDIATE PrREssURE ELEMENT 


Steam from the second reheater returns to the IP turbine, which 
in connection with the LP turbine, comprises the 1800-rpm shaft. 

A longitudinal section through the IP turbine element is shown 
in Fig. 8. The double flow design principle is used with steam 
admission at the center of the casing. This construction results 
in the most advantageous arrangement from considerations of 
the rotor forging and of the casing structure. The rotor is of the 
built-up type with the center core of the rotor forging of a material 
suitable for operation at the elevated temperatures encountered. 
The double-flow feature permits the use of a relatively small- 
diameter rotor lending itself to a practical forging of the chrome- 
moly-vanadium material required. While the stresses in this 
rotor are within conservative limits, rotor cooling in this critical 
area is applied. Steam for the No. 5 heater is taken from a zone 
in the IP turbine element where the stage pressure is 110 psia and 
the temperature 830 F. This particular zone is at the end of the 
group of blading carried by the solid core of the turbine-rotor 
forging. Since the temperature at this zone is reduced to a value 
which permits the use of drum type disks, the remainder of the 
blading is carried by two disks of nickel-chrome-molybdenum ma- 
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Fic. 8 Loneirupinat Section—IP Tursine ELEMENT 


terial, shrunk and keyed onto both ends of the center core shaft. 
This construction permits a turbine rotor of high temperature 
alloy material to carry the blading in the high temperature region 
and at the same time, permits the installation of the longer ex- 
haust pressure stages on separate disks of high tensile strength. 

The construction of the IP turbine element provides separate 
nozzle chambers to prevent the 1050 F steam from contacting the 
turbine outer casing. These nozzle chambers are constructed of 
2'/, Cr, 1 Mo, !/, V material. The steam inlet features from the 
interceptor valves to this separate nozzle chamber are shown in 
Fig. 8 view (A). The general arrangement of the connecting 
pipe and the slip joint is similar to those previously discussed. 

As an added design feature, provisions have been made for 
cooling the spindle in the vicinity of steam admission. Fig. 8 view 
(B) shows the manner in which steam from the exhaust of the HP 
turbine element at a temperature of 710 F is brought through the 
IP turbine inner casing and nozzle chambers, and admitted so 
that it can flow through the space beneath the nozzle chamber and 
outwardly to the working parts of the turbine. 

The design also provides for mass flow cooling of the inner cas- 
ing which is of 2'/, Cr, 1 Mo, '/, V material. This is accomplished 
by placing a single extraction opening for the 5th heater at one 
end of the pressure zone terminating with the IP turbine inner 
casing. By observing Fig. 8 view (C), it can be noted that extrac- 
tion steam from one end of the double flow inner casing will be 
caused to sweep back across the inner shell and accomplish the 
desired result. 

Steam from the IP turbine element is exhausted through four 
34-in-diam openings, two of which are located at the governor 
end of the IP turbine and two of which are located at the gen- 
erator end of the IP turbine. This particular zone, which is at a 
pressure of 55 psia and a temperature of 665 F provides the steam 
for the No. 4 heater which is of the deaerating type. Steam is ex- 
tracted from both ends of the IP turbine exhaust through an 
equalizer pipe so as to balance the flow and pressure at this zone. 


Fig. 9 illustrates the turbine hot reheat inlet piping. In the 
previous steam-inlet systems where the anchor point is at the 
customer’s connection, adequate flexibility is obtained with 
reasonable pipe configurations. However, when anchoring this 
pipe system at the same location, the size of pipe involved at this 
point made it impractical to follow conventional practice to ob- 
tain the desired flexibility in these particular pipes. 

The steam is returned to the IP element at a pressure of 251 
psia and a temperature of 1050 F, through four 20-in. pipes. The 
high order of expansion of the steam inlet pipes necessitates the 
use of some form of expansion joint. The “toroidal” type ex- 
pansion joint was selected since this type of joint has proved 
effective at the pressure and temperature levels involved. 

The inlet steam passes through four reheat stop valves and into 
the turbine through four interceptor valves mounted on the tur- 
bine base and cover. The interceptor valves are similar to those 
shown in connection with the VHP-HP turbine component and 
illustrated in Fig. 6 view (C). Here again the interceptor valves 
are operated by servomotors located on the turbine governor end 
pedestal. 


Low PRessuRE ELEMENT 


The LP element is designed for high capability and good 
vacuum conditions which require that large exhaust annuli be 
provided to reduce the leaving losses to a minimum. The large 
physical size of the last row of blades, if applied in the conven- 
tional double exhaust arrangement, would result in a composite 
LP turbine rotor which would be either beyond or tax the ca- 
pacity of conventional crane handling equipmnt, both at the 
manufacturing facility and in the power plant. In addition, the 
physical size and great weight would make handling during ship- 
ment a difficult problem. In order to reduce this weight, the LP 
turbine element is divided into two separate individual sections. 
The general arrangement of the LP element, its physical relation 
to the IP element and interconnecting piping is shown in Fig. 10. 
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Fig. 10 1800-RPM Tursine ARRANGEMENT 


This general arrangement of the LP turbine elements resulted 
from a study which indicated that rather insurmountable problems 
associated with foundation and condenser design would become 
inevitable with any other previously used turbine arrangements. 
Fig. 11 shows a longitudinal section through the two parts of the 
LP element as they actually are positioned. The separated sec- 
tions are placed with exhaust ends adjoining in order that the 
steam may flow into a condenser with a single inlet opening. 
This arrangement would present a very difficult design problem 
relative to the length of the longitudinal supporting members of 
the foundation, if it were not for the transverse beam section of 
the foundation which has been provided under the common 
pedestal between the two LP ends. This arrangement, along 
with the natural requirements of the condenser, forms a reasonable 
solution to the problem which exists. The condenser is arranged 
with two tube bundles and the center steam lane between the 
bundles assures satisfactory steam distribution throughout the 
condenser tubes. This permits the use of two water boxes ex- 
ternal to the condenser shell and in the resultant space between 
the water boxes, a vertical column may be located. These vertical 
columns, one on either side of the turbine, support the transverse 


member under the turbine and by this support the span of the 
longitudinal beams is reduced to practical limits. 

Steam from the exhaust of the IP turbine enters the LP ele- 
ments through connections which are located in the cylinder 
covers. The LP elements are provided with two extraction 
points for feedwater heating. The first point, which is at a pres- 
sure of 25 psia and a temperature of 500 F, furnishes steam for the 
No. 3 heater. It should be noted that the No. 2 heater does not 
receive extraction steam from the turbine but is fed by a stack-gas 
heat exchanger. Provision is made, however, for a connection to 
the No, 2 heater extraction zone. The lowest pressure extraction 
zone provides steam at 5.7 psia at a temperature of 245 F. A part 
of this steam is utilized in the No. 1 heater. In addition, steam 
from this zone is utilized for air preheating purposes. 

The rotors are of the built-up type utilizing profiled disks and 
drum type disks which are shrunk and keyed to the center core 
shaft. The transverse beam between the two LP turbine ex- 
hausts provides a substantial support for the bearings of the two 
rotors. The connecting shaft between the two LP rotors is pro- 
vided with a means for balancing. 


SreaM-Seat GLaNps 

During the preliminary considerations for this unit, it was 
planned to utilize water sealed glands at all low-temperature 
gland seals. Further considerations of the starting-cycle require- 
ments and the exacting requirements for feedwater purity led to 
a review of the original approach. 

It was decided ultimately to extend the conventional practice 
of employing steam sealed glands at all high-temperature gland 
seals to include all glands on the unit. 

As is our practice, when exhaust end glands operating at low 
temperature are included in the gland steam seal system, a sup- 
ply steam desuperheater is furnished. A gland steam condenser 
and steam seal regulator are provided to maintain the proper 
pressure balance of the system. 


TuRBINE-CONTROL SYsTEM 
Preliminary studies which established the demands on the con- 
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trol system indicated that here also a new approach to the design 
must be made to insure proper operation, control, and rate of re- 
sponse of the contro] elements of the unit. Conventional operat- 
ing oil pressure units were entirely inadequate to maintain 
reasonable proportions of servomotors and would result in motive- 
oil requirements beyond the capacity of existing systems. A 
main operating oil pump pressure of 300 psi was selected, making 
available sufficient differential operating oil pressure to permit 
use of servomotors of less than one half the physical size which 
would be required if existing design pressure levels were applied. 

A review of the various illustrations of piping at the main inlet 
and reheat points shows that all steam control and stop valves 
and their servomotors are located above the ficor line. All inter- 
ceptor valve servomotors are located on pedestals which elimi- 
nates external piping to these mechanisms. Because of the size 
of servomotors used, the piping to those located at the control and 
stop valves is reduced greatly in size and cen be grouped and iso- 
lated from high temperature parts. Likewise, all servomotors will 
be isolated by steel jackets. 

Provisions are made periodically to check the operation of all 
stop, interceptor, and governing valves while the unit is carrying 
load. All “exercising’’ of these valves is accomplished from a 
central control panel. The operating position and functioning 
of these valves is traced and indicated by mechanical indicators 
and lights located on this panel. Safety in operation has been 
built into the control center which allows the operator to close 
only one stop valve and its companion steam flow control valve, 
one at a time, while all other valves are maintaining their normal 
operating functions. 

A full complement of Turbo-Graf supervisory instruments is 
provided. These instruments are of latest design and permit 
calibrations and testing while the unit is in operation. These in- 
struments are designed both to indicate and record the charac- 
teristic operation of the urit. The instruments are provided with 
connections for both alarm and trip circuits. These instruments 
will give: 

(a) Characteristic casing expansions. 

(6) Bolt and casing differential temperature. 

(c) Rotor eccentricity. 

(d) Rotor vibrations. 

(e) Rotor position. 

(f) Differential expansion between stationary and rotating 
parts. 

(g) Rotor thrust. 


The successful operation of the unit, in conjunction with the 
boiler bypass system, will depend to a large extent on the data 
given by these instruments. In addition to the supervisory in- 
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struments, we are providing temperature pickups at critical points 
to permit the operator to take full advantage of the inherent flexi- 
bility in the steam generator in being able to match steam tem- 
peratures to metal temperatures when starting and shutting 
down the unit. 


Cyc ie-ConTRoL SysTeM 


Designing for such advanced steam conditions has presented 
numerous engineering problems, not the least of which is the de- 
sign of a suitable control system. New and additional duties are 
placed on the control system by a boiler bypass system arranged 
to provide desired characteristics in cold starting, to permit hot 
quick restart of the steam generator unit, and to provide pro- 
tection of the unit under abnormal operating situations. 

A review of the steam flow cycle, Fig. 12, shows that steam from 
the Combustion Engineering-Sulzer monotube steam generator 
has two routes to follow in reaching the condenser. When start- 
ing cold, circulation through the boiler is established by the boiler 
feed pumps. This water must bypass the turbine and be returned 
to the condensate system. Likewise, until uniform steaming at 
normal conditions is established, a bypass for the steam must be 
provided around the turbine through the reheaters and to the 
condenser. 

Water in the bypass system is discharged from the bypass 
separator through the water discharge valve to the condenser. 
Steam bypasses the turbine, (1) through the bypass separator; 
(2) through the high pressure reheater; (3) through the low pres- 
sure reheater; then to the condenser injection cooler and finally 
to the condenser. Steam flow through the bypass system is con- 
trolled by the automatic stop valve in the main header, the auto- 
matic superpressure bypass valve at the main header, the bypass 
valve at the high pressure hot reheat line and the bypass valve 
at the low-pressure hot-reheat line. Check valves in the cold re- 
heat lines and stop valves and interceptor valves in the hot reheat 
lines control steam flow from the bypass system to the turbine. 

The primary function of the automatic steam-generator stop 
valves is their use during the startup period when water is 
pumped through the steam generator and superheater, and 
through the bypass system to the condenser, At this time, the 
valves are closed and protect the turbine. When steam from the 
superheater is at the proper condition of temperature and pres- 
sure, the automatic control normally will open the valves, This 
opening can be prevented or limited to any desired amount by 
remote control. In this way, they can be cracked open just suf- 
ficiently to preheat the main steam leads and then permitted to 
open as desired to bring the turbine into service. Under the in- 
fluence of the automatic control, the valve will close automatically 
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if pressure or temperature should fall below the set values. The 
stop valves are open completely during normal operation. 

During operation, the superpressure bypass valves act as a 
safety device protecting the steam generator and the turbine 
against high pressure or temperature. If the steam pressure in 
the main header rises 5 per cent above normal, the bypass valve 
will open. The valve is closed at any pressure below 105 per cent 
of normal. In this manner, the bypass valve performs a function 
which is normally the duty of the power relief valve. 

Protection for the turbine against excess temperature is de- 
sired. The superpressure bypass valve is arranged to open 


automatically at a preset margin above normal temperature. 
Opening of the bypass valve increases the steam flow and reduces 
the superheater outlet steam temperature. As soon as normal 
temperature conditions are re-established, the superpressure by- 
pass valve will close automatically. 

The high pressure reheater bypass valve permits steam flow 
through the high pressure reheater during startups and in case of 
emergency trip-out of the turbine-generator unit. The valve 
opens when the pressure in the reheater rises 5 per cent above 
normal, in response to an impulse from a pressure transmitter. 
The pressure setting of the transmitter is adjusted continuously 
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with load in accordance with steam pressure in the turbine. When 
the pressure is reduced below the set value, the bypass valve will 
close. During startup, it is expected that the set pressure of the 
bypass valve will correspond to the pressure in the turbine when 
passing 30 per cent flow. Uniform steaming conditions will be 
established in the steam generator with the pressure at the first 
and second reheater at the 30 per cent flow pressure levels. 

The low pressure bypass valve permits steam flow through the 
second reheater during startup and in the event of a turbine- 
generator trip-out. This bypass valve also opens when the re- 
heater pressure rises 5 per cent above normal pressure. As in the 
case of the high pressure bypass valve, the set pressure is ad- 
justed continuously with load and likewise has a minimum pres- 
sure setting corresponding to a 30 per cent turbine flow level. 

The reheater bypass valves are designed to pass 30 per cent of 
the maximum steam generator flow at the 30 per cent flow pres- 
sure levels in the reheater sections. 


StTaRTING PROCEDURE 


On startup, water circulation will be established at the 30 per 
cent rate, with the flow passing (1) through the steam generator, 
(2) to the superpressure-bypass valve, then, to the bypass water 
separator and finally, to the condenser. As the tiring rate is in- 
creased, steam flashing will take place in the bypass water separa- 
tor in increasing quantities. The steam from the bypass water 
separator will flow through the reheaters, then to the injection 
cooler and finally, to the condenser. At the same time, water 
from the bypass water separator will flow through the drain 
controller to the condenser. As the steam flow increases, the quan- 
tity of water decreases until, at stabilized steaming conditions in 
the steam generator, the entire 30 per cent flow will be steam 
passing through the bypass system. We are then ready to admit 
steam to the turbine. 

On conventional reheat units, all flow to the turbine, at the 
main inlet or from the reheater, first enters the turbine elements 
through the main inlet control valves. However, this is not the 

_ case On a superpressure unit with a bypass system as described. 
A review of the system diagram shows that when transferring 
steam flow from the bypass system to the turbine, flow to the 
turbine must be controlled at the main steam inlet, from the first 
reheat inlet and from the second reheat inlet. The interceptor 
valves must act as control valves until the entire bypass flow is 
transferred to the turbine. On starting, the interceptor valves 
and the main control valves will be under the control of the load- 
limit valve. The controls will be arranged so that the flow to the 
turbine will increase at the same rate from all three sources. 

When starting the turbine, there will be a parallel flow of by- 
pass steam to the condenser. As flow to the turbine increases, the 
flow through the bypass system decreases until the entire bypass 
flow has been transferred. At this time, the main control valves 
are in their 30 per cent flow position, the interceptor valves are in 
the wide-open position as far as flow is concerned, and the flow- 
control valves in the bypass system are closed. 

It was stated previously that the high pressure and low pres- 
sure reheater bypass valves hold a constant pressure corresponding 
to 30 per cent flow through the turbine when the bypass system is 
in operation. It also has been stated that the bypass valves open 
when the pressure in the bypass system exceeds the set pressure 
and they will close when the pressure in the bypass system is less 
than the set pressure. As the interceptor valves are opened along 
with the main inlet control valves to admit more steam to the tur- 
bine, the pressure in the bypass system will start to drop. This 
drop in pressure will cause the bypass valves to move in the clos- 
ing direction to maintain the pressure at the 30 per cent flow 
level. As a result, the bypass valves will close as the interceptor 
and main inlet control valves open. Therefore, the steam flow is 
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transferred to the turbine at a constant pressure ahead of the 
interceptor valves corresponding to a 30 per cent flow level in the 
turbine. 


LoapING PRocEDURE 


With the turbine unit now carrying load corresponding to 30 
per cent steam flow, the interceptor valves are no longer throttling 
steam flow and the pressures in the turbine at the reheat chambers 
are the same as in the reheaters less the line drop. As the load on 
the turbine generator unit is increased, the pressure in the re- 
heater systems will increase in proportion to the flow through the 
turbine as in any conventional reheat unit in operation today. 


ABNORMAL OPERATING INCIDENTS 


The bypass system provides protection to the unit during ab- 
normal operating situations. On sudden loss of load, for example, 
the turbine main inlet control valves and interceptor valves will 
close and the main and reheater bypass valves will open. Pres- 
sures in the turbine will drop, automatically adjusting the set 
pressures of the high and low pressure bypass valves to the 30 
per cent value. Closing the main inlet control valves will cause 
the main inlet pressure ahead of these valves to rise. The super- 
pressure bypass valves will open thus starting steam flow through 
the bypass system. This steam is at full inlet temperature and 
must be desuperheated before entering the bypass water separator 
and the reheaters. A water injection valve controlling spray- 
water injection ahead of the bypass separator is regulated auto- 
matically by the impulse from the thermostat so that the tem- 
perature of the steam entering the bypass separator will be 
limited to the normal full load temperature of the turbine exhaust 
steam to the first reheater. If, for any reason, the temperature of 
the steam rises to a predetermined amount above the normal 
maximum, the superpressure-bypass valve will close. If these 
valves are closed under the emergency conditions of operation, 
the safety valves take over the protection of the steam generator 
against excess pressure. A check valve in the cold reheat line 
prevents a back flow of steam to the turbine. 

On closing the interceptor valves, the high pressure bypass 
valve will open allowing steam flow to the second reheater. There 
is also a temperature controller at the discharge from this bypass 
valve, controlling spray-water injection to limit the temperature 
of the steam to the normal full load temperature of the turbine 
exhaust to the second reheater. A check valve also is provided 
at the second cold-reheat line to prevent a back flow to the tur- 
bine. 

The low pressure bypass valve also opens on closing of the in- 
terceptor valves allowing steam flow to the injection cooler and 
then to the condenser. Depending on the amount of load loss, 
the pressures in the second reheater could be as high as the relief 
valve setting. If this were the case, opening the low pressure by- 
pass valve to the wide open position would result in overloading 
the injection cooler and the condenser. However, the pressure 
transmitter located at the injection cooler inlet will limit the open- 
ing of the bypass valve to maintain the 45 psia design pressure at 
the injection cooler inlet. As the pressure in the reheater decays 
to the 30 per cent flow level, the pressure transmitter will permit 
the bypass valve to continue to open to maintain the 45 psia 
pressure. 


GenERATOR (3600 RPM) 


The SP element is connected in tandem, with the VHP-HP 
component as shown in Fig. 2 to drive the 3600-rpm generator 
which is rated 184,320 kva at 0.85 power factor with a hydrogen 
pressure of 45 psig. This 3600-rpm generator, as shown in Fig. 13, 
is of the inner-cooled (“‘conductor-cooled’’) type. As a result of 
the reduction in machine dimensions made possible by the very 
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Fie. 13. LonerrupinaL Sectrion—3600-RPM GENERATOR 


effective ventilation of the inner-cooled generator, the rotor- 
forging diameter for this unit is only 37 in. This forging can be 
manufactured with greater ease and with greater assurance of 
uniformity than would be possible with a larger diameter. The 
design is basically more conservative because the mechanical 
stresses are lower. 

Because of the lighter weight of the inner-cooled design, the 
generator may be shipped completely assembled. 

Circulation of the cooling medium is accomplished by means of 
a four stage axial-flow compressor located on the shaft at the tur- 
bine end of the generator. 

Generators of this type have been in service for approximately 
2'/. years and have an excellent operating record. 

The inner-cooled design makes possible an increase in the 
maximum kilowatt rating available to the industry, with at- 
tendant economic advantages in initial and operating costs 
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GENERATOR ELement (1800 RPM) 

The IP turbine is connected in tandem with the double-flow 
LP turbine as shown in Fig. 2 to drive the 1800-rpm generator 
which is rated 231,680 kva at 0.85 power factor with a hydrogen 
pressure of 45 psig. This generator, which is shown in Fig. 14, is 
the first inner-cooled type of machine to be designed for a speed of 
1800 rpm. By the use of this design, it is possible to reduce the 
over-all diameter of the rotor forging to 55 in. A three piece 
rotor is being used with a hollow cylindrical center section which 
may be forged on a mandrel under the most advantageous condi- 
tions and lends itself to checking for metallurgical soundness. 

Circulation of the cooling medium is accomplished by means 
of a five stage axial-flow compressor located on the shaft at the 
turbine end of the generator. 

The hydrogen seals of both units are of the double flow type. 
The main bearing oil drains of both generators have a loop seal 


1800-RPM GENERATOR 
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and vapor extractor arrangement to prevent hydrogen from en- 
tering the turbine oil drains and reservoir. 


SurFace ConDENSER 


The unit will be served by a 150,000-sq-ft surface condenser, 
Figs. 15 and 16, designed to condense 1,288,000 Ib of steam per hr 
and maintain a vacuum of | in. Hg abs with 200,000 gpm of 58 F 
river water passing through the tubes. Tubes of */,-in. 18-BWG 
Admiralty metal are used, having a total length of 30 ft. The 
water boxes of the condenser are divided, but the twin-tube 
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bundles are arranged in a single shell which is common to the two 
low pressure turbine exhaust casings. 

Various precautions are being taken to prevent tube failure 
and resultant leakage of circulating water into the steam space of 
the condenser. The nine tube support plates are properly spaced 
to avoid tube vibration in resonance with the running speed of the 
turbine. The various drain, vent, and steam dump inlets into the 
condenser are baffled to prevent direct impingement of steam or 
water on the tubes. The entire water side of the tube sheet is 
sprayed with a neoprene coating which extends inside the tubes 
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for a distance of approximately 5 in. This neoprene lining will 
prevent tube end erosion. 

In the event that tube leakage does develop, means are pro- 
vided to detect and locate the source of such leakage. The hot- 
well of the condenser is divided horizontally into two main sec- 
tions. The upper section, which is open to receive the condensate, 
is partitioned vertically into 20 sections, 10 under each of the two 
tube bundles. Condensate flows from each of the 20 compart- 
ments into the lower hotwell through pipes containing salinity in- 
dicators. The lower section of the hotwell is divided into three 
compartments which are connected by an equalizing pipe with 
shut-off valves. Each section is connected to the suction of one of 
the three condensate pumps. In the event that any section be- 
comes contaminated as a result of tube leakage, the condensate 
can be diverted to the bitter water tank, rather than be allowed 
to pass on to the monotube boiler. Also, collecting trays are 
attached to each tube sheet just below the tube bundle to collect 
condensate which runs down the face of the tube sheet. The four 
pipes which drain these trays contain salinity indicators to detect 
any tube leakage which might occur at the joint between tube and 
tube sheet. 

During start-up or in the event of a trip-out or emergency, 
steam must be diverted from the turbine to the condenser. To 
protect the condenser from high pressure and high temperature 
steam, this steam is passed through four condenser injection 
coolers, which act as desuperheaters and pressure reducers. A 
maximum of 700,000 Ib of steam per hr or '/; of the total boiler 
capacity may be piped to the desuperheating chambers at 55 psia, 
1050 F. After being desuperheated, the steam will pass through 
dump chambers where the pressure is reduced in nine stages 
tb ough perforated pipes to full condenser vacuum. Prior to the 
encrance of steam to the condenser shell, it is subjected to an 
atomizing spray of condensate to insure that its temperature is 


below 175 F, the maximum limit dictated by the steam-turbine 
design. 


Arr PREHEATER 
The air preheater, Fig. 17, is a finned-tube-type heat exchanger 
which will raise the temperature of the combustion air from 60 to 
125 F. The water passing through the preheater tubes is heated 
in one section of the twin-section No. 1 low-pressure heater. The 
water is circulated from the No. 1 heater through the preheater 
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and back again in a closed circuit independent of the feedwater 
system. 

The air preheater consists of eight shell-and-tube sections total- 
ing 76,800 sq ft of finned-tube surface. The eight sections are 
assembled in four pairs, each pair being installed in a separate 
duct from one of the forced-draft fans to the furnace. 

Each section has a removable tube bundle for easy maintenance 
and a floating head to allow for differential expansion of the non- 
ferrous tubes and steel shell. The steel inlet tube plate and 
chamber is fabricated as an integral unit, thereby eliminating one 
gasketed joint. A packed gland around the reverse tube plate 
prevents air leakage from the shell at the floating-head end. 


FEEDWATER HEATERS 


The feedwater heating cycle of the Eddystone unit possesses 
several noteworthy features. 

Both the low and high pressure heaters are arranged in two split, 
parallel flow feedwater circuits each carrying about a million 
pounds per hour. Each circuit consists of two low pressure 
heaters with external drain coolers, one open-tray-type deaerator, 
and five high pressure heaters with internal desuperheating and 
drain-cooling sections. These heaters are designed for an unpre- 
cedented high final feed temperature of 558 F. An extraction 
pressure of 1110 psia at the last heater makes this possible. 

Where normally the No. 2 low pressure extraction heater 
would be, this cycle employs a heat exchanger transferring heat 
from the stack gas to the feedwater. This heat exchanger is 
located between the Nos. 1 and 3 heaters. The drain cooler for 
No. 3, then, is located between the No. 1 heater and the stack-gas 
heat exchanger, making use of the colder feedwater before the heat 
exchanger which provides greater subcooling of the drains; 
this reduces the amount of flashing as the drains enter the No. 1 
heater. 

The construction of the No. 1 low pressure heater, Fig. 18, is 
unusual in that two independent water systems are being heated 
in a common shell by the same extraction steam. The basic 
circuit is feedwater and the other is a closed water circuit. The 
heated water is pumped from the latter to an air heater wherein it 
preheats the air supplied to the steam generator and then returns 
to be reheated by the extraction steam. Accordingly, the water 
channel of the heater is designed for the two water circuits and 
incorporates separate bolted covers. 

The five pairs of high pressure units, Fig. 19, are designed 
with pressure-sealed water channel covers, Fig. 19, view(a). A low 
pressure boiler feed pump takes suction from the deaerator and 
discharges through the five heaters at about 2250 psig. Beyond 
the last heater, an intermediate pressure boiler feed pump boosts 
the pressure to about 4400 psig, and a turbine driven high pres- 
sure boiler feed pump elevates the pressure to 6200 psig before the 
feedwater enters the steam generator. The heaters are placed 
before these last two pumps to reduce the pressure on the water 
channels and tubes, resulting in a large saving of material and 
cost. 

Monel U-tubes are used exclusively throughout the high pres- 
sure heaters, while the low pressure units employ Admiralty. 


Borer Feep Pump Drive TuRBINE 


The high pressure boiler feed pumps are turbine driven with the 
turbine drive rated at 5000 hp and 5190 rpm when operating with 
steam conditions of 1110 psia, 790 F at inlet and 290 psia at ex- 
haust. Turbine design and materials are suitable for 1450 psig, 
825 F at inlet and 300 psig at exhaust. Normal operating condi- 
tions are anticipated to be 3530 hp, 4600 rpm with 1110 psia, 
790 F at inlet and 290 psia at exhaust. The turbine shown in 
Fig. 20 is a multicontrol valve, five stage, straight back pressure 
unit taking steam from the first cold reheat and exhausting to a 
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lower heater. Inlet conditions and exhaust pressure, therefore, 
vary with load on the main unit. The glands are composed of 
labyrinth seals of the step type. 

The unit does not have an integral main oil pump customarily 
driven by gearing from the turbine rotor. The main oil pump is 
motor driven. The main and auxiliary oil pumps, oil reservoir, 
strainers, and coolers are mounted together on a bedplate as an 
oil supply unit located apart from the turbine proper. This unit 
supplies all oil required for the turbine together with bearing oil 
for the driven pump, also for the bearings of the intermediate- 
pressure boiler feed pump and its motor drive. 

Control of the unit is through the speed governor by means of a 
hydraulic speed changer which is actuated by oil pressures vary- 
ing from 75 to 225 psig. Provision is made to enable controlling 
the unit manually should the need arise. The control system in- 
cludes a device which will limit the high pressure boiler feed 
pump discharge pressure to a predetermined value by over-riding 


all other controls. Means also are provided to enable periodic 
checking of the overspeed governor without actually attaining 
tripping speed or interfering with normal unit operation. 


CONCLUSIONS 


The unit described represents a major step in the art of power 
plant development. It is recognized that this plant introduces 
many features which differ significantly from present-day power 
plants. It is with confidence and a spirit of co-operative re- 
sponsibility that Westinghouse has joined with the operating 
utility and other manufacturers in this undertaking. Problems 
have been and will be many, but they will be solved and the 
anticipated new high level of plant thermal efficiency will be 
accomplished. 

The Westinghouse Electric Corporation wishes to take this 
opportunity to acknowledge publicly the splendid co-operation 
which has been given by all parties concerned. 
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Engineering the Eddystone Steam Generator 


for 5000-Psig, 


1200-F Steam 


By E. M. POWELL,' NEW YORK, N. Y. 


This paper is presented as one of three describing the 
development of the Eddystone Station. Particular atten- 
tion is given to the major engineering considerations in the 
design of the steam-generating unit. It includes a de- 
scription of the unit and its control system with a review 
of the research program which was a necessary part of the 
project. 


HE steam-generating unit for Eddystone No. 1 is designed 

to deliver steam to the turbine at a pressure of 5000 psig at 

a temperature of 1200 F and at a rate of 2,000,000 lb per hr. 
There are two stages of reheat both at 1050 F. These steam 
conditions make this the most advanced thermal cycle ever to be 
undertaken. To design such a unit required most careful eval- 
uation of many important factors, such as the characteristics of 
water and steam at the extremely high pressures and tempera- 
tures, materials available for use in superheaters and piping, and 
the control system which would be most suitable from the stand- 
point of operation and at the same time afford maximum protec- 
tion to the equipment. 


CHARACTERISTICS OF WATER AND STEAM 


Much has been written during the past several years, particu- 
larly, about the behavior of water at pressures above the critical 
point. As heat is applied at constant pressure there is a gradual 
increase in temperature over the entire range from feedwater 
temperature to the throttle temperature of 1200 F. There is no 
point at which the temperature will remain constant with a 
change of heat input. This is illustrated in Fig. 1 where tem- 
perature is plotted against enthalpy for the 5000-psi circuit cor- 
responding to Eddystone. If this were assumed to be a con- 
tinuous circuit with uniform heat transfer the curve would rep- 
resent the temperature variation along its length. The corre- 
sponding temperatures for a drum-type boiler operating at 2400 
psi are plotted for comparison. Similarly, there will be a contin- 
uous change in specific volume as the temperature increases 
but there is no sudden increase in volume at a given tempera- 
ture as found at pressures below the critical point. There is a 
range of temperatures where the fluid has the characteristics of 
water, while at high temperature it behaves as superheated 
steam. Careful study of the steam tables will show that there is 
a transition zone which begins at approximately 850 F at 
5000 psig. 

In accordance with these physical considerations there is no 
point throughout the length of a heated circuit where water and 
steam can exist as a mixture. Designs which depend on the 
separation of water from steam in a drum for recirculation 
through the evaporative circuits are therefore not applicable. 
The only suitable selection is a forced-circulation design of the 
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once-through type. For the same reason it is impossible to con- 
centrate impurities which enter with the feedwater by partial 
evaporation in a boiler drum and then remove them from the 
system through a blowdown system. Not only does this re- 
quire a revised approach to feedwater purification but it also af- 
fects the operating procedures and the design of the control system. 

Once-through boilers are not a new development. Many 
designs have been developed and operated during the past 25 to 
30 years—a few in this country but mostly in Europe. The 
greatest single deterrent to their general use has been the lack 
of adequate means for water purification. Knowledge gained in 
the past few years through research and experience has changed 
that situation to the extent that the industry is now ready to 
take the step to adopt principles which will achieve reliable op- 
eration at supercritical pressures. 

Some years ago, in thinking ahead to the day when units de- 
signed to operate at pressures above the critical would become a 
reality, our management became convinced that one of the most 
essential items would be a control system which could be inte- 
grated carefully with the design of the steam-generating equip- 
ment. An extensive series of surveys of designs operating in 
Europe, which took place over a period of years, indicated that 
the principles employed by Sulzer Brothers of Switzerland were 
best suited to our needs. Not only did this organization have the 
extensive background of experience in the successful operation of 
once-through steam-generating units, but it also had developed a 
control system which could be adapted readily to the super- 
critical-pressure cycle. 

While there has been nothing in Europe which exactly dupli- 
cates the conditions for Eddystone, there has been considerable 
experience with advanced steam cycles as applied to once-through 
boilers. The basic principles and operating procedures are so 
similar as to require moderate extrapolation. The design of 
Eddystone then has been based on this background, plus our own 
experience with high-pressure controlled-circulation units utiliz- 
ing small-diameter tubing. In addition, we have carried out a 
broad research program covering the problems associated with 
water purification and metallurgy for high-temperature high- 
pressure work. This will be discussed in more detail later in the 
paper. 


SreaM-GENERATING UNIT 


The design of this unit follows the general pattern of two- 
furnace units which we have developed for capacities of from 


200 mw and up. In so far as possible it will be made up of 
standard components with which there have been many years of 
successful operating experience. The two notable exceptions 
are the once-through flow of water through the pressure parts 
and the design of superheater for the high steam temperature with 
high pressure. 

This unit, as shown in Fig. 2, consists of two identical furnaces 
of the dry-bottom type, each fired with tangential burners 
located in the four corners. Since there are two reheaters in this 
cycle one can be associated with each furnace. In that way each 
can be controlled independently by burner tilt, thereby avoiding 
the necessity for spray desuperheating. This will make it 
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possible to obtain the maximum cycle efficiency and at the same 
time provide constant reheat temperatures over a wide range of 
ratings. Steam temperature to the turbine will be regulated by 
proper proportioning of water flow through the heating surfaces 
and will be discussed more fully with the control system. 

Full consideration has been given, in the furnace design, to 
past operating experience with coals which will be available to 
this plant. Sufficient cooling has been provided to avoid sticky 
ash deposits in the closely spaced convection surfaces. The 
walls are completely covered with tangent tubes with no exposed 
refractory to facilitate cleaning with wall blowers. 

The heat cycle adopted for Eddystone, by its nature and the 
amount of superheating and reheating to be done, indicates the 
necessity for a new approach to the arrangement of heating 
surfaces. For example, 65 per cent of the heat absorption will 
take place in the superheaters and reheaters. Obviously, this 
indicates the desirability or necessity for greater use of radiant 
superheating surface than normally used with conventional 
designs for lower pressures and temperatures. This led to in- 
stalling radiant superheaters on the upper furnace walls and the 
extensive use of widely spaced platens suspended in the upper 
portion of the furnace. Sufficient cooling surface has been pro- 
vided in this manner to cool the gases to approximately 1650 F 
before leaving the furnace chamber at the top and entering the 
finishing stage of superheater. 

Numerous studies were made of various arrangements of 
heating surface before adopting the one illustrated here. In 
these studies the following primary considerations were es- 
tablished: 


1 Each of the two reheaters should be controlled independ- 
ently by burner tilt to maintain 1050 F over a two-to-one load 
range. 

2 The combination of radiant and convention heating sur- 
faces must be such as to provide the best possible control charac- 
teristics over the expected load range. 

3 At the same time consideration must be given to affording 
maximum protection to the metals in the pressure parts and the 
high-temperature superheater section, particularly under con- 
ditions which will exist during startup as well as normal full-load 
operation. 


4 Proper temperature differential between gas and steam 
must be established for efficient heat transfer in order to obtain 
the high boiler efficiency compatible with this heat cycle. 


In the design which was finally adopted, the heating surface 
for the high-pressure circuit is the same in each half of the unit. 
Feedwater enters the economizer and flows upward through tubes 
cooling the side walls of the convection pass. It is collected iu a 
header on each side wall and directed through piping to the 
entrance to the tube circuits covering the lower furnace walls. 
These up-and-down circuits terminate in two headers located at 
the center of the front wall. The water which is collected at this 
point is then taken through piping to the convection surface at the 
top of the rear pass through tubing forming cooling for the front 
and rear walls of the convection pass. The transition from 
water to steam, discussed earlier, takes place in this zone of low 
gas temperature and reduced heat transfer. Two separate 
circuits have been maintained through this point for each fur- 
nace, making a total of four circuits, each with its own inde- 
pendent control system to maintain uniform metal temperatures 
and match the water flow to heat absorption as required. This 
will be discussed more fully later in the paper. 

Each circuit is then subdivided into two through piping and 
then directed to the radiant superheater forming the walls of the 
upper third of the furnace where it will pass through a series of 
horizontal tube circuits up to the roof. Final superheating is 
done in the platens in the upper front corner of the furnace and 
the convection pendant loops just beyond the furnace outlet. 
In this way superheating to 1200 F has been done in a zone of 
minimum gas temperature compatible with the steam tempera- 
ture from the standpoint of heat transfer, thereby resulting in 
the minimum metal temperature. Heating the tubes around 
their entire circumference also serves to reduce the temperature 
stresses in the tube wall. These principles were considered most 
important to insure the successful operation with this advanced 
cycle and the new alloys which are associated with it. The 
division into eight individually controlled circuits was justified 
by the same reasoning. 

A complete reheater is associated with each of the two furnaces. 
Steam from the turbine enters at the rear and is heated in two 
stages—first by convection in the rear pass immediately above 
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Fig. Supercriticat-Pressure Steam GENERATOR—S1IDE ELEVATION 


the economizer and then by radiation in the platens located at 
the top of the furnace. The two reheaters are substantially the 
same, modified slightly to suit the difference in steam tempera- 
tures from the turbine. 

The plan view, Fig. 3, shows sections taken through the two 
furnaces, one at the elevation of the platens and the other lower 
in the furnace just above the burners. 

The platen superheaters and reheaters are approximately 
25 in. apart across the furnace width. Furnace gas will enter 
this surface at low velocity, about 25 fps at peak load, and leave 
at about 37 fps. The finishing superheater is spaced across the 


furnace on 93/32-in. center line. All of these will be recognized 
as far more conservative than any unit designed to date. 

There will be four Ljungstrom air heaters, two per furnace, and 
a symmetrical duct system so arranged that the air supply to the 
two furnaces may be controlled individually. 

Several years ago it became standard practice to support units 
from overhead steel to simplify the supporting structure and 
eliminate expansion problems. The same principle has been 
followed with the design of this unit. 

The drive to eliminate extraneous air leakage into the setting 
over the past few years, to permit efficient combustion with 
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reduced excess air, led to the development of cubical expansion 
of pressure parts backed by a skin casing. The casing and tubes 
would expand together, being the same temperature, thereby 
eliminating expansion joints. These principles are being followed 
here in so far as possible. Of course, in the supercritical-pressure 
cycle there is constantly increasing tube temperature over the 
entire length of the circuit. This factor has required somé modi- 
fication to standard design details in order to achieve our over- 
all objectives and at the same time provide for free expansion of 
individual tubes to allow for differential movement. 

Small-diameter tubes have been used for many years to line the 
walls with the controlled-circulation design. This led to the 
development of shop assembly of those tubes in large panels. 
Considerable savings have been effected in this way in shop 
handling, shipping, and field erection. In order to obtain mini- 
mum tube-wall thicknesses and minimum stresses consistent with 
the high pressures and temperatures encountered with the Eddy- 
stone cycle, 1'/;-in-diam tubes will be used throughout the high- 
pressure circuits. It is not considered practicable to weld tubes 
together continuously, as has been done with some controlled- 
circulation units, because of the variable temperatures involved. 
On the other hand, it is planned to exploit fully the advantages of 
preassembly in the shop. Procedures are being developed for the 
entire furnace lining and the pendant superheaters and reheaters 
as well. 
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ContTROL SysTeM 

The most important single function of a control system for an 
advanced steam cycle such as this is the regulation of steam 
temperature, as has been emphasized throughout this paper. 
Not only does this apply to the final steam temperature to the 
turbine but throughout the entire circuit if optimum metal 
temperatures are to be achieved in the pressure parts and assure 
a long service life. 

The simplest form of once-through boiler is a single-tube 
circuit through which the water passes once and is superheated 
to the desired temperature at the outlet. Obviously, such an 
approach is impossible when dealing with a flow of 2,000,000 Ib 
per hr. A multiplicity of circuits is required to achieve the 
desired objectives of small tube diameter and an over-all pressure 
drop which can be justified economically. There are two basic 
solutions to this problem. 

The first is to divide the circuit into comparatively small 
increments. Mixing headers can be provided at the outlet of 
each section and additional headers at the inlet of each suc- 
ceeding section for redistribution of the water or steam to the 
parallel circuits. The second solution is the use of completely 
separate continuous circuits. Each of these could be controlled 
independently to proportion the water flow to the heat absorption 
as it might vary from tube to tube. Such a system would re- 
quire a prohibitive quantity of control equipment. 
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Neither solution alone was considered practicable when con- 
sideration was given to the size of unit made up of two furnaces 
and the nonuniformity of heat absorption that experience has 
shown can be anticipated with such large areas. The design 
chosen for Eddystone is a combination of the two systems. Four 
independently controlled circuits are used from the economizer 
inlet to the outlet of the transition section, each consisting of a 
number of parallel tubes. At this point each system has been 
divided into two circuits, each with independent controls for 
water injection. Headers have been provided at four inter- 
mediate points where the flow through each circuit may be mixed 

. thoroughly before passing to the next section of heating surface. 
The control devices are located at these points. The combina- 
tion of positive controls and mixing headers assures most uniform 
temperature distribution throughout the parallel circuits. 

The control system is divided into three primary functions: 
(1) Feedwater flow and its distribution are directly associated 
with steam-temperature regulation. (2) The bypass system is 
regulated for the protection of the turbine and steam generator 
during starting and emergency conditions. (3) The combustion 
controls are interconnected to the turbine to satisfy the needs of 
generator output and pressure regulation. 

Expressed simply, the output of a turbine-generator is a 
function of the heat energy in steam supplied to the turbine 
throttle. The quantity of heat required for a given load is 
regulated by the combustion-control equipment. It is then the 
function of the feedwater-regulating system to proportion the 
water flow to the heat fired to provide the proper steam tem- 
perature at the turbine throttle. Total heat is the product of flow 
rate and heat content per pound, the latter being a direct function 
of temperature and pressure. With this direct and simplified 
approach we reach the ultimate in complete integration of boiler 
and turbine into a true unit system. 


FEEDWATER REGULATION 


The control system for feedwater regulation can be described 
most clearly from a simplified diagram, Fig. 4, showing a single 
circuit through the steam generator. The objective of this 
system is to regulate steam temperature at three points in the 
circuit: The outlet of the transition section, outlet of the radiant 
superheater, and outlet of the finishing superheater. While 
such a high degree of refinement may not be an absolute necessity, 
it was thought highly desirable for the steam conditions at Eddy- 
stone. The advantages anticipated are (1) a more positive 
control of throttle temperature minimizing fluctuations, and (2) 
more complete control of metal temperatures throughout the 
entire steam generator. 

Feedwater flow to the economizer is regulated by a valve 
at the inlet which is designed and operated in such a man- 
ner that flow is a direct function of valve position. An antici- 
pating impulse from steam flow is provided by the pressure 
differential across a flow nozzle in the steam piping leaving the 
transition section. This will sense immediately any change in 
steam flow to the turbine. The final impulse comes from a 
thermostat at the same location correcting the feedwater flow to 
maintain the desired steam temperature. Maintaining this 
temperature matches the feedwater flow with the heat absorption 
in those heating surfaces. 

In order to obtain the desired control characteristics of the 
feedwater regulating valve the pressure drop across the valve is 
automatically maintained constant by the pressure-difference 
regulating valve immediately ahead of it. This compensates 
for variations in feed-pump pressure and boiler pressure so that 
the feedwater quantity depends exclusively on the setting of the 
feedwater valve. The four pressure-difference valves are inter- 
connected with the speed regulators of both feed-pump turbines 
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to assure adequate supply for the entire unit and maintain the 
valve positions within the desired range. 

The final steam temperature is regulated in two additional 
stages by means of water injection at the inlet of the radiant 
superheater and at the inlet of the platen section. These are in 
effect three-element controls. The first-stage functions as fol- 
lows: (1) Water is taken from the feed line between the pressure- 
difference valve and the feedwater regulating valve. Owing 
to the method of controlling the regulating valve, the pressure at 
this point is a direct function of load. For a given opening of 
the injection valve the quantity of water flow will be in direct 
proportion to the steam flow. An increase in steam flow auto- 
matically increases the quantity of injection water. (2) The 
thermostat at the outlet of the transiticn section provides an 
anticipating impulse to the injection valve on change of firing 
rate which will produce a change in steam temperature at that 
point. (3) Final vernier regulation of the injection valve is ac- 
complished through the thermostat located at the radiant-super- 
heater outlet. 

The second stage functions in a similar manner. Injection 
water is taken from the same source as for the first stage. It is 
injected through the valve under control of the thermostats lo- 
cated between loops of the platen surface and the outlet of the 
superheater. The locations of thermostats used for anticipation 
in both cases were chosen on the basis of calculations to deter- 
mine optimum response characteristics. 


SYsTEM 


The integrated boiler-turbine combustion-control system regu- 


. lates the turbine governor and the input of fuel and air supplies 


to the boiler to give the required generator output while main- 
taining a uniform steam pressure. Consideration is being given 
to the installation of two basic methods of control so that the 


operator may select either one through a transfer switch. 


1 With the “direct-energy-balance”’ method, the input of 
fuel and air supplies to the boiler unit is directly regulated from 
the unbalance between required output and the actual generator 
output, while the turbine governor is controlled to maintain a 
uniform steam pressure. With this arrangement the boiler input 
is directly controlled to give the desired generator output, and 
the turbine keeps in step with the boiler output. 

2 The “conventional’’ method regulates the turbine governor 
to give the required generator output while the boiler input is 
basically control!: to maintain steam pressure. Combustion- 
rate anticipation is obtained from the generator output, plus the 
regulation applied to the governor motor. With this arrange- 
ment the boiler follows the turbine demand. 


In the supercritical-pressure cycle utilizing the once-through 
principle, the boiler and turbine must be closely integrated as a 
unit. The direct-energy-balance method of combustion control 
was developed by Leeds and Northrup to accomplish this ob- 
jective through a more direct-acting control system. 

As a further means of better co-ordinating over-all operation of 
the unit, the combustion-control system employs a “boiler-tur- 
bine governor’”’ component, which is a new concept in the control 
of steam-electric units. It provides a means of (1) changing 
boiler-turbine output in an orderly manner, and (2) keeping the 
output within the capabilities of the boiler and turbine. This 
governor component is sensitive to generator frequency, which 
adapts the combustion control to the normal inherent regulation 
of the standard governor. 

The boiler-turbine governor integrates and supervises the 
operation of the boiler-turbine unit. It is composed of “load 
setter,’ “frequency,”’ and “required load’”’ servos. These three 
servos are analogous to the synchronizing motor, speed-sensitive 
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element, and turbine-valve position of a standard turbine 
governor. It includes a rate-sensitive element to limit the maxi- 
mum rate at which the required output can change, thus keeping 
within the response characteristics of the boiler-turbine equip- 
ment. The boiler-turbine governor is also provided with appro- 
priate limiting and runback actions to keep the required output 
within the capabilities of the boiler and turbine auxiliary equip- 
ment in service. 

The limiting actions included in this governor block travel of 
the “required output’’ servo, for example, when the fuel or feedwater 
equipment in service is at a maximum or minimum limit, further 
increase or decrease action is prevented. Similarly, when the fan 
equipment or governor valves reach an open limit, increase travel 
is blocked. During load changes, should the generator output lag 
the required output by a preset deviation, appropriate limit ac- 
tion oceurs to keep the boiler and turbine in step. 

In addition to these limits, suitable runback actions ‘are in- 
cluded to reduce the required output to preset limits or loss of one 
set of boiler feed pumps, or one set of fans. Similarly, the panel- 
adjusted “maximum-minimum limit setters’’ also function to keep 
the generator output within range for the equipment in service. 
Likewise, high steam temperature leaving the transition zone, as 
well as high steam pressure, when using the direct-energy-bal- 
ance-method of control, will run back the required-output servo 
accordingly. 

This boiler-turbine governor system is employed with either of 
the two afore-mentioned methods of control and is shown sche- 
matically in both Figs. 5 and 6. A brief description of the two 
methods of operation follows. 


Drrect-ENERGY-BALANCE Metruop 


When using the direct-energy-balance method of control, as 
shown in Fig. 5, the fuel input to both furnaces is controlled to 
maintain a balance between required outpul sud generator output. 
The fuel supplies to the two furnaces are automatically biased 
from oxygen difference to compensate for differences in fuel 
quality and feeding conditions between the two furnaces. 

Air flow through each furnace is initially balanced against 
generator output, and this relationship is automatically com- 
pensated from the average oxygen content of the flue gases in 
both furnaces as required to maintain a uniform combustion 
efficiency. Each furnace air-flow controller regulates its respec- 
tive pair of forced-draft-fan inlet vanes, while a furnace-pressure 
controller at each furnace adjusts its respective induced-draft-fan 
dampers to maintain uniform furnace drafts. 

The standard turbine-governor motor receives its regulation 
from a steam-pressure controller, the control point of which is 
automatically biased during load changes to provide maximum 
response of the boiler-turbine unit. 


CONVENTIONAL METHOD 


The conventional method of operation is shown schematically 
in Fig. 6. With this arrangement the standard turbine-governor 
motor is controlled to maintain a balance between generator output 
and required output. 

Fuel input to both furnaces receives its initial regulation from 
changes in generator output plus the regulating impulses applied 
to the standard governor motor, as introduced through the ‘‘com- 


bustion-rate-anticipator’’ unit. This initial control action is 
modified as required from the steam-pressure controller to main- 
tain a uniform steam pressure. The fuel supplies to the two fur- 
naces are automatically biased from orygen difference to com- 
pensate for differences in fuel quality or feed conditions between 
furnaces. Air flow to each furnace, as well as furnace draft, is 
controlled the same as for the direct-energy-balance method. 
With both methods of operation a panel-adjusted “minimum 
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fuel and air flow” setter prevents reducing boiler input below a 
preset adjustable limit on complete loss of system load. Under 
this condition the turbine-bypass system would function as re- 
quired to accommodate the boiler output. 

Turbine-Bypass System. It is the function of the turbine-by- 
pass system to provide adequate cooling of all heating surfaces 
during cold starting and permit the development of proper 
characteristics of steam before it is admitted to the turbine. The 
turbine-bypass system will be used during a hot restart of the 
boiler and for the protection of both boiler and turbine in the 
event of abnormal operating situations. 

Steam bypasses the turbine through the automatic super- 
pressure-bypass valve, through the bypass water separator, 
through the first reheater, through the automatic high-pressure 
bypass valve and the second reheater, then through the automatic 
low-pressure bypass valve to the condenser cooler and the con- 
denser. When starting cold, water will be pumped through the 
entire boiler circuit to the bypass system. It will be removed 
from the bypass water separator and discharged to the condenser 
hot well through a flash tank. 

The boiler stop valves will close from low-temperature or low- 
pressure impulses to prevent the admission of wet steam or water 
to the turbine. In addition to assisting with starting, the super- 
pressure-bypass valves serve as relief from overpressure or over- 
temperature. The high-pressure and low-pressure bypass valves 
are automatically operated, as well, to limit the pressure levels 
maintained in the bypass system as desired. 

Three automatic water-injection valves are provided to protect 
materials against over-temperature when the high-temperature 
steam is discharged into the system. The first is located at the 
outlet of the superpressure-bypass valve to limit the steam tem- 
perature entering the separator and first reheater to that which 
would normally exist in the cold reheat line at full load. The 
second is located beyond the high-pressure bypass valve to 
limit the steam temperature to the second reheater in a similar 
manner. The third is associated with the condenser cooler for 
the protection of the condenser. 

The entire turbine-bypass system is designed to permit opera- 
tion of the boiler at 30 per cent of its design capacity with full 
primary steam pressure and temperature with the turbine iso- 
lated completely. Safety valves would not function during this 
operation. Some heat will be recovered in feedwater heating 
through normal extraction lines. Thus it will be possible to 
match steam temperatures to those existing at the three ad- 
mission points to the turbine before starting a hot machine. 

Following a turbine tripout when the outage is expected to be 
of relatively short duration, it would be undesirable to cool the 
steam-generating unit down and restart from a cold condition. 
In such a situation sufficient water will be passed through the 
circuits in the lower furnace for their protection in the burner 
zone. At the same time the quantity allowed to pass through 
the high-temperature superheater tubing and main steam piping 
to the turbine will be reduced. This will minimize the tempera- 
ture shock to that material and recover temperature more 
quickly. It will be accomplished by extracting steam from the 
circuit at the inlet to the radiant superheater as indicated on the 
diagram. The control valve in the extraction line will be regu- 
lated automatically by the steam temperature leaving the radiant 
superheater. The function of this control will be to limit the re- 
duction of temperature at this point in so far as possible. Obvi- 
ously, it also will function as a safety device in the event of loss of 
fuel input. 

The high-pressure system and each of the reheaters will be 
completely protected by safety valves with full load-relieving 
capacity; although it is intended that the bypass system shall 
operate in such a way as to minimize the occasions when the 
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safety valves must operate. 
it will not be possible to locate these valves strictly in accord with 
the existing rules of ASME Boiler Codes. Some variations will be 
necessary following sound engineering principles in the develop- 
ment of a logical and balanced design. This applies particularly 
to the valve location which will be at the superheater outlet, and 
establishing pressure levels for the selection of materials. 


Naturally, without a boiler drum 


RESEARCH 


As mentioned earlier, the successful operation of once-through 
boilers depends on satisfactory water conditioning. The solu- 
tion of this problem has been the result of many years of re- 
search and development both here and abroad. After careful 
consideration of the results which have been achieved in the 
several programs under way, most of the fears regarding water 
problems in supercritical-pressure boilers have gradually dis- 
appeared. Again it is the situation where dispelling the unknown 
gradually has led to confidence in successful operation at super- 
critical pressures. Most of the attention now is being directed 
toward determining safe limits and means for assuring that such 
limits are met. One of the problems in this connection is develop- 
ing analytical methods of sufficient sensitivity and reliability. 
Concentrations to be measured accurately are extremely low in 
terms of past practice. 

Solid matter in the system must be minimized to prevent ob- 
jectionable deposits in the boiler and the turbine. There are four 
recognized sources for introduction of solid matter, the most 
critical of which could be condenser leakage. The extreme im- 
portance of regulating this item has been recognized; full atten- 
tion is being given to insuring absolute tightness of tube joints 
including coating of the tube sheet with a resilient sealing ma- 
terial. The hot well under the condenser has been sectionalized 
so that any localized source of contamination can be isolated. 
The contaminated water will then be removed from the system 
where it can be filtered and demineralized. A more detailed dis- 
cussion has been included in a paper by J. H. Harlow.’ 

Next to condenser leakage, metal pickup from corrosion has 


2 ‘Engineering the Eddystone Plant for 5000 Psi, 1200 F Steam,” 
by J. H. Harlow, published in this issue, pp. 1410—1430. 
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been considered by many to be the greatest source of solids in the 
water. As with today’s conventional systems the preboiler 
system will be an important source of this material. The same 
causes will apply and therefore will be subject to the same curative 
measures. Dissolved oxygen in the feedwater should be limited 
to 0.005 ppm and the pH controlled to 9.0 to 9.5. Eddystone is 


‘designed for deaeration of the feedwater in the condenser and 


again in a deaerating heater. Make-up will be introduced into the 
condenser to eliminate all possible sources of oxygen. It is pro- 
posed that ammonia be used for pH control with the possible addi- 
tion of hydrazine as an oxygen scavenger. 

A third source of contamination is make-up water. De- 
mineralizing equipment is being installed to provide normal 
purity of 0.04 ppm with a maximum of 0.10 ppm. The design re- 
quirements are being determined through experience gained from 
a pilot plant at the Eddystone site, installed and operated by 
Philadelphia Electric Company. Results to date indicate that 
such results are entirely feasible. 

The solution of organic resins in the demineralizers is a fourth 
possible source of contamination. This will not be a problem in 
the case of the make-up, but there has been some ex>erience indi- 
cating that it could become one in the case of the bypass de- 
mineralizer owing to the large volume of pure water passed 
through. This item is also being evaluated in a pilot plant. 

To study the behavior of pure water and possible contaminants, 
two test boilers have been in operation. The first installation is 
in the laboratory of Sulzer Brothers in Winterthur, Switzerland. 
The furnace walls of an existing boiler were lined completely with 
a single tube coil designed to operate at 4260 psi and 1200 F out- 
let-steam temperature. The unit is oil-fired. Sampling connec- 
tions were located at 20 to 30-ft intervals throughout the length 
of the circuit for measurement of pressure and temperature to 
permit washing deposits out of all or any portion of the circuit. 

The variety of uses for such an installation for the development 
of information for the designer is almost unlimited. Some of the 
chief objectives of the experimental work have been to make the 
following studies: 


1 Formation of salt deposits in the tube system using syn- 
thetic feedwaters. This included study of the relationship be- 
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tween distribution of deposit and enthalpy; ii.e., the location 
where deposit would be most likely to occur in a steam-generating 
unit. A number of sodium and potassium salts were used sepa- 
rately and in combination. 

2 Solubility of such salt deposits, or circumstances under 
which the deposits could be removed. 

3 A study of the formation of deposits as steam expands 
through a simulated turbine. 

4 Corrosion at supercritical pressure as influenced by tem- 
perature, water characteristics, and metal used. 

5 Stability of water-treating materials such as ammonia hy- 
drazine and some of the volatile amines which have been used at 
lower pressures and temperatures. 


Tests which have been completed with this installation confirm 
that if deposits are to be avoided solids must be eliminated from 
the feedwater. For instance, some of the sodium salts will de- 
posit in the boiler circuit almost completely, the peak rate of de- 
posit being at a temperature of approximately 900 F. Others will 
be deposited to a much lesser extent but with a similar pattern. 
Present indications are that very low pickup of metals can be ex- 
pected in the high-pressure system, possibly due to the fact that 
alloy tubing has been used throughout. 


A second supercritical-pressure boiler is in operation in the 
Kreisinger Laboratory in Chattanooga, Tenn., as a joint project 
with Philadelphia Electric Company. Steam is generated at 5000 
psig and 1200 F in a single-circuit boiler which is a scaled model 
of the Eddystone unit in so far as possible. Materials in the 
various sections are the same, as well as the pressures, tempera- 
tures, and coefficients of heat transfer. The same water-purifying 
system is used and supplies water to the boiler of the same purity 
and oxygen content. Steam from the boiler is passed through a 
simulated turbine consisting of several stages to study deposit 
formation as steam expands. The individual stages are formed 
by typical turbine blade sections with capillary tubing between 
each stage to provide selected steam conditions for each. 

A contaminating vessel is located between the boiler and 
simulated turbine to study the solubility of various materials and 
determine the deposit pattern in the turbine. In addition to 
these tests, study is being given to the stability and effectiveness 
of chemicals that are being considered for water treatment. 
Much has already been learned about establishing procedures for 
removing dirt, grease, mill scale, and so on, after erection, to pre- 
vent later interference with operation of the unit. A complete 
boilout with phosphate and alkali is contemplated, followed by 
acid washing of the entire cycle with the exception of the re- 
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heaters, The reheaters can be blown out with low-pressure steam 
at high velocity through the turbine-bypass system 

Although much has been learned from both of the programs 
described, it is planned to operate both units indefinitely or until 
all aspects have been fully investigated. 


Discussion 


R. B. Donwortu.* Are the irregular deposits of slag in the 
furnace likely to move the transition point to a less desirable place 
in the circuit? 


G. W. Kesster.‘ This group of three papers® is an excellent 
presentation of the over-all concept of Eddystone unit No. 1, 
the background experience, and the continuing research and 
re-evaluations which are so necessary in a project of this type and 
magnitude. 

In reviewing the papers, it is striking to note that many 
commonly accepted design features have been retained and 
utilized in the component equipment—and that there is good 
experience and research upon which the advance to super- 
critical-pressure units can be predicated. 

In the development of supercritical-pressure steam generators 
greater emphasis must be placed on many of the design features 
and considerations which are taken for granted in the average 
unit. High-quality feedwater is an absolute necessity. Surface 
configuration and flow distribution are all important and, as the 
author points out, there is always more than one way to attain 
the desired end. Often, the best features of several possibil- 
ities are used. Special equipment—in the way of bypass lines 
and steam pressure and temperature-break-down valves—must 
be provided for start-ups, shutdowns, and emergencies. Finally, 
the controls must closely co-ordinate all components in the 
system and provide the extreme flexibility required. 

In this country, eight once-through steam generators— two for 
subcritical and six for supercritical pressure—have been ordered 
to supply the steam for turbogenerators ranging in size from 
approximately 100 to 450 mw. All of these eight jobs required, 
and got, the excellent teamwork described by Mr. Harlow. The 
first unit—at Philo—is now going through shake-down opera- 
tions, and the 450-mw units, which were ordered this year, 
will be placed in commercial service in 1959. Thus within the 
next three years the information derived from their final costs and 
their operating performance will form the plateau upon which 
future decisions regarding advance in steam pressures and 
temperatures can be made. 

Their success in reducing the heat rate per kilowatt hour will 
set goals for both the users of fossil and atomic fuels and will 
contribute to keeping electricity America’s best bargain. How- 
ever, none of these accomplishments could have been possible 
without the courage and foresight of the utilities and the manu- 
facturers to pioneer and develop new concepts on a commercial 
scale. 


3 Vice-President, Duquesne Light Company, Pittsburgh, Pa. Mem, 
ASME. 

* Chief Engineer, Boiler Division, The Babcock & Wilcox Com- 
pany, New York, N. Y. Mem. ASME. 

5 This discussion also includes a discussion of ASME Papers Nos. 
56—A-165 and 56—A-156, published in this issue of the Transac- 
TIONS. 
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E. P. Parrringe.* All those engaged in the adventure into 
the supercritical deserve our admiration. While applauding 
wholeheartedly their imagination, their courage, and their 
technical genius, the writer wishes to repeat one small warning’ 
of a possible difficulty apparently not considered in translating the 
once-through boiler from the subcritical to the supercritical 
level of operation. 

In brief, when the molecules of water are packed tightly to- 
gether at 5000 psi and the water is then heated to 1200 F, its 
ability to dissolve iron oxide is increased significantly. If 
enough iron oxide is dissolved on the way through the generator, 
it may deposit in the turbine as reduction in pressure and temper- 
ature brings the water down again into the domain of ordinary 
steam as we have known it. 

Will the turbine actually foul with iron oxide derived from the 
tubes in the generator? Only actual operation seems likely to 
give a sure answer. We shall watch eagerly for the reports from 
the first truly supercritical power plant, which started up during 
1956 at the Chemische Werke Hiils in the Ruhr, and from the Philo 
plant of American Gas and Electric Service Corporation, which 
should be in operation in 1957. 


AvuTHoR’s CLOSURE 


Mr. Donworth has questioned the effect of accumulation and 
shedding of ash on the furnace walls particularly with respect to 
the location of the transition from water to steam. This location, 
of course, depends on the relative heat absorption of the water 
heating surfaces and steam heating surfaces. There are two 
factors in the design and control of this unit which influence the 
distribution of heat. 

The first factor is the use of tilting burners to regulate reheat 
steam temperature. This compensates for the over-all effect of 
furnace ash deposits and keeps the total heat absorption of the fur- 
nace walls essentially constant at a given load. 

The second and over-riding factor is the feedwater control. 
The feedwater flow through the economizer, water walls, and 
transition section is automatically adjusted in accordance with 
heat absorption in these surfaces to keep the transition point 
in the desired location. The index is steam temperature at the 
outlet of the transition section. The water added at the de- 
superheaters is adjusted in accordance with heat absorption in 
the superheater surfaces to maintain the desired final steam 
temperature. 

Mr. Kessler and Dr. Partridge have highlighted the interest 
which attends the initial operation of the three subcritical pres- 
sure and six supercritical pressure once-through units already 
purchased in this country. We have every confidence that the 
monotube boiler will prove to be a valuable tool in the future 
development of electric power generation. Dr. Partridge’s 
comment regarding the solubility of iron oxide has not been left 
unconsidered. Our research program has included an investi- 
gation of this possibility but the results to date do not indicate 
the likelihood of trouble from this source with proper water 
treatment. 

In closing we wish to thank all of the discussers for their in- 
terest, their questions, and their comment. 


¢ Director, Hall Laboratories, Pittsburgh, Pa. Mem. ASME. 

7 “‘Water Problems in Power Generation at Supercritical Pressures— 
or Through the Looking-Glass,” by E. P. Partridge, Mechanical 
Engineering, vol. 77, 1955, pp. 883-885, 901. 
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